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Preface

The low-temperature market is growing and expanding. It plays an essential and
growing role in the global economy. A wide range of low temperatures are required
almost in all branches of everyday life and industries, including the food and
beverage industries, air conditioning (comfort, technological, technical, IT equip-
ment), water and “dry” ice, winter sports, chemical industries, freeze-drying (for
food, pharmaceutical, biological applications, hair care industries, etc.); metallurgy,
mechanical industries, machinery, civil engineering, liquefaction of natural gas, etc.
The total number of low-temperature systems recently in operation over all the world
is roughly 3 billion. Such a development must be sustainable, with limited impact on
the environment and reasonable energy consumption (https://iifiir.org/en).

The scientific publications related to refrigeration cover the directions of new and/
or advanced technologies for application, thermodynamic cycles, working fluids
(one-component and mixtures), heat and mass transfer processes, materials etc.
The methods for the analysis and optimization are adjusted for in the refrigeration
machines because of the processes below/crossing the temperature of the environ-
ment. The initial idea of this book was to provide the reader with a comprehensive
overview of the latest developments and perspectives of research in the very wide
spectrum of refrigeration: feasibility of new technologies and improvements in
existing technologies; energetic, economic, and environmental effectiveness of
machines and processes; different optimization methods; and many other aspects
related to low temperatures.

This book, “Low-temperature Technologies”, consists of 13 chapters. These chap-
ters cover a wide range of low-temperature applications from the temperature
slightly below the environment (air conditioning) down to cryogenics.

The energy consumption for industrial, commercial, and domestic heat, ventilation,
and air conditioning has become a very important issue in the energy balance of
many countries. Therefore, continuous updating to the latest developments helps
the researchers and practical engineers in their work as well as the students for the
education process. Chapter 1 discusses the central air condition systems and their
applications: all-air, all-water, and air-water systems. The topic of a special air
conditioning system and its new application is addressed in Chapter 2. The
desiccant-based systems have been evaluated: standalone and assisted by the M-
cycle. The recommendations for the optimal applications have been formulated.
Desiccant-based air conditioning systems are also the focus of Chapter 3. A solar-
based technology, i.e. solar pond driven air conditioning systems, have been inves-
tigated theoretically and experimentally. Chapter 4 reports the evaluation of the
micro thermoelectric air conditioning system. The aim of this work is to validate the
theoretical model using the experimental data. The results obtained from experi-
mental study have been reported in Chapter 5 as well. The research interest of the
authors is synthetics and natural refrigerants gases usually used for air conditioning
systems in Brazil.
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The research in the field of nanorefrigerants is one of new developments for
improving the performance of refrigeration systems. Chapter 6 summarizes the
information about behavior of different nanoparticles in vapor-compression
refrigeration machines.

Within Chapter 7, the authors suggest an approach for modeling the total thermal
energy needed for freezing the bound water in logs subjected to refrigeration. The
approach maximally considers the physics of the freezing process of the bound
water in wood.

Chapter 8 addresses the application of low-temperature technologies for medical
application. Heat transfer aspects have been discussed for the technologies applied
to whole-body cryotherapy.

“Cryogenics” is the key word for Chapter 9. The authors reported the evaluation of
air separation units. An exergetic analysis has been applied in order to identify the
thermodynamic inefficiencies and the processes that cause them. The economic
characteristics of these systems have been also reported.

The remaining chapters discuss the performance of the equipment. Chapter 10 is
dedicated to the evaluation of impacts of air-conditioning filters on microbial
growth and indoor air pollution. The design of the spiral plate heat exchangers is the
topic of Chapter 11. The authors focus on the thermal and hydraulic performance of
such a heat exchanger. Computational fluid dynamics is performed to validate the
thermal and hydraulic method. Particular attention is given to the maintenance of
the spiral plate heat exchangers. Within Chapter 12, the influence of low tempera-
tures on the performance of the vacuum pumps for steam power plants using air
cooling is discussed.

Chapter 13 is dedicated to the overview of the energy and exergy analyses applied to
the different types of refrigeration systems.

We hope that the readers will find this book to be interesting and useful for their
professional activities.

Tatiana Morosuk (Editor)
Professor,

Technische Universität Berlin,
Germany

Muhammad Sultan (Co-editor)
Assistant Professor,

Bahauddin Zakariya University,
Pakistan
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Chapter 1

Central Air Conditioning: Systems
and Applications
Mohamed Elnaggar and Mohammed Alnahhal

Abstract

It became evident nowadays that modernization influences domestic and commer-
cial HVAC industry, and thus high technological and energy-efficient central air con-
ditioning systems are demanded. Therefore, the selection of proper type of central air
conditioning system is a crucial target in the construction industry as improper selec-
tion canmaximize initial and/or running costs of the system and decreases the human
comfort and indoor air quality levels. In fact, a pre-assessment of the construction type
and budget available is required for selecting the proper type of central air conditioning
system. Therefore, there is a continuous need for an updated material in the literature
that reviews the central air conditioning systems and applications, which is the moti-
vation of the present chapter. The present chapter reviews the central air conditioning
systems and applications. Specifically, all-air systems, all-water systems, and air-water
systems are discussed. In addition, all provided systems are further explored through
several developed schematic diagrams enabling the identification of their various
components and the understanding of their working principles. It is may be of interest
to note that this chapter is suitable for undergraduate level students in the fields of
HVAC and R,mechanical, and construction engineering.

Keywords: central air conditioning, all-air systems, all-water systems,
air-water systems, air handling unit

1. Introduction

In central air conditioning, air, water, or both are used as working fluids to
produce the required heating and/or cooling, and therefore based on working fluids,
central air conditioning systems can be classified into three groups [1–5], namely:

1.All-air systems: in these systems air is used as working fluid for heating and/or
cooling purposes.

2.All-water (hydronic) systems: in these systems water is used as working fluid
for heating and/or cooling purposes.

3.Air-water systems: in these systems both air and water are used as working
fluids for producing heating and cooling purposes.

It is may be of interest to note that each type of the central air conditioning
systems has several systems of sometimes different configurations, and the use of
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any system depends on its advantages and disadvantages [1–5]. The following
sections will provide descriptions of all types of central air conditioning systems.

2. Classifications of central air conditioning systems

2.1 All-air systems

In these systems air alone is used as working fluid to produce cooling or heating
in air-conditioned zones; besides that air is responsible for controlling the zones’
humidity level and provide the required ventilations to air-conditioned zones. In
addition, in all-air systems, air is used for aromatizing purposes. Therefore, only air
as working fluid is responsible for providing comfort, i.e., cooling, heating, con-
trolling of humidity and ventilation odor, and thus these systems are called all-air
systems [1–5].

2.1.1 Air handling unit (AHU)

Air handling unit can be considered as the heart of all-air systems since cooling
and heating take place in the air handling unit. It also mixes the outside air after
being purified with the return air, then the necessary psychometric processes are
carried out. Air conditioner is then expelled or withdrawn to the place to be air-
conditioned. These units are used for capacities exceeding 100,000 CFM (50 m3/s)
air. The main components of the air handling unit are shown in Figure 1 [1–6].

The main components of the air handling unit shown in Figure 1 are described
below:

• Supply fan. Centrifugal fan type is used to provide the conditioned air to
various zones.

• Fan motor. Electric motor is used to provide the rotating motion to the supply
fan.

• Cooling coil. Coil placed in AHUwhere cold water from chiller is circulating in
medium- and large-capacity AHU or expanded refrigerant in small-capacity
AHU.

Figure 1.
A schematic diagram of an air handling unit with its main components.
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• Filters. Filters or strainers are placed at the early air path in AHU. Filter type
used may depend on application type.

• Mixing box. It is place where fresh air is mixed with zone return air or with
fresh conditioned air. Mixing processes are performed to obtain the desired air
temperature and humidity or to maintain energy-efficient performance.

• Dampers. Dampers are used to control the amount and direction of air before
or after conditioning is performed.

• Heating coil. Coil placed in AHU where hot liquid or vapor water from boilers
is circulating.

• Preheating coil. Preheating coil is placed at AHU entrance before cooling and
heating coils. The task of preheating coil in hot days is to reduce the entering
fresh air’s relative humidity, thus preventing possibly the condensation of
water vapor on cooling coil, hence preventing frost formation on the cold coil.
In addition, preheater coil will prevent the freezing of water inside the coils in
cold days.

• Humidifier. It is a system which is responsible for increasing the humidity in
the conditioned zone. Humidifiers are usually used in cold days where
maintaining hot climate is desired; however this will accompany low-humidity
levels, and thus the use of humidifier becomes essential to maintain the
comfort edge. Humidifier can provide humidity either as hot vapor or water
spray. The first one is more preferable particularly in healthcare applications as
hot vapor will prevent the growth of biological organisms such as bacteria or
algae besides hot vapor compared to the water spray. Besides that hot vapor is
more preferable as provided humidity will have higher temperature and thus
will not reduce the conditioned hot air provided to the zones.

• Centrifugal pumps. Centrifugal pumps are used for cooling and heating air
processes. They are used to maintain pumping cycle of hot water from boilers
to the heating or preheating coils and back to boiler and/or pumping cycle of
cold water from the chiller or cooling tower to cooling coil in AHU and back to
the chiller or cooling tower.

• Control systems. Control systems can vary from simple control system to
advanced control system that use the latest technologies such programmable
logic controllers. Usually controllers are used to control the temperatures and
humidity of the supply air to the zones. It also controls the damper systems in
the AHU. Moreover, advanced control systems can even control the fan
rotation and thus the rate of air supplied to the zone based on the required
temperature in the zone and zone exit damper. In such systems, pressure
sensor connected to the control system will be placed in the air duct, and as
attaining the required temperature in the zone, dampers will get closer
increasing the duct-sensed pressure through which the fan connected to the
control system will reduce its speed and thus maintain energy-efficient
performance [7, 8].

• Casing. Casing is a kind of AHU cover that includes all the above AHU
components.
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It is may be of interest to note that the configuration of air handling unit can
differ slightly in design and components according mainly to the type of
application and AHU capacity (e.g., healthcare buildings or other), but also initial
and running costs can affect the selection of various AHU components. In
addition, air handinbased on various classificationsg units can be classified based
on the structure and based on the location where it is placed [2]. The following
sections will demonstrate all types of air handling units based on various
classifications.

2.1.1.1 Classification of air handling unit based on structure

A. Horizontal air handling unit (horizontal AHU)

The horizontal air handling units place the supply air fan, cooling coil, heating
coil, and humidifier in the casing horizontally (see Figure 2). This design requires a
large floor area as AHU components are large in size. Horizontal AHU type are
usually of high capacity and are usually placed in plant room, whereas small
horizontal AHU type can be placed carefully on the roof [2].

B. Vertical air handling unit (vertical AHU)

In vertical air handling units, the centrifugal fan is placed in a position above the
cooling coil, heating coil, and humidifier as shown in Figure 3. Vertical air handling
units are small in size and are low-capacity units, and thus they are installed in a
small floor area of plant room [2].

2.1.1.2 Classification of air handling unit based on location of installation

A. Internal air handling unit (internal AHU)

These air handling units are normally installed indoor in a plant room. This type
of air handling unit is called simply air handling unit [1].

B. Fresh air handling unit (fresh AHU)

In this type, air handling units are installed in the outdoor environment such as
on the building roof. This type of air handling unit is called fresh air handling unit.
Fresh air handling units are designed to withstand climatic variations. In addition,

Figure 2.
A schematic diagram of horizontal air handling unit. Redrawn with modification from [2].
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safety measures must be taken before installing fresh air handling units on roofs due
to their large weights [2].

2.1.1.3 Classification of air handling unit based on supply air fan placement

A. Blow-through units

In the blow-through units, supply air fan forces or pushes the air through
the cooling coil (see Figure 4) to reduce the increase of supplied air temperature
due to friction, and thus air can be cooled before being supplied to the various
zones [2].

B. Draw-through units

In this type, the supply fan is placed after cooling coil (see Figure 5), heating
coil, filter, and humidifier, and thus air is pulled by the supply fan. This system is
commonly used as filters and coils which require small air speed and larger ducts

Figure 3.
A schematic diagram of vertical air handling unit. Redrawn with modification from [2].

Figure 4.
A schematic diagram of blow-through type of air handling unit. Redrawn with modification from [2].

5

Central Air Conditioning: Systems and Applications
DOI: http://dx.doi.org/10.5772/intechopen.89455



It is may be of interest to note that the configuration of air handling unit can
differ slightly in design and components according mainly to the type of
application and AHU capacity (e.g., healthcare buildings or other), but also initial
and running costs can affect the selection of various AHU components. In
addition, air handinbased on various classificationsg units can be classified based
on the structure and based on the location where it is placed [2]. The following
sections will demonstrate all types of air handling units based on various
classifications.

2.1.1.1 Classification of air handling unit based on structure

A. Horizontal air handling unit (horizontal AHU)

The horizontal air handling units place the supply air fan, cooling coil, heating
coil, and humidifier in the casing horizontally (see Figure 2). This design requires a
large floor area as AHU components are large in size. Horizontal AHU type are
usually of high capacity and are usually placed in plant room, whereas small
horizontal AHU type can be placed carefully on the roof [2].

B. Vertical air handling unit (vertical AHU)

In vertical air handling units, the centrifugal fan is placed in a position above the
cooling coil, heating coil, and humidifier as shown in Figure 3. Vertical air handling
units are small in size and are low-capacity units, and thus they are installed in a
small floor area of plant room [2].

2.1.1.2 Classification of air handling unit based on location of installation

A. Internal air handling unit (internal AHU)

These air handling units are normally installed indoor in a plant room. This type
of air handling unit is called simply air handling unit [1].

B. Fresh air handling unit (fresh AHU)

In this type, air handling units are installed in the outdoor environment such as
on the building roof. This type of air handling unit is called fresh air handling unit.
Fresh air handling units are designed to withstand climatic variations. In addition,

Figure 2.
A schematic diagram of horizontal air handling unit. Redrawn with modification from [2].

4

Low-temperature Technologies

safety measures must be taken before installing fresh air handling units on roofs due
to their large weights [2].

2.1.1.3 Classification of air handling unit based on supply air fan placement

A. Blow-through units

In the blow-through units, supply air fan forces or pushes the air through
the cooling coil (see Figure 4) to reduce the increase of supplied air temperature
due to friction, and thus air can be cooled before being supplied to the various
zones [2].

B. Draw-through units

In this type, the supply fan is placed after cooling coil (see Figure 5), heating
coil, filter, and humidifier, and thus air is pulled by the supply fan. This system is
commonly used as filters and coils which require small air speed and larger ducts

Figure 3.
A schematic diagram of vertical air handling unit. Redrawn with modification from [2].

Figure 4.
A schematic diagram of blow-through type of air handling unit. Redrawn with modification from [2].

5

Central Air Conditioning: Systems and Applications
DOI: http://dx.doi.org/10.5772/intechopen.89455



than large speeds and small ducts through the fan. The only disadvantage of
this system is that the fan sound can travel with supply air to the conditioned
zones [2].

2.1.2 Types of all-air systems

2.1.2.1 Conventional systems

A.Classification of conventional systems

These systems can be classified into two groups [1–5], namely:

i. Fixed supplied air volume flow rate with variable supplied air temperature

In these systems the rate of air flow remains constant, and the zone-required
temperature is obtained by varying the supplied air temperature.

i. Variable supplied air volume flow rate with fixed supplied air temperature

These systems maintain fixed supplied air temperature; however the
zone-required temperature is maintained by varying the volume flow rate of
supplied air.

B. Advantages of conventional systems

1.Simplicity as the components are of simple configuration and can be found
separated from each other

2.Low initial cost since the system has simple configuration

3.Low running cost as ventilation, return air, and side passage flows can be used,
which can maintain energy-efficient performance

4.Quite operation as air handing unit including the fan is placed in plant room
away from zone

5.Centralized maintenance as air handling unit is placed in the plant room

Figure 5.
A schematic diagram of draw-through type of air handling unit. Redrawn with modification from [2].
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2.1.2.1.1 Single-duct conventional systems

Single-duct systems are generally used for conditioning stores, offices, and
industries. A schematic diagram of a single-duct system is shown in Figure 6, which
is fixed supplied air volume flow rate and variable supplied air temperature type,
and thus the required temperature in the zone is attained by the adjustment of
heating and cooling coil flow rates and thus their temperature. On the contrary, the
required temperature in conditioned zone can also be attained by varying supplied
volume flow rate and holding fixed supplied air temperature (Figure 7) which is
accomplished by simply placing dampers in the single duct; thus supplied air vol-
ume rate can be varied, e.g., in summer days, higher supplied air volume rates are
provided to the zone to reach required temperature.

It is worth mentioning that single-duct system is used in both single and multi-
zones. Return air can be mixed with the fresh air in the mixing box in appropriate
ratio. This will provide energy-efficient running of the system; however care must
be taken on the quality of return air as air may have higher percentages of humidity
levels [1–5, 8]. This configuration can be seen in Figure 6 and Figure 7; however, in
Figure 7 variable supplied air volume flow rate and fixed supplied air temperature
type has new arrangement called side passage flow (green lines) where the air once
cooled is directed immediately to the mixing box to accelerate the cooling process.

2.1.2.1.2 Multi-duct conventional systems

Characteristics the characteristics of multi-duct systems are similar to single-
duct systems except that two or more ducts can be used for providing conditioned
air to two or more zones. The usage of several ducts in these systems provides
flexibilities as long as the required condition can be varied according to the
requirement in each zone. These systems are used where control of temperature and
humidity in a building zone is required [1–5]. Figure 8 shows two-duct system of
variable supplied volume flow rates with fixed supplied air temperature.

Figure 6.
A schematic diagram of single-duct system (fixed supplied air volume flow rate and variable supplied air
temperature).
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2.1.2.2 Reheat systems

Reheat systems are used in applications of variable loads. In these systems air
will be cooled to the zone’s lowest required temperature, and then air will be
circulated to all zones, and the required temperatures of various zones can be
obtained by reheating the supplied air. Electric heater or hot water can be used as
reheaters which are located in the terminal units (see Figure 9) of conditioned
zones [1–5].

In addition, reheaters can be used for reducing the levels of humidity in cold
temperature zones by increasing supplied air temperatures. Usually zone thermo-
stat will be used to control the reheater according to required conditions.

Figure 7.
A schematic diagram of single-duct system (variable supplied air volume flow rate and fixed supplied air
temperature).

Figure 8.
A schematic diagram of multi-duct system (variable supplied air volume flow rate and fixed supplied air
temperature).
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2.1.2.3 Constant volume induction system

In these systems, an induction unit is used either for ventilation or heating
purposes. The induction unit usually contains hot water coil, and it induces the
zone’s air to provide further heating or air ventilation (Figure 10). Single or several
induction units can be used based on the number of conditioned zones, and hot
water is provided to them from boilers through a water circuit which return the
water again for reheating. Primary air is usually provided from the air handling unit
which is usually responsible for the latent and sensible thermal loads and provides
the desired humidity level. In addition, primary air will be provided to induction
unit. Induction units are used to meet the increase heating loads and thus can
provide comfort quicker with lower running cost [1–5].

Advantages of induction units

1.Possibility of controlling room temperature as every room with induction unit
can be considered as zone

2.Simple air duct design

3.Centralized supplied primary air

4.Control system simplicity

5.Economic running

6.Possibility of controlling the air ventilation and odor

7.Quite operation as fans are away from the room

2.1.2.4 Multi-zone unit systems

In multi-zone unit systems, the cooling and heating coils are placed parallel to
each other where an amount of air supplied with a constant temperature is

Figure 9.
A schematic diagram of a reheat system.
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maintained. In these systems, hot air and cold air are mixed in required proportions,
and thus the supplied air of fixed temperature and fixed volume will be provided to
conditioned zone [1–5]. Figure 11 shows a multi-zone unit system that supplies air
separately to three different zones as dampers can be used.

This system is used and suitable for the following applications, namely:

i. Buildings that contain a number of small and large zones in which separate
temperature control is desired as in schools and offices.

ii. Areas in building of different directions and different internal loads such as
buildings, e.g., banks

iii. Buildings that have interior zones of varying sizes as in radio or television
studios

Advantages of multi-zone unit systems

Figure 11.
A schematic diagram of multi-zone unit system. Readapted from [2].

Figure 10.
A schematic diagram of an induction unit. Readapted from [5].
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1.These systems allow separate control of temperature in zones or places that are
considered as separate area as supplied air is provided at the desire
temperature.

2. It is simple to have the smallest unit size. These systems can either be
assembled in plant location or in the factory and fit all requirements.

3.They are easy to switch operation from cold to hot in summer and winter
seasons and vice versa as this can be simply done manually from air handling
unit in plant room.

4.These systems allow easy air distribution and balance. Using only one air duct
with various exits and outlets makes the balance process easier.

5.Centralized refrigeration equipment as air handling unit is used.

6.Centralized maintenance as all air handling unit is placed in the plant room.

7.Low-cost operation.

8.Quiet operation.

2.1.2.5 Dual-duct systems

Dual-duct systems allow separate control of temperatures in conditioned places
and zones. Temperature control is achieved by supplying the mixing box with air
from hot air duct and cold air duct; that is hot air and cold air are mixed in mixing
box in proper required proportion based on the zone thermostat, and then air can be
supplied to the zone to maintain required zone temperatures. These systems are
commonly used in multiroom buildings such as offices, hotels, apartments, hospi-
tals, schools, and large laboratories. Figure 12 shows a dual-duct system that sup-
plies different zones [1–5].

Advantages of dual-duct systems

1.Provide separate control in the temperatures in each zone as cold and hot air
presence at the same time allows rapid change in temperatures.

2.Dual-duct systems can be found in the smaller size as the number of served
zone by the central system is reduced, whereas the supply air is maintained
through the mixing box which contains cold and hot air just at the each zone.

3.Easy switching from hot to cold modes and vice versa. This is accomplished
by the zone or place thermostat which is adjusted once a year.

4.The refrigeration equipment and boilers are placed in one place, and thus
electricity, water, and sewage services are located only in plant room but not
in the building parts.

5.Centralized maintenance and service are accomplished.

6.Centralized outdoor air inlets. This will ensure no winds or rain are likely to
enter from outdoor environment.
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7.Higher filter efficiencies can be attained.

8.Low-cost operation can be obtained with these systems.

9.These systems are operating quietly as the refrigeration machines and fan are
placed away from zones.

10.These systems have flexible air duct system designs. The choice of medium
and high air speeds is possible on an economic basis and according to the
requirements of the building.

Disadvantages of the dual-duct systems

1.The use of separate ducts increases the initial cost compared to other systems.

2.Precise control needs a large handling unit, and as a result the total cost of the
system will be enlarged.

3.The dual-duct systems are considered inefficient energy systems, and
currently these systems are not recommended.

2.1.2.6 Variable air volume (VAV) systems

Variable air volume systems can vary the thermal loads according to zone ther-
mal load variations. One advantage of these systems is that both the initial cost and
the operating cost are low because the air volume requires simple control within
20% of the air outlets. These systems are used with fixed thermal loads throughout
the year. Applications of these systems can be found in commercial stores, office
buildings, hotels, hospitals, housing, and schools. Figure 13 shows various common
terminal units of variable air volume [1–5].

2.2 All-water systems

In all-water systems, water is used as a working fluid for providing heating and
cooling. Water is pumped to the fan coil unit located in the zone which is to be
conditioned. And then the fan coil unit will use the zone air or sometimes outdoor air
for cooling or heating purposes. If outdoor air is used with the fan coil units, then
separate air duct system will be introduced to the structure of the building [1–5].

Figure 12.
A schematic diagram of dual-duct system. Redrawn with modification from [1].
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2.2.1 Fan coil unit

Fan coil units are used in all-water central air conditioning. Cold and/or hot
water from central chillers and boilers flows through the unit coils. The air temper-
ature is controlled by controlling the flow rate of water through the coil via control
valves, e.g., solenoid valves. Fan coil units are cheap in price and widely used in
hotels, office buildings, and medical centers. Figure 14 shows a schematic diagram
of a fan coil unit [1–5].

Advantages of fan coil units

1.Low cost

2.Do not need ducts

3.Does not occupy much space

4.Easy to install

Figure 13.
Pictures of some common variable air volume terminal units. Readapted from [2].

Figure 14.
A schematic diagram of a fan coil unit. Readapted from [5].
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Disadvantages of fan coil units

1.Do not provide good control of room air humidity.

2.Require maintenance within the air-conditioned places.

3.Provide suitable medium for bacteria grow in water pipes.

4.The ventilation of the rooms is affected by the speed of wind and rain and
insect leakage through the wall openings and cracks which are associated with
optional air ventilation duct systems.

2.2.2 Types of all water systems

The all water systems are classified based on water pipe connections to the fan
coil units, into two types [1–5], namely:

2.2.2.1 Single piping systems

A. Single piping system (reversed return)

In this system, there are two pipes, one pipe to feed either the cold or hot water
to the fan coil unit and another pipe for returning the water back to the chiller or
boiler (see Figure 15). In these systems the supplied water is in counterflow with
the return water.

B. Single piping system (direct return)

In this system, there are two pipes, one pipe to feed either the cold or hot water
to the fan coil unit and another pipe for returning the water back to the chiller or
boiler (see Figure 16). In these systems the supplied water is flowing in a pipe
which is connected directly to the chiller or boiler, where the same pipes receive the
return water from each fan coil unit.

Figure 15.
A schematic diagram of a fan coil unit, two-pipe system of reversed return. Redrawn from [2].
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2.2.2.2 Multi-piping systems

A. Three-pipe systems

In these systems, there are two pipes for providing hot and cold water to the fan
coil unit and one pipe for return water (three-pipe system). Figure 17 shows a
three-pipe all-water-type system.

B. Four-pipe systems

In these systems, there are two pipes for providing hot and cold water to the fan
coil unit and two pipes for return, one for cold water return and one for hot water
return (four-pipe system). These systems are considered as the best system as the
use of two return pipes can maintain efficient energy performance. Figure 18 shows
a four-pipe all-water-type system.

2.3 Air-water systems

In these systems both air and water produce heating and cooling effects. Usually
induction or fan coil units can be used in air-water systems. The following section
will describe the induction unit systems and fan coil system [1–5].

Figure 16.
A schematic diagram of a fan coil unit, two-pipe system of direct return. Redrawn with modification from [2].

Figure 17.
A schematic diagram of a fan coil unit of three-pipe system. Redrawn with modification from [2].
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2.Require maintenance within the air-conditioned places.

3.Provide suitable medium for bacteria grow in water pipes.

4.The ventilation of the rooms is affected by the speed of wind and rain and
insect leakage through the wall openings and cracks which are associated with
optional air ventilation duct systems.

2.2.2 Types of all water systems

The all water systems are classified based on water pipe connections to the fan
coil units, into two types [1–5], namely:

2.2.2.1 Single piping systems

A. Single piping system (reversed return)

In this system, there are two pipes, one pipe to feed either the cold or hot water
to the fan coil unit and another pipe for returning the water back to the chiller or
boiler (see Figure 15). In these systems the supplied water is in counterflow with
the return water.

B. Single piping system (direct return)

In this system, there are two pipes, one pipe to feed either the cold or hot water
to the fan coil unit and another pipe for returning the water back to the chiller or
boiler (see Figure 16). In these systems the supplied water is flowing in a pipe
which is connected directly to the chiller or boiler, where the same pipes receive the
return water from each fan coil unit.

Figure 15.
A schematic diagram of a fan coil unit, two-pipe system of reversed return. Redrawn from [2].
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2.2.2.2 Multi-piping systems

A. Three-pipe systems

In these systems, there are two pipes for providing hot and cold water to the fan
coil unit and one pipe for return water (three-pipe system). Figure 17 shows a
three-pipe all-water-type system.

B. Four-pipe systems

In these systems, there are two pipes for providing hot and cold water to the fan
coil unit and two pipes for return, one for cold water return and one for hot water
return (four-pipe system). These systems are considered as the best system as the
use of two return pipes can maintain efficient energy performance. Figure 18 shows
a four-pipe all-water-type system.
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induction or fan coil units can be used in air-water systems. The following section
will describe the induction unit systems and fan coil system [1–5].
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2.3.1 Induction unit system

Induction unit systems in air-water central air condition are used in building of
multi-surrounding rooms such as offices, hotels, hospital patient rooms, as well as
apartments. These systems are used where higher thermal loads are present. In
addition, these systems are suitable where some rooms require cooling, while the next
other rooms require heating. Besides that, these systems are suitable for buildings
such as skyscrapers where the spaces are limited. Figure 19 shows a schematic view
of induction unit system which uses primary air and external air. Return air can be
used if all primary air is greater than the minimum ventilation requirements [1–5].

2.3.2 Primary air fan coil systems

The working principle of primary air fan coil systems is very similar to the
induction unit system. The main difference is the use of fan. These systems are

Figure 18.
A schematic diagram of a fan coil unit of four-pipe system. Redrawn with modification from [2].

Figure 19.
A schematic diagram of an induction unit system. Readapted from [5].
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generally used in multiroom buildings such as hotels, hospitals, and apartments
where the operating mode can be switched to work in cold season.

Advantages of these systems over induction units are the quite operation and the
means to control required condition as fan speed can be usually controlled. But the
initial cost of fan coil unit which is higher than induction units makes the induction
units more preferred. Figure 20 shows a schematic diagram of a fan coil unit with
its components [1–5].

3. Conclusion

This chapter reviews the types of central air conditioning systems. Specifically, the
types and applications of all-air, all-water, and air-water systems are provided. In
addition, this chapter gives further insight to all systems through several developed
schematic diagrams as various components and working principles of these diagrams
and systems can be identified and figured out, respectively. Moreover, the differences
among the given systems can be easily distinguished through this chapter.

Figure 20.
A schematic diagram of a fan coil unit system. Readapted with modification from [5].
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Chapter 2

Investigation of Desiccant and
Evaporative Cooling Systems for
Animal Air-Conditioning
Muhammad Sultan, Hassan Niaz and Takahiko Miyazaki

Abstract

Productivity of livestock animals particularly sheep, goats, dairy, and beef cattle
are usually affected due to high thermal/heat (sensible and latent) stresses,
particularly in the developing countries. Different types of heating, ventilation, and
air-conditioning (HVAC) systems are used worldwide depending upon the ambient
air conditions to achieve the animals’ thermal comfort. In this chapter, few low-cost
options for the air-conditioning system and for farm building designs are discussed.
Desiccant-based two air-conditioning systems are considered i.e., standalone
desiccant air-conditioning (D-AC) and M-cycle assisted D-AC (M-DAC) system.
The feasibility of both systems is thermodynamically checked for climatic
conditions of Multan, Pakistan. Daily- basis data of ambient and processed air from
both systems are analyzed for the thermal comfort of Holstein Friesian cows.
Temperature humidity index (THI) is calculated to investigate the thermal heat
stress conditions. Results showed that the D-AC system can be used efficiently in
the humid climatic conditions with relatively moderate-to-low temperatures. On
the other hand, the M-DAC system can be used in humid climatic conditions with
relatively high-temperature conditions. It is important to mention that the typical
direct evaporative cooling systems can be obviously low-cost options in case of dry
climatic conditions.

Keywords: desiccant, evaporative cooling, air-conditioning, animal, M-cycle,
thermal comfort

1. Introduction

Air-conditioning (AC) is a basic need for thermal comfort of humans as well as
for animals. Living space per capita in case of human is decreasing due to popula-
tion increase; therefore, it is difficult to provide huge space to animals with high
natural ventilation. Thus, compact size farms with good thermal comfort conditions
are needed. For this purpose, many air-conditioning systems are being used glob-
ally. The conventional AC systems use almost half of the total energy which is a
huge amount of primary energy. So, energy efficient AC systems are principally
required for animals particularly for developing countries. In case of Pakistan,
animals contribute about 70–75% of the total agricultural GDP share [1] which is
huge number. Livestock is sometime neglected area of research in developing
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countries e.g., Pakistan, Bangladesh, India, African countries etc. Therefore, the
benefit from the livestock sector of such countries can be significantly increased by
providing low-cost sustainable farm technologies [2]. Animals’ thermal comfort
includes the mechanisms of metabolism rate, skin heat transfer, rate of respiration,
genetic factor and nature of feed, etc., [3–5]. That’s why, it is important to air
condition the space for animals to enhance the output products e.g., milk, fertility,
meat and other related products etc., [2, 4, 6].

Figure 1 shows the illustration of the different heat transfer phenomena
between environment and animals and the psychrometric thermal comfort zones
for different animal species [7]. Most commonly heat transfer phenomena are
considered which govern the fundamental equations for load calculations. Similarly,
comfort zones elaborate the limit of temperature and relative humidity required for
the ideal growth of different species [5, 8].

This chapter focuses on ideal heat transfer and comfort zones for the different
species of animals. A set of equations is used for the measurement of the heat load

Figure 1.
Simplified illustration of: (A) animals heat transfer phenomena, and (B) psychrometric thermal comfort zones
for different animals.
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calculation for farm animals (Holstein Friesian Cow and Poultry application).
Evaporative cooling and desiccant based air-conditioning systems are discussed
according to the thermal comfort requirements for the animals. Jurinak model
[9–13] is used for the evaluation of desiccant block and simplified correlations are
used for performance evaluation of heat exchanger [14] and M-cycle cooling system
[5]. Building designs and associated key factors affecting are also discussed for the
subjected application. Moreover, the feasibility of systems is checked for the cli-
matic conditions of Multan, Pakistan. Some other authors [15–18] also evaluate for
animal applications the different AC systems (desiccant based and evaporative
cooling-based systems) for different ventilation arrangements.

The novelty of this book chapter is to introduce the methods to calculate the heat
load calculations for Holstein Friesian cows and poultry applications for the climatic
conditions of Multan, Pakistan. The AC systems (standalone and combined) pro-
posed for animal air-conditioning are not used for discussed applications before for
the climatic conditions of Multan, Pakistan.

2. Ventilation rate and building designs for animal housings

2.1 Significance of ventilation rate

Ventilation is one of the important techniques used to control the thermal
stresses in case of animals. Lots of studies have showed the significance of ventila-
tion rate for achieving the ideal thermal comfort, and thereby, ventilation rate is
considered an essential parameter for animal air-conditioning [5, 15, 16–19]. For
example, Figure 2 shows the factors affecting the selection of ventilation rate [20].
The suffocation or level of O2/CO2 is usually controlled by the air flow rate which
must be designed precisely depending upon the nature of application. For livestock
applications, ventilation is highly required to avoid the heat stress condition espe-
cially dairy cattle [17–20]. Dairy products, meat production, and other livestock
applications need enough oxygen for longer storage period especially at commercial
level. The ventilation rate depends upon the nature of the application and the
climatic condition of the area for which the AC is needed [5, 21, 22]. It is considered
the key parameter to measure and to create the thermal comfort.

2.2 Climate control and farm building designs

Advanced animals’ AC options are limited in developing countries due to high
initial and maintenance cost. Small farmers/stake holders cannot afford much cost.
In addition, building designs are not very efficient in terms of providing thermal
comfort to the farm animals [5, 7, 23]. In many developing countries including
Pakistan, open side walls covered with sieve like material (natural ventilation) are
used for cross flow of air with a flat roof [24]. Natural ventilation is good in
maintaining the temperature, humidity and suffocation in cattle barns especially
[23]. Instead, mechanical ventilation (active or passive) avoids the excess amount
of carbon dioxide and ammonia in the air which can cause diseases and growth rate
declination. Furthermore, the building designs can be further modified with respect
to ventilation requirements and thermal comfort requirements [5, 7, 8, 23]. In this
regard, researchers use different types of ventilation orientations [3, 5, 23, 25].

First type of ventilation is base ventilation as shown in Figure 3a. Negative
pressure is created by lateral fans inside the house ejecting the exhaust air outside
(brown arrows). Supply clean air (green arrows) is entered through the windows on
the opposite wall that creates ventilation flow in the cross direction that guarantees
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indoor air quality control. Base ventilation in rectangular shaped farm sheds which
are used with fans at one end and the holes at roof and opposite side of the building
which allows the cross flow of the air. Base flow is normally used to control indoor
air quality for the circulation of the air which reduces the contaminants of harmful
gases in the air [3, 25]. The second type of the ventilation is tunnel ventilation as
shown in Figure 3b. This is due to the horizontal movement of air in the farm shed.
There are greater number of fans used than that of base ventilation. It can be seen
that the hot air is ejected through the fans placed at the end of the house outside
(red arrows), that creates a negative pressure inside the building. Due to the pres-
sure difference, fresh outdoor air is entered (blue arrows) through the inlets
decreasing the indoor air temperature. In this type of ventilation, air temperature is
decreased due to the removal of thermal emission of the animals and wind-chill
effect is produced [3, 7, 14, 26]. Air speed does not exceed 3 ms�1 in this type of
ventilation, otherwise thermal discomfort occurs. When tunnel ventilation is not
enough to provide thermal comfort in the farm sheds, evaporative cooling systems
are additionally used. The evaporative cooling (EC) shown in the Figure 3c con-
verts sensible heat into latent which is carried out by evaporative pads. It can be
seen that the negative pressure is created inside the house by the fans which lets the
hot external air pass through the wet evaporative pads that decreases the air tem-
perature (red/blue arrows). The indoor air temperature is decreased and is expelled
by the tunnel ventilation fans (red arrows). During the warmest periods, ambient
air passes through the evaporative pads where air is cooled due to evaporation of the
water [3, 7, 8, 25]. This decreases the outlet air and consequently, indoor air tem-
perature also decreases. Cooling pads are configured on the larger side of the

Figure 2.
Selection of ventilation rate for livestock application [20].
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building wall opposite to the tunnel ventilation fans which allows the passage of
cooled air due to negative pressure [3].

The side view of the evaporative pads used in the farm sheds is shown in
Figure 4a and the schematic diagram of the evaporative cooling system as shown in
the Figure 4b. Evaporative cooling (EC) is a system of water vapor evaporating into
air that cools the air by water evaporation. In a study [7, 16], authors used honey-
comb like structure for the evaporation supportive channel. In that channel, water
is supplied from upside down with the help of a sprinkler. Air is passed through that
honeycomb structure from one side to another side. The fan is used for the con-
trolled flow of air in the system. There is a cylinder of water that collects water
whereas a water pump is used to flow the water from the tank to the sprinkler as
shown in Figure 4b. This can be a low-cost method to attain thermal comfort
conditions in controlled sheds in hot climatic conditions except in rainy season
(monsoon season).

Figure 3.
Illustration of operating principle for: (a) base ventilation, (b) tunnel ventilation, and (c) evaporative
cooling [3].
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3. Methodology: animals’ thermal comfort

Farm animals’ thermal comfort is estimated for the viewpoint of optimum
productivity. Different temperature and humidity values are required for different
types of animals [7]. The heat transfer between farm animals and surrounding
environment is expressed in Figure 1a. The heat transfer phenomenon between
animal and environment is associated with conduction, convection, radiation,
evaporation, evapotranspiration, wind velocity and metabolism rate (sensible and
latent energy/heat transfer through animal skin). Heat transfer through building is
also considerable while designing the animals’ farm building. Temperature humid-
ity index (THI) is one of the key parameters to measure the environmental condi-
tion for the farm animals. The thermal threshold values for Holstein Friesian cows
are 72 for thermal neutral region and above than 72 for heat stress region [6]. The
total heat load is calculated by following Eqs. (1)–(9). Total amount of heat is the
sum of heat load for animals and heat load for building as shown in Eq. (8). Eq. (1)
is used for the calculation of total heat load for animals [14] as follows:

Qa ¼ qskin þ qres þ S (1)

where, Qa is total amount of heat for animals (kW), q is the partial heat load for
the different sections (kW), and S is the amount of heat stored in the body (for
ideal case: S = 0). The subscripts “a” and “res” denote animals and respiration,
respectively. Heat load for respiration is calculated by the Eqs. (2) and (3) [14, 19]
as given by:

qskin ¼ SAMR (2)

SA ¼ 0:147 W0:57 (3)

where, W is the weight of animal (kg), SA is the surface area of skin (m2), and
MR denotes the metabolism rate (met). The heat of respiration which is the sum of
evaporation and convection heat loss is calculated by the Eqs. (4)–(6) [14].

qres ¼ Cres þ Eres (4)

Cres ¼ 0:0014 MR 34� Tað Þ½ � (5)

Eres ¼ 0:0173 MR 5:87 � Pað Þ½ � (6)

where, C is the convection heat loss from respiration [W/(h.m2)], E is the
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The terms Ta and Pa represents ambient air temperature (°C) and vapor pressure
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(kPa), respectively. Total amount of heat transfer through buildings is calculated by
Eq. (7) as given by:

Qb ¼ U A ΔT (7)

where, Qb is the total heat load for buildings (kW), U is overall heat transfer
coefficient for building [W/(m2.K)], A is the area of building (m2), and ΔT is the
temperature difference (°C or K). Total amount of heat required for the thermal
comfort of farm animals is calculated by Eq. (8) as follows:

Q ¼ Qa þQb (8)

where, Q is the total amount of heat load (kW). Temperature humidity index
(THI) is important parameter which is used to measure the environment condition
i.e., whether the region is in heat stress condition or in thermal neutral condition.
THI is calculated by the Eq. (9) [4, 6] as given below:

THI ¼ 1:8 Tþ 32ð Þ � 0:55� 0:0055 RHð Þ 1:8 T� 26ð Þ½ � (9)

where, THI is the temperature humidity index [�], T is the temperature (°C), and
RH is the relative humidity (%). As the THI is dependent on temperature and humid-
ity, therefore, typical values of THI can also be found from the literature as given by
reference [6]. A region is considered thermal neutral region when THI < 68, and the
region is thermally stable region when THI = 68–72. The region is moderate heat stress
region when THI = 72–80 and the region is severe heat stress region when THI > 80.

Similarly, to cows and cattle, THI is also calculated for poultry birds [23, 27]. THI
equation for poultry applications is given by Eq. (10) as reported in Ref. [27]:

THI ¼ 0:6Tdb þ 0:4Twb (10)

where, T is the temperature (°C). The subscripts “db” and “wb” denote dry-bulb
and wet-bulb, respectively. The interior dry-bulb and wet-bulb temperatures can be
calculated according to the Eqs. (11) and (12). For the air-conditioned space by
evaporative cooler, interior dry-bulb temperature and humidity ratio is calculated
from sensible and latent heat equations for the building as follows:

ti,db ¼ to, db þ
Qs age, to, db

� �
nbirdsmbirds � β _mw hfg

_macp
(11)

Wi ¼ Wo þ
QL age, ti, db

� �
mbirds � β _mw hfg

_mahfg
(12)

where, t is the temperature (°C), Q is the heat production (W), nbirds is the number
of birds, and mbirds is the mass per bird (kg). The term β ṁw represents the mass flow
rate of the moisture in the air and hfg denotes latent heat of vaporization i.e., nearly
2.43 MJ kg�1 at 30°C. The term Cp shows specific heat of air i.e., 1006 J kg�1 K�1. The
subscripts “i,” “o,” “db,” “wb,” “S,” “L,” “a,” and “w” denote inside, outside, dry-
bulb, wet-bulb, sensible, latent, air, and water, respectively.

4. Proposed air-conditioning systems

There are many innovative modern AC technologies that are used globally in
addition to vapor compressor-based systems. These systems mainly use the
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(kPa), respectively. Total amount of heat transfer through buildings is calculated by
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where, Qb is the total heat load for buildings (kW), U is overall heat transfer
coefficient for building [W/(m2.K)], A is the area of building (m2), and ΔT is the
temperature difference (°C or K). Total amount of heat required for the thermal
comfort of farm animals is calculated by Eq. (8) as follows:
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where, Q is the total amount of heat load (kW). Temperature humidity index
(THI) is important parameter which is used to measure the environment condition
i.e., whether the region is in heat stress condition or in thermal neutral condition.
THI is calculated by the Eq. (9) [4, 6] as given below:
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where, THI is the temperature humidity index [�], T is the temperature (°C), and
RH is the relative humidity (%). As the THI is dependent on temperature and humid-
ity, therefore, typical values of THI can also be found from the literature as given by
reference [6]. A region is considered thermal neutral region when THI < 68, and the
region is thermally stable region when THI = 68–72. The region is moderate heat stress
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Similarly, to cows and cattle, THI is also calculated for poultry birds [23, 27]. THI
equation for poultry applications is given by Eq. (10) as reported in Ref. [27]:
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conception of evaporative cooling adsorption cooling and desiccant AC. These
systems are not explored extensively in developing countries. Direct evaporative
cooling system (swamp cooler) is most common system used worldwide wherever
dry climatic conditions exists. Thermal comfort and/or temperature/humidity con-
trol are becoming more popular and demanding day by day in agriculture sector
particularly for product storage, post-harvest processing, farm animals’ buildings,
as well as transportation of dairy, meat and food products [1, 15, 28, 29]. Thermal
comfort for agricultural products and livestock requires cooling (temperature con-
trol) as well as humidity control and ventilation. These requirements change with
the change in application and climatic conditions from one to another. Therefore,
above mentioned thermally driven AC systems can be used for this purpose
[5, 7, 8, 15].

4.1 Standalone desiccant air-conditioning (D-AC) system

Standalone desiccant air-conditioning (D-AC) system consists of a desiccant
unit (wheel or block) mostly with the addition of heat-exchanger (HX). There is no
cooling device principally used in the D-AC system. The D-AC system is used for
the humidity control. It is relatively more efficient in the humid regions where
humidity control is primarily required. It may also feasible for the applications in
which humidity control is mainly concerned (i.e., storage of onion and leafy
vegetables) [8, 11, 15, 26].

The schematic diagram of the D-AC system is shown in Figure 5a. The
standalone D-AC system consists of two desiccant blocks (DB-1 and DB-2) used for
the dehumidification of air. The dehumidified (relatively warmer) air is passed
through the HX where the temperature of the air becomes equal to the ambient air
(ideally). After that, the cooled air may be used for the desired application. The
total process is known as the air dehumidification cycle. However, in regeneration
cycle, the desiccant unit is regenerated by passing the hot air. Therefore, a heating
unit is used D-AC system to heat up the air. Then the heated air is passed through
the desiccant unit to remove its moisture in order to be used for cyclic process. The
heating unit usually uses thermal energy sources i.e., waste heat, biogas, biomass,
direct thermal energy (from solar or likewise), geothermal energy, etc. The regen-
eration depends upon the material type, ambient air conditions and other factors
related to the material properties. Thus, regenerations temperature may be changed
with the change in these factors.

A set of equations given by Jurinak model [9–13, 30] is used for performance
evaluation of the desiccant unit.

F1, ip ¼ φ1

Tip þ 273:15
� �1:49 þ τ1

wip

1000

� �γ1
(13)

F2, ip ¼ Tip þ 273:15
� �1:49

φ2
� τ2

wip

1000

� �γ2
(14)

ηF1 ¼
F1, 2 � F1, 1
F1, 8 � F1, 1

(15)

ηF2 ¼
F2, 2 � F2, 1
F2, 8 � F2, 1

(16)

where, F1 and F2 are combined potentials [�], and ηF1, ηF2 are the efficiencies
of the combined potentials. The term “ip” indicates the state of air in the system
(1, 2, and 8). Eqs. (13)–(16) are used for the performance evaluation of the
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desiccant unit with the help of MS excel solver. The typical values for the efficien-
cies are taken as: (ηF1, ηF2) = (0.05, 0.95) for the high performance of desiccant unit
as reported by [8–13]. The values for the constants are given in Table 1.

The performance of the desiccant unit was evaluated by given equations and also
can be validated for the different climatic conditions (especially for developing
countries). The processed air through the desiccant unit has higher temperature and
low relative humidity as comparison with the ambient air conditions. The hot air
passes through the heat exchanger where the temperature of the air decreases, but
the humidity ratio remains constant. The temperature of the air is calculated by
Eq. (17) [14].

T3 ¼ T2, db � εHX T2, db � T1, db
� �

(17)

where, “ε” is the efficiency of the HX whose value is taken as 0.90. The T3 is the
air temperature (°C) which has to be calculated. The T2 is the temperature (°C) of

Figure 5.
Schematic diagram for: (a) standalone desiccant AC (D-AC) system and (b) M-cycle assisted desiccant AC
(M-DAC) system.
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the desiccant unit to remove its moisture in order to be used for cyclic process. The
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related to the material properties. Thus, regenerations temperature may be changed
with the change in these factors.
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countries). The processed air through the desiccant unit has higher temperature and
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the dehumidified air after passing through the desiccant and the T1 is the ambient
air temperature (°C).

Figure 6 shows the results of the standalone D-AC system for July (daily based)
according to climatic conditions of Multan, Pakistan. The data of temperature and
humidity is the average data of 20 years obtained from the METRONOME software.
The D-AC is evaluated in terms of system analysis and also THI analysis which
elucidate the D-AC system’s applicability for animal air-conditioning. Figure 6a
shows the difference between ambient air temperature and relative humidity with
the product air temperature and relative humidity. It is clear that the product air
temperature is higher than ambient air temperature due to latent heat of adsorption
[15, 29, 30]. However, relative humidity of product air from the D-AC system is

Parameter Value Parameter Value

φ1 [�] �2865 φ2 [�] 6360

τ1 [�] 4.344 τ2 [�] 1.127

γ1 [�] 0.8624 γ2 [�] 0.07969

Table 1.
Constants of Jurinak model for the evaluation of desiccant unit.

Figure 6.
Results of D-AC system for July (daily-basis) for climatic conditions of Multan, Pakistan: (a) temperature-
humidity profile and (b) THI profile.
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lower than ambient air relative humidity due to adsorption of water by desiccant
material. Feasibility of the standalone D-AC system for animal air-conditioning is
checked by the THI analysis which clarifies the system’s feasibility for desired
application. Figure 6b shows the THI values of ambient and product air, as well as
the permissible limit of heat stress. The permissible limit of heat stress for cows is
72. The THI of the ambient air as well as product air is higher than the permissible
limit for the whole month. So, it may not be suitable for the ambient conditions of
Multan for the month of July.

4.2 M-cycle assisted desiccant air-conditioning (M-DAC) system

The schematic diagram of Maisotsenko cycle (M-cycle) assisted desiccant air
conditioning (M-DAC) system is shown in Figure 5b. It consists of desiccant unit
with the addition of HX and an exclusive M-cycle unit. The M-cycle cooling device
lowers down the temperature of the processed air from the HX. Therefore, this
system can be used for the humidity and temperature control. This can be efficient
in hot and humid climatic regions where temperature and humidity control are
essential. It may also be efficiently feasible for the applications in which humidity
and temperature control is concerned (i.e., agricultural storage and livestock appli-
cations) even in hot and humid climatic conditions [5, 11, 16, 26]. The system
consists of two desiccant blocks (DB-1 and DB-2) used for the air dehumidification
and regeneration purposes. The dehumidified air is passed through the heat-
exchanger where the temperature of the air becomes nearly equal to the ambient
air. The air is further passed through the M-cycle unit where air is further cooled up
to the desired temperature and humidity conditions to be used for desired applica-
tion. The desiccant unit is regenerated by hot air and therefore a heating unit is
principally required in this system which is supposed to be operated on low-cost
thermal energy options. The heated air is passed through the desiccant unit to
remove moisture from the desiccant material for cyclic usage.

It is important to mention that the M-cycle is an advanced indirect evaporative
cooling conception that cools down the temperature of the working air up to the
dew point by capturing energy from the air step by step as the humidity of the
system remains constant [5, 16, 31, 32]. M-cycle is well-known in the air-
conditioning field due to its working range for the dew point evaporative cooling.
The details can be found from authors’ previous work as reported in [16]. Many
researchers used different structures (channels) and materials for the manufactur-
ing of the M-cycle channels as well as flow arrangements [8, 16, 31, 32]. In one-way
configuration of M-cycle unit, the ambient air is passed through the dry channels
(in cross flow direction to the wet channel) and then part of this air is mixed into
the wet channel. The cyclic process brings the product air temperature to the dew
point (theoretically) of the ambient air temperature. In another way configuration
of M-cycle unit, the wet channel is sandwiched between two dry channels. Process
air is passed firstly through one of the dry channels followed by the wet channel. In
the cyclic process, this will lower the temperature of the product air passing through
the other dry channel up to the ambient air wet bulb (finally approaches to the dew
point) temperature. In authors’ previous work [5], a simplified correlation was
developed for performance evaluation of the M-cycle unit as given by following
Eqs. (18) and (19):

To ¼ A1 þ B1 Tið Þ þ C1 Hspc
� �

(18)

Q ¼ A2 þ B2 Tið Þ þ C2 Hspc
� �

(19)
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lower than ambient air relative humidity due to adsorption of water by desiccant
material. Feasibility of the standalone D-AC system for animal air-conditioning is
checked by the THI analysis which clarifies the system’s feasibility for desired
application. Figure 6b shows the THI values of ambient and product air, as well as
the permissible limit of heat stress. The permissible limit of heat stress for cows is
72. The THI of the ambient air as well as product air is higher than the permissible
limit for the whole month. So, it may not be suitable for the ambient conditions of
Multan for the month of July.

4.2 M-cycle assisted desiccant air-conditioning (M-DAC) system

The schematic diagram of Maisotsenko cycle (M-cycle) assisted desiccant air
conditioning (M-DAC) system is shown in Figure 5b. It consists of desiccant unit
with the addition of HX and an exclusive M-cycle unit. The M-cycle cooling device
lowers down the temperature of the processed air from the HX. Therefore, this
system can be used for the humidity and temperature control. This can be efficient
in hot and humid climatic regions where temperature and humidity control are
essential. It may also be efficiently feasible for the applications in which humidity
and temperature control is concerned (i.e., agricultural storage and livestock appli-
cations) even in hot and humid climatic conditions [5, 11, 16, 26]. The system
consists of two desiccant blocks (DB-1 and DB-2) used for the air dehumidification
and regeneration purposes. The dehumidified air is passed through the heat-
exchanger where the temperature of the air becomes nearly equal to the ambient
air. The air is further passed through the M-cycle unit where air is further cooled up
to the desired temperature and humidity conditions to be used for desired applica-
tion. The desiccant unit is regenerated by hot air and therefore a heating unit is
principally required in this system which is supposed to be operated on low-cost
thermal energy options. The heated air is passed through the desiccant unit to
remove moisture from the desiccant material for cyclic usage.

It is important to mention that the M-cycle is an advanced indirect evaporative
cooling conception that cools down the temperature of the working air up to the
dew point by capturing energy from the air step by step as the humidity of the
system remains constant [5, 16, 31, 32]. M-cycle is well-known in the air-
conditioning field due to its working range for the dew point evaporative cooling.
The details can be found from authors’ previous work as reported in [16]. Many
researchers used different structures (channels) and materials for the manufactur-
ing of the M-cycle channels as well as flow arrangements [8, 16, 31, 32]. In one-way
configuration of M-cycle unit, the ambient air is passed through the dry channels
(in cross flow direction to the wet channel) and then part of this air is mixed into
the wet channel. The cyclic process brings the product air temperature to the dew
point (theoretically) of the ambient air temperature. In another way configuration
of M-cycle unit, the wet channel is sandwiched between two dry channels. Process
air is passed firstly through one of the dry channels followed by the wet channel. In
the cyclic process, this will lower the temperature of the product air passing through
the other dry channel up to the ambient air wet bulb (finally approaches to the dew
point) temperature. In authors’ previous work [5], a simplified correlation was
developed for performance evaluation of the M-cycle unit as given by following
Eqs. (18) and (19):

To ¼ A1 þ B1 Tið Þ þ C1 Hspc
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where Ti and To represent the air temperature (°C) at inlet and outlet of M-cycle
channels, respectively. The term Hspc represents the specific humidity (g/kg-DA)
and Q represents the specific cooling capacity. The terms A, B, and C are the
constants for simplified correlations, and optimized values for these constants are
given in Table 2.

Figure 7 shows the daily based analysis of M-cycle based D-AC system for the
month of July for Multan, Pakistan. The data of temperature and humidity is the
average data of 20 years obtained from the METRONOME software. The M-DAC is

Constant Value Constant Value Constant Value

A1 [�] 6.70 B1 [�] 0.2630 C1 [�] 0.5298

A2 [�] �5.48 B2 [�] 0.7317 C2 [�] �0.5946

Table 2.
Numerical values of the constants of the simplified M-cycle correlations [5].

Figure 7.
Results of M-DAC system for July (daily-basis) for climatic conditions of Multan, Pakistan: (a) temperature-
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evaluated in terms of system analysis and THI analysis which elucidate the M-DAC
system’s applicability for animal air-conditioning. Figure 7a shows the difference
between ambient air temperature and relative humidity with the product air tem-
perature and relative humidity. It is clear from the figure that the product air
temperature is lower than ambient air temperature due to water evaporation
[30, 33–35]. However, relative humidity of product air is higher than ambient air
relative humidity which is required for animal air-conditioning.

Thereby, feasibility of the M-cycle based D-AC system for animal air-
conditioning is checked by THI calculated from Eq. 9. Figure 7b shows the
THI values of ambient air and product air, and permissible limit of heat stress
is also shown in the figure. The permissible limit of heat stress for cows is 72.
The figure clearly indicates that the THI of the ambient air is higher than the
permissible limit for the whole month, while the THI of the product air is lower
than permissible limit in most of the days. So, it may be feasible for the ambient
conditions of Multan for the month of July (greater relative humidity and
temperature).

The psychrometric representation of the product air of proposed AC systems
according to the temperature and relative humidity values is shown in the Figure 8
with the help of different markers. The values are obtained for the ambient
conditions of Multan, Pakistan for the month of July. The black color line box
shows the thermal comfort zone for animals. The circular marker shows the
ambient air conditions, triangular marker shows the D-AC system’s air
conditions and diamond shaped marker shows M-DAC system’s air conditions.
The ambient conditions and D-AC output conditions are not able to provide the
thermal comfort for animals. However, M-DAC output conditions are relatively
suitable; therefore, this system can be applicable for animal air-conditioning
subjected to the conditions.

Figure 8.
Psychrometric plot of results identifying the feasibility of D-AC and M-DAC systems. Black line marked closed
region shows animal air conditioning zone.
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5. Conclusions

This chapter reviews the fundamental requirements for animals’ air condition-
ing (AC) particularly for developing countries. The significance of ventilation rate
and the associated animal housing designs are discussed from the view-point of
energy-efficient climatic control systems. The study explores the literature related
to temperature humidity index for Holstein Friesian cows. The importance of
evaporative cooling systems is obvious in developing countries; however, this
chapter highlights its usage/integration with the thermally-driven desiccant based
open cycle systems. In this regard, the study focuses the climatic conditions of
Multan, Pakistan. The performance of two kinds of evaporative and desiccant based
AC systems is checked for the subjected application. Results indicate that the per-
formance of the systems vary with the climatic conditions and systems’ operation.
The standalone desiccant AC (D-AC) system nicely dehumidifies the air which
increases the temperature as well due to adsorption heat. However, the dry warm
air is unable to provide the optimum thermal comfort conditions for the animals for
most of the climatic conditions. However, M-cycle assisted desiccant AC (M-DAC)
system dehumidifies the air on one side whereas it also control the sensible AC load
on the other side. Thus, it makes it feasible to provide thermal comfort conditions
for animals for most of the climatic conditions. Thus, it is energy efficient to use the
evaporative cooling options in humid climates if integrated with desiccant units.
The D-AC system should be used only for humid climatic conditions where latent
load control (dehumidification) is mainly required. The D-AC system is not found
effective for the summer conditions of Multan, Pakistan. However, it may be used
for drying purposes as per authors’ previous work. The M-DAC system is good to
use in all kind of humid climatic conditions including the hotter regions. It has been
found feasible for thermal comfort of cows for summer conditions including rainy
season for Multan, Pakistan.
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Chapter 3

Solar Pond Driven Air
Conditioning Using Seawater
Bitterns and MgCl2 as the
Desiccant Source
Esam Elsarrag, Opubo N. Igobo and Philip A. Davies

Abstract

Solar energy is used for a wide range of applications such as electricity produc-
tion, desalination, cooling, heating, etc. Solar-based technologies are widely spread
and increasingly studied in the industry. This theoretical and experimental study
focuses on solar ponds as a desiccant and low-grade energy source. A thermal model
has been developed for a salinity gradient solar pond (SGSP) with a non-convective
zone split into 10 sub-zones. A solar pond was constructed and used as a case study
for the validation of the predictive model capabilities. The dimensional characteris-
tics of the pond, as well as the solar radiation intensity and ambient temperature
data obtained from the meteorological data, were used to produce the solar pond’s
zone thermal behaviour data. With regards to the thermal behaviour measurements
obtained from the solar pond, the predicted data were found to be higher. There is
a significant difference between the real-world and meteorological data obtained,
the difference between the predicted and real-world pond temperature data was
also attributed to the fact that the actual absorbed solar radiation was reduced due
to wall shading effect, turbidity and insufficient duration of operation of the pond.
In the following year, the stored heat from the previous summer would be expected
to improve thermal storage values obtained partially.

Keywords: solar energy, solar pond, desiccant cooling, carbon emissions,
humid climates

1. Introduction

The continuous increase in energy demand raises the need for alternative energy
sources. Energy consumption from air conditioning will continue to increase which
will raise the need for innovative solutions in many industrial sectors. One of the
significant sources alternative widely and increasingly studied in the industry is
solar-based technologies. Solar energy is used for a wide range of applications such
as electricity production, desalination, cooling, heating, etc. Solar ponds are rela-
tively simple and yet effective thermal storage [1].

A solar pond consists of a body of salty water which collects solar energy and
converts it for thermal storage. A solar pond can be either convective or non-
convective. The principle of convective solar ponds largely depends on the water’s
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also attributed to the fact that the actual absorbed solar radiation was reduced due
to wall shading effect, turbidity and insufficient duration of operation of the pond.
In the following year, the stored heat from the previous summer would be expected
to improve thermal storage values obtained partially.
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1. Introduction

The continuous increase in energy demand raises the need for alternative energy
sources. Energy consumption from air conditioning will continue to increase which
will raise the need for innovative solutions in many industrial sectors. One of the
significant sources alternative widely and increasingly studied in the industry is
solar-based technologies. Solar energy is used for a wide range of applications such
as electricity production, desalination, cooling, heating, etc. Solar ponds are rela-
tively simple and yet effective thermal storage [1].

A solar pond consists of a body of salty water which collects solar energy and
converts it for thermal storage. A solar pond can be either convective or non-
convective. The principle of convective solar ponds largely depends on the water’s
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surface being covered by an insulating material to store the system’s collected heat;
the most commonly used solar pond of this type is the shallow solar pond. Non-
convective solar ponds, however, operate by limiting the process of natural
convection by the use of a water collector or storage medium.

In this study, a salinity gradient solar pond (SGSP) is designed and constructed.
The SGSP is a large, low-cost solar-thermal energy collection and storage system
which consists of a large body of saltwater (with salinity gradient) such that solar
energy incident on the pond is partially transmitted to the bottom of the pond
where a portion (20–30%) of it is absorbed.

A typical SGSP consists of three regions: the upper-convective zone (UCZ), the
non-convective zone (UCZ) and the lower-convective zone (LCZ). The UCZ is the
topmost layer of the solar pond and is a relatively thin layer (usually 0.1–0.5 m)
which contains almost no salinity (about 0–5% concentration). The NCZ is the
middle region (of about 0.7–1.5 m thickness) and has an increasing concentration
(salinity gradient) relative to the UCZ, and it also acts as insulation on the LCZ,
because convection motion in the NCZ is ideally suppressed if the concentration
gradient is sufficiently large. The LCZ is the layer in which the salt concentration
is the greatest (about 26%), and there is no concentration gradient in it, as depicted
in Figure 1 [3].

Resultantly, large amounts of heat can potentially be stored in these systems [4].
The utilisation of solar ponds as energy carriers was first conceived by Tabor [5, 6]
when observing the natural phenomenon in a Hungarian lake at the turn of the
twentieth century. The studies proposed the possibility of simulating the natural
phenomenon experimentally for energy production. The authors laid the all-
important foundations of current solar pond research conducted to date. However,
the work of Tabor [6] was not developed as far as its potential would allow.
Nevertheless, in recent decades, with the current global search for alternative
energy, as aforementioned, solar ponds have gained a substantial increase in
interest in academia and industry [1, 3, 7].

A wide variety of models have been developed to investigate the energy proper-
ties and potential capabilities of solar ponds. Rabl and Nielsen [4] first examined
the possibility of utilising the thermal energy from solar ponds for space heating, by
deriving a set of formulae specific to a certain type of salt gradient pond. The pond,

Figure 1.
SGSP solar radiation distribution [2].
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in essence, consisted of two homogeneous layers: an upper convecting layer
(a lower salt content) and a lower non-convecting layer which acts as the thermal
storage part of the pond.

The authors considered the varying temperature ranges that a standard-sized
dwelling would encounter seasonally in varying locations and climates. They sub-
sequently reported that the use of a solar pond would undoubtedly provide ade-
quate heating at prices, competitive with those of conventional heating solutions,
for the various climates and geographic locations they considered; including the
Arctic Circle. Due to its simplified nature, the model developed by Rabl and Nielsen
[4] revived solar pond research and had subsequently been used to study the
prospects of solar ponds in many regions and climates [8].

Kooi [9] developed an analytical model to study operating characteristics, such
as its temperature distributions and energy fluxes, on the assumption that the non-
convective zone temperature was equal to the ambient wet-bulb temperature. The
model would allow the analysis of the performance of three-layer solar pond sys-
tems to be conducted in a similar calculation model to the Hottel-Whillier-Bliss
equations [10] used for steady-state flat plate solar energy collectors.

With validation, established models such as that of Rabl and Nielsen [4] deemed
the steady-state salt gradient of a solar pond system to be similar to that of a flat
plate collector. Kooi [11] also modified the formulae developed by Rabl and Nielsen
[4] to account for reflected radiation. He assumed that, since most solar ponds
would operate near the solubility limit, this would naturally increase the reflectivity
of the solar pond floor. Kooi concluded that the increase of reflectivity, in fact,
reduced the efficiency of the steady-state system and that avoidance of supersatu-
ration would be the key for an economical solar pond system.

Other authors also studied the influence of a solar pond’s physical properties on
its thermal storage efficiency. Wang and Seyed-Yagoobi [12] developed the equa-
tions reported by Kooi [11] to investigate the influence of the water’s clarity and salt
concentrations on the penetration of solar radiation underwater. The authors used
turbidity as a parameter for the solar pond’s water clarity. The authors reported that
solar radiation did not affect the penetration of solar radiation underwater. How-
ever, the clarity of the water was found to be imperative, as the turbidity was
observed to affect solar radiation penetration with increasing depths.

Karakilcik et al. [13] assessed the performance effect of the presence of shade on
each of the solar pond zones. The authors reported a major influence on the solar
pond’s efficiency caused by the solar pond’s shading effect. Another potential per-
formance effect was proposed by Jaefarzadeh and Akbarzadeh [14]. The authors
suggested that wind-induced mixing could affect the salinity gradient required for
an effectively operating solar pond. The use of floating rings on the surface of
the pond would help to mitigate such effects and thus improve performance
year-round.

With a great amount of progress focussed on the analysis of the efficiency,
performance and adverse effect mitigation, the salt gradient solar pond has been
shown by many accounts to be a very promising technology for energy storage that
can be adapted to many climates and geographical locations. Elsarrag et al. [15]
reviewed the possibility of supplying the necessary energy required for the regen-
eration stage of a liquid desiccant cooling system using a salt gradient solar pond.
The authors considered different solar pond system configurations, designs and
solute materials which would be suitable for implementations in a potential solar-
powered desiccant cooling system. Sayer et al. [16] researched the feasibility and
performance gel pond and compared with the salinity gradient solar pond for low
temperature applications. Amro and Yusuf [17] conducted a theoretical study of
using solar ponds for seawater desalination in Qatar.
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This study aims to investigate theoretically and validate a salt gradient solar
pond experimentally as a desiccant and energy source in a hot-humid climate. The
model is comprised of energy balances of the pond (including each salt gradient,
pond wall, and surface area), saltwater thermo-physical properties and soil
temperature.

2. Modelling of a salinity gradient solar pond

The behaviour of a solar pond, like any other solar-thermal collector, is majorly
influenced by its geographical location. The pond of interest for the title-study has
been constructed and has been analysed for more than 10 months in a hot-humid
climate. Initially, the weather data for the location, as obtained from the NASA
Atmospheric Science Data Centre at 25.2867°N and 51.5333°E (the geographical
location of the salinity gradient solar pond of interest) is given in Table 1.

The temperature profile needs to be determined to characterise the thermal
behaviour of the pond. The temperature varies with depth (and time). The tem-
perature profile of the solar pond can be obtained from an energy balance of the
solar pond. The general energy balance equation is in the form:
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Month Insolation (kWh/m2/day) Tamb, av (°C) V (m/s) RH (%)

Jan 3.42 19.5 4.11 52.5

Feb 4.25 20.1 4.71 51.8

Mar 4.88 22.5 4.44 51.4

Apr 5.84 26.7 4.12 47.3

May 6.92 31.4 4.52 42.2

Jun 7.4 33.7 4.75 41.7

Jul 7.01 35.2 4.35 42

Aug 6.57 35.4 4.28 43.5

Sep 5.84 33.4 3.83 44.8

Oct 4.84 30 3.5 47.8

Nov 3.78 25.9 3.52 50.2

Dec 3.2 21.9 4.05 52.9

Table 1.
Metrological data for Doha.
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Assuming an initial pre-stable ideal state, convection is ideally suppressed in the
pond, thus heat flow is primarily by conduction. Thus, the energy balance can be
expressed in terms of the one-dimensional heat conduction equation in differential
form as:

ρCp
∂T
∂t

¼ ∂

∂z
k
∂T
∂z

� �
þ _g z, tð Þ � L z, tð Þ (1)

where the thermo-physical properties (density, thermal conductivity and
specific heat capacity) of the saltwater vary with temperature and concentration.

For example, for NaCl pond, the following correlations are widely
employed [18]:

k ¼ 0:5553� 0:0000813Sþ 0:0008 T � 20ð Þ (2)

ρ ¼ 998þ 0:65C� 0:4 T � 20ð Þ (3)

Cp ¼ 4180þ 4:396Cþ 0:0048S2 (4)

3. Energy analysis of the solar pond

The temperature profile of the solar pond can be obtained from an energy
balance of the different zones of the solar pond. With the assumptions that [2]:

• The temperature variation in the horizontal direction is assumed negligible.
Thus the temperature and concentration distribution can be considered one-
dimensional.

• The three zones of the pond (UCZ, NCZ and LCZ) are considered distinct
enough to have a clear fixed boundary.

• The bottom surface of the pond is assumed appropriately blackened; as such
the radiation reaching the LCZ is completely absorbed by the saltwater and the
pond’s bottom.

• Due to the presence of convection in the UCZ and the LCZ, the temperature
and concentration in these zones are considered uniformly constant; such that
they can be treated as single cells with a thickness zu and zl, respectively.

• The temperature varies with depth in the NCZ, and as such, in applying the
energy balance, this part of the pond can be divided into several imaginary
layers, i of thickness Δz each.

• The pond is considered very large. Thus, the side effects such as convection
current at the wall can be ignored [19].

3.1 Upper-convective zone (UCZ)

Due to convection in the UCZ, it can be treated as having a uniform tempera-
ture. The heat balance equation for the UCZ can be given as:

QUCZ ¼ QNU þQsolar � QU (5)
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QU ¼ QUc þQUr þ QUe þ QUs (6)

The solar radiation intensity, I, at a given layer (depth) in the pond can be
obtained as a fraction of the radiation that penetrates the pond’s surface.

The solar radiation in the pond decays exponentially with depth

Iz ¼ τIo (7)

The fraction (τ) varies with the depth (z), and can be expressed as:

τ ¼ 0:36� 0:08 ln zð Þ (8)

While, the solar radiation that penetrates the pond’s surface can be expressed in
terms of the incident radiation on the pond’s surface; taking into consideration that
not all the incident rays penetrate (refracted) at the surface, as some are reflected
back.

Io ¼ βI (9)

β ¼ 1� 1
2

sin 2 θi � θrð Þ
sin 2 θi þ θrð Þ þ

tan 2 θi � θrð Þ
tan 2 θi þ θrð Þ

� �
(10)

are related to the refractive index, n (=1.33 for water) as:

sin θi ¼ nsinθr (11)

The angle of incidence can be obtained from:

cos θi ¼ cosδcosθcosωþ sinδsinθ (12)

δ ¼ 23:45 sin
360 284þNð Þ

365:25

� �
¼ 23:45 sin

360 N � 80ð Þ
370

� �
(13)

ω ¼ 2π h� 12ð Þ
24

in radð Þ (14)

ω ¼ 360 h� 12ð Þ
24

in degreeð Þ (15)

The convective heat loss rate from the pond’s surface, _QUc is:

_QUc ¼ Ahc Tu � Tað Þ (16)

where the convective heat transfer coefficient can be obtained as:

hc ¼ 5:7 þ 3:8V (17)

The heat loss rate due to radiation _QUr is

_QUr ¼ εσA Tu
4 � Tsky

4� �
(18)

The sky temperature Tsky can be determined as:

Tsky ¼ Ta � 0:55þ 0:061
ffiffiffiffiffiffi
Pw

p� �0:25
(19)
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The evaporative heat loss rate _QUe is obtained as:

_QUe ¼
λhc Pu � Pwð ÞA
1:6CpaPatm

(20)

Pu ¼ exp 18:403� 3885
Tu þ 230

� �
(21)

Pw ¼ RH exp 18:403� 3885
Ta þ 230

� �
(22)

Cpa ¼ 1:005þ 1:82Rs (23)

The heat loss through the sidewall _QUs can be obtained as:

_QUs ¼ CwAwU Tu � TGUð Þ (24)

Cw ¼ 1
Rw

¼ kpkc
Spkc þ Sckp

(25)

The solar energy absorbed by the zone can be obtained as the difference between
the radiation entering the zone and the radiation leaving the zone.

With the foregoing, the energy balance equation for the UCZ can be written in
differential form as:

ρCp
∂TU

∂t
¼ ∂

∂z
k
∂T
∂z

� �
þ ∂I z,tð Þ

∂z
� _qu (26)

z1AρCp
∂TU

∂t
¼ kA

∂T
∂z

����
z¼z1

þ βA z1ð ÞI τ 0,tð Þ � τ z1,tð Þ
� �� _Qu (27)

Thus, the heat balance in non-differential form can be written as:

z1AρuCpu

TU tþ1ð Þ � TU tð Þ
Δt

¼
k1

2
A1

2
T 1,tð Þ � TU tð Þ
� �

Δz1
2

þ βAe uð ÞI τ 0,tð Þ � τ z1,tð Þ
� �� _Qu tð Þ

(28)

Thus, the UCZ layer temperature can be obtained as:

TU tþ1ð Þ ¼ TU tð Þ þ Δt
zuAuρuCpu

k1
2
A1

2
T 1,tð Þ � TU tð Þ
� �

Δz1
2

þ βAe uð ÞI τ 0,tð Þ � τ z1,tð Þ
� �� _Qu tð Þ

( )

(29)

3.2 Non-convective zone (NCZ)

The NCZ is assumed to be divided into several imaginary layers i, with the first
and last layers having a boundary with the UCZ and LCZ denoted as 1 and f,
respectively; thus, the temperature in the first layer can be denoted as T1 and in the
last layer as Tf.

Here, the heat balance for the NCZ can be given as:

Q i,tþ1ð Þ ¼ Q iþ1,tð Þ þQ solarð Þ �Q i�1,tð Þ �Qs i,tð Þ (30)
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(19)
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The evaporative heat loss rate _QUe is obtained as:

_QUe ¼
λhc Pu � Pwð ÞA
1:6CpaPatm

(20)

Pu ¼ exp 18:403� 3885
Tu þ 230

� �
(21)

Pw ¼ RH exp 18:403� 3885
Ta þ 230

� �
(22)

Cpa ¼ 1:005þ 1:82Rs (23)

The heat loss through the sidewall _QUs can be obtained as:

_QUs ¼ CwAwU Tu � TGUð Þ (24)

Cw ¼ 1
Rw

¼ kpkc
Spkc þ Sckp

(25)

The solar energy absorbed by the zone can be obtained as the difference between
the radiation entering the zone and the radiation leaving the zone.

With the foregoing, the energy balance equation for the UCZ can be written in
differential form as:

ρCp
∂TU

∂t
¼ ∂

∂z
k
∂T
∂z

� �
þ ∂I z,tð Þ

∂z
� _qu (26)

z1AρCp
∂TU

∂t
¼ kA

∂T
∂z

����
z¼z1

þ βA z1ð ÞI τ 0,tð Þ � τ z1,tð Þ
� �� _Qu (27)

Thus, the heat balance in non-differential form can be written as:

z1AρuCpu

TU tþ1ð Þ � TU tð Þ
Δt

¼
k1

2
A1

2
T 1,tð Þ � TU tð Þ
� �

Δz1
2

þ βAe uð ÞI τ 0,tð Þ � τ z1,tð Þ
� �� _Qu tð Þ

(28)

Thus, the UCZ layer temperature can be obtained as:

TU tþ1ð Þ ¼ TU tð Þ þ Δt
zuAuρuCpu

k1
2
A1

2
T 1,tð Þ � TU tð Þ
� �

Δz1
2

þ βAe uð ÞI τ 0,tð Þ � τ z1,tð Þ
� �� _Qu tð Þ

( )

(29)

3.2 Non-convective zone (NCZ)

The NCZ is assumed to be divided into several imaginary layers i, with the first
and last layers having a boundary with the UCZ and LCZ denoted as 1 and f,
respectively; thus, the temperature in the first layer can be denoted as T1 and in the
last layer as Tf.

Here, the heat balance for the NCZ can be given as:

Q i,tþ1ð Þ ¼ Q iþ1,tð Þ þQ solarð Þ �Q i�1,tð Þ �Qs i,tð Þ (30)
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Thus, the energy balance can be written in differential form as:

AρiCpi
∂T
∂t

¼ ∂

∂z
kA

∂T
∂z

� �

ziþ1

þ βI
∂ Ae zð Þτ zð Þ
� �

∂z
� ∂

∂z
kA

∂T
∂z

� �

zi�1

� Cw
∂Aw zð Þ
∂z

T i,tð Þ � TG
� �

(31)

Or,

ΔziAiρiCpi
∂T
∂t

¼ kA
∂T
∂z

����
z¼ziþ1

þ βAe ið ÞI τ i�1
2,tð Þ � τ iþ1

2,tð Þ
� �

� kA
∂T
∂z

����
z¼zi�1

� CwAw ið Þ T i,tð Þ � TG
� �

(32)

And in non-differential form:

ΔziAiρiCpi

T i,tþ1ð Þ � T i,tð Þ
Δt

¼
k iþ1

2ð ÞA iþ1
2ð Þ T iþ1,tð Þ � T i,tð Þ
� �

Δzi
þ βAe ið ÞI τ i�1

2,tð Þ � τ iþ1
2,tð Þ

� �

�
k i�1

2ð ÞA i�1
2ð Þ T i,tð Þ � T i�1,tð Þ
� �

Δzi
� CwAw ið Þ T i,tð Þ � TG

� �

(33)

Hence, the temperature of a layer of the NCZ can be expressed as:

T i,tþ1ð Þ ¼ T i,tð Þ þ
Δt

ΔziAiρiCpi

k iþ1
2ð ÞA iþ1

2ð Þ T iþ1,tð Þ � T i,tð Þ
� �

Δz

(

þ βAe ið ÞI τ i�1
2,tð Þ � τ iþ1

2,tð Þ
� �

�
k i�1

2ð ÞA i�1
2ð Þ T i,tð Þ � T i�1,tð Þ
� �

Δz

� CwAw ið Þ T i,tð Þ � TG ið Þ
� �)

(34)

3.3 Lower-convective zone (LCZ)

Using the same procedure that outlined previously, the heat balance equation for
the LCZ can be expressed as:

QL ¼ Q solarð Þ � QL!N � Qs i,tð Þ �QG �Qext (35)

zlAlρlCpl

∂Tl

∂t
¼ βAe z3ð ÞI τ z3,tð Þ

� �� kA
∂T
∂z

����
z¼z2

� CwAw zlð Þ T l,tð Þ � TG
� �

� CgwAz3 T l,tð Þ � TG
� �� Qext (36)

zlAlρlCpl

T l,tþ1ð Þ � T l,tð Þ
Δt

¼ βAe z3ð ÞI τ z3,tð Þ
� �� klAz2 T l,tð Þ � T f ,tð Þ

� �
Δz
2

� CwAw zlð Þ T l,tð Þ � TG
� �� CgwAz3 T l,tð Þ � TG

� �� Qext

(37)

Thus, the temperature of the LCZ can be given as:

T l,tþ1ð Þ ¼ T l,tð Þ þ Δt
zlAlρlCpl

βAe z3ð ÞI τ z3,tð Þ
� �� klAz2 T l,tð Þ � T f ,tð Þ

� �
Δz
2

(

� CwAw zlð Þ T l,tð Þ � TG
� �� CwgAz3 T l,tð Þ � TG

� �� Qext

) (38)
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3.4 Dimensions of the solar pond

The dimensional characteristics of each zone of the solar pond would need to be
initially ascertained to obtain the temperature predictions of each of the pond’s
zones. The geometry of the pond could be characterised as shown in Figure 2. Here,
the relevant cross-sectional surface areas (required for heat transfer) are deduce in
relation to the dimensional references of the zones.

3.4.1 Surface areas of the LCZ

The cross-sectional area of the LCZ, Al may be calculated at mid-plane of the
zone (as shown in Figure 2).

The average area is:

Al ¼ xl � wl (39)

where the average length of the pond at the level (measured at mid-level):

xl ¼ X � 2
z2 þ zl

2

tanϑ

� �
(40)

Similarly, the average width of the pond can be given as:

wl ¼ W � 2
z2 þ zl

2

tanφ

� �
(41)

Thus, the area is:

Al ¼ X � 2
z2 þ z

2

tanϑ

� �� �
� W � 2

z2 þ zl
2

tanφ

� �� �
(42)

Similarly,

Az2 ¼ X � 2
z2

tanϑ

� �� �
� W � 2

z2
tanφ

� �� �
(43)

Figure 2
The dimensional characteristics of the solar pond.
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Thus, the energy balance can be written in differential form as:

AρiCpi
∂T
∂t

¼ ∂

∂z
kA

∂T
∂z

� �

ziþ1

þ βI
∂ Ae zð Þτ zð Þ
� �

∂z
� ∂

∂z
kA

∂T
∂z

� �

zi�1

� Cw
∂Aw zð Þ
∂z

T i,tð Þ � TG
� �

(31)

Or,

ΔziAiρiCpi
∂T
∂t

¼ kA
∂T
∂z

����
z¼ziþ1

þ βAe ið ÞI τ i�1
2,tð Þ � τ iþ1

2,tð Þ
� �

� kA
∂T
∂z

����
z¼zi�1

� CwAw ið Þ T i,tð Þ � TG
� �

(32)

And in non-differential form:

ΔziAiρiCpi

T i,tþ1ð Þ � T i,tð Þ
Δt

¼
k iþ1

2ð ÞA iþ1
2ð Þ T iþ1,tð Þ � T i,tð Þ
� �

Δzi
þ βAe ið ÞI τ i�1

2,tð Þ � τ iþ1
2,tð Þ

� �

�
k i�1

2ð ÞA i�1
2ð Þ T i,tð Þ � T i�1,tð Þ
� �

Δzi
� CwAw ið Þ T i,tð Þ � TG

� �

(33)

Hence, the temperature of a layer of the NCZ can be expressed as:

T i,tþ1ð Þ ¼ T i,tð Þ þ
Δt

ΔziAiρiCpi

k iþ1
2ð ÞA iþ1

2ð Þ T iþ1,tð Þ � T i,tð Þ
� �

Δz

(

þ βAe ið ÞI τ i�1
2,tð Þ � τ iþ1

2,tð Þ
� �

�
k i�1

2ð ÞA i�1
2ð Þ T i,tð Þ � T i�1,tð Þ
� �

Δz

� CwAw ið Þ T i,tð Þ � TG ið Þ
� �)

(34)

3.3 Lower-convective zone (LCZ)

Using the same procedure that outlined previously, the heat balance equation for
the LCZ can be expressed as:

QL ¼ Q solarð Þ � QL!N � Qs i,tð Þ �QG �Qext (35)

zlAlρlCpl

∂Tl

∂t
¼ βAe z3ð ÞI τ z3,tð Þ

� �� kA
∂T
∂z

����
z¼z2

� CwAw zlð Þ T l,tð Þ � TG
� �

� CgwAz3 T l,tð Þ � TG
� �� Qext (36)

zlAlρlCpl

T l,tþ1ð Þ � T l,tð Þ
Δt

¼ βAe z3ð ÞI τ z3,tð Þ
� �� klAz2 T l,tð Þ � T f ,tð Þ

� �
Δz
2

� CwAw zlð Þ T l,tð Þ � TG
� �� CgwAz3 T l,tð Þ � TG

� �� Qext

(37)

Thus, the temperature of the LCZ can be given as:

T l,tþ1ð Þ ¼ T l,tð Þ þ Δt
zlAlρlCpl

βAe z3ð ÞI τ z3,tð Þ
� �� klAz2 T l,tð Þ � T f ,tð Þ

� �
Δz
2

(

� CwAw zlð Þ T l,tð Þ � TG
� �� CwgAz3 T l,tð Þ � TG

� �� Qext

) (38)
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3.4 Dimensions of the solar pond

The dimensional characteristics of each zone of the solar pond would need to be
initially ascertained to obtain the temperature predictions of each of the pond’s
zones. The geometry of the pond could be characterised as shown in Figure 2. Here,
the relevant cross-sectional surface areas (required for heat transfer) are deduce in
relation to the dimensional references of the zones.

3.4.1 Surface areas of the LCZ

The cross-sectional area of the LCZ, Al may be calculated at mid-plane of the
zone (as shown in Figure 2).

The average area is:

Al ¼ xl � wl (39)

where the average length of the pond at the level (measured at mid-level):

xl ¼ X � 2
z2 þ zl

2

tanϑ

� �
(40)

Similarly, the average width of the pond can be given as:

wl ¼ W � 2
z2 þ zl

2

tanφ

� �
(41)

Thus, the area is:

Al ¼ X � 2
z2 þ z

2

tanϑ

� �� �
� W � 2

z2 þ zl
2

tanφ

� �� �
(42)

Similarly,

Az2 ¼ X � 2
z2

tanϑ

� �� �
� W � 2

z2
tanφ

� �� �
(43)

Figure 2
The dimensional characteristics of the solar pond.
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Side wall area, Aw zlð Þ,

Aw zlð Þ ¼ 2Aw zlð Þ,W þ 2Aw zlð Þ,X (44)

The area of one side (along the width) is:

Aw zlð Þ,W ¼ 1
2

W � 2
z2

tanφ

� �� �
þ W � 2

z3
tanφ

� �� �� �
zl

sinϑ
(45)

Hence,

Aw zlð Þ,W ¼ zl
sinϑ

W � z2
tanφ

� z3
tanφ

� �
(46)

Similarly, the area of an adjacent side along the length is:

Aw zlð Þ,X ¼ zl
sinφ

X � z2
tanϑ

� z3
tanϑ

h i
(47)

Thus, the total area of the four side walls of the LCZ is:

Aw zlð Þ ¼ 2
zl
sinϑ

W � z2
tanφ

� z3
tanφ

� �
þ 2

zl
sinφ

X � z2
tanϑ

� z3
tanϑ

h i
(48)

3.4.2 Surface areas of the UCZ

Following the same procedure, the area for the UCZ can be deduced to be:

Au ¼ X � 2
0þ zu

2

tanϑ

� �� �
� W � 2

0þ zu
2

tanφ

� �� �
(49)

Au ¼ X � zu
tanϑ

� �
� W � zu

tanφ

� �

Similarly, the total area of the four side walls for the UCZ can be obtained as:

Aw zuð Þ ¼ 2
zu
sinϑ

W � 0
tanφ

� z1
tanφ

� �
þ 2

zu
sinφ

X � 0
tanϑ

� z1
tanϑ

� �
(50)

Aw zuð Þ ¼ 2
zu
sinϑ

W � z1
tanφ

� �
þ 2

zu
sinφ

X � z1
tanϑ

h i
(51)

3.4.3 Surface areas of the NCZ

Ai ¼ X � 2
zi

tanϑ

� �
� W � 2

zi
tanφ

� �
(52)

Aiþ1
2
¼ X � 2

ziþ1
2

tanϑ

� �
� W � 2

ziþ1
2

tanφ

� �
(53)

Ai�1
2
¼ X � 2

zi�1
2

tanϑ

� �
� W � 2

zi�1
2

tanφ

� �
(54)

The total surface area of the four side walls of an elemental layer in the NCZ is:
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Aw Δzið Þ ¼ 2
Δzi
sinϑ

W �
zi�1

2

tanφ
�

ziþ1
2

tanφ

� �
þ 2

Δzi
sinφ

X �
zi�1

2

tanϑ
�

ziþ1
2

tanϑ

� �
(55)

where

zi ¼ z1 þ i� 1ð ÞΔzþ Δz
2

(56)

zi�1
2
¼ z1 þ i� 1ð ÞΔz (57)

ziþ1
2
¼ z1 þ iΔz (58)

3.5. Soil temperature

Although the earth surface temperature at the location can easily be obtained
alongside the metrological data; the temperature of the soil varies with depth, as
such requires to be calculated separately as a function of depth and time.

The annual variation of the average soil temperature at different depths can be
obtained as [20]:

Tg z, tð Þ ¼ Tg þ A0e
�z
d sin ω t� t0ð Þ � z

d

h i
(59)

Ao ¼ Tg 0ð Þmax � Tg 0ð Þmin
� �

=2 (60)

d ¼
ffiffiffiffiffiffiffiffiffi
2Dh=ω

p
(61)

ω ¼ 2π
365

(62)

4. Calculation procedure

The solar radiation intensity and ambient temperature data were obtained from
the meteorological data for Qatar. The calculation was initialised (at time t = 0) by
setting the temperature of the various layers of the pond to be equal to the ambient
temperature; while setting the initial salinities of the UCZ and LCZ as equal to 2 and
26%, respectively (i.e. assuming that the pond was initially stabilised artificially).

In the sequence of calculation, the parameters—heat transfer coefficients and
the properties of the liquid (in the different layers)—are first determined by the
initial (ambient) temperature. Then, the obtained liquid properties are employed
together with the solar radiation to determine the temperatures of the different
layers of the pond at time interval Δt. The temperature of any layer at a time
interval is determined with the liquid properties previously obtained with the
preceding temperature of that layer. Using the same procedure, the temperatures of
the layers for any selected time interval or time of the day can be calculated. In the
simulation, the thickness of UCZ, NCZ and LCZ were taken to be 0.2, 1.3 and 0.5 m,
respectively.

5. Modelling results

Results were computed by performing energy balances throughout each layer
and sub-layer of the pond to achieve accurate temperatures. As the middle NCZ
layer has the greatest depth and in turn has the most changes in salinity and density,
it had to be divided into more layers. Each layer, as they have different densities,
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Side wall area, Aw zlð Þ,

Aw zlð Þ ¼ 2Aw zlð Þ,W þ 2Aw zlð Þ,X (44)

The area of one side (along the width) is:

Aw zlð Þ,W ¼ 1
2

W � 2
z2

tanφ

� �� �
þ W � 2
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tanφ

� �� �� �
zl

sinϑ
(45)

Hence,

Aw zlð Þ,W ¼ zl
sinϑ

W � z2
tanφ

� z3
tanφ

� �
(46)

Similarly, the area of an adjacent side along the length is:

Aw zlð Þ,X ¼ zl
sinφ

X � z2
tanϑ

� z3
tanϑ

h i
(47)

Thus, the total area of the four side walls of the LCZ is:

Aw zlð Þ ¼ 2
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sinϑ

W � z2
tanφ

� z3
tanφ
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þ 2
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sinφ

X � z2
tanϑ

� z3
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(48)

3.4.2 Surface areas of the UCZ

Following the same procedure, the area for the UCZ can be deduced to be:

Au ¼ X � 2
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tanϑ

� �� �
� W � 2
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tanφ

� �� �
(49)

Au ¼ X � zu
tanϑ

� �
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� �

Similarly, the total area of the four side walls for the UCZ can be obtained as:

Aw zuð Þ ¼ 2
zu
sinϑ

W � 0
tanφ
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tanφ

� �
þ 2
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sinφ

X � 0
tanϑ

� z1
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� �
(50)

Aw zuð Þ ¼ 2
zu
sinϑ

W � z1
tanφ

� �
þ 2

zu
sinφ

X � z1
tanϑ

h i
(51)

3.4.3 Surface areas of the NCZ

Ai ¼ X � 2
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tanϑ

� �
� W � 2
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tanφ

� �
(52)

Aiþ1
2
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� �
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� �
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¼ X � 2
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� �
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� �
(54)

The total surface area of the four side walls of an elemental layer in the NCZ is:
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Aw Δzið Þ ¼ 2
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sinϑ

W �
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� �
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where

zi ¼ z1 þ i� 1ð ÞΔzþ Δz
2

(56)

zi�1
2
¼ z1 þ i� 1ð ÞΔz (57)

ziþ1
2
¼ z1 þ iΔz (58)

3.5. Soil temperature

Although the earth surface temperature at the location can easily be obtained
alongside the metrological data; the temperature of the soil varies with depth, as
such requires to be calculated separately as a function of depth and time.

The annual variation of the average soil temperature at different depths can be
obtained as [20]:

Tg z, tð Þ ¼ Tg þ A0e
�z
d sin ω t� t0ð Þ � z

d

h i
(59)

Ao ¼ Tg 0ð Þmax � Tg 0ð Þmin
� �

=2 (60)

d ¼
ffiffiffiffiffiffiffiffiffi
2Dh=ω

p
(61)

ω ¼ 2π
365

(62)

4. Calculation procedure

The solar radiation intensity and ambient temperature data were obtained from
the meteorological data for Qatar. The calculation was initialised (at time t = 0) by
setting the temperature of the various layers of the pond to be equal to the ambient
temperature; while setting the initial salinities of the UCZ and LCZ as equal to 2 and
26%, respectively (i.e. assuming that the pond was initially stabilised artificially).

In the sequence of calculation, the parameters—heat transfer coefficients and
the properties of the liquid (in the different layers)—are first determined by the
initial (ambient) temperature. Then, the obtained liquid properties are employed
together with the solar radiation to determine the temperatures of the different
layers of the pond at time interval Δt. The temperature of any layer at a time
interval is determined with the liquid properties previously obtained with the
preceding temperature of that layer. Using the same procedure, the temperatures of
the layers for any selected time interval or time of the day can be calculated. In the
simulation, the thickness of UCZ, NCZ and LCZ were taken to be 0.2, 1.3 and 0.5 m,
respectively.

5. Modelling results

Results were computed by performing energy balances throughout each layer
and sub-layer of the pond to achieve accurate temperatures. As the middle NCZ
layer has the greatest depth and in turn has the most changes in salinity and density,
it had to be divided into more layers. Each layer, as they have different densities,
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loses heat to the layers immediately below and above dissimilarly. A solar pond
operating in the geographical area of interest is predicted to reach a maximum
temperature of approximately 79.5°C in the summer months with lows of 40°C in
the winter. Tables 2–4 show the diverse temperatures expected with the months of
the year based on the energy balance models discussed in the previous section.

6. Empirical validation

Following the predictions obtained from the calculation model, empirical vali-
dation would need to be conducted on the solar pond constructed. Thus, the model

Month Ti1 Ti2 Ti3 Ti4 Ti5

January 21.13 23.74 25.96 27.95 29.82

February 22.31 25.95 29.12 32.00 34.73

March 24.98 29.09 32.68 35.94 39.03

April 29.43 33.91 37.78 41.30 44.64

May 34.44 39.38 43.64 47.50 51.17

June 36.93 42.19 46.74 50.87 54.79

July 38.26 43.26 47.59 51.54 55.30

August 38.26 42.96 47.04 50.76 54.29

September 36.05 40.42 44.24 47.73 51.04

October 32.35 36.29 39.75 42.93 45.95

November 27.93 31.38 34.44 37.27 39.96

December 23.78 26.99 29.86 32.51 35.03

Table 3.
Calculated temperatures of the upper half of the middle (NCZ) layer of the salinity gradient solar pond,
divided into 10 sub-layers.

Month Tatm TUCZ TLCZ

January 19.50 19.50 42.36

February 20.10 20.10 51.69

March 22.50 22.50 58.07

April 26.70 26.70 65.63

May 31.40 31.40 74.51

June 33.70 33.70 79.48

July 35.20 35.20 78.65

August 35.40 35.40 76.23

September 33.40 33.40 71.31

October 30.00 30.00 63.98

November 25.90 25.90 55.58

December 21.90 21.90 49.51

Table 2.
Calculated temperatures of the top (UCZ) and bottom (LCZ) layers.
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calculations reported in this study were simultaneously compared and validated
against the temperature gradient data gathered from a salinity gradient solar pond
constructed as aforementioned. The solar pond of interest was constructed with the
dimensions shown in Figure 3.

Month Ti6 Ti7 Ti8 Ti9 Ti10

January 31.68 33.61 35.71 38.08 40.80

February 37.42 40.17 43.08 46.24 49.74

March 42.08 45.20 48.48 52.02 55.92

April 47.95 51.35 54.96 58.89 63.24

May 54.82 58.59 62.62 67.02 71.86

June 58.69 62.71 66.99 71.63 76.72

July 59.02 62.84 66.90 71.28 76.06

August 57.79 61.39 65.19 69.30 73.79

September 54.32 57.66 61.18 64.95 69.07

October 48.92 51.93 55.07 58.40 62.02

November 42.60 45.24 47.96 50.83 53.92

December 37.49 39.96 42.48 45.13 47.98

Table 4.
Calculated temperatures of the lower half of the middle (NCZ) layer of the salinity gradient solar pond,
divided into 10 sub-layers.

Figure 3
The dimension of the side view (top) and front view (bottom) of the salinity gradient solar pond used for
empirical validation of the developed calculation model. The dimensions detailed were used to produce the
thermal predictions for the salinity gradient zones of the pond.
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loses heat to the layers immediately below and above dissimilarly. A solar pond
operating in the geographical area of interest is predicted to reach a maximum
temperature of approximately 79.5°C in the summer months with lows of 40°C in
the winter. Tables 2–4 show the diverse temperatures expected with the months of
the year based on the energy balance models discussed in the previous section.
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divided into 10 sub-layers.
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Figure 4
A comparison of the major ion concentration gradient achieved with the constructed solar pond. The samples
were obtained using an extraction pump at different depths. The surface data refers to a sample obtained at
approximately 5–10 cm below the surface of the pond to allow for the pump to be completely immersed. The
bittern sample refers to the ion concentration of the bittern used before the addition of MgCl2.

Figure 5
Temperature log of the different zones of the solar pond over the first 300 days of operation. The UCZ, NCZ and
LCZ sample were taken at depths of 10, 70 and 150 cm, respectively.
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The presence of a well-defined salinity gradient is paramount to the effective-
ness of the solar pond’s capability for heat storage. Thus, samples were taken at
different levels of the pond to observe the concentrations at the expected upper,
lower and non-convective zones.

Seawater bittern was the saline material used for the solar pond with additional
MgCl2 dissolved in the saline material to ensure a more pronounced salinity gradi-
ent was achieved. Future trials were envisioned only to use desalination
reject brines as this would not only make use of an industrial waste product,
without the conventional energy-intensive processes needed, but it would also
improve the potential economic viability of the technology by using an
inexpensive resource.

The increase in the salinity of the ponds towards the lower-convective zone can
be seen in Figure 4 and shows promise towards the solar pond’s thermal storage
potential. An interesting observation of the different ion concentrations were those
of calcium and magnesium. The highest concentration cations in the upper and non-
convective zones were those of magnesium. It was the case until the deeper depths
of the lower-convective zone at which the calcium and magnesium concentrations
were much more comparable.

To validate the thermal properties model, the temperatures of the upper-
convective, non-convective and lower-convective zones (UCZ, NCZ and LCZ,
respectively) were measured periodically as an empirical comparison of the initial
300 days of operation. The temperature measurements were taken at different
depths along the centre of the pond; by using RTD with an accuracy of 0.1°C.
Figure 5 shows the temperature measurements obtained from the constructed solar
pond while Figure 6 shows a comparison of the model predictions vs. the actual
solar pond temperatures measurements.

The temperature of the lower-convective zone was not expected to reach the
heights predicted by the model as the winter month predictions begin with a solar
pond with an LCZ already at temperatures of over 45°C stored from the previous
summer months. However, the gradual increase in heat storage measured across the

Figure 6
Comparison of the calculation model predictions vs. the empirical temperature data obtained over the initial
300 days. The NCZ data for the model are the mean values for Ti values reported in Tables 3 and 4. The
depths of each of the ‘real’ were obtained at the depths reported in Figure 5 caption.
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improve the potential economic viability of the technology by using an
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The increase in the salinity of the ponds towards the lower-convective zone can
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early summer months is promising. Except for the lower-convective zone, the
thermal behaviour across the initial months of the solar ponds was increased at a
similar rate to the predicted data albeit at lower temperatures. The initial increase
was hypothesised to be due to the initial heat of dissolution because of adding the
salts to the solar pond.

In a nutshell, though the temperature profile of the pond (through the months of
operation) follows a similar pattern to the model predictions, the measured tem-
peratures are lower than predicted. The discrepancy can be partly attributed to the
fact that the weather data employed in the model is in variance with the actual
weather condition experienced during the pond’s operation. In addition, the effects
of shading of the side walls and turbidity (clarity of the water) were not considered
in the model, but in reality, contribute to the reduction of solar radiation received
by the pond. The shading due to the side walls tends to reduce the effective surface
area of the pond available to receive incident radiation thus consequently resulting
in reduced temperature. The pond is prone to dust (due to the geographical loca-
tion). Increased dust spread on the pond reduces the clarity of the water thereby
reducing the penetration of solar radiation into the pond, consequently reducing the
pond temperature.

7. Conclusions

Thermal behaviour analysis and a prediction model have been developed which
can be effectively used for the construction and operation of a solar salinity pond.
For the developed numerical was split into three sections: the UCZ, NCZ and LCZ.
However, the NCZ consisted of a much larger depth than the other zones, thereby
resulting in much more significant variance in its salinity and density. It was split
into 10 sub-sections. By employing the numerical model in a set calculation proce-
dure, the heat transfer coefficient could be first determined followed by the physi-
cal parameter of the pond saline material. Following this procedure, the
temperature of each layer (and NCZ sub-layer) could be determined for any period
in the year.

In this study, the average temperature of each layer was calculated for each
month in the year when exposed to the Qatari temperatures. With the high heat
climates of Doha, LCZ temperatures were predicted to reach its highest thermal
storage potential at temperatures of about 70°C in June with the lowest in January
reaching around 40°C.

The developed numerical model is planned for solar desiccant cooling applica-
tions in which the salinity gradient solar pond would be used for thermal storage as
well as the storage and regeneration of the liquid desiccant used in the proposed air
conditioning system.
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Aw ið Þ corresponding surface area of the wall at the given layer
AwU surface area of side wall corresponding to the UCZ.
Cw thermal conductance of the composite wall
CPa humid heat capacity of air
h local time
hc convective heat transfer coefficient
I solar radiation intensity
kp thermal conductivity of the insulation material
kc thermal conductivity of the concrete wall
N day of the year
Patm atmospheric pressure
Pu vapour pressure of water at the upper layer surface temperature
Pw partial pressure of the water vapour in the ambient air
_Qext heat extraction rate (load) from the LCZ by heat exchanger
_QG heat loss rates through the bottom wall (ground) of the pond
QLN heat lost from LCZ to NCZ
QNU heat gained from NCZ to UCZ
_Qs heat loss rates through the side wall of the pond
Qsolar solar energy absorbed by the layer
QU total heat losses from the UCZ
_QUc convective heat loss rate from the pond’s surface
_QUe evaporative of heat loss rate
_QUr heat loss rate due to radiation
_QUs heat loss through the side wall
RH average monthly relative humidity at location
Rs specific humidity
Rw total thermal resistance of the individual resistance of the thermal

insulation and concrete
RH relative humidity
Sc thickness of concrete
Sp thickness of insulation material
T1 temperature in the first layer
Tamb ambient air temperature
T f temperature in the last layer
Tg annual average earth temperature at the location
Tg z, tð Þ average soil temperature at depth z (m) and time t (d).
Ta n,tð Þ ambient air temperature at time t of nth day of the year
TGU ground temperature of the surrounding soil at the layer in consider-

ation
Tsky sky temperature.
z1 depth of the UCZ
ɛ emissivity of water
σ Stefan Boltzmann’s constant
V average monthly wind speed
β reflectivity of the radiation
θi angle of incidence
θr angle of refraction
Φ latitude angle
ω hour angle
δ declination angle
λ latent heat of water evaporation
τ fraction
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Chapter 4

Theoretical and Experimental
Analysis of a Thermoelectric
Air-conditioning System
Adeyanju Anthony Ademola

Abstract

Thermoelectric devices use the Peltier effect that creates a heat flux between the
junctions of two different types of materials. The thermoelectric module also
referred to as a heat pump transfers heat from one side to the other when a DC
current is applied. This study carried out the theoretical analysis of a thermoelectric
air conditioning system. A prototype thermoelectric air conditioner of 286W cooling
capacity was built and a testing enclosure made from plywood and Styrofoam was
also constructed in order to validate the theoretical result with an experimentation.
It was discovered that thermoelectric air conditioning took 4 minutes to reach its
desired temperature of 22°C, whereas the standard air conditioning system (refrige-
ration cycle) took 20 minutes to cool to a room temperature. Economically, it was
also discovered that thermoelectric air conditioning system is 50% cheaper than the
refrigeration cycle air conditioning systems. The thermoelectric air conditioner has
cheaper maintenance and greater estimated life span of 7 years more than the
refrigeration air conditioner. This is because the air conditioner that operates on the
refrigeration cycle uses a rotating compressor, while the thermoelectric air condi-
tioner uses thermometric module.

Keywords: thermoelectric, Peltier effect, coefficient of performance,
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types of devices that uses air to exchange heat in an occupied space such as a
building or a car. These systems consume a lot of electricity, can be bulky and some
of the refrigerants used in the system is harmful to the environment. Therefore,
there is the need for an alternative air conditioning system, thermoelectric modules
are capable of generating both hot and cold temperatures at each side and as such
can be used as an alternative to the present system. Although thermoelectric air
conditioning systems have many advantages, they are rarely used due to having a
lower efficiency as compared to conventional air conditioning systems [1]. It is
therefore necessary to design a thermoelectric air conditioning system to achieve
similar performance to that of a conventional AC system and also to have less
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Chapter 4

Theoretical and Experimental
Analysis of a Thermoelectric
Air-conditioning System
Adeyanju Anthony Ademola
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2. Brief history of thermoelectric principles

In the 1820s, it was found that the temperature difference of two dissimilar
metals when in contact with each other produced an electromotive force of voltage.
This voltage was produced since the temperature difference causes the electrons or
other charged carriers to move from the hot side to the cold side of the metal which
produced a current as shown in in Figure 1. This theory was found by Thomas
Seebeck and is known as the Seebeck effect [2].

Approximately 10 years later, a physicist, Jean Peltier found that the reverse of the
Seebeck effect is also true. He found that if a current was passed through different
metals, the temperature at one side of the metal would increase while at the other side
the temperature would decrease. This effect is known as the Peltier effect. The Peltier
module work as a heat pump, such that at the cold side of the module, it absorbed the
heat to be removed to the other side of the module when a DC voltage is applied [3].

2.1 Operating principle of the refrigeration cycle

The air conditioner consists of two connected coils which contains continuous
flowing refrigerant inside of it. The split unit systems are the most common type of
air conditioner, in which the coil located inside the room to be cooled is referred to
as the evaporator and the coil located outside the room is called the condenser [4].

The operating principle of the refrigeration cycle is to keep the evaporator colder
than the temperature of the room and the condenser temperature higher than the
surroundings as shown in Figure 2. These conditions allow for the continuous flowing
fluid to absorb the heat from the room and then eject the heat into the surroundings.

Figure 1.
Thermoelectric principle.

Figure 2.
Refrigeration cycle.
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A compressor and an expansion valve are used to achieve these conditions. The
compressor, usually a reciprocating compressor, is used to increase the pressure of
the refrigerant. The refrigerant in the gaseous state enters the compressor and it is
compressed which increases the temperature and pressure of the refrigerant. The
temperature at the outlet of the compressor would be much greater than the atmo-
sphere; therefore, when the hot gas passes through the condenser, the heat is easily
rejected with the aid of a fan.

During the heat ejection phase, the gas is condensed into a liquid. At the exit of
the condenser, an expansion valve is used to reduce the pressure of the fluid and
also the temperature drops, which is lower than the room temperature. This is how
the cold refrigerant is produced inside an air conditioner.

When the air is passed through the evaporator’s coil, the room temperature would
drop and the refrigerant is converted to vapor during the heat absorption process.

Therefore, the fundamental rule of the air conditioner is achieved, in which
the temperature is lower than room temperature in the coil inside the room and
the temperature ismore than the atmospheric temperature in the coil outside the room.

2.2 Thermoelectric module

Unlike the conventional air conditioning systems, the Seebeck effect is a revers-
ible process such that heating and cooling can be obtained on both sides depending
on the direction of the current applied to the device. In Figure 3, when an electric
current is supplied to the device, the electrons and holes will move through the P-
type and N-type elements thus causing heating and cooling in the respective sides of
the module. These elements are an alloy called Bismuth and Tellurium and when
exposed to the same temperature, they have different free electron densities. The
P-type element has a deficiency of electrons and the N-type element have an excess
of electron and when a current is applied, the module tries to establish an equilib-
rium and as a result, heating and cooling occurs. Alumina ceramic substrates are
used on both sides of the module where the heating occurs in one side and cooling

Figure 3.
Principle of thermoelectric module.
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occurs at the other side. This material is chosen due to being a good insulator of
electricity and also being thermally conductive. The coefficient of performance of
this device is defined as the ratio of the cooling or heating power to the power
supplied to the module.

In order to pump a great amount of heat, the thermoelectric device usually con-
sists of multiple P-type and N-type elements. A typical thermometric device contains
around 250 P-type and N-type elements connected in series as shown in in Figure 4.

3. Theoretical analysis of thermoelectric air conditioning system

The design of thermoelectric air conditioning system is shown in Figure 5, a fan is
mounted on top of the cover where air at ambient temperature would be sucked into
the device and circulate through the heat sinks and then blow through two rectangu-
lar holes such that the direction of the air can be controlled via the flaps. This would
allow for the heat from the air to be properly transferred to the heat sinks.

3.1 Determining the cooling load

3.1.1 Cooling and dehumidification of the air

The temperature and relative humidity of the ambient air measured in the
laboratory was 31°C and 63% respectively. In order to obtain within thermal com-
fort range as defined by ASHRAE, it is best to cool and dehumidify the air to 22°C
with a relative humidity of 50% as shown in Figure 6. The cold side of the thermo-
electric module would be at a temperature lower than the dew point temperature
and therefore condensation is expected to take place which would decrease the
relative humidity of the air [5, 6].

Figure 4.
P-type and N-type elements connected in series.

Figure 5.
Thermoelectric air conditioning system.
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State 1 represents the air properties of the ambient air in the lab while state 2
represents the air properties that we would like to have. The following calculations
are used to determine the required cooling capacity for the thermoelectric module.

_QT ¼ _Qs þ _Ql (1)

¼ _ma h2 � hað Þ þ _ma ha � h1ð Þhf ,2 (2)

¼ _ma h1 � h2ð Þ � W1 �W2ð Þhf ,2
� �

(3)

where _Qs = sensible heat in kW; _Ql = latent heat in kW; h = enthalpy in kJ/kg;
_ma = mass flow rate in kJ/kg; W = humidity ratio in kg/kg.
At state 1:
31°C, 63% relative humidity

h1 ¼ 76:91 kJ=kg; ϑ1 ¼ 0:887m3=kg; W1 ¼ 0:0179 kg=kg

At state 2:
22°C, 50% relative humidity

h2 ¼ 43:04 kJ=kg; W2 ¼ 0:0082 kg=kg; hf,2 ¼ 83:94 kJ=kg

A fan of 15 CFM was available at the lab:
15 CFM = 0.00708 m3/s

_ma ¼ 0:00708 m3=s� 1
0:887m3=kg

¼ 0:00798 kg=s

_QT ¼ _ma h1 � h2ð Þ � W1 �W2ð Þhf ,2
� �

¼ 0:00798 76:91� 43:04ð Þ � 0:0179� 0:0082ð Þ83:94½ �
¼ 0:264 kW

¼ 264 W

(4)

Figure 6.
Psychometric chart: cooling and dehumidifying.
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3.1.2 Sensible cooling load of the enclosure

An enclosure shown in Figure 7 was designed in order to test the thermoelectric
air conditioning system. The enclosure was made of plywood and properly insulated
with styrofoam so that the outside temperature would have minimal effect on the
testing of the device.

The temperature of the ambient air is 31°C
Thermal comfort temperature is 22°C
Thermal conductivity of wood, Kwood = 0.151 W

mK
Thermal conductivity of styrofoam, Kstyrofoam = 0.033 W

mK

RTotal ¼ Lwood

Kwood
þ Lstyrofoam

Kstyrofoam

¼ 0:01
0:151

þ 0:035
0:033

¼ 1:13
K
W

(5)

Heat transfer through the wall of the box per unit area:

q″ ¼ ΔT
Rtotal

¼ 9 K
1:13

¼ 7:96
W
m2

Area of enclosure ¼ 2 0:52� 0:50ð Þ þ 2 0:55� 0:50ð Þ þ 0:55� 0:50ð Þ þ 0:57 � 0:52ð Þ m
¼ 1:6414 m2

Therefore, heat transfer through the wall of the box,

_Q ¼ 7:96� 1:6414 m2

¼ 13:1 W

Figure 7.
Enclosure for test of thermoelectric air conditioning system.
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3.1.3 Resistor cooling load

A resistor/heating coil was placed in the testing enclosure to observe how long
the device takes to remove the heat and maintain a constant temperature. A
resistor of 20 W rating was used and the temperature of the enclosure was
monitored with time.

3.1.4 Total cooling load required

Total cooling load ¼ cooling=dehumidification þ cooling load of enclosure þ resistor load

¼ 264 Wþ 13:1W þ 20 W

¼ 297:1 W

(6)

However, the device was sized at a total cooling load of 330 W to take into
considerations any additional heat loads that were not accounted for, also the
enclosure was not properly sealed.

3.2 Choosing the Peltier module

One of the TEC1-12730 module is capable of producing 250 W of cooling,
however in order for one module to produce 250 W of cooling, it needs a dc power
supply rated at 30 amps and 18 V. Therefore, by using three modules, a power
supply that is available at the lab can be used to supply each module rated at 12 V.

Using three Peltier TEC1-12730 modules:

Cooling capacity required for each module ¼ 330
3

¼ 110 W

Temperature difference,ΔT ¼ Thot � Tcold

¼ 50°C� 18°C

¼ 32°C

The specification graphs for the TEC1-12730 module shown in Figures 8 and 9
were used in determining the appropriate amperage and voltage needed to supply
each thermoelectric module.

At _Qc = 110 W and ΔT = 32°C, amperage, I = 21 amps
Using the second graph to determine the voltage to apply:
Using 21 amps and ΔT = 32°C, therefore V = 12 V
Power consumed by the three (3) Peltier device = 3� 12� 21ð Þ ¼ 756 W

3.3 Sizing the heat sink

Determining the thermal resistance of a required heat sink (Figure 10) for the
hot side of each thermoelectric module:
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Maximum operating temperature of the thermoelectric module: 138°C [7].
Thermal resistance of the heat sink needed,

Figure 8.
Specification graph 1 for the TEC1-12730 module.

Figure 9.
Specification graph 2 for the TEC1-12730 module.
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Rhs ¼ Thot � Tamb

_QT,1 þ Ppeltier

¼ 138� 31
362

¼ 0:296
K
W

Air flowof fan used for heat sink,ϑ =0.142m3s�1 (CFMof fan available at lab = 300)
Width of heat sink, W = 0.08 m
Width of the fin, L = 0.064 m
Thickness of fin, tfin = 0.0015 m
Number of fins, Nfin = 20
Height of fin, Hf = 0.057 m
Height of heat sink, H = 0.069 m
Spacing between the fins [8],

b ¼ W � Nfin � tfin
� �

Nfin � 1

¼ 0:08� 20� 0:0015ð Þ
20� 1

¼ 0:003 m

Velocity of air between the fins,

V ¼ ϑ

Nfin � b�Hf

¼ 0:142
20� 0:003� 0:057

¼ 41:52 ms�1

Figure 10.
Sizing the heat sink.
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The properties of air at one (1) atmosphere and 31°C are as follows:
Density, ρ = 1.15 kg

m3

Specific heat capacity, Cp = 1.007 kJ
kg:K

Dynamic viscosity, μ = 18.718 �10�6 N:s
m2

Heat conductance, K = 26.424 �10�6 kW
m:K

Prandtl number,

Pr ¼ μ� Cp

k

¼ 18:718� 10�6 � 1:007
26:424� 10�6

¼ 0:713

Reynolds number,

Re ¼ ρ� V � b
μ

� b
L

¼ 1:15� 41:52� 0:003
18:718� 10�6 � 0:003

0:064

¼ 358:72

Nusselt number,

Nu ¼ 1
Re�Pr

2

� �3 þ
1

0:664
ffiffiffiffiffiffi
Re

p
Pr0:33

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1þ 3:65ffiffiffiffi

Re
p

q� �3

2
64

3
75

�1
3

¼ 1
358:72�0:713

2

� �3 þ
1

0:664
ffiffiffiffiffiffiffiffiffiffiffiffiffi
358:72

p
0:7130:33

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1þ 3:65ffiffiffiffiffiffiffiffiffi

358:72
p

q� �3

2
64

3
75

�1
3

¼ 12:28

Heat transfer coefficient,

h ¼ Nu� k
b

¼ 12:28� 26:424� 10�3

0:003

¼ 108:16

Efficiency of the fin,

ηfin ¼
tanh m�Hf

� �

m�Hf

¼ tanh 29:39� 0:057ð Þ
29:39� 0:057

¼ 0:556
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m ¼
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

2h
kfin � tfin

s

¼
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2 x 108:16

167 � 0:0015

r

¼ 29:39

Surface area of the exposed base,

Abase ¼ Nfin � 1
� �

b� L

¼ 20� 1ð Þ0:003� 0:064

¼ 0:00365 m2

Area of the fin,

Afin ¼ 2�Hf � L

¼ 2� 0:057 � 0:064

¼ 0:0073 m2

Thermal resistance of the heat sink,

Rhs ¼ 1

h: Abase þ NfinηfinAfin

� �� �

¼ 1
108:16: 0:00365þ 20� 0:556� 0:0073ð Þð Þ

¼ 0:109
K
W

0.109 K
W <0.296 K

W, since the calculated thermal resistance of the heat sink
available is less than the required thermal resistance of the heat sink then therefore,
this heat sink was used.

4. Experimentation of the thermoelectric air conditioning system

4.1 Apparatus

• Thermocouples

• 12 channel thermocouple data recorder
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4.2 Method/procedure

i. The thermoelectric air conditioning system was connected to the power
supply and connected to the power trip.

ii. The thermocouples were connected to the 12-Channel Thermometer and the
location of the thermocouples was noted as shown in Figure 11.

iii. The power strip was turned on which simultaneously powered on the
thermocouple data recorder and the thermoelectric air-conditioner as shown
in Figure 12 and Table 1.

5. Results and discussion

From the graph of temperature (°C) versus time (min) as shown in Figure 13,
an exponential decay curve was obtained. The graph was linear in the first 3 min
and the thermoelectric air conditioner minimum temperature for that time was
22.3°C. For no heat load, the thermoelectric air conditioner was able to cool the
enclosure to the desired thermal comfort temperature of 22°C in 6 min. A typical air
conditioning system that operates on the refrigeration cycle takes approximately
30 min to cool a room to the thermal comfort temperature of 22°C [9, 10].

Figure 11.
Testing enclosure showing points at which temperature were taken.

Figure 12.
Thermoelectric air conditioner placed inside of testing enclosure.
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Time (min) Ambient temperate (°C) Temperature inside enclosure (°C)

T1 T2 T3 T4 T5 T6 T7 T8

0 30.5 30.7 30.9 30.8 30.7 30.9 29.7 29.9 31.2

1 31.0 28.2 28.1 28.0 28.1 27.1 27.5 27.1 27.2

2 31.2 26.1 26.1 25.9 26.3 24.8 27.2 26.3 25.5

3 30.0 23.5 23.5 23.4 23.5 22.3 25.1 24.3 23.2

4 31.0 21.7 21.9 21.9 21.9 20.7 24.0 23.5 21.8

5 30.8 20.5 20.7 20.6 20.6 19.6 23.0 22.5 20.6

6 30.0 19.7 19.9 20.0 19.9 18.9 22.4 21.6 20.0

7 31.0 18.4 18.7 18.8 18.6 17.8 21.3 20.4 18.9

8 31.0 18.0 18.2 18.3 18.1 17.3 20.9 20.0 18.5

9 31.0 17.8 18.1 18.2 18.0 17.1 20.1 19.3 18.3

10 31.0 17.6 17.9 18.0 17.7 16.9 20.0 18.8 18.1

11 30.6 17.4 17.7 17.9 17.5 16.7 18.9 18.1 18.0

12 30.6 17.2 17.4 17.5 17.2 16.4 18.7 18.1 17.7

13 30.8 17.4 17.7 17.8 17.4 16.6 18.9 18.2 17.9

14 30.5 17.2 17.6 17.6 17.4 16.5 18.8 18.0 17.7

15 31.0 17.0 17.2 17.3 17.2 16.5 18.6 17.8 17.6

16 31.1 16.7 16.9 17.3 16.7 16.6 18.3 17.5 17.1

17 30.9 16.4 16.8 16.6 16.5 16.5 17.7 17.2 17.1

18 30.9 16.4 16.9 16.7 16.5 16.4 17.7 16.8 16.9

19 30.5 16.5 16.6 16.6 16.5 16.3 17.5 16.7 17.0

20 30.6 16.4 16.5 16.6 16.7 16.3 17.2 16.6 16.9

21 31.0 16.5 16.4 16.6 16.5 16.3 17.1 16.7 16.8

22 30.5 16.5 16.4 16.6 16.4 16.2 16.8 16.6 16.8

23 29.8 16.4 16.5 16.7 16.4 16.3 16.6 16.5 16.7

Table 1.
Temperature readings obtained from testing enclosure of thermoelectric air conditioner.

Figure 13.
Graph of temperature/°C versus time/min.
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Therefore, the thermoelectric air conditioner has a much faster cooling rate as
compared to the conventional air conditioning system. The thermometric device
was able to cool the enclosure and maintain a minimum temperature of 26.5°C,
however it was expected that the device would cool the enclosure much less than
this temperature. This was limited to the high temperature on the hot side of the
module. The temperature on the hot side of the thermometric module was stable at
39.6°C when the minimum temperature of the enclosure was 26.5°C. From the
specification graph of the module, the temperature difference chosen was 30°C.
Therefore, if the hot side of the module was maintained at a much lower tempera-
ture then the cold side of module would result in a lower temperature reading
(Tables 2 and 3).

Specific volume at inlet, ϑ1 ¼ 0:882m3

kg

15 CFM fan used = 0.00708 m3

s

Mass flow rate, ma = 0.00708 m3

s � 1
0:882m3

kg

Mass flow rate, ma = 0.008027 kg
s

Using a psychometric chart, the enthalpy was determined for both the inlet and
outlet of the thermoelectric air conditioning unit.

Enthalpy of the air at the inlet, hi = 71.2 kJ
kg

Enthalpy of the air at the outlet, ho = 35.6 kJ
kg

Difference in enthalpy,

hd ¼ hi � ho

¼ 71:2–35:6

¼ 35:6
kJ
kg

Thermoelectric module Voltage (V) Current (A) Power (W)

Module 1 11.85 18.11 214.60

Module 2 11.79 17.61 207.62

Module 3 11.96 17.32 207.15

Table 2.
Voltage and current readings obtained from the multi-meter.

No. Inlet air temperature (°C) Outlet air temperature (°C) Power (W)

Dry bulb Relative humidity % Dry bulb Relative humidity %

1 30.7 60.6 17.1 52.1 614.25

2 28.1 60.9 18.8 54.2 617.10

3 31.5 59.7 16.9 54.8 613.98

Average 30.1 60.4 17.6 53.7 615.11

Table 3.
Experimental results of thermal properties of thermoelectric air-conditioner.
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Cooling capacity of the unit,

_Qcc ¼ _ma hi � hoð Þ

¼ 0:008027
kg
s
� 35:6

kJ
kg

¼ 0:286 kW

¼ 286 W

Coefficient of performance,

C:O:P: ¼
_Qcc

Pin

¼ 0:286
0:61511

¼ 0:465

In comparing the owning and operating costs of the thermoelectric air condi-
tioner to an air conditioner that operates using the refrigeration cycle, the thermo-
electric air conditioner was the better choice of approximately 47.5% cheaper in the
overall costs. Although the overall cost of the thermoelectric air conditioner was
cheaper, it consumes a considerable large amount of power of 695 W more. This
resulted in a higher cost of electricity per year of $156.12 more than the refrigeration
air conditioner.

However, the major factors which influenced the thermoelectric air condi-
tioner in being the overall cheaper choice are the; life span of the device and the
operating costs. The thermoelectric air conditioner has a greater estimated life
span of 7 years more than the refrigeration air conditioner. This is because the life
span of the air conditioner that operates on the refrigeration cycle uses a com-
pressor which is the “heart” of that air conditioning system, contains a lot of
moving parts and is therefore more prone to failure. On the other hand, the
thermoelectric air conditioner uses thermometric module which is the main
component of the system, contains no moving parts. Maintenance of the thermo-
metric air conditioner is also cheaper in which it does not need re-gassing or
regular inspection check for gas leaks as compared to the refrigeration air
conditioning system.

The coefficient of performance was calculated for the thermoelectric air
conditioning system, which was found to be 0.465. This value is small in
comparison with the average coefficient of performance for the vapor refrigeration
cycle of 3.0 [11, 12]. The main reason for this vast difference is the power con-
sumption of the thermoelectric air conditioner. The experimental cooling capacity
was found to be 286 W while the system was sized for 330 W. In comparison, this
value showed a 13.1% reduction of cooling capacity which may be due to the
power supply used to power the thermoelectric air conditioner, since the system
was only consuming 615.11 W while it was calculated that the system needed 756 W
in order to produce a cooling capacity of 330 W. Additional causes may be inaccu-
racies in the experiment or heat leaks between the cold and hot side of the
thermoelectric module.

73

Theoretical and Experimental Analysis of a Thermoelectric Air-conditioning System
DOI: http://dx.doi.org/10.5772/intechopen.88664



Therefore, the thermoelectric air conditioner has a much faster cooling rate as
compared to the conventional air conditioning system. The thermometric device
was able to cool the enclosure and maintain a minimum temperature of 26.5°C,
however it was expected that the device would cool the enclosure much less than
this temperature. This was limited to the high temperature on the hot side of the
module. The temperature on the hot side of the thermometric module was stable at
39.6°C when the minimum temperature of the enclosure was 26.5°C. From the
specification graph of the module, the temperature difference chosen was 30°C.
Therefore, if the hot side of the module was maintained at a much lower tempera-
ture then the cold side of module would result in a lower temperature reading
(Tables 2 and 3).

Specific volume at inlet, ϑ1 ¼ 0:882m3

kg

15 CFM fan used = 0.00708 m3

s

Mass flow rate, ma = 0.00708 m3

s � 1
0:882m3

kg

Mass flow rate, ma = 0.008027 kg
s

Using a psychometric chart, the enthalpy was determined for both the inlet and
outlet of the thermoelectric air conditioning unit.

Enthalpy of the air at the inlet, hi = 71.2 kJ
kg

Enthalpy of the air at the outlet, ho = 35.6 kJ
kg

Difference in enthalpy,

hd ¼ hi � ho

¼ 71:2–35:6

¼ 35:6
kJ
kg

Thermoelectric module Voltage (V) Current (A) Power (W)

Module 1 11.85 18.11 214.60

Module 2 11.79 17.61 207.62

Module 3 11.96 17.32 207.15

Table 2.
Voltage and current readings obtained from the multi-meter.

No. Inlet air temperature (°C) Outlet air temperature (°C) Power (W)

Dry bulb Relative humidity % Dry bulb Relative humidity %

1 30.7 60.6 17.1 52.1 614.25

2 28.1 60.9 18.8 54.2 617.10

3 31.5 59.7 16.9 54.8 613.98

Average 30.1 60.4 17.6 53.7 615.11

Table 3.
Experimental results of thermal properties of thermoelectric air-conditioner.

72

Low-temperature Technologies

Cooling capacity of the unit,

_Qcc ¼ _ma hi � hoð Þ

¼ 0:008027
kg
s
� 35:6

kJ
kg

¼ 0:286 kW

¼ 286 W

Coefficient of performance,

C:O:P: ¼
_Qcc

Pin

¼ 0:286
0:61511

¼ 0:465

In comparing the owning and operating costs of the thermoelectric air condi-
tioner to an air conditioner that operates using the refrigeration cycle, the thermo-
electric air conditioner was the better choice of approximately 47.5% cheaper in the
overall costs. Although the overall cost of the thermoelectric air conditioner was
cheaper, it consumes a considerable large amount of power of 695 W more. This
resulted in a higher cost of electricity per year of $156.12 more than the refrigeration
air conditioner.

However, the major factors which influenced the thermoelectric air condi-
tioner in being the overall cheaper choice are the; life span of the device and the
operating costs. The thermoelectric air conditioner has a greater estimated life
span of 7 years more than the refrigeration air conditioner. This is because the life
span of the air conditioner that operates on the refrigeration cycle uses a com-
pressor which is the “heart” of that air conditioning system, contains a lot of
moving parts and is therefore more prone to failure. On the other hand, the
thermoelectric air conditioner uses thermometric module which is the main
component of the system, contains no moving parts. Maintenance of the thermo-
metric air conditioner is also cheaper in which it does not need re-gassing or
regular inspection check for gas leaks as compared to the refrigeration air
conditioning system.

The coefficient of performance was calculated for the thermoelectric air
conditioning system, which was found to be 0.465. This value is small in
comparison with the average coefficient of performance for the vapor refrigeration
cycle of 3.0 [11, 12]. The main reason for this vast difference is the power con-
sumption of the thermoelectric air conditioner. The experimental cooling capacity
was found to be 286 W while the system was sized for 330 W. In comparison, this
value showed a 13.1% reduction of cooling capacity which may be due to the
power supply used to power the thermoelectric air conditioner, since the system
was only consuming 615.11 W while it was calculated that the system needed 756 W
in order to produce a cooling capacity of 330 W. Additional causes may be inaccu-
racies in the experiment or heat leaks between the cold and hot side of the
thermoelectric module.

73

Theoretical and Experimental Analysis of a Thermoelectric Air-conditioning System
DOI: http://dx.doi.org/10.5772/intechopen.88664



6. Conclusion

A prototype of a thermoelectric air conditioner was designed. Designed calcula-
tions were produced. The hot side of the module did not exceed the maximum
operating temperature of 138°C, which means that the design of the heat sink for
the hot side was sufficient. In additionally, CFM rating for the exhaust fans were
calculated which led to the proper selection of the fans to be used. The prototype of
the thermoelectric air conditioner was successfully built and tested. From the design
calculations, the appropriate materials for the device were selected which enabled
the device to cool and dehumidify to the thermal comfort zone. The performance of
the prototype was determined where:

i. A cost analysis was done in which the thermoelectric air conditioner was
compared to a conventional air conditioner that operates based on the
refrigeration cycle and the thermoelectric air conditioner was the better
choice with an overall 47.5% cheaper in overall cost.

ii. The coefficient of performance of the system was calculated and found to be
0.465.

iii. The device was able to cool and dehumidify the air within the thermal
comfort zone of 22°C and 53.7% relative humidity.
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Abstract

In Brazil, there has been a significant change in the types of refrigerants used in 
air conditioning and refrigeration systems. This chapter seeks to compare, based on 
legislation established by the European Parliament and of the Council, which has 
been understood and obeyed all over the world, the use of F-gas and different types 
of fluids intended for use in such systems and also discuss the use of natural fluids 
such as hydrocarbons, ammonia, and carbon dioxide (CO2), in refrigeration or air 
conditioning systems, considering the characteristics and properties of these types 
of fluids, such as thermodynamic and psychometric parameters, the global warm-
ing potential (GWP), application limits, flammability factor, and performance as 
refrigerant. Some specific examples of the use of fluids such as R-R290, R-410a, 
and R-600a, instead of R-22 fluid, will also be discussed. For this purpose, a test 
bench was developed with an equipment chiller in the Climatization and Thermal 
Comfort Laboratory—ClimaTConT—of the Federal University of Pará, in order to 
compare the types of refrigerant fluids, usually used in air conditioning systems, 
considering the conditions, evaluating the possibilities of reuse of these fluids, 
without performance losses, in significant values, always seeking the reduction of 
the use of synthetic fluids, which are more aggressive to nature, generating pollu-
tion and degradation to local environments.

Keywords: F-gas, hydrocarbons, natural refrigerants, synthetic fluids, chiller bench

1. Introduction

When it comes to environmental pollution, the first idea is the one caused by the 
operation of a motor vehicle, consuming a fossil fuel, nonrenewable, or the irregu-
lar disposal of garbage in areas near urban centers. However, refrigeration and air 
conditioning systems are highly polluting the local environment, because these 
systems use refrigerants with specific characteristics, and some of their components 
can react with the ozone layer or be released into the atmosphere, which is equiva-
lent to a few hundred or thousands of times the emission of CO2.

A great example is a cooling system that works with R-404A refrigerant, 
which is a synthetic fluid. Under normal operating conditions, this system has 
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no ozone-depleting chemical component. But, if an approximately 10 kg of this 
refrigerant leaks into the atmosphere, the contribution to the greenhouse effect/
global warming will be equivalent to the emission of 40 tons of CO2 [1, 2].

In Brazil, all refrigerants, currently available on the market, are the basis of 
HCFC and HFC, but these fluids have their days counted for their discontinuation 
given the contribution to environmental pollution and the action of the Montreal 
and Kyoto Protocols that made societies aware of the harmful action of these 
products when released into the local environment [1–3].

Due to these prohibitions imposed by world laws and protocols, the air condi-
tioning and refrigeration market in Brazil aims solutions for the use of refrigerants, 
which vary between synthetic fluids that has a high value of global warming poten-
tial (GWP) and natural fluids, which has a lower value of global warming potential 
(GWP) than the synthetic ones. However, natural fluids have some impasses that 
are directly related to their composition, such as ammonia, which has excellent 
thermodynamic qualities, but it is a highly toxic fluid. The CO2 itself is another fluid 
that can be used in refrigeration systems, but as a downside, it works under high 
pressures, close to 100 bar. The hydrocarbon refrigerants, which are better known 
as R-290 and R-600a, are also excellent thermodynamic fluids, but these fluids are 
highly flammable and have their maximum amount to be applied to limited climate 
systems for security reasons [4–10].

In order to encourage the use of natural fluids in air conditioning and refrigera-
tion systems, some laws and protocols have been created in the world to regulate, 
standardize, and inform mainly about safety issues related to the use of these types 
of refrigerants [4–6, 11]. From the point of view of use, there are scholarly works 
in air conditioning and refrigeration systems produced by companies that already 
work with some natural fluids and have great yields, both on the issue of capacity 
and cooling efficiency, as the issue of energy consumption [12, 13].

The present work intends to develop a test bench so that reliable data on syn-
thetic and natural fluids can be obtained. In the experimental stage, the refrigerants 
R-22 and R-290 were used. Nevertheless, in the simulation stage, some data were 
taken of Danfoss software in order to evaluate the thermodynamic, psychomet-
ric, and electric parameters, the ozone depletion potential (ODP), the GWP, the 
working pressure limits, and the local conditions. Hence, it has become possible to 
indicate the ideal fluid that should operate in a safe condition and with less aggres-
sive potential to the environment.

2. Refrigerant legislation

With the discoveries of the harmful effects of synthetic refrigerants, various 
organizations and institutions around the world have begun to work together to 
develop methods for control and to standardize and also to develop some kind of 
awareness about the use of these refrigerants as a working fluid in refrigeration and 
air conditioning systems.

Protocols were created first to fight the fluids that negatively affect the ozone 
layer [1] and later to fight against the use of synthetic fluids, which are mas-
sive contributors to the greenhouse effect. Since the 1970s, some scientists have 
proven that there is a direct relationship between ozone depletion and the use of 
CFC (fluorine and chlorine-based hydrocarbons) compounds by industry, not 
only as refrigerants fluids but as aerosol propellants and foam blowing agents. 
According to photochemical reaction models involving ultraviolet irradiation, the 
depletion of the ozone layer is the result of a chain effect promoted by chlorine 
(or bromine) atoms [2].
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2.1 Montreal Protocol

The Montreal Protocol is an international agreement developed by the United 
Nations, focusing on the environment. This protocol aims at the gradual reduction 
to the full transition of synthetic fluids with high ozone layer depletion potential 
by other types of environmentally friendly refrigerants. Since its inception in 
1987, data collection through 2014 indicates that, with the Montreal Protocol, it 
has been possible to reduce the supply of ozone-depleting fluids by 98%, as most 
of this amount was used in cooling and air conditioning systems [1]. In European 
countries, in October 2016, HFC-lowering steps were agreed and became part of the 
Montreal Protocol, which entered into force on January 2019, pending ratification 
by 20 states, which appears to be a formality at the moment.

In the Montreal Protocol, in addition to the mechanisms for the gradual reduc-
tion and elimination of refrigerant use discussed above, many governments are 
applying tax measures to reduce the consumption of high potential global warming 
refrigerants, such as the creation of weighted taxes according to potential for the 
use of these products.

The production and use of HFCs such as R-32, R-125, R-134a, and R-143A and 
their mixtures (R-404, R-407C and R-410A) are not regulated by the Montreal 
Protocol but must be country-specific regulations made individually, so countries 
such as Spain, Denmark, Norway, and Sweden have imposed taxes on the use of HFCs 
in their air conditioning and refrigeration systems to reduce their use and control.

2.2 Kyoto Protocol

Like the Montreal Protocol, the Kyoto Protocol is an international agreement, 
managed by the United Nations, that seeks to reduce pollutant emissions into the 
atmosphere. It is known that the last 150 years of industrial activities related to 
developed countries generated an increase in emissions and strengthening the 
greenhouse effect [2].

This protocol was prepared in Kyoto, Japan, in 1997 and, after adjustments, 
began to be implemented in 2005 and had its first stage, known as the first period, 
accounted for between 2001 and 2012. During that period 37 countries industrial-
ized, and the European community have if pledged to reduce pollutant emissions 
by 5% compared to the 1990s. In the second period, in 2012 there was a meeting 
between the leaders of the countries that signed the Kyoto Protocol and the United 
Nations. At this meeting it was agreed that between 2013 and 2020 countries 
would continue to work on reducing emissions by 18% of the values stipulated in 
the 1990s [2].

2.3 F-gas regulation

The 517/2014 Law of the European Parliament and of the Council became 
known as regulating the use of fluorine-containing gases, known as F-gas, with the 
main objective of reducing emissions of gases with high potential for the destruc-
tion of the ozone layer, because they contribute to the greenhouse effect. Brazil is 
a signatory to this Law, which defines the rules on storage, recovery of synthetic 
fluids, as well as conditioning the trade of equipment and the refrigerants them-
selves in use in the Brazilian territory and also sets the practical limits on the use of 
F-gas in Brazil [3–5].

The first highlight of 517/2014 Law is the prohibition of the intentional release 
of any amount of F-gas into the atmosphere; however, it does not cite any criminal 
implication on anyone caught doing the act of this way.
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The Article 4 of this Law establishes that stationary refrigeration equipment, 
air conditioners, and heat pumps must have an operator that checks for leakage 
points on the equipment according to the equivalent amount of CO2 in refrigerant 
charge where 5 or more equivalent tons of CO2 should be checked at least once a 
year. For equipment with an equivalent load above 50 tons of CO2, this check should 
be performed every 6 months. Systems with loads over 500 tons equivalent must be 
checked every 3 months.

Article 13 cites restrictions on the use of F-gas and imposes that from January 
2020, the use of F-gas with GWP equal or greater than 2500 shall be prohibited 
in refrigeration systems with an equivalent load of 40 tons of CO2 or more. 
Nevertheless, if the fluid used in the system can be recovered, reprocessed, and 
reused, it will have its utility extended until January 1, 2030.

Table 1 shows some air conditioning and refrigeration equipment with their 
respective prohibition dates for their refrigerants.

The questions of the regulation of refrigerants is the application of control 
mechanisms over the use and disposal of F-gas in each country in order to comply 
with the dates set out in Table 1.

For the purpose of facilitating the understanding about this chapter and the 
application in HVAC and refrigeration’s systems, some definitions used by law and 
by some educational and research entities and institutions are presented below:

• Global warming potential (GWP): This is the direct mass comparison of CO2 
that a fluid causes when released into nature over a 100-year period [5].

• Tons of CO2 equivalent: Quantity of mass with a global warming potential 
multiplied by a global warming potential coefficient.

• Recovery or regeneration: Process of gathering and direct F-gas storage 
equipment, i.e., the removal of a refrigerant from system to store it in an 
external tank [14]. In this process some contaminants found in the systems are 
removed, like oil, water, oleic acid, and hydrochloric acids. In this sequence, 
the refrigerant is distilled and then filtered, condensed, and analyzed, and if it 
complies with ARI 700 Standard (purity, humidity, acidity, non-condensable 
gases, and maximum allowable residue levels), then it will be refilled.

• Recycling: Reuse of F-gas after a treatment process, that is, is the process 
involving the cleaning of refrigerant by an oil separator and a filter drier for 

Equipment Prohibition 
date

Household freezers and refrigerators with HFC refrigerant and greater than 150 GWP January 1, 2015

Cold rooms for commercial use HFC with GWP 2500+ January 1, 2020

HFC with GWP 150+ January 1, 2022

Fixed refrigeration equipment with HFC refrigerant and with GWP greater than 2500 January 1, 2020

Commercial central cooling system with a capacity of 40 kW or higher that works with 
GWP 150+

January 1, 2022

Mobile residential air conditioning equipment using HFC refrigerant with GWP 150+ January 1, 2020

Fixed residential air conditioners with load less than 3 kg and GWP 750+ January 1, 2025

Source: Regulation (EU) N°. 517/2014 [5].

Table 1. 
Equipment with dates for prohibiting the use of refrigerants.
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reuse. It is to remove some contaminants like oil, water, and oleic and hydro-
chloric acids that can be found in system. In this process, the cooling fluid is 
distilled, filtered, then condensed, and finally, bottled [5, 14].

• Reuse: Reprocessing of the refrigerant, involving the manufacturing processes 
of new products from the refrigerant recovered.

• Repair: Restoration of equipment, for some reason, has lost its tightness, and 
this has resulted in the release of the working fluid to the atmosphere.

• Leak detection system: Mechanical or electronic equipment that allows to 
identify possible leakage points in the system components [14].

• Destination: Currently in Brazil there are regeneration plants capable of 
receiving refrigerants to be reused within the standards required by law.

In underdeveloped countries, such as Brazil, despite the knowledge of the 
mechanism of ozone layer depletion and the creation of specific legislations to 
address the issue, there is still no concern with the use and disposal of F-gases, 
which makes it difficult to meet the dates stipulated by 517/2014 Law [5].

3. Refrigerants

Refrigerants can be defined as substances that serve as a means of transport and 
heat transfer, absorbing heat at low temperatures and rejecting it at higher tempera-
tures [15]. From that definition, in principle, any substance that changes phase in 
the refrigeration or air conditioning cycle, from liquid to vapor during heat absorp-
tion and from vapor to liquid during heat rejection, may function as a refrigerant. 
Their commercial usefulness depends on the temperature ranges and pressure at 
which the system will operate and, more recently, the environmental impacts that 
eventually this refrigerant can cause when released into the environment.

Water and air can also be considered as fluid refrigerants, although they do 
not show phase change during the process as well as other synthetic fluids or not 
form aqueous solutions that are characterized by operating at temperatures below 
273.16 K (0°C) without crystallizing.

Among the various properties that a refrigerant should include for use in air 
conditioning and refrigeration systems, the most important are [15]:

i. Favorable thermodynamic properties.

ii. High chemical stability when operating within the system and low chemical 
stability outside the system.

iii. Nontoxic.

iv. Non-flammable.

v. Having small specific volume (causing less compressor work).

vi. Having high latent heat of vaporization.

vii. Evaporate at pressures above atmospheric (in case leakage air will not enter 
the system avoiding the risk of explosions).
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viii. Having compatibility with the lubricating oil of the compressor.

ix. Having adequate compatibility with the materials of the refrigeration system.

x. Be easy to detect.

xi. In case of leakage, it should not attack or spoil food, should not contribute to 
global warming, and should not attack the ozone layer.

xii. Not posing a danger to the environment.

xiii. Be commercially available at a reasonable cost.

The refrigerant groups available in the Brazilian market are divided into [15, 16]:

• CFCs (chlorofluorocarbons): They are refrigerant fluids whose molecule is 
formed by the element’s chlorine, fluorine, and carbon, for example, the fluids 
R-11, R-12, R-113, R-114, R-115, and R-502, among others. The lifetime of 
CFCs in the atmosphere ranges from 60 to 540 years, causing high depletion 
of the ozone layer. Most CFCs have an ozone layer depletion potential (ODP) 
index ranging from 0.6 to 1.

CFCs were no longer manufactured by industrialized countries in January 
1996 and, with some exceptions, by developing countries. These fluids feature 
high ODP and high GWP. According to the Montreal Protocol, in 1996 these 
gases were banned from developed countries, and in 2010 they should be banned 
from developing countries such as Brazil, but these gases are still found in old 
refrigeration and air conditioning systems. These fluids are used in automotive air 
conditioners, commercial refrigeration, and home refrigeration (refrigerators and 
freezers).

• Hydrochlorofluorocarbons (HCFCs): In these refrigerants some chlorine 
atoms are replaced by hydrogen, as an example of these fluids, have it R-22, 
R-123, R-401A, and R-4012A. These fluids are used in climate control systems, 
window air conditioners, split air conditioners, self-containers, cold rooms, etc.

These gases represent the second generation of fluorinated gases and were 
the main alternative to CFCs. They have lower ODP, but the GWP still between 
1000 and 5000, so they are a little less harmful to the environment than their CFC 
predecessors, considering the ozone depletion. HCFCs are not fully halogenated like 
CFCs. The atmospheric lifetime of HCFCs ranges from 2 to 22 years, and therefore 
their ODP ranges from 0.02 to 0.1 [15, 17].

Currently, in Brazil, HCFC-22 or (R-22) has been the most commonly used 
refrigerant in air conditioning systems since the early 1990s. HCFCs have been 
used as transition fluids, and their restriction on use and manufacturing started in 
2004. According to the Montreal Protocol, the elimination of HCFCs in developed 
countries is expected by 2030 and in Brazil by 2040. Nevertheless, some countries 
are already well advanced on their elimination. In the European Union the use of 
HCFCs was terminated in January 2010 and may still be used until January 2015 in 
some specific cases.

• Hydrofluorocarbons (HFCs): In these fluids all chlorine atoms are replaced 
by hydrogen, for example, R-134a, R-404A, R-407C, R-410A, etc. These fluids 
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are used in automotive air conditioning systems, commercial refrigeration and 
domestic refrigeration (refrigerators and freezers), etc.

As there are no chlorine atoms in HFCs refrigerants, they do not cause ozone 
layer depletion. HFCs are expected to become the most widely used in air condi-
tioning systems in the coming decades. These fluids can be said to represent the 
third generation of fluorinated gases that have zero ODP and median and high GWP 
values. Currently, HFCs are largely used in commercial refrigeration and residential 
air conditioning.

• Hydrofluoroolefins (HFOs): The HFOs represent the fourth generation 
of fluorinated gases, with zero ODP and very low GWP values. It is already 
being used in automotive air conditioning systems in developed countries 
(the United States and Europe). They are fluids used in place of R-134a as 
they are suitable for high temperature applications and operate at similar 
pressures.

• Natural refrigerants: These fluids are generated through natural biochemical 
processes, so they pose no risk to the ozone layer and have very low or zero 
GWP indices. The most common natural fluids are R717 (ammonia), R744 
(CO2), hydrocarbons, R718 (water), and R729 (air).

Although the application of natural fluids in refrigeration systems is a world-
wide trend, each fluid has its own characteristics and requires special care to be 
implanted.

• Hydrocarbons: They consist of a group of nontoxic gases with zero ODP and 
low GWP. They are environmentally friendly and have excellent thermody-
namic properties, allowing good efficiency in similar or even better cooling 
systems than HCFC and HFC fluids.

Because these refrigerant fluids are considered as flammable gas, hydrocarbon 
refrigeration systems must meet a number of safety guidelines. Typically, these 
gases are applied in small systems such as refrigerators or indirect systems and 
cooling secondary systems with other fluids (such as a CO2 cascade system). This 
ensures a low risk of fire if a leak occurs.

The most commonly used hydrocarbons in refrigeration are propane (R-290) 
and isobutane (R-600a). In addition to the GWP, the ozone depletion potential 
(ODP) is another parameter that compares the ozone layer depletion potential 
regarding the R-11 refrigerant, which is assigned the value 1. This value is compared 
to other types of fluids.

Refrigerants can be classified as simple, which are not mixed with other fluids 
such as R-22, R-134a, and R-32 and natural or blend fluids, which are mixtures of 
fluids, such as R-410A. The blend fluids may also be azeotropic or non-azeotropic. 
And this is another classification of refrigerants, which divides them into two broad 
categories, which are:

• Azeotropic mixtures: In these types of mixtures, the components cannot 
be distilled off. The mixture evaporates and condenses as if it were a single sub-
stance. Its properties are totally different from those of its components. As an 
example, we have CFC/HFC-500, HCFC/CFC-501, and HCFC/CFC-502. For 
example, HCFC/CFC-501 is a mixture of 75% HCFC-22 with 25% CFC-12 on a 
mass basis. Azeotropic mixtures causing ozone layer depletion were no longer 
manufactured in 1996 in developed countries.
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R-123, R-401A, and R-4012A. These fluids are used in climate control systems, 
window air conditioners, split air conditioners, self-containers, cold rooms, etc.

These gases represent the second generation of fluorinated gases and were 
the main alternative to CFCs. They have lower ODP, but the GWP still between 
1000 and 5000, so they are a little less harmful to the environment than their CFC 
predecessors, considering the ozone depletion. HCFCs are not fully halogenated like 
CFCs. The atmospheric lifetime of HCFCs ranges from 2 to 22 years, and therefore 
their ODP ranges from 0.02 to 0.1 [15, 17].
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HCFCs was terminated in January 2010 and may still be used until January 2015 in 
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are used in automotive air conditioning systems, commercial refrigeration and 
domestic refrigeration (refrigerators and freezers), etc.

As there are no chlorine atoms in HFCs refrigerants, they do not cause ozone 
layer depletion. HFCs are expected to become the most widely used in air condi-
tioning systems in the coming decades. These fluids can be said to represent the 
third generation of fluorinated gases that have zero ODP and median and high GWP 
values. Currently, HFCs are largely used in commercial refrigeration and residential 
air conditioning.

• Hydrofluoroolefins (HFOs): The HFOs represent the fourth generation 
of fluorinated gases, with zero ODP and very low GWP values. It is already 
being used in automotive air conditioning systems in developed countries 
(the United States and Europe). They are fluids used in place of R-134a as 
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(CO2), hydrocarbons, R718 (water), and R729 (air).

Although the application of natural fluids in refrigeration systems is a world-
wide trend, each fluid has its own characteristics and requires special care to be 
implanted.

• Hydrocarbons: They consist of a group of nontoxic gases with zero ODP and 
low GWP. They are environmentally friendly and have excellent thermody-
namic properties, allowing good efficiency in similar or even better cooling 
systems than HCFC and HFC fluids.

Because these refrigerant fluids are considered as flammable gas, hydrocarbon 
refrigeration systems must meet a number of safety guidelines. Typically, these 
gases are applied in small systems such as refrigerators or indirect systems and 
cooling secondary systems with other fluids (such as a CO2 cascade system). This 
ensures a low risk of fire if a leak occurs.

The most commonly used hydrocarbons in refrigeration are propane (R-290) 
and isobutane (R-600a). In addition to the GWP, the ozone depletion potential 
(ODP) is another parameter that compares the ozone layer depletion potential 
regarding the R-11 refrigerant, which is assigned the value 1. This value is compared 
to other types of fluids.

Refrigerants can be classified as simple, which are not mixed with other fluids 
such as R-22, R-134a, and R-32 and natural or blend fluids, which are mixtures of 
fluids, such as R-410A. The blend fluids may also be azeotropic or non-azeotropic. 
And this is another classification of refrigerants, which divides them into two broad 
categories, which are:

• Azeotropic mixtures: In these types of mixtures, the components cannot 
be distilled off. The mixture evaporates and condenses as if it were a single sub-
stance. Its properties are totally different from those of its components. As an 
example, we have CFC/HFC-500, HCFC/CFC-501, and HCFC/CFC-502. For 
example, HCFC/CFC-501 is a mixture of 75% HCFC-22 with 25% CFC-12 on a 
mass basis. Azeotropic mixtures causing ozone layer depletion were no longer 
manufactured in 1996 in developed countries.
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• Zeotropic or non-azeotropic mixtures: In a zeotropic mixture, its compo-
nents are separated by distillation process. Thus, the mixture evaporates and 
condenses at different temperatures. Examples of such fluid types are R-400 
and R-401A/B/C. Currently, these are the most promising alternative refriger-
ants for retrofit in air conditioning and refrigeration systems.

The CFCs and HCFCs are used worldwide in a variety of applications. By the 
middle of 1980, about 1/3 of CFC consumption occurred in the United States 
(USA). In 1985, the consumption of these fluids was around 278 tons.

These fluids served industrial sectors of insulating foams, automotive air 
conditioning, refrigeration and residential air conditioning, and commercial and 
industrial and other products. The CFC-expanded insulating foams have been 
widely used in industrial processes. Of this total, 19% was used in automotive air 
conditioning and 5% in new refrigeration and air conditioning systems. According 
to ABRAVA the percentage of halogenated refrigerant consumption is as follows: 
77% HCFC-22, 10% CFC-11, and 10% CFC-12 [14].

Synthetic refrigerants (CFC, HCFC, HFC, and HFO) are considered safer, sim-
pler to handle, and cheaper; however, most of them present some types of environ-
mental risks. The presence of chlorine in the composition of most synthetic fluids 
is what makes them harmful to the ozone layer. Fluids that do not have chlorine in 
their composition are considered ecological but still favor the greenhouse effect, so 
the group of HFOs represents the promising generation of synthetic fluids.

The natural fluids such as CO2, ammonia, and hydrocarbons are considered 
more complex and have a higher cost. In addition, they are considered highly flam-
mable, and care should be taken to install the systems that will receive these fluids. 
They are recommended for low load operations such as vending machines and have 
good applicability at any temperature.

Ammonia, used in ammonia fluid R-717, is considered toxic and slightly flam-
mable, has good thermodynamic characteristics, and should be used in systems 
combined with glycol (chiller system), or CO2 (cascade system), for example [18].

The fluids with behavior of one substance, known as simple fluids, are easier to 
work because they have well defined properties, can be carried gaseous or liquid loads 
and in case of leaks, composition still the same in the installation, the only change 
will be in the volume. Azeotropic blend fluids such as R-22, despite being mixtures, 
have simple fluid characteristics. Non-azeotropic substances (such as R-404A, which 
has R-125, 44%, R-143 to 52%, R134 to 4%) have fluids with different boiling points 
and do not mix perfectly, so do not mix well. Thus, do not behave like simple fluid.

The use of these types of refrigerant implies extra care, as in the case of leaks, 
the composition of the leaked fluid and the composition of the remaining fluid may 
be unknown requiring a new charge. There is also the characteristic of glide tem-
perature, where the evaporation temperature is not constant.

All these substances used in air conditioning and refrigeration systems are 
classified by safety groups as defined by AHSRAE. The classification considers 
the flammability and toxicity of each substance, as shown in Table 2, which 
presents the safety classification according to ASHAE [16]. Each refrigerant 
group requires a set of safety procedures for their use, installation, and disposal. 
The refrigerants found in the CFC, HCFC, and HFC categories are mostly classi-
fied in group A1 as non-flammable and of low toxicity. They are safe but environ-
mentally aggressive fluids.

HFO refrigerants are less environmentally friendly but are classified in group 
A2L, i.e., there is a low risk of spreading flames in the event of a leak, and there-
fore require some caution and safety devices in equipment using these types of 
refrigerants.
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Natural fluids, while an alternative more environmentally friendly, require a 
lot of care, and their facilities must follow the safety guidelines defined for each 
application. Propane and isobutane hydrocarbons are classified as highly flammable 
(group A3) while ammonia as highly toxic and low flammability (group B2L). 
Although carbon dioxide falls within group A1, it is a choking gas, so your systems 
must follow a series of precautions to ensure the safety of the installation.

In a Refrigeration system, the refrigerant is contained within the equipment, 
there is no direct contact between users and the refrigerant.

When a coolant leak in a refrigeration system and air conditioning, depend-
ing on the design and the refrigerant charge amount used in the system, choking 
problems may occur in people or product contamination.

Most leaks in the air conditioning and refrigeration systems are related to 
maintenance aspects, from the use of poorly maintained, deteriorated or even 
inadequate components and equipment as well as precarious labor that only acts 
when problems occur.

In the refrigeration, the word “retrofit” has been used to designate the adapta-
tions that are made to equipment that works with CFCs so that they can work with 
alternative fluids (HCFCs, HFCs), making them efficient, modern, and economi-
cal. Another solution is the alternative fluid line, also called “blends,” which is a 
good alternative for converting equipment that is operating in the field as it requires 
minimal changes to the original system, and in most cases no compressor replace-
ment is required [19].

Table 3 shows a comparison of the ODP, GWP, and ASHRAE safety ratings of 
some refrigerants.

In the Brazilian market, as shown in Table 3, it is observed that the replace-
ment of refrigerant fluid R-22 (HCFC) with R-410A (HFC) is occurring; however, 
it is worth noting that this substitution does not alter the potential for global 
warming.

In a direct comparison, R-134a refrigerant (tetrafluoroethane) has similar physi-
cal and thermodynamic properties to R-12, but it has lower ozone depletion poten-
tial (ODP) due to the absence of chlorine and the shorter lifetime in the atmosphere 
(16 years versus 120 years for R012). This fluid has a 90% reduction in greenhouse 
potential when compared to R-12. In addition, it is non-flammable and nontoxic, 
has high thermal and chemical stability, has compatibility with the materials used, 
and has adequate physical and thermodynamic properties. In addition, the R-134a 
refrigerant is free of chlorine and therefore has good compatibility with elastomers. 
One of the consequences of this change is that during the maintenance process 
of the air conditioning and refrigeration equipment, the R-22 fluid is released to 
nature, without any kind of control.

According to the Brazilian Ministry of Environment (MMA), the most com-
monly used refrigerant in cooling and air conditioning is HCFC-22, accounting for 
82% of consumption [15, 19]. Considering the indicators shown in Table 3 and the 

High flammability A3 B3

Low flammability A2 B2

A2L B2L

Non-flammable A1 B1

Low toxicity High toxicity

Source: ASHRAE Fundamentals [16].

Table 2. 
ASHAE safety classification.
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is what makes them harmful to the ozone layer. Fluids that do not have chlorine in 
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more complex and have a higher cost. In addition, they are considered highly flam-
mable, and care should be taken to install the systems that will receive these fluids. 
They are recommended for low load operations such as vending machines and have 
good applicability at any temperature.
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mable, has good thermodynamic characteristics, and should be used in systems 
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Natural fluids, while an alternative more environmentally friendly, require a 
lot of care, and their facilities must follow the safety guidelines defined for each 
application. Propane and isobutane hydrocarbons are classified as highly flammable 
(group A3) while ammonia as highly toxic and low flammability (group B2L). 
Although carbon dioxide falls within group A1, it is a choking gas, so your systems 
must follow a series of precautions to ensure the safety of the installation.

In a Refrigeration system, the refrigerant is contained within the equipment, 
there is no direct contact between users and the refrigerant.

When a coolant leak in a refrigeration system and air conditioning, depend-
ing on the design and the refrigerant charge amount used in the system, choking 
problems may occur in people or product contamination.

Most leaks in the air conditioning and refrigeration systems are related to 
maintenance aspects, from the use of poorly maintained, deteriorated or even 
inadequate components and equipment as well as precarious labor that only acts 
when problems occur.

In the refrigeration, the word “retrofit” has been used to designate the adapta-
tions that are made to equipment that works with CFCs so that they can work with 
alternative fluids (HCFCs, HFCs), making them efficient, modern, and economi-
cal. Another solution is the alternative fluid line, also called “blends,” which is a 
good alternative for converting equipment that is operating in the field as it requires 
minimal changes to the original system, and in most cases no compressor replace-
ment is required [19].

Table 3 shows a comparison of the ODP, GWP, and ASHRAE safety ratings of 
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In the Brazilian market, as shown in Table 3, it is observed that the replace-
ment of refrigerant fluid R-22 (HCFC) with R-410A (HFC) is occurring; however, 
it is worth noting that this substitution does not alter the potential for global 
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In a direct comparison, R-134a refrigerant (tetrafluoroethane) has similar physi-
cal and thermodynamic properties to R-12, but it has lower ozone depletion poten-
tial (ODP) due to the absence of chlorine and the shorter lifetime in the atmosphere 
(16 years versus 120 years for R012). This fluid has a 90% reduction in greenhouse 
potential when compared to R-12. In addition, it is non-flammable and nontoxic, 
has high thermal and chemical stability, has compatibility with the materials used, 
and has adequate physical and thermodynamic properties. In addition, the R-134a 
refrigerant is free of chlorine and therefore has good compatibility with elastomers. 
One of the consequences of this change is that during the maintenance process 
of the air conditioning and refrigeration equipment, the R-22 fluid is released to 
nature, without any kind of control.

According to the Brazilian Ministry of Environment (MMA), the most com-
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82% of consumption [15, 19]. Considering the indicators shown in Table 3 and the 

High flammability A3 B3

Low flammability A2 B2

A2L B2L

Non-flammable A1 B1

Low toxicity High toxicity

Source: ASHRAE Fundamentals [16].
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ASHAE safety classification.
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properties listed above, it is important to realize that most refrigerants do not meet 
the requirements for commercial use in order to comply with Brazilian and world-
wide legislation.

The scenario of replacing the R-22 in the refrigeration and air conditioning 
industry points to a number of alternative fluids. In this context, manufacturers in 
the refrigeration and air conditioning industry are looking for solutions that meet 
their goals without neglecting good performance.

According to ABRAVA [14], Table 4 presents the suggestions of alternative 
fluids to the use of R-22 according to each application:

In a survey by the members of the UFPA Resfriar Project, in the metropolitan 
region of Belém do Pará, along with companies that work with the sale, installa-
tion, and maintenance of HVAC systems, more than 95% of people involved with 
the services did not have either training courses or were qualified to develop the 
services.

In Brazil, it is possible to observe that, in the practical activities, during the 
maintenance processes, the people qualified for the development of installation, 

Number/name Formula ODP GWP ASHAE safety 
classification

CFCs

R-11/trichlorofluoromethane CCl3F 1 4000 A1

R-12/dichlorodifluoromethane CCl2F2 1 8500 A1

R-502/CFC blend R-115 (51%), R-22 
(49%)

0.23 5590 A1

HCFCs

R-22/chlorodifluoromethane CHClF2 0.055 1700 A1

R-123/dichlorotrifluoroethane C2HCl2F3 0.02 93 A1

HFCs

R-32/difluoromethane CH2F2 0.0 650 A1

R-134a/tetrafluoroethane C2H2F4 0.0 1300 A1

R-410a/AZ-20 R-32 (50%), R-125 
(50%)

0.0 1730 A1

R-507/AZ-50 R-125 (50%), R-143a 
(50%)

0.0 3300 A1

HFOs

R-1234yf C3H2F4 0.0 4 A2L

R-1234ze C3H2F4 0.0 6 A2L

R-218/perfluoropropane C3F8 0.0 7000 A2L

Natural refrigerants (NRs)

R-290/propane, Care 40 C3H8 0.0 ~5 A3

R-600a/isobutane, Care 10 C4H10 0.0 ~5 A3

R-717/ammonia NH3 0.0 <1 B2L

R-718/water H2O 0.0 <1 A1

Source: ASHRAE Fundamentals [16].

Table 3. 
Comparison of available refrigerants for air conditioning and refrigeration systems.
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operation, and maintenance activities of air conditioning and refrigeration 
systems, called in Brazil as “refrigeration professional,” are the people who, not 
necessarily, are technicians of maintenance of air conditioning and refrigeration 
systems and, in many cases, are called “curious”.

It was found that during the development of the analysis and maintenance 
services, these people either lack adequate equipment, such as a vacuum pump 
or a refrigerant recovery unit, or lack of knowledge, or because they could not 
afford to purchase such basic equipment and instruments required to perform 
the service and release the refrigerants from the equipment to the local environ-
ment. Besides that, they always have a recharge for normal system operation and, 
in many cases, do not have a basic analysis or concern about the consequences of 
these acts.

This common and uncontrolled practice releases thousands of kilograms of 
refrigerant fluids per year, to the environment, contributing significantly to global 
warming.

4. Test bench type chiller

In this topic, the theoretical foundations about vapor compression type cooling 
systems, with synthetic and natural fluids, necessary for the understanding about 
the experimental apparatus used are initially approached. After that, the experi-
mental apparatus developed in the ClimatCont laboratory to simulate a chiller 
system has been described.

4.1 Theoretical fundamentals

Some scientific studies specifically dedicated to the comparison of natural fluids 
with the most common synthetic ones, such as R-22 fluid, have been carried out and 
published. The research conducted by Park and Jung’s [20] related the replacement 

Equipment types Usual application Main refrigerant 
substitutes

Window air conditioners (WAC) Residential R-410A

Air conditioners and heat pumps Residential/small commercial air 
conditioning

R-410A

Hot and cold air conditioners 
(multi-split systems)

Commercial R-410A

Multi-split systems Residential/commercial R-407C or R-410A

Large air conditioning systems Commercial R-134a or R-410A

Air condensing chillers Central systems R-134a or R-410A

Water condensing chillers Central systems R-134a

Commercial refrigeration Commercial R-134a, R-404A, 
R-410A, or R-507A

Industrial and transport 
refrigeration

Industrial/transport R -134a or ammonia

Source: ABRAVA [14].

Table 4. 
Alternative refrigerants for R-22 refrigerant according to your applications.
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properties listed above, it is important to realize that most refrigerants do not meet 
the requirements for commercial use in order to comply with Brazilian and world-
wide legislation.

The scenario of replacing the R-22 in the refrigeration and air conditioning 
industry points to a number of alternative fluids. In this context, manufacturers in 
the refrigeration and air conditioning industry are looking for solutions that meet 
their goals without neglecting good performance.

According to ABRAVA [14], Table 4 presents the suggestions of alternative 
fluids to the use of R-22 according to each application:

In a survey by the members of the UFPA Resfriar Project, in the metropolitan 
region of Belém do Pará, along with companies that work with the sale, installa-
tion, and maintenance of HVAC systems, more than 95% of people involved with 
the services did not have either training courses or were qualified to develop the 
services.

In Brazil, it is possible to observe that, in the practical activities, during the 
maintenance processes, the people qualified for the development of installation, 

Number/name Formula ODP GWP ASHAE safety 
classification

CFCs

R-11/trichlorofluoromethane CCl3F 1 4000 A1

R-12/dichlorodifluoromethane CCl2F2 1 8500 A1

R-502/CFC blend R-115 (51%), R-22 
(49%)

0.23 5590 A1

HCFCs

R-22/chlorodifluoromethane CHClF2 0.055 1700 A1

R-123/dichlorotrifluoroethane C2HCl2F3 0.02 93 A1

HFCs

R-32/difluoromethane CH2F2 0.0 650 A1

R-134a/tetrafluoroethane C2H2F4 0.0 1300 A1

R-410a/AZ-20 R-32 (50%), R-125 
(50%)

0.0 1730 A1

R-507/AZ-50 R-125 (50%), R-143a 
(50%)

0.0 3300 A1

HFOs

R-1234yf C3H2F4 0.0 4 A2L

R-1234ze C3H2F4 0.0 6 A2L

R-218/perfluoropropane C3F8 0.0 7000 A2L

Natural refrigerants (NRs)

R-290/propane, Care 40 C3H8 0.0 ~5 A3

R-600a/isobutane, Care 10 C4H10 0.0 ~5 A3

R-717/ammonia NH3 0.0 <1 B2L

R-718/water H2O 0.0 <1 A1

Source: ASHRAE Fundamentals [16].

Table 3. 
Comparison of available refrigerants for air conditioning and refrigeration systems.
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operation, and maintenance activities of air conditioning and refrigeration 
systems, called in Brazil as “refrigeration professional,” are the people who, not 
necessarily, are technicians of maintenance of air conditioning and refrigeration 
systems and, in many cases, are called “curious”.

It was found that during the development of the analysis and maintenance 
services, these people either lack adequate equipment, such as a vacuum pump 
or a refrigerant recovery unit, or lack of knowledge, or because they could not 
afford to purchase such basic equipment and instruments required to perform 
the service and release the refrigerants from the equipment to the local environ-
ment. Besides that, they always have a recharge for normal system operation and, 
in many cases, do not have a basic analysis or concern about the consequences of 
these acts.

This common and uncontrolled practice releases thousands of kilograms of 
refrigerant fluids per year, to the environment, contributing significantly to global 
warming.

4. Test bench type chiller

In this topic, the theoretical foundations about vapor compression type cooling 
systems, with synthetic and natural fluids, necessary for the understanding about 
the experimental apparatus used are initially approached. After that, the experi-
mental apparatus developed in the ClimatCont laboratory to simulate a chiller 
system has been described.

4.1 Theoretical fundamentals

Some scientific studies specifically dedicated to the comparison of natural fluids 
with the most common synthetic ones, such as R-22 fluid, have been carried out and 
published. The research conducted by Park and Jung’s [20] related the replacement 

Equipment types Usual application Main refrigerant 
substitutes

Window air conditioners (WAC) Residential R-410A

Air conditioners and heat pumps Residential/small commercial air 
conditioning

R-410A

Hot and cold air conditioners 
(multi-split systems)

Commercial R-410A

Multi-split systems Residential/commercial R-407C or R-410A

Large air conditioning systems Commercial R-134a or R-410A

Air condensing chillers Central systems R-134a or R-410A

Water condensing chillers Central systems R-134a

Commercial refrigeration Commercial R-134a, R-404A, 
R-410A, or R-507A

Industrial and transport 
refrigeration

Industrial/transport R -134a or ammonia

Source: ABRAVA [14].

Table 4. 
Alternative refrigerants for R-22 refrigerant according to your applications.
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of R-22 with R-290 with the need of electrical adaptations to ensure the safety of 
the installation, which resulted in performance coefficients (COP) up to 11.5% 
when compared to the R-22, i.e., the system with R-290 required 11.5% less electri-
cal power to generate the same refrigeration capacity. Another important point was 
the reduction of compressor discharge temperatures, which were reduced from 
358.16 K (85°C) to 338.16 K (65°C), indicating better use of the lubricant life [20].

Sharmas and Babu comparatively analyzed mixtures between HC and HFC in 
relation to their characteristics as refrigerants, observing that mixtures containing HCs 
provided the system with a COP up to 2% higher than a system with HFC, also reducing 
the compressor discharge temperature, up to 295.16 K (22°C), and for the HCs mixture, 
a reduction of up to 1 kW per cooling tons in electric power consumption had been 
achieved [21]. In a computational analysis, these authors assessed that the HC mixture 
provided a COP of 5.35% over R-22, plus 286.16 K (13°C) lower discharge temperature 
for the same fluid and with reduced electrical power consumption by 5% [22].

Agrawal et al. compared a mixture of HC (R-290 and R-600a) with HFC 
(R-134a) and found that the optimum charge for the mixture was 60 g, less than 
half of the original charge 140 g of HFC, and the nearly 40% improvement in 
COP. With the optimum loads, HFC consumed 0.5 kW/h, and the HC  mixture 
 consumed 0.4 kW/h, providing the cooling capacities of 70 W and 76 W, 
 respectively [23].

4.2 Chiller test bench

To carry out a practical analysis of the use of types of refrigerants, a test bench 
with a chiller was developed at the Federal University of Pará (UFPA) in partner-
ship with the Refrigeration and Climatization and Thermal Comfort Laboratories 
(ClimaTConT) along with the research group “Resfriar Project,” from the Energy, 
Biomass and Environment Group (EBMA). The main purpose of the bench is to 
create a demonstration of the operation of the refrigeration cycle, considering the 
local psychometric conditions, with a variety of refrigeration fluids.

In this test bench, all parameters are controlled and components have been 
assembled to facilitate understanding of fluid behavior and performance. After 
doing a research in the technical literature and articles on refrigerants and their 
properties and characteristics as environmental contaminants, the conclusion was 
that the bench will be a good system for a comparison between the original working 
fluid, HCFC R-22, and natural fluids, hydrocarbon base, which after investigation 
of the negative points of natural fluids, were the best suited to the project condi-
tions [17, 24].

The test bench is composed of a condenser unit Elgin TUM-2053E 220 V, 60 Hz, 
single phase, with 1.6 kW of cooling capacity and power consumption of 880 W, 
with R-22 fluid and with a 1.5 l capacity liquid tank. The expansion device is a 
Thermostatic Expansion Valve from Danfoss, model TX2, for R-22, with number 01 
orifice, with a maximum capacity of 2.5 kW and a single evaporator made of cooper 
tube with 3/8" of diameter and 1/16" of thickness, contained in an insulated box 
that can hold until 45L of water as shown in Figure 1.

Systems that use water as a refrigerant can both remove heat and add heat of an 
ambient making the environment conditioned. Refrigerant circulates inside pipes 
between the heater and the cooler. These systems can be classified according to 
operating temperature, flow type, and degree of pressurization [25].

The chilled water system is a type of cooling system that operates with water 
being a secondary fluid in the temperature range of 277.16 K (4°C) to 286.16 K 
(13°C), usually between 279.16 K (6°C) and 280.16 K (7°C), with working 
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pressure close to 800 kPa as presented in Figure 2, which shows a schematic 
of the test bench stand with a chiller, which must be used for the cooling of 
 environments [26].

Preliminary data observed from the test bench with chiller shows that its work-
ing pressure is 310.26 kPa (45 psig), which indicates an evaporation temperature 
of 267.16 K (−6°C); considering the ΔT of 283.16 K (10°C), the fluid is cooled 
to 279.16 K (6°C). In this way, the bench tests consisted of evaluating the energy 
consumption of the R-22 fluid operation, in addition to the working temperatures 
at specific points, with the values of the refrigerant R-290, which is the fluid with 
characteristics similar to HCFC.

To measure the temperature parameters, five-point thermometers were installed 
that acquired the following temperatures: T1, for room temperature; T2, for the 
temperature in the suction pipe; T3, for the temperature in the discharge pipe; 
T4, for condenser air outlet temperature; and T5, for water temperature. For the 
measurement of pressure values in the suction (pSuc) and discharge (pDesc) lines of 
the compressor, a digital pressure gauge was installed in the respective test bench 
pipes. The energy consumed (ECons) during the tests was acquired by a power meter 
installed on the chiller test bench electrical system, as shown in Figure 1.

Figure 1. 
Bench tests with chiller mounted by ClimaTConT.

Figure 2. 
Schematic representation of the chiller cooling cycle. Source: ASHRAE Fundamentals (adapted) [16].
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Biomass and Environment Group (EBMA). The main purpose of the bench is to 
create a demonstration of the operation of the refrigeration cycle, considering the 
local psychometric conditions, with a variety of refrigeration fluids.

In this test bench, all parameters are controlled and components have been 
assembled to facilitate understanding of fluid behavior and performance. After 
doing a research in the technical literature and articles on refrigerants and their 
properties and characteristics as environmental contaminants, the conclusion was 
that the bench will be a good system for a comparison between the original working 
fluid, HCFC R-22, and natural fluids, hydrocarbon base, which after investigation 
of the negative points of natural fluids, were the best suited to the project condi-
tions [17, 24].

The test bench is composed of a condenser unit Elgin TUM-2053E 220 V, 60 Hz, 
single phase, with 1.6 kW of cooling capacity and power consumption of 880 W, 
with R-22 fluid and with a 1.5 l capacity liquid tank. The expansion device is a 
Thermostatic Expansion Valve from Danfoss, model TX2, for R-22, with number 01 
orifice, with a maximum capacity of 2.5 kW and a single evaporator made of cooper 
tube with 3/8" of diameter and 1/16" of thickness, contained in an insulated box 
that can hold until 45L of water as shown in Figure 1.

Systems that use water as a refrigerant can both remove heat and add heat of an 
ambient making the environment conditioned. Refrigerant circulates inside pipes 
between the heater and the cooler. These systems can be classified according to 
operating temperature, flow type, and degree of pressurization [25].

The chilled water system is a type of cooling system that operates with water 
being a secondary fluid in the temperature range of 277.16 K (4°C) to 286.16 K 
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pressure close to 800 kPa as presented in Figure 2, which shows a schematic 
of the test bench stand with a chiller, which must be used for the cooling of 
 environments [26].

Preliminary data observed from the test bench with chiller shows that its work-
ing pressure is 310.26 kPa (45 psig), which indicates an evaporation temperature 
of 267.16 K (−6°C); considering the ΔT of 283.16 K (10°C), the fluid is cooled 
to 279.16 K (6°C). In this way, the bench tests consisted of evaluating the energy 
consumption of the R-22 fluid operation, in addition to the working temperatures 
at specific points, with the values of the refrigerant R-290, which is the fluid with 
characteristics similar to HCFC.

To measure the temperature parameters, five-point thermometers were installed 
that acquired the following temperatures: T1, for room temperature; T2, for the 
temperature in the suction pipe; T3, for the temperature in the discharge pipe; 
T4, for condenser air outlet temperature; and T5, for water temperature. For the 
measurement of pressure values in the suction (pSuc) and discharge (pDesc) lines of 
the compressor, a digital pressure gauge was installed in the respective test bench 
pipes. The energy consumed (ECons) during the tests was acquired by a power meter 
installed on the chiller test bench electrical system, as shown in Figure 1.

Figure 1. 
Bench tests with chiller mounted by ClimaTConT.

Figure 2. 
Schematic representation of the chiller cooling cycle. Source: ASHRAE Fundamentals (adapted) [16].
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4.3 Weather conditions

In Belém do Pará, which is a city located in the northern region of Brazil, the season 
with precipitation is overcast, and the dry season is partly cloudy. The city is sur-
rounded by the Guamá River, which is responsible for the high rainfall index of the city.

All year round, the climate of Belém is hot and with high thermal sensation. 
Throughout the year, the average temperature generally ranges from 297.16 K (24°C) 
to 309.16 K (36°C), with a relative air unit that is approximately 90%. This city has a 
thermal sensation ranging from 307.16 K (34°C) to 319.16 K (42°C).

The average altitude of Belém do Pará ranges from 0 to 20 m above sea level, 
with average barometric pressure of 1010.28 kPa. In summary, Belém do Pará is a 
city of tropical climate.

5. Results and discussions

By using the chiller test bench, the following results were obtained for R-22 and 
R-290 refrigerants.

5.1 Evaluation of R-22 refrigerant in bench tests with chiller

To perform this test, the bench was initially charged with a load of 910 g of R-22 
refrigerant. Table 5 shows the results obtained with R-22 refrigerant on the chiller 
test bench.

When using the R-22 refrigerant, the test bench responded by reducing the 
water temperature by approximately 286.16 K (13°C) within 30 min of operation, 
where 0.5 kW of electricity was consumed to perform cooling.

For refrigerant R-22, which is known by high discharge temperatures that occur 
during its use in operation, values around 340.16 K (70°C) were measured, as 
shown in Figure 3 that presents the variation in discharge temperature. Usually, 
these high values are disadvantageous given that they influence lubrication and 
hence compressor life.

Figure 3 above shows a large variation in the discharge temperature of the chiller 
test bench, as a function of operating time. In parallel to the measurement of the 
discharge temperature variation, the values of the system discharge pressure during 
operation were also measured, because the higher the temperature of the water to 
be cooled, the higher the condensing pressure, as can be seen in Figure 4, which 
shows the variation of discharge pressure.

The suction pressure determines at which temperature the refrigerant will 
evaporate, i.e., the vaporization pressure of the fluid. At the test bench, pressures 
ranged from 489.52 kPa (71 psig) to 335.08 kPa (48.7 psig), which correspond to the 

Time 
(min)

T1 (K) T2 (K) T3 (K) T4 (K) T5 (K) pSuc 
(kPa)

pDesc (kPa) ECons (kW)

10 303.56 292.76 340.26 309.56 289.66 489.52 1613.37 —

15 304.16 280.36 340.26 309.66 280.76 380.59 1668.53 12,019

30 304.26 275.96 341.96 307.96 277.66 351.63 1560.97 12,019

45 304.36 273.96 331.96 307.56 276.76 335.08 1548.56 12,019

60 304.66 273.96 327.16 308.46 276.36 344.73 1489.95 12,020

Table 5. 
Test results for R-22 refrigerant on the chiller test bench.
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evaporation temperatures of 278.46 K (5.4°C) and 269.16 K (−4.0°C), respectively. 
During 1 h of operation, the system was able to reduce the temperature and keep the 
water between 276.16 K (3°C) and 277.16 K (4°C).

5.2 Evaluation of R-290 refrigerant in bench tests with chiller

To perform this, the test bench with chiller was charged with a 370 g load of 
refrigerant R-290 for 90 min. Table 6 shows the results obtained with R-290 
refrigerant on the chiller test bench.

For the operation of the test bench, the load of R-22 refrigerant was removed 
and recovered, and then leakage was verified in the components of the test 
bench with nitrogen. Posteriorly, the bench was charged with 370 g of R-290 
refrigerant.

During the tests, it was possible to keep the water temperature close to 274.56 K 
(1.56°C) and consume 1.0 kW in 70 min of operation. The temperature differences 
measured at discharge were significantly smaller than those for R-22 refrigerant, as 

Figure 3. 
Variation in discharge temperature on test bench using R-22 refrigerant.

Figure 4. 
Variation of discharge pressure on test bench using R-22 refrigerant.
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Figure 3 above shows a large variation in the discharge temperature of the chiller 
test bench, as a function of operating time. In parallel to the measurement of the 
discharge temperature variation, the values of the system discharge pressure during 
operation were also measured, because the higher the temperature of the water to 
be cooled, the higher the condensing pressure, as can be seen in Figure 4, which 
shows the variation of discharge pressure.

The suction pressure determines at which temperature the refrigerant will 
evaporate, i.e., the vaporization pressure of the fluid. At the test bench, pressures 
ranged from 489.52 kPa (71 psig) to 335.08 kPa (48.7 psig), which correspond to the 

Time 
(min)

T1 (K) T2 (K) T3 (K) T4 (K) T5 (K) pSuc 
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pDesc (kPa) ECons (kW)

10 303.56 292.76 340.26 309.56 289.66 489.52 1613.37 —

15 304.16 280.36 340.26 309.66 280.76 380.59 1668.53 12,019

30 304.26 275.96 341.96 307.96 277.66 351.63 1560.97 12,019

45 304.36 273.96 331.96 307.56 276.76 335.08 1548.56 12,019

60 304.66 273.96 327.16 308.46 276.36 344.73 1489.95 12,020

Table 5. 
Test results for R-22 refrigerant on the chiller test bench.
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evaporation temperatures of 278.46 K (5.4°C) and 269.16 K (−4.0°C), respectively. 
During 1 h of operation, the system was able to reduce the temperature and keep the 
water between 276.16 K (3°C) and 277.16 K (4°C).

5.2 Evaluation of R-290 refrigerant in bench tests with chiller

To perform this, the test bench with chiller was charged with a 370 g load of 
refrigerant R-290 for 90 min. Table 6 shows the results obtained with R-290 
refrigerant on the chiller test bench.

For the operation of the test bench, the load of R-22 refrigerant was removed 
and recovered, and then leakage was verified in the components of the test 
bench with nitrogen. Posteriorly, the bench was charged with 370 g of R-290 
refrigerant.

During the tests, it was possible to keep the water temperature close to 274.56 K 
(1.56°C) and consume 1.0 kW in 70 min of operation. The temperature differences 
measured at discharge were significantly smaller than those for R-22 refrigerant, as 

Figure 3. 
Variation in discharge temperature on test bench using R-22 refrigerant.

Figure 4. 
Variation of discharge pressure on test bench using R-22 refrigerant.
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shown in Figure 5, which highlights the variation in bench discharge temperature 
with R-290 refrigerant.

It is observed in Figure 5 that the maximum discharge temperature measured 
on the chiller test bench, with R-290 refrigerant, was less than 331.36 K (59°C). The 
discharge pressure compared to that of R-22 refrigerant showed values up to 29% 
lower, with little fluctuation, as shown in Figure 6 that presents the pressure varia-
tion in the discharge plumbing.

It was observed that the suction pressure ranged from 317.16 to 344.75 kPa (46 
and 50 psig), corresponding to the respective evaporation temperatures of 269.16 K 
(−4°C) and 271.16 K (−2°C).

When comparing energy consumption, the chiller test bench with R-22 refriger-
ant consumed 1.0 kW of electricity to cool 40 l of water in 50 min of operation, 
while with R-290 refrigerant consumed 1.0 kW in 70 min of operation, i.e., with 
R-22 the bench consumed 1.2 kW/h, while with the R-290 the consumption was 
0.857 kW/h.

Figure 5. 
Variation in discharge temperature on test bench using R-290 fluid.

Time 
(min)

T1 (K) T2 (K) T3 (K) T4 (K) T5 (K) Psuc 
(kPa)

PDesc (kPa) Econs 
(kW)

0 305.66 294.26 324.96 306.76 275.66 317.15 1206.58 12,022

10 305.36 292.16 331.36 309.06 275.36 320.60 1292.76 12,022

20 306.56 287.96 325.16 307.46 275.36 344.75 1268.63 12,023

30 306.26 275.96 325.26 307.56 274.86 343.35 1268.63 12,023

40 306.46 275.26 325.26 307.46 274.86 341.29 1268.63 12,023

50 306.16 274.96 324.46 307.06 274.36 334.39 1247.95 12,023

60 305.46 274.66 323.46 306.16 274.66 327.50 1206.58 12,023

70 305.36 274.16 323.16 306.16 274.66 327.50 1206.53 12,023

80 304.66 273.76 322.76 305.76 274.76 327.50 1206.53 12,023

90 305.26 273.76 322.66 305.86 274.66 324.05 1213.48 12,024

Table 6. 
Test results with R-290 refrigerant on the chiller test bench.
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The cooling capacity of system    Q ̇    Ref    was 2326 W, so the performance coefficient 
(COP) can be calculated as shown in Eq. (1) and Eq. (2):

   COP  R−22   =     Q ̇     Ref   _  E  Cons  
   =   2326 _ 1200   = 1.9334  (1)

   COP  R−290   =     Q ̇     Ref   _  E  Cons  
   =   2326 _ 857   = 2.714  (2)

As calculated above, the R-290 refrigerant COP was 40% higher than of the R-22 
refrigerant.

5.3 Comparison between types of refrigerants

The graphs shown below are comparing pressure and temperature of the most 
common synthetic and natural fluids taken from the Danfoss application [27] and 
based on the National Institute of Standards and Technology (NIST) [28].

As presented in Tables 4 and 5, the R-22 substitute refrigerant is R-410A 
refrigerant. The R-410A is an almost azeotropic mixture composed of R-125 and 
R-32. It is a chemically stable product with low temperature glide and low toxicity. 
According to ASHRAE this fluid is classified as A1 in group L1.

Figure 7 shows a comparative graph between these two fluids for temperature 
and discharge pressure.

When compared to other refrigerants, R-410A has the highest working pressure, 
as shown in Figure 8, which evidences a comparative graph between dew temperature 
and operating pressure. Both refrigerants have 0 (zero) ODP, but the GWP is virtually 
unchanged around 1700, which implies in no advantage in this replacement. Besides 
that, R-410A has its days counted for discontinuation given the action of laws and 
protocols, in order to reduce the environmental pollution [1–3].

It can be seen from Figure 8 that R-410A refrigerant has higher cooling capacity 
and works at higher pressures than R-22 refrigerant. Because this product is not 
azeotropic, it should always be charged in air conditioning and liquid refrigeration 
systems. This gas is also not miscible with mineral oils, and therefore polyol-esters 
(POE) should be used.

Some comparative studies [20–23] have concluded that R-290 fluid is the natural 
one with thermodynamic properties more similar to R-22, as shown in Figure 9. 

Figure 6. 
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shown in Figure 5, which highlights the variation in bench discharge temperature 
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Figure 5. 
Variation in discharge temperature on test bench using R-290 fluid.
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(min)
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PDesc (kPa) Econs 
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40 306.46 275.26 325.26 307.46 274.86 341.29 1268.63 12,023

50 306.16 274.96 324.46 307.06 274.36 334.39 1247.95 12,023
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Table 6. 
Test results with R-290 refrigerant on the chiller test bench.
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The cooling capacity of system    Q ̇    Ref    was 2326 W, so the performance coefficient 
(COP) can be calculated as shown in Eq. (1) and Eq. (2):

   COP  R−22   =     Q ̇     Ref   _  E  Cons  
   =   2326 _ 1200   = 1.9334  (1)

   COP  R−290   =     Q ̇     Ref   _  E  Cons  
   =   2326 _ 857   = 2.714  (2)
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Furthermore, it would make it possible to simply replace one fluid to another with 
less but rigorous modifications to the equipment’s electrical system in order to 
prevent possible fire in case of leakage.

Notwithstanding the similarity with R-22, the R-290 fluid also works at temper-
atures and pressures close to those of the R-404A, indicating that it can be applied 
smoothly in these systems, as shown in Figure 10.

Between the most commonly used synthetic fluids, it can be seen from Figure 11 
that there is almost a pattern in temperature and pressure variation according to 
fluid composition.

By observing Figure 12, there is remarkable divergence, especially in the case of 
CO2 due to it is low critical temperature, which does not allow its direct use in air/
water condensation systems such as synthetic fluids.

It is important to note that each type of refrigerant has its applications for each 
type of air conditioning and refrigeration system and that they should not be 
mixed, requiring specific procedures for replacing the refrigerant charge.

Figure 7. 
Comparative graph between R-22 and R-410A refrigerants. Source: Danfoss [27].

Figure 8. 
Comparative graph between the most commonly used refrigerants in Brazil. Source: Danfoss [27].
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Figure 9. 
Pressure–temperature relation between R-22 and R-290 refrigerants. Source: Danfoss [27].

Figure 10. 
Parameters of synthetic and natural fluids. Source: Danfoss [27].

Figure 11. 
Pressure-temperature relation between azeotropic and zeotropic synthetic fluids. Source: Danfoss [27].
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6. Conclusions

What is expected of this work is the development of discussions regarding the 
use and disposal of F-gases, so that they can create more effective control mecha-
nisms, not only to the process of replacement of refrigerants CFCs by HFCs but also 
to controlling the use and especially the disposal of these refrigerants in a controlled 
manner, preventing the reuse and release of these types of refrigerants in nature.

The tests performed on ClimaTConT of the UFPA were extremely satisfactory, and 
with the information obtained from the test bench with chiller, it is possible to realize 
that the current replacement of R-22 with R-410A is not necessarily the best choice for 
air conditioning systems, because the various indicators, such as ODP and GWP, do 
not vary widely, which does not contribute to the reduction of ozone depletion.

In the face of all the information listed, some immediate actions should be taken:

• Refrigerant replacement or retrofit:

 ○ The impact of CFCs on the ozone layer is a serious risk to human survival. 
Therefore, some short-term actions should be taken, such as:

1. Effecting the transition phase where R-12 should be replaced by R-134a, 
and R-11 by R-123. Other substitutes with ODP less than 0.05 should be 
used to replace CFCs. It is important to note that HCFCs themselves will 
begin to be restricted from the year 2004.

2. HFCs and their zeotropic mixtures can be used without restrictions: The 
R-404A replacing R-502 and R-407C replacing R-22. There are refrig-
eration systems where these replacements can be made with very small 
cooling capacity losses and efficiency.

3. Developing control mechanisms for the recovery of refrigerants used in 
residential, commercial, and industrial air conditioning and refrigera-
tion equipment, such as recovery of fluids for recycling and/or disposal, 
preventing these fluids from being released into the local environment.

Figure 12. 
Pressure-temperature relation between natural fluids. Source: Danfoss [27].
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4. Development of studies, individualized, aimed at reducing the refriger-
ant charge used in air conditioning and refrigeration systems.

 ○ It is important to be careful with the safety equipment required when work-
ing with natural refrigerants such as R-290 and R-600a as they are flam-
mable and must have their concentrations controlled.

 ○ Responsible companies must be required to use basic equipment such as a 
vacuum pump, refrigerant recovery unit, and precision scale for the installa-
tion and maintenance of HVAC systems.

• Popular programs must be created with training and recycling courses for those 
involved in the installation, maintenance, and operation of HVAC systems.

• During the manufacture, installation, operation, and maintenance of air con-
ditioning and refrigeration systems using CFCs and HCFCs, deliberate leakage 
of these products into the environment should be avoided.

• Avoid emissions of CFCs and HCFCs by recovery, recycling, and reprocessing 
of refrigerants.

It is important that users are aware of the origin of the refrigerant to be used in 
air conditioning and refrigeration systems or in industrial processes, obeying the 
standards of purity and quality, within international standards. One must also pay 
attention to the classification of flammability and toxicity and know the rules and 
regulations governing this area (ASHRAE 34 and ARI 700).

According to the experience of the members of the UFPA “Resfriar Project,” 
coupled with the knowledge of ABRAVA [14], Table 7 points out the alternatives 
and trends for the replacement of the most commonly used refrigerant in cooling 
and air conditioning systems according to their applications, in the transition or 
retrofitting phase.

Considering the actual scenario in Brazil, the lack of reliable information about 
leaks in air conditioning and refrigeration systems precludes further analysis. In 
any case, informal data obtained from companies operating in the maintenance 

Application Refrigerant used Alternative Trend

Domestic 
refrigeration

R-11 to R-123
R-12 to R-134a

Recycling R-600a, HFO

Commercial 
refrigeration

HCFC-22 HFC-404A, CO2, ISCEON, 
recycling, HFO, HC, 

R-134a, glycol

HFC-404A, CO2, ISCEON, 
recycling, HFO, HC, 

R-134a, glycol

Industrial 
refrigeration

Ammonia, 
HCFC-22, 
HFC-134a

R-134a, ammonia, 
recycling

Ammonia, R-134a, 
recycling, HFO

Automotive 
refrigeration

R-22 to R-134a R-134a, recycling R-123yf, CO2

Climatization 
systems

HCFC-22 HFCs (R-134a, R-290, 
R-407C, R-410A, and 

R-600a)

R-290, R-410A, R-32, 
R-600a, recycling, HFO

Source: ABRAVA [14].

Table 7. 
Alternatives and substitution trends of refrigerants according to their applications.
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segment indicate that annual leakage rates can be between 40 and 100%, depending 
on the frequency of maintenance performed [15].

This work proved that even with the reduction in the refrigerant charge used on 
the chiller test bench, it was possible to improve the system efficiency by replacing 
an HCFC refrigerant with a natural refrigerant, following a worldwide trend of 
reduction of the refrigerant charge used in air conditioning and cooling systems.
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Chapter 6

Effect of Nanoparticles on
Performance Characteristics of
Refrigeration Cycle
Ravinder Kumar

Abstract

Since few years, researchers are introduced nanorefrigerant in the recent
development of refrigeration systems. This chapter briefly summarizes the
behavior of different nanoparticles in vapor compression refrigeration cycle. The
nanoparticles’ infusion in refrigeration cycle affects the viscous behavior of the
refrigerant. It is found that very limited studies have been done on viscosity char-
acteristics of nanolubricants, but few reports states that viscosity increases with
nanoparticles additive which improves the tribology of compressor. But inversely,
the increment of viscosity promotes to the possible pressure drop in the system
which eventually drops the cycle performance. The optimum contribution of
nanorefrigerant with high thermal conductivity and low viscosity is the success key
of system performance with nanoparticles. However, it is found that the contribu-
tion of nanoparticles on the basis of physical phenomena that are affecting the
vapor compression cycle is limited in the literature. This chapter aims to make
a review on the mechanism of improving vapor compression cycle by using
nanorefrigerants.

Keywords: nanorefrigerants, nanolubricants, compressor work,
coefficient of performance, heat transition

1. Introduction

Nanorefrigerant was defined to complete the objective of improving thermal
performance using little possible fraction of nanoparticles in the base refrigerant.
An improved term of refrigerant known as “nanorefrigerant” firstly introduced and
experimentally implemented by Wang et al. [1]. The addition of nanoparticles in
refrigerant improves the system performance in terms of improvement in flow and
pool boiling heat transfer characteristics as well as flowing pool condensation heat
transfer [2, 3]. Nowadays, nanorefrigerant and nanolubricant became a great alter-
nate to enhance the performance of cooling cycles in terms of tribology perfor-
mance, heat mass transfer properties and refrigerant/oil mixture relations [4–7].
Specifically, nanorefrigerant improves the heat transfer coefficient at evaporation
and condensation whereas a nanolubricant improves the tribology characteristics
which ultimately increase the compressor performance. The expected volume
concentration of nanoparticles is calculated using Eq. (1).
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Performance Characteristics of
Refrigeration Cycle
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Abstract

Since few years, researchers are introduced nanorefrigerant in the recent
development of refrigeration systems. This chapter briefly summarizes the
behavior of different nanoparticles in vapor compression refrigeration cycle. The
nanoparticles’ infusion in refrigeration cycle affects the viscous behavior of the
refrigerant. It is found that very limited studies have been done on viscosity char-
acteristics of nanolubricants, but few reports states that viscosity increases with
nanoparticles additive which improves the tribology of compressor. But inversely,
the increment of viscosity promotes to the possible pressure drop in the system
which eventually drops the cycle performance. The optimum contribution of
nanorefrigerant with high thermal conductivity and low viscosity is the success key
of system performance with nanoparticles. However, it is found that the contribu-
tion of nanoparticles on the basis of physical phenomena that are affecting the
vapor compression cycle is limited in the literature. This chapter aims to make
a review on the mechanism of improving vapor compression cycle by using
nanorefrigerants.
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coefficient of performance, heat transition
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where, ø is the volume fraction in percentage, ρp and ρL are the density of
nanoparticles and density of the lubricant respectively; and mp and mL are the
masses of nanoparticles and lubricants respectively. The formation of
nanorefrigerant is possible as shown in Figure 1.

The present chapter aims to define the mechanism that steers towards improve-
ment in overall VCR cycle performance using nanolubricants and nanorefrigerants.
The authors’ hope that this paper will be useful to define the research gaps and
understands the contribution of nanorefrigerants and nanolubricants in
refrigeration cycle.

2. Improvement in VCR system performance

The section consists of four sub-sections. First part concerns research findings
related to Al2O3 nanoparticles and the other parts deals with review studies related
to CuO, TiO2 and CNT nanoparticles. The schematic diagram of refrigeration cycle
is shown in Figure 2.

2.1 Studies related to Al2O3

Till date, researchers developed various methods to improve heat transfer char-
acteristics of refrigerants inside the vertical and horizontal tubes. Adding
nanoparticles to base refrigerant is one of the most efficient methods to enhance the
thermal characteristics of refrigerant.

Figure 1.
Formation of nanorefrigerant in VCR cycle.

Figure 2.
Schematic diagram of vapor compression refrigeration cycle.
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Jwo et al. [8] dispersed 0.1% mass fraction of Al2O3 particles in polyester oil and
reported 2.4% reduction in compressor work. Mahbubul et al. [9, 10] reported
significant increment in thermal conductivity and viscosity with Al2O3

nanoparticles dispersed in R141b. Later, the author observed increment in heat
transfer coefficient and pressure drop up to 383 and 181%, respectively using
particle volume fraction between 1 and 5% with fixed mass flux of 100 kg/m2 s.
Mahbubul et al. [11] reported large frictional pressure drop of R134a/Al2O3

nanorefrigerant as compared to R113/CuO nanorefrigerant flows inside horizontal
smooth tube due to higher vapor quality [12].

Sun and Yang [13] studied the effect of Alumina-R141b, Cu-R141b, Al-R141b
and CuO-R141b with mass fractions 0.1–0.3 wt% in a computer aided test rig on
flow boiling heat transfer in horizontal tube and reported that Cu-R141b
nanorefrigerant had the highest heat transfer coefficient as compared to other
mixtures. Kedzierski [14] dispersed 1.6% volume fraction of Al2O3 in R134a/POE
mixture flows on a horizontal and rough flat surface and found that higher volume
fraction of nanoparticles with low average diameter has greater positive effect on
heat transfer characteristics of base refrigerant. Further, Kedzierski [15] investi-
gated the effect of Al2O3 nanoparticles on the pool boiling characteristics of R134a/
POE mixture inside the rectangular finned surface and reported that 3.6% nano-
particle volume fraction enhanced the boiling heat transfer performance up to
113%. Tang et al. [16] reported that using δ-Al2O3 with R141b significantly
improved pool boiling heat transfer coefficient in the system but adding surfactant
at higher concentration corrupted the heat transfer process.

Mahbubul et al. [17] dispersed Al2O3 in R141b refrigerant for thermal conduc-
tivity and viscosity investigation. The author reported that viscosity and thermal
conductivity of R141b/Al2O3 nanorefrigerant at 2% volume fraction are 179 and
1.626 times greater than pure refrigerant. Jwo et al. [8] used 0.05–2% weight
fraction of Al2O3 particles with R134a and R12, respectively and reported that R134a
refrigerant replaces R12, as polyester oil replaces mineral oil. Further, 0.1 wt%
fraction of nanoparticles in R134a refrigerant reduced the energy consumption by
2.4% which significantly improved the COP of refrigerator. Kumar and Elansezhian
[18] experimentally investigated the effect of R134a/Al2O3/PAG blend on the over-
all performance of VCR cycle and observed lower energy consumption by 10.32%.
Author stated that using nanoparticle in refrigeration system is a cost effective
method which improve its COP and length of capillary tube is reduced.

Subramani and Prakash [19] observed 25% less energy consumption and 33%
overall COP enhancement in VCR cycle using Al2O3 nanorefrigerant. The freezing
capacity of the cycle was also improved. Yusof et al. [20] dispersed 0.2% Al2O3

particles in polyester (POE) lubricant and reported 7% improvement in system COP
and 2.1% reduction at compressor energy consumption. Cremaschi et al. [21] stud-
ies that alumina nanoparticles did not improve the solubility between refrigerant
and lubricant, while addition of nanoparticles had slightly lowered the solubility of
R410a/POE.

2.2 Studies related to CuO

Kedzierski and Gong [22, 23] observed heat transfer improvement between 50
and 275% using 0.5% mass fraction of CuO particles with R134a/RL68H and R134a/
POE blend. Moreover, R134a/RL68H blend shows higher heat transfer enhance-
ment as compared to the R134a/POE blend. In Later study, the author used 2 Vol%
fraction of CuO particles in R134a refrigerant and reported nanorefrigerant has
higher heat flux. Bartelt et al. [24] dispersed 0.5–1% mass fraction of CuO
nanoparticles in R134a/polyester blend in horizontal flow boiling conditions and
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found 42–82% and 50–101% heat transfer enhancement for 1 and 2% mass fraction
respectively. Peng et al. [25] dispersed 0.1 and 0.5 wt% CuO nanoparticles in R113
refrigerant to study heat transfer performance inside a horizontal rough pipe and
reported 29.7% HTC using nanoparticles in base refrigerant. Henderson et al. [26]
reported lower heat transfer performance with 0.5 and 0.05 vol% of CuO and SiO2

nanoparticles dispersed in R134a and R134a/POE blend during boiling flow condi-
tions in horizontal tube. Further, the author used 0.02, 0.04 and 0.08 vol% of CuO
nanoparticles in R134a/POE blend and observed that nanoparticle with 0.04 and
0.08 vol% improved heat transfer performance up to 52 and 76%, respectively.
Kedzierski and Gong [27] dispersed 0.5% mass fraction of CuO nanoparticles
in polyester oil and observed 275% improvement in heat transfer with base
refrigerant R134a.

Later, Bartelt et al. [28] extended the experiment of Kedzierski and Gong [27]
and observed that 2% concentration of CuO nanoparticles gives the highest
improvement up to 101% (Tables 1 and 2) [29, 46].

Abdel-Hadi et al. [30] experimentally found that CuO nanoparticles with aver-
age size 25 nm and concentration 0.55% is an optimum value which significantly
enhanced the evaporative heat transfer coefficient. Kumar et al. [29] observed 7%
reduction in compressor energy consumption and 46% enhancement in COP with
dispersion of 0.2–1 wt% fraction of CuO nanoparticles in compressor lubricant.
Moreover, the author reported reduction in friction and wear in compressor using
nanoparticles in base lubricant. Peng et al. [31] used Cu nanoparticle in R113/VG68
(ester oil) mixture. It was observed that using Cu nanoparticles with average size
of 20 nm strongly improved the heat transfer performance up to 23.8% as compared
to other particles sizes of 50 and 80 nm. Akhavan-Behabadi et al. [32] found 83%
increment in heat transfer rate with 1.5% mass fraction of CuO nanoparticles
dispersed in R600a/polyester oil condensed inside the smooth horizontal tube
(Figures 3 and 4) [29, 41, 46].

2.3 Studies related to TiO2

Wang et al. [1] performed among the first experimental study using
nanorefrigerant which proves that cooling speed and COP of domestic refrigerator
significantly enhanced by utilizing TiO2 nanoparticles in R134a based system. Further,
Jiang et al. [33] studied the thermal conductivity using new theory and compared with
the experimental data using different R22 nanorefrigerant fractions. The investigation
proved that particle aggregation theory and the resistance network is a useful method

Nanoparticles concentration 0% 0.2% 0.4% 0.6% 0.8% 1.0%

Energy consumption (kW) 0.113 0.112 0.10 0.107 0.105 0.105

Energy saving (%) — 0.79 3.37 5.55 7.31 7.31

Table 1.
Compressor energy consumption using distinct nanoparticle fractions [29].

Nanoparticles concentration 0% 0.2% 0.4% 0.6% 0.8% 1.0%

Energy consumption (kW) 0.1323 0.1278 0.1250 0.1236 0.1224 0.1224

Energy saving (%) — 3.40 5.51 6.57 7.48 7.48

Table 2.
Compressor energy consumption of LPG/MO mixture using distinct nanoparticle fractions [46].
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to calculate the thermal conductivity properties of nanorefrigerant. Li et al. [34]
observed that significant improvement at heat transfer coefficient of R11 refrigerant
using TiO2 particles. Trisaksri andWongwises [35] experimentally observed that
nucleate pool boiling heat transfer coefficient (HTC) of using R141b refrigerant
decreases with increment of TiO2 nanoparticle fractions at high heat fluxes.

Mahbubul et al. [36] found that pressure drop increases with the addition of
TiO2 gradually in base refrigerant. Trisaksri and Wongwises [37] reported that
increasing the particle volume fraction decreased the boiling heat transition rate
and adding TiO2 particles in base refrigerant R141b deteriorated the heat flow.
Bobbo et al. [38] experimentally investigated a study in order to define the effect of
TiO2/carbon nanohorns (SWCNH) dispersion on the tribology of compressor poly-
ester oil (SW32). The author reported better performance of TiO2/SW32 blend

Figure 3.
Viscous behavior of mineral oil appended with CuO nanoparticles [29].

Figure 4.
COP comparison of the refrigerant cycle appended with different refrigerants/nanoparticles.
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compared to pure SW32 and SW32/SWCNH mixtures. Bi et al. [39] dispersed TiO2

nanoparticles in R600a refrigerant through compressor lubricant and observed
significant increment in freezing capacity about 9.60% by reducing energy con-
sumption up to 5.94% using 0.1 and 0.5 g/L TiO2 nanoparticle. Sabareesh et al. [40]
used 0.05–0.015 vol% TiO2 nanoparticles in compressor lubricant and observed that
0.01 vol% is optimum fraction value for better tribological properties. The author
reported 17% improvement in COP and 11% reduction compressor energy con-
sumption using nanoparticles with R12. Adelekan et al. [41] observed better COP in
refrigerant cycle using TiO2/MO nanolubricant instead of R134a/MO.

2.4 Studies related to CNTs and other nanoparticles

Jiang et al. [42] reported 50–104% increment in thermal conductivity with
distinct particle fractions and diameters of CNTs dispersed in R113 refrigerant. The
author declared 1.0 vol% fraction of CNT as optimum value. Park and Jung [43]
performed nucleate boiling heat transfer analysis for CNTs with 1 vol% fraction
using R123 and R134a refrigerants. The results found that heat transfer rate was
improved (up to 36.6%) at low heat fluxes while it starts decreases at large heat
fluxes. Peng et al. [44] reported 61% improvement in heat transfer coefficient with
CNTs dispersed in R113/oil blend. Moreover, the author found that higher length
and smaller outer diameter increased the heat transfer coefficient. Jiang et al. [42]
conducted an experimental study on carbon nanotubes (CNTs) based nanofluids
and proposed a modified Yu-Choi model which defined a decent deviation about
5.5% from the experimental result. Henderson et al. [45] used SiO2 particles in
polyester oil and reported 55% reduction in flow boiling performance due to the
difficulties in nanolubricant dispersion and stability. Whereas, using Al2O3/POE
nanolubricant results the great heat transfer improvement.

Kumar and Singh [46] reported 7.48% less energy consumption and 48% higher
COP with 1.0 wt% of ZnO nanoparticles dispersed in R290/R600a/MO blend. Peng
et al. [47] dispersed diamond nanoparticles in R113/VG68 blend to study nucleate
boiling heat transfer coefficient. The author reported 63.4% enhancement in HTC
using 0.05–0.5 wt% of nanoparticles fractions. Moreover, the study was compared
with CuO/oil blend and found that diamond nanoparticles have higher impact on
heat transfer characteristics. Kedzierski [48] reported 98% improvement in boiling
heat transfer with 0.5%, 1% and 2% mass fractions of diamond nanoparticles dis-
persed in R134a. Naphon et al. [49] concentrated on the effect of Ti nanoparticles
on the efficiency of copper heat pipe using R11 as base refrigerant. The study
reported 0.01% nanoparticle fraction give highest efficiency ratio. Wang et al. [50]
used a new category of nano oil which is created by mixing NiFe2O4 nanoparticles
into naphthene-based oil B32 as an alternate to polyester VG32 and observed 6%
improvement in overall COP.

3. Conclusions and future work

In present chapter, the studies of the previous findings on the heat transition
characteristics, solubility and system performance of vapor compression refrigera-
tion cycle has been presented. The literature related to pool boiling heat transfer
enhancement of refrigerants and rheological behavior of lubricants using
nanoparticles critically reviewed. The use of nanorefrigerants were improved the
heat transfer performance of VCR system especially in nucleate and pool boiling
heat transfer. CNTs can be considered as a best candidate for heat transfer
enhancement of base refrigerants in comparison with the other nanoparticles.
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The heat transfer rate increases with decreases nanoparticle dimension while the
pressure drop decreases with decreases nanoparticles dimension.

The nanolubricants have great tribology characteristics in terms of wear rate and
friction reduction in comparison with base lubricants. TiO2 and CuO are best
nanoparticles especially in improvement in tribology characteristics of compressor.
It is reported that COP and freezing speed in cooling cycles is increased through
application of nanoparticles in base refrigerants. It is found that improvement in
VCR system parameters strongly depends on nanoparticle concentration. Thus,
optimum value of particle fraction must be defined for better and stable results.

Furthermore, the below mentioned suggestions can be considering in future
works:

1.As the nanoparticles concentration has great effect on thermophysical and
tribology properties of refrigerants/lubricants, the study is needed to find the
optimum nanorefrigerants and nanolubricants from the perspective of particle
size, shapes and flow conditions.

2.The study on analytical models for the prediction of physical properties is so
limited. Future works are needed to viral this study.

3.The study on condensation and evaporation flow of nanorefrigerants is very
limited. It needs to elaborate.

4.There are no studies available related to effect of nanoparticles on new blend
refrigerants such as R1234f.

5.The studies on the use of nanoparticles with natural refrigerants such as NH3

and CO2 not performed.

6.As per literature survey, several studies have been done on positive behavior of
nanoparticles on heat transfer enhancement of refrigerants. The studies related
to effect of nanoparticles on basic physical phenomena are somewhere
missing.

7.There are no studies available on the flow of nanorefrigerants inside the
microchannels and corrugated tubes.
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COP with 1.0 wt% of ZnO nanoparticles dispersed in R290/R600a/MO blend. Peng
et al. [47] dispersed diamond nanoparticles in R113/VG68 blend to study nucleate
boiling heat transfer coefficient. The author reported 63.4% enhancement in HTC
using 0.05–0.5 wt% of nanoparticles fractions. Moreover, the study was compared
with CuO/oil blend and found that diamond nanoparticles have higher impact on
heat transfer characteristics. Kedzierski [48] reported 98% improvement in boiling
heat transfer with 0.5%, 1% and 2% mass fractions of diamond nanoparticles dis-
persed in R134a. Naphon et al. [49] concentrated on the effect of Ti nanoparticles
on the efficiency of copper heat pipe using R11 as base refrigerant. The study
reported 0.01% nanoparticle fraction give highest efficiency ratio. Wang et al. [50]
used a new category of nano oil which is created by mixing NiFe2O4 nanoparticles
into naphthene-based oil B32 as an alternate to polyester VG32 and observed 6%
improvement in overall COP.

3. Conclusions and future work

In present chapter, the studies of the previous findings on the heat transition
characteristics, solubility and system performance of vapor compression refrigera-
tion cycle has been presented. The literature related to pool boiling heat transfer
enhancement of refrigerants and rheological behavior of lubricants using
nanoparticles critically reviewed. The use of nanorefrigerants were improved the
heat transfer performance of VCR system especially in nucleate and pool boiling
heat transfer. CNTs can be considered as a best candidate for heat transfer
enhancement of base refrigerants in comparison with the other nanoparticles.
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The heat transfer rate increases with decreases nanoparticle dimension while the
pressure drop decreases with decreases nanoparticles dimension.

The nanolubricants have great tribology characteristics in terms of wear rate and
friction reduction in comparison with base lubricants. TiO2 and CuO are best
nanoparticles especially in improvement in tribology characteristics of compressor.
It is reported that COP and freezing speed in cooling cycles is increased through
application of nanoparticles in base refrigerants. It is found that improvement in
VCR system parameters strongly depends on nanoparticle concentration. Thus,
optimum value of particle fraction must be defined for better and stable results.

Furthermore, the below mentioned suggestions can be considering in future
works:

1.As the nanoparticles concentration has great effect on thermophysical and
tribology properties of refrigerants/lubricants, the study is needed to find the
optimum nanorefrigerants and nanolubricants from the perspective of particle
size, shapes and flow conditions.

2.The study on analytical models for the prediction of physical properties is so
limited. Future works are needed to viral this study.

3.The study on condensation and evaporation flow of nanorefrigerants is very
limited. It needs to elaborate.

4.There are no studies available related to effect of nanoparticles on new blend
refrigerants such as R1234f.

5.The studies on the use of nanoparticles with natural refrigerants such as NH3

and CO2 not performed.

6.As per literature survey, several studies have been done on positive behavior of
nanoparticles on heat transfer enhancement of refrigerants. The studies related
to effect of nanoparticles on basic physical phenomena are somewhere
missing.

7.There are no studies available on the flow of nanorefrigerants inside the
microchannels and corrugated tubes.
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Chapter 7

Modeling of the Energy for Bound
Water Freezing in Logs Subjected
to Refrigeration
Nencho Deliiski and Natalia Tumbarkova

Abstract

This study suggests an approach for modeling of the total thermal energy
needed for freezing the bound water in logs subjected to refrigeration. The
approach maximally considers the physics of the freezing process of the bound
water in wood. It considers the nonstationary change in the icing degree of logs
formed by the crystallization of the bound water in them, as well as the influence of
the fiber saturation point of each wood species on its current amount of nonfrozen
bound water depending on temperatures below �1°C. Mathematical descriptions
of the thermal energy of the phase transition of bound water in logs and also of the
latent thermal energy of the bound water released in logs during their freezing have
been executed. These descriptions were introduced in our own 2D nonlinear
mathematical model of the freezing process of logs. The model was transformed in
a form suitable for programming with the help of explicit schemes of the finite
difference method. For the solution of the model and energy simulations with it,
a software program was prepared, which was input into the calculation
environment of Visual Fortran Professional.

Keywords: logs, refrigeration, bound water, freezing, latent heat, thermal energy

1. Introduction

It is known that the duration and the energy consumption of the thermal
treatment of frozen logs in winter, aimed at their plasticizing for the production of
veneer, depend on the degree of the logs’ icing [1–10].

In the accessible specialized literature, there are limited reports about the
temperature distribution in frozen logs subjected to defrosting [8, 11–21], and there
is very little information about the research of the temperature distribution in logs
during their freezing given by the authors only [22–24]. That is why the modeling
and the multiparameter study of the freezing process of logs are of considerable
scientific and practical interest.

For different engineering, technological, and energy calculations, it is necessary
to be able to determine the nonstationary temperature field in logs depending on
the temperature of the gaseous or liquid medium influencing them and on the
duration of their staying in this medium. Such calculations are carried out using
mathematical models, which describe adequately the complex processes of freezing
both the free and bound water in the wood. In the specialized literature,
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Chapter 7

Modeling of the Energy for Bound
Water Freezing in Logs Subjected
to Refrigeration
Nencho Deliiski and Natalia Tumbarkova

Abstract

This study suggests an approach for modeling of the total thermal energy
needed for freezing the bound water in logs subjected to refrigeration. The
approach maximally considers the physics of the freezing process of the bound
water in wood. It considers the nonstationary change in the icing degree of logs
formed by the crystallization of the bound water in them, as well as the influence of
the fiber saturation point of each wood species on its current amount of nonfrozen
bound water depending on temperatures below �1°C. Mathematical descriptions
of the thermal energy of the phase transition of bound water in logs and also of the
latent thermal energy of the bound water released in logs during their freezing have
been executed. These descriptions were introduced in our own 2D nonlinear
mathematical model of the freezing process of logs. The model was transformed in
a form suitable for programming with the help of explicit schemes of the finite
difference method. For the solution of the model and energy simulations with it,
a software program was prepared, which was input into the calculation
environment of Visual Fortran Professional.

Keywords: logs, refrigeration, bound water, freezing, latent heat, thermal energy
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information about 2D temperature distribution in logs subjected to freezing was
given by the authors [22–24]. In the available literature for hydrothermal treatment
of frozen wood materials, there is no information at all about the quantitative
determination of the energy characteristics of both the free and bound water during
their freezing in the wood or in other capillary porous materials.

The aim of the present work is to suggest a methodology for mathematical
modeling and research of two mutually connected problems: 2D nonstationary
temperature distribution in logs subjected to refrigeration and change in two
important energy characteristics of the bound water in logs during its freezing—
thermal energy of the gradual phase transition of bound water from liquid into
solid state and latent thermal energy of the bound water released in the logs
at temperatures below �1°C.

2. Mathematical model of the 2D temperature distribution in logs
subjected to refrigeration

2.1 Mechanism of the temperature distribution in logs during their
refrigeration

The mechanism of the temperature distribution in logs during their refrigeration
can be described by the equation heat conduction [2, 5, 8–10].

When the length of the logs is less than their diameter by at least 3–4 times,
for the calculation of the change in the temperature in the longitudinal sections
of the logs (i.e., along the coordinates r and z of these sections) during
their refrigeration in the air medium, the following 2D mathematical model
can be used [23]:

cweρw
∂T r; z; τð Þ

∂τ
¼ λwr

∂
2T r; z; τð Þ

∂r2
þ 1

r
:
∂T r; z; τð Þ

∂r

� �
þ ∂λwr

∂T
∂T r; z; τð Þ

∂r

� �2

þ λwp
∂
2T r; z; τð Þ

∂z2
þ ∂λwp

∂T
∂T r; z; τð Þ

∂z

� �2
þ qv

(1)

with an initial condition

T r; z;0ð Þ ¼ Tw0 (2)

and boundary conditions for convective heat transfer:

• along the radial coordinate r on the logs’ frontal surface during the cooling
process

∂T r;0; τð Þ
∂r

¼ � αwp‐fr r;0; τð Þ
λwp r;0; τð Þ T r;0; τð Þ � Tm‐fr τð Þ½ �, (3)

• along the longitudinal coordinate z on the logs’ cylindrical surface during the
cooling

∂T 0; z; τð Þ
∂z

¼ � αwr‐fr 0; z; τð Þ
λwr 0; z; τð Þ T 0; z; τð Þ � Tm‐fr τð Þ½ �: (4)

Equations (1)–(4) represent a common form of a mathematical model of the
logs’ freezing process.
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2.2 Mathematical description of the heat sources in logs during their freezing

The volume internal heat source in the logs, qv, reflects in Eq. (1) the
influence of the latent heat of water in the wood on the logs’ freezing process. In
the available literature for hydrothermal treatment of frozen wood materials,
no information can be found on the approaches for quantitative determination
of the heat source qv.

That is why as a methodology for the determination of qv during the freezing
of logs, in [23], a perspective is used, which is already applied for determination of
the volume heat source, qvM, during the process of solidification of melted metal
[25–28]. According to this methodology, the following equations for determination
of the volume internal sources of latent heat separately of the free and the bound
water in wood during the logs’ freezing process have been obtained [23]:

qv‐fw ¼ Kψ�fwρwLcr‐ice
∂ψ ice‐fw

∂τ
, (5)

qv‐bw ¼ Kψ�bwρwLcr‐ice
∂ψ ice‐bw

∂τ
, (6)

where Lcr�ice = 3.34�105 J�kg�1 [2, 5, 22–24] and

Kψ�fw ¼ ρw � 1�Ψice‐fwð Þ � ρwUfsp

Ψice‐fw � ρw
, (7)

Kψ�bw ¼ ρwUfsp � 1� Ψice‐bwð Þ � ρwUnfw

Ψice‐bw � ρw
: (8)

A numerical approach and an algorithm for the computation of Ψice‐fw
and Ψice‐bw are given in [23]. The difference ρw � ρwUfsp in the right-hand part of
Eq. (7) reflects the entire mass of free water (in kg), which is contained in 1 m3

of the logs. The wood densities ρw and ρwUfsp, which participate in Eqs. (7) and
(8), are determined above the hygroscopic range according to the equations
below [1–19, 29]:

ρw ¼ ρb � 1þ uð Þ, (9)

ρwUfsp ¼ ρb � 1þ ufsp
� �

: (10)

The density of the wood ρwUnfw in Eq. (8) is determined according to the
following equation in relation to the present entirely liquid quantity of nonfrozen
water in the wood, unfw, corresponding to the current wood temperature Т
< 272.15 K [2, 10]:

ρwUnfw ¼ ρb �
1þ unfw

1� Sv
100 u272:15fsp � unfw

� � , (11)

where

u272:15fsp ¼ u293:15fsp þ 0:021, (12)

unfw ¼ 0:12þ u272:15fsp � 0:12
� �

� exp 0:0567 T � 272:15ð Þ½ �@213:15K≤T≤272:15K:

(13)
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2.3 Introducing the mathematical description of heat sources into the
mathematical model

After substituting qv in Eq. (1) by the expression for qv‐fw from Eq. (5) and of
∂ψ ice‐fw

∂τ in this expression by ∂ψ ice‐fw
∂τ � ∂Т

∂Т, it is obtained that

ρw � cwe‐fr‐fw
∂T r; z; τð Þ

∂τ
¼ λwr

∂
2T r; z; τð Þ

∂r2
þ 1

r
:
∂T r; z; τð Þ

∂r

� �
þ ∂λwr

∂T
∂T r; z; τð Þ

∂r

� �2
þ

λwz
∂
2T r; z; τð Þ

∂z2
þ ∂λwz

∂T
∂T r; z; τð Þ

∂z

� �2
þ Kψ�fwρwLcr‐ice

∂ψ ice‐fw
∂τ

� ∂T r; z; τð Þ
∂T

:

(14)

For the freezing of the free water in the wood, Eq. (14) is transformed in the
following form:

ρw cwe‐fr‐fw � Kψ�fwLcr‐ice
∂ψ ice‐fw
∂T

� �
� ∂T r; z; τð Þ

∂τ
¼ λwr

∂
2T r; z; τð Þ

∂r2
þ 1

r
:
∂T r; z; τð Þ

∂r

� �
þ

∂λwr

∂T
∂T r; z; τð Þ

∂r

� �2
þ λwz

∂
2T r; z; τð Þ

∂z2
þ ∂λwz

∂T
∂T r; z; τð Þ

∂z

� �2
:

(15)

Equation (15) can be represented, as follows:

ρw � cwe‐fr‐fw ∗ � ∂T r; z; τð Þ
∂τ

¼ λwr
∂
2T r; z; τð Þ

∂r2
þ 1

r
:
∂T r; z; τð Þ

∂r

� �
þ

∂λwr

∂T
∂T r; z; τð Þ

∂r

� �2
þ λwz

∂
2T r; z; τð Þ

∂z2
þ ∂λwz

∂T
∂T r; z; τð Þ

∂z

� �2
:

(16)

The effective specific heat capacity cwe‐fr‐fw ∗ in Eq. (16) is equal to

cwe‐fr‐fw ∗ ¼ cwe‐fr‐fw � Kψ�fwLcr‐ice
∂ψ ice‐fw
∂T

¼ cwe�fr�fw � cLat�fw, (17)

where cwe�fr�fw is the effective specific heat capacity of the wood during freez-
ing only of the free water in it, J�kg�1�K�1, and cLat�fw is the specific heat capacity,
which is formed by the release of the latent heat of the free water during its
crystallization in the wood, J�kg�1�K�1.

After substituting qv in Eq. (1) by the expression for qv‐bw from Eq. (6) and of
∂ψ ice‐bw

∂τ in this expression by ∂ψ ice‐bw
∂τ � ∂Т

∂Т, it is obtained that

ρwcwe‐fr‐bw
∂T r; z; τð Þ

∂τ
¼ λwr

∂
2T r; z; τð Þ

∂r2
þ 1

r
:
∂T r; z; τð Þ

∂r

� �
þ ∂λwr

∂T
∂T r; z; τð Þ

∂r

� �2
þ

λwp
∂
2T r; z; τð Þ

∂z2
þ ∂λwp

∂T
∂T r; z; τð Þ

∂z

� �2
þ Kψ�bwρwLcr‐ice

∂ψ ice‐bw
∂τ

� T r; z; τð Þ
∂T

:

(18)

For the case of freezing the bound water in the wood, Eq. (18) is transformed in
the following form:
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ρw cwe‐fr‐bw � Kψ�bwLcr‐ice
∂ψ ice‐bw

∂T

� �
� ∂T r; z; τð Þ

∂τ
¼ λwr

∂
2T r; z; τð Þ

∂r2
þ 1

r
:
∂T r; z; τð Þ

∂r

� �
þ

∂λwr

∂T
∂T r; z; τð Þ

∂r

� �2
þ λwp

∂
2T r; z; τð Þ

∂z2
þ ∂λwp

∂T
∂T r; z; τð Þ

∂z

� �2
:

(19)

Equation (19) can be represented, as follows:

ρw � cwe‐fr‐bw ∗ � ∂T r; z; τð Þ
∂τ

¼ λwr
∂
2T r; z; τð Þ

∂r2
þ 1

r
:
∂T r; z; τð Þ

∂r

� �
þ

∂λwr

∂T
∂T r; z; τð Þ

∂r

� �2
þ λwp

∂
2T r; z; τð Þ

∂z2
þ ∂λwp

∂T
∂T r; z; τð Þ

∂z

� �2
:

(20)

The effective specific heat capacity cwe‐fr‐bw ∗ in Eq. (20) is equal to

cwe‐fr‐bw ∗ ¼ cwe‐fr‐bw � Kψ�bwLcr‐ice
∂ψ ice‐bw

∂T
¼ cwe�fr�bw � cLat�bwm, (21)

where cwe�fr�bw is the effective specific heat capacity of the wood during
freezing only of the bound water in it, J�kg�1�K�1, and cLat�bwm is the specific
heat capacity, which is formed by the release of the latent heat of the
maximum possible amount of bound water during its crystallization in the
wood, J�kg�1�K�1.

2.4 Mathematical description of the relative icing degree of logs caused from
the freezing of the bound water

The relative icing degree of the logs, which is caused from the freezing of only
the bound water in them, Ψice�bw, can be determined as a relationship of the mass of
the ice formed by the bound water in 1 kg wood, mice‐bw, to the sum of the mass of
this ice and of the mass of the nonfrozen water in 1 kg wood at u ¼ unfw and at T
< 272.15 K, mnfw, according to the following equation:

Ψice�bw ¼ mice�bw

mice�bw þmnfw
¼ ufsp � unfw

ufsp � unfw þ unfw
¼ 1� unfw

ufsp
: (22)

Using experimental data of Stamm [30, 31], in [10] the following equation was
suggested for the calculation of the fiber saturation point of the wood species,
depending on T:

ufsp ¼ u293:15fsp � 0:001 T � 293:15ð Þ, (23)

where u293:15fsp is the standardized fiber saturation point at T = 293.15 K, i.e., at
t = 20°C.

After substituting unfw and ufsp in Eq. (22) by the expressions for unfw from
Eq. (13) and for ufsp from Eq. (23), it is obtained that

Ψice�bw ¼ 1�
0:12þ u272:15fsp � 0:12

� �
� exp 0:0567 T � 272:15ð Þ½ �

u293:15fsp � 0:001 T � 293:15ð Þ : (24)
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∂
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For the freezing of the free water in the wood, Eq. (14) is transformed in the
following form:
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The effective specific heat capacity cwe‐fr‐fw ∗ in Eq. (16) is equal to
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∂ψ ice‐fw
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where cwe�fr�fw is the effective specific heat capacity of the wood during freez-
ing only of the free water in it, J�kg�1�K�1, and cLat�fw is the specific heat capacity,
which is formed by the release of the latent heat of the free water during its
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∂τ in this expression by ∂ψ ice‐bw
∂τ � ∂Т

∂Т, it is obtained that

ρwcwe‐fr‐bw
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� �
þ ∂λwr

∂T
∂T r; z; τð Þ
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� �2
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∂
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þ ∂λwp
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For the case of freezing the bound water in the wood, Eq. (18) is transformed in
the following form:
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ρw cwe‐fr‐bw � Kψ�bwLcr‐ice
∂ψ ice‐bw
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� �
� ∂T r; z; τð Þ

∂τ
¼ λwr

∂
2T r; z; τð Þ
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þ 1

r
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∂T r; z; τð Þ
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� �
þ

∂λwr

∂T
∂T r; z; τð Þ
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∂
2T r; z; τð Þ
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(19)

Equation (19) can be represented, as follows:
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The effective specific heat capacity cwe‐fr‐bw ∗ in Eq. (20) is equal to

cwe‐fr‐bw ∗ ¼ cwe‐fr‐bw � Kψ�bwLcr‐ice
∂ψ ice‐bw

∂T
¼ cwe�fr�bw � cLat�bwm, (21)

where cwe�fr�bw is the effective specific heat capacity of the wood during
freezing only of the bound water in it, J�kg�1�K�1, and cLat�bwm is the specific
heat capacity, which is formed by the release of the latent heat of the
maximum possible amount of bound water during its crystallization in the
wood, J�kg�1�K�1.

2.4 Mathematical description of the relative icing degree of logs caused from
the freezing of the bound water

The relative icing degree of the logs, which is caused from the freezing of only
the bound water in them, Ψice�bw, can be determined as a relationship of the mass of
the ice formed by the bound water in 1 kg wood, mice‐bw, to the sum of the mass of
this ice and of the mass of the nonfrozen water in 1 kg wood at u ¼ unfw and at T
< 272.15 K, mnfw, according to the following equation:

Ψice�bw ¼ mice�bw

mice�bw þmnfw
¼ ufsp � unfw

ufsp � unfw þ unfw
¼ 1� unfw

ufsp
: (22)

Using experimental data of Stamm [30, 31], in [10] the following equation was
suggested for the calculation of the fiber saturation point of the wood species,
depending on T:

ufsp ¼ u293:15fsp � 0:001 T � 293:15ð Þ, (23)

where u293:15fsp is the standardized fiber saturation point at T = 293.15 K, i.e., at
t = 20°C.

After substituting unfw and ufsp in Eq. (22) by the expressions for unfw from
Eq. (13) and for ufsp from Eq. (23), it is obtained that

Ψice�bw ¼ 1�
0:12þ u272:15fsp � 0:12

� �
� exp 0:0567 T � 272:15ð Þ½ �

u293:15fsp � 0:001 T � 293:15ð Þ : (24)
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and

∂Ψice�bw

∂T
¼ �

0:0567 u272:15fsp � 0:12
� �

� exp 0:0567 T � 272:15ð Þ½ �
n o

� u293:15fsp � 0:001 T � 293:15ð Þ
h i

u293:15fsp � 0:001 T � 293:15ð Þ
h i2

þ
0:001 � 0:12þ u272:15fsp � 0:12

� �
� exp 0:0567 T � 272:15ð Þ½ �

n o

u293:15fsp � 0:001 T � 293:15ð Þ
h i2 :

(25)

The sign “minus” in the right parts of Eq. (25) reflects mathematically
the circumstances that the icing degree Ψice�bw decreases with an increasing
temperature Т.

2.5 Mathematical description of the thermophysical characteristics of logs

In Figure 1, the temperature ranges are presented, at which the refrigeration
process of logs is carried out when u > ufsp. The thermophysical characteristics of
the logs and of both the frozen free and bound water in them have also been shown.
The information on these characteristics is very important for solving the
mathematical model given above.

During the first range from Tw0 to Tfr�fw, only a cooling of the logs with full
liquid water in them occurs. During the second range from Tfr�fw to Tfr�bwm, a
further cooling of the logs occurs until reaching the state needed for starting the
crystallization of the free water. During this range also, the phase transition of this
water into ice is carried out. The second range is absent when the wood moisture
content is less than ufsp.

During the third range from Tfr�bwm to Tw�fre�avg, a further cooling of the logs is
carried out until reaching the state needed for starting the crystallization of the
bound water. During this range also, the phase transition of the bound water into
ice is gradually performed.

The generalized effective specific heat capacities of the logs, cwe‐fr�gen, during
the above pointed three ranges of the freezing process above the hygroscopic range,
are equal to the following:

I:Range : cwe‐fr�gen1 ¼ cw�nfr, (26)

II:Range : cwe‐fr‐gen2 ¼ cw�nfr þ cfw � cLat�fw, (27)

III:Range : cwе‐fr‐gen3 ¼ cw�fr þ cbwm � cLat�bwm: (28)

Figure 1.
Temperature ranges of the logs’ refrigeration process above the hygroscopic range and thermophysical
characteristics of the wood and the frozen water in it.
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Mathematical descriptions of the specific heat capacities cw�nfr, cw�fr, cfw, and
cbwm and also of the thermal conductivity of nonfrozen and frozen wood, λw, have
been suggested by the first co-author earlier [9, 10] using the experimentally
determined data in the dissertations by Kanter [32] and Chudinov [2] for their
change as a function of t and u.

These relations are used in both the European [5–10] and the American
specialized literature [11–16] when calculating various processes of the wood
thermal treatment.

Using Eqs. (26)–(28), Eqs. (16) and (20) can be united in the following
equation, with the help of which, together with the initial condition (2) and the
boundary conditions (3), and (4) the 2D change of the temperature in subjected
to freezing logs can be calculated:

ρw � cwe‐fr‐gen1,2,3
∂T r; z; τð Þ

∂τ
¼ λwr

∂
2T r; z; τð Þ

∂r2
þ 1

r
:
∂T r; z; τð Þ

∂r

� �
þ

∂λwr

∂T
∂T r; z; τð Þ

∂r

� �2
þ λwр

∂
2T r; z; τð Þ

∂z2
þ ∂λwр

∂T
∂T r; z; τð Þ

∂z

� �2
:

(29)

For the convective boundary conditions (3) and (4) of the logs’ freezing process,
the following relations for the heat transfer coefficients are most suitable [33]:

• at cylindrical surface of the horizontally situated logs

αwr‐fr ¼ 2:56 T 0; z; τð Þ � Tm�fr τð Þ½ �Efr , (30)

• at frontal surface of the logs

αwp‐fr ¼ 1:123 T r;0; τð Þ � Tm�fr τð Þ½ �Efr , (31)

where Efr is determined during the validation of the nonlinear mathematical
model of the freezing process through minimization of the root square mean error
(RSME) between the computed by the model and experimentally obtained transient
temperature fields in logs subjected to freezing.

2.6 An approach for modeling of the energy needed for freezing the bound
water in logs

The total energy consumption, which is needed for freezing the bound water
in 1 m3 of logs, Q fr‐bw‐total, can be calculated according to the following equation:

Q fr‐bw‐total ¼ Q fr‐bw �QLat‐bw, (32)

where Q fr‐bw is the energy needed for the phase transition of the bound water
from liquid to solid state in 1 m3 of logs subjected to freezing, kWh�m�3, and QLat‐bw
is the latent thermal energy of the bound water in 1 m3 of logs released in them
during its crystallization, kWh�m�3.

It is known that the energy consumption for heating 1 m3 of wood materials, Qw,
with an initial mass temperature Tw0 to a given average mass temperature Tw�avg is
determined using the following equation [2, 5, 10]:

Qw ¼ cw � ρw
3:6 � 106 � Тw�avg � Tw0

� �
: (33)
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For the convective boundary conditions (3) and (4) of the logs’ freezing process,
the following relations for the heat transfer coefficients are most suitable [33]:

• at cylindrical surface of the horizontally situated logs
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αwp‐fr ¼ 1:123 T r;0; τð Þ � Tm�fr τð Þ½ �Efr , (31)

where Efr is determined during the validation of the nonlinear mathematical
model of the freezing process through minimization of the root square mean error
(RSME) between the computed by the model and experimentally obtained transient
temperature fields in logs subjected to freezing.

2.6 An approach for modeling of the energy needed for freezing the bound
water in logs

The total energy consumption, which is needed for freezing the bound water
in 1 m3 of logs, Q fr‐bw‐total, can be calculated according to the following equation:

Q fr‐bw‐total ¼ Q fr‐bw �QLat‐bw, (32)

where Q fr‐bw is the energy needed for the phase transition of the bound water
from liquid to solid state in 1 m3 of logs subjected to freezing, kWh�m�3, and QLat‐bw
is the latent thermal energy of the bound water in 1 m3 of logs released in them
during its crystallization, kWh�m�3.

It is known that the energy consumption for heating 1 m3 of wood materials, Qw,
with an initial mass temperature Tw0 to a given average mass temperature Tw�avg is
determined using the following equation [2, 5, 10]:

Qw ¼ cw � ρw
3:6 � 106 � Тw�avg � Tw0

� �
: (33)
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The multiplier 3.6�106 in the denominator of Eq. (37) ensures that the values of
Qw are obtained in kWh�m�3, instead of in J�m�3.

Based on Eq. (33), it is possible to calculate the energy Q fr‐bw according to the
equation

Q fr‐bw ¼ cbw‐avg � ρw
3:6 � 106 � 272:15� Tw�fr�avg

� �
, (34)

where according to [8, 9]

cbw�avg ¼ 1:8938 � 104 u272:15fsp � 0:12
� �

� exp 0:0567 Tw�fr�avg � 272:15
� �� �

1þ u
@Tw�fre�avg≤T≤272:15K,

(35)

Tw�fr�avg ¼ 1
Sw

ðð

Sw

T r; z; τð ÞdSw@Tw�fre�avg≤T r; z; τð Þ≤272:15K, (36)

and the area of ¼ of the longitudinal section of the log subjected to freezing, Sw,
is equal to

Sw ¼ D � L
4

: (37)

Based on Eq. (33), it is possible to calculate also the energy QLat‐bw according to
the equation

QLat‐bw ¼ cLat‐bw � ρw
3:6 � 106 � 272:15� Tw�fr�avg

� �
, (38)

where the specific heat capacity, which is formed by the release of the latent
heat of the bound water, cLat�bw, is calculated according to Eq. (21) and the density
ρw is calculated according to Eq. (9).

3. Experimental research of 2D temperature distribution in logs
subjected to freezing

For the validation of the suggested above mathematical model, it is necessary to
have experimentally obtained data about the temperature distribution in logs dur-
ing their freezing. The logs subjected to freezing in our experimental research were
with a diameter of 240 mm, length of 480 mm, and u > ufsp. This means that the
logs contained the maximum possible amount of bound water for the separate wood
species. They were produced from the sapwood of a freshly felled pine (Pinus
sylvestris L.) and spruce (Picea abies L.) trunks. Before the experiments, four holes
with diameters of 6 mm and different lengths were drilled in each log parallel to its
axis until reaching the characteristic points of the log [22].

The coordinates of the characteristic points of the logs are given in Figure 2.
These coordinates of the points allow the determination of the 2D temperature
distribution in logs during their freezing. For refrigeration of the logs according to
the suggested methodology by the authors [22], a horizontal freezer was used with
adjustable temperature range from �1 to �30°C.

Sensors Pt100 with long metal casings were positioned in the four drilled holes
of the logs. The automatic measurement and record of tm, ϕm, and t in the
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Figure 2.
Radial (left) and longitudinal (right) coordinates of four characteristic points for measurement of the
temperature in logs subjected to refrigeration.

Figure 3.
Experimentally determined change in tm, ϕm, and t in four points of the studied logs P1 (above) and S1 (below)
with D = 0.24 m and L = 0.48 m during their 30 h refrigeration.
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characteristic points of the logs during the experiments were realized by data
logger-type HygroLog NT3 produced by ROTRONIC AG (http:/www.rotronic.
com). The data logger has software HW4 for graphical presentation of the data.

In Figure 3, the change in the temperature of the processing air medium, tm, and
in its humidity, ϕm, and also in the temperature in 4 characteristic points of pine
log named below as P1 with u = 0.33 kg�kg�1 and ρb = 470 kg�m�3 and spruce log
named as S1 with u = 0.36 kg�kg�1 and ρb = 479 kg�m�3 during their separate 30 h
refrigeration is presented. The record of all data was made automatically by the
data logger with intervals of 5 min.

4. Numerical solution of the mathematical model of the logs’
freezing process

For numerical solution of the mathematical model, a software package was
prepared in Visual Fortran Professional developed by Microsoft. Using the
package, computations were carried out for the calculation of the 2D nonstationary
change of t in the characteristic points of ¼ of the longitudinal sections of the
studied logs, whose experimentally determined temperature fields are presented
in Figure 3.

The model has been solved with the help of explicit schemes of the finite
difference method in a way analogous to the one used and described in [9, 10, 33].
For the computation of the temperature distribution in ¼ of the longitudinal section
of the logs, which is symmetrical towards the remaining ¾ of the same section, the
model was solved with step Δr = Δz = 0.006 m along the coordinates r and z and
with the same initial and boundary conditions, as they were during the
experimental research.

The interval between the time levels, Δτ (i.e., the step along the time
coordinate), has been determined by the software package according to the
condition of stability for explicit schemes of the finite difference method [10],
and in our case it was equal to 6 s.

During the solving of the model, the mathematical descriptions of the
thermophysical characteristics of pine wood with u293:15fsp ¼ 0:30 kg�kg�1 and volume

shrinkage Sv = 11.8% and also of spruce sapwood with u293:15fsp ¼ 0:32 kg�kg�1 and
Sv = 11.4% were used [8, 10].

4.1 Mathematical description of T in the freezer during logs’ refrigeration

The curvilinear change in the freezing air medium temperature, Tm�fr, which is
shown in Figure 1, with high accuracy (correlation 0.98 for the both studied logs
and root square mean error (RSME) σ = 1.28°C for P1 and σ = 1.22°C for S1) has
been approximated with the help of the software package TableCurve 2D [34] by
the following equation:

Тm�fr ¼ afr þ cfrτ0:5

1þ bfrτ0:5 þ dfrτ
, (39)

whose coefficients are afr = 309.7863391, bfr = 0.007125039, cfr = 1.321533597,
and dfr = �2.769�10�6 for log P1 and to afr = 305.6335660, bfr = 0.005833651,
cfr = 1.061216339, and dfr = �2.275�10�6 for log S1. Equation. (39) and its coeffi-
cients were introduced in the software for solving Eqs. (3) and (4) of the model.
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4.2 Computation of 2D temperature distribution in logs during their
refrigeration

The mathematical model of the logs’ freezing process has been solved with
different values of the exponent Еfr in Еqs. (30) and (31). The calculated by the
model change of the temperature in four characteristic points of the longitudinal
logs’ sections with each of the used values of Еfr during the freezing has been
compared mathematically with the corresponding experimentally determined
change of t in the same points with an interval of 5 min. The aim of this comparison
was to find the value of Еfr, which ensures the best qualitative and quantitative
compliance between the calculated and experimentally determined temperature
fields in the logs’ longitudinal sections.

As a criterion of the best compliance between the compared values of the
temperature total for the four characteristic points, the minimum value of RSME,
σavg, has been used. For the determination of RSME, a software program in the
calculation environment of MS Excel has been prepared. With the help of the
program, RSME simultaneously for a total of 1440 temperature-time points during
a separate 30 h refrigeration of the logs has been calculated. During the simulations
the same initial and boundary conditions have been used as during the experiments.
It was determined that the minimum values of RSME overall for the studied four
characteristic points are σavg = 1.67°C for P1 and σavg = 1.54°C for S1. The minimum
values of σavg were obtained with the values of Еfr = 0.52 for P1 and Еfr = 0.48 for S1
in Eqs. (30) and (31).

Figure 4 presents, as an example, the calculated change in tm�fr, log’s surface
temperature ts, and t of four characteristic points of the studied pine log P1.

The comparison to each other of the analogical curves in Figure 3—above and
Figure 4 shows good conformity between the calculated and experimentally
determined changes in the very complicated temperature field of the pine log
during its refrigeration.

Figure 4.
Experimentally determined and calculated change in tm, ts, and t in four points of the studied pine log P1
during its 30 h refrigeration.
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It was determined that the minimum values of RSME overall for the studied four
characteristic points are σavg = 1.67°C for P1 and σavg = 1.54°C for S1. The minimum
values of σavg were obtained with the values of Еfr = 0.52 for P1 and Еfr = 0.48 for S1
in Eqs. (30) and (31).

Figure 4 presents, as an example, the calculated change in tm�fr, log’s surface
temperature ts, and t of four characteristic points of the studied pine log P1.

The comparison to each other of the analogical curves in Figure 3—above and
Figure 4 shows good conformity between the calculated and experimentally
determined changes in the very complicated temperature field of the pine log
during its refrigeration.

Figure 4.
Experimentally determined and calculated change in tm, ts, and t in four points of the studied pine log P1
during its 30 h refrigeration.
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During our wide simulations with the mathematical model, we observed good
compliance between computed and experimentally established temperature fields
during refrigeration of logs from different wood species with different moisture
content. The overall RSME for the studied four characteristic points in the logs does
not exceed 5% of the temperature ranging between the initial and the end
temperatures of the logs subjected to refrigeration.

4.3 Change of the relative icing degree of logs Ψice-bw-avg and its derivative

The calculation of the average mass icing degree of the logs caused from the
freezing the bound water, Ψice�bw�avg, is carried out according to the following
equation, which was obtained in [23] using Eq. (24):

Ψice�bw�avg ¼ 1
Sw

:

ðð

Sw

1�
0:12þ u272:15fsp � 0:12

� �
� exp 0:0567½T r; z; τð Þ � 272:15�gf

u293:15fsp � 0:001 T r; z; τð Þ � 293:15½ Þ� dSw

8<
:

9=
;

@Tw�fre�avg≤T r; z; τð Þ≤272:15K:
(40)

Figure 5 presents the calculated change of the logs’ icing degree Ψice�bw�avg and
the derivative Ψice�bw=dT according to Eqs. (40) and (25), respectively, during the
30 h freezing process of the studied pine and spruce logs. The graphs show that the
change of these variables is happening according to complex dependences on the
freezing time.

It can be seen that the values of Ψice�bw�avg increase gradually from 0 to 0.487
for P1 and to 0.498 for S1 at the end of the 30 h freezing (Figure 5—left). These
values of Ψice�bw�avg mean that 1–0.487 = 0.513 relative parts (i.e., 51.3%) of the
bound water in P1 and 1–0.498 = 0.502 relative parts (i.e., 50.2%) of the bound
water in S1 remains in a liquid state in the cell walls of the wood at the end of the
30th h of the logs’ freezing process when the calculated average logs’ mass temper-
atures are equal to �27.59°C for P1 and �26.82°C for S1.

It can be pointed that during the first 2.42 h for P1 and 2.75 h for S1 of the
freezing process the whole amount of the bound water in the logs is in a liquid state
and because of that the icing degree Ψice�bw�avg= 0 and also Ψice�bw=dT= 0 K�1.

From 2.42th h for P1 and from 2.75th h for S1 the crystallization of the bound
water in the peripheral layers of the logs starts. This causes а jump in the change of

Figure 5.
Change in the relative icing degrees Ψ ice�bw�avg (left) and their derivatives Ψ ice�bw=dT (right) during the
refrigeration of the studied logs.
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Ψice�bw=dT from 0 to maximal values, equal to 0.0056 K�1 for P1 and 0.0057 K�1

for S1.
These maximal values remain practically unchanged until reaching 10.00th h for

P1 and 10.75th h for S1, when the crystallization of the whole amount of the free
water in the logs ends and the freezing of the bound water even in the logs’ center
starts.

The further decrease of the temperature in the freezer (refer to Figures 3 and 4)
causes a gradual crystallization of the bound water in the logs. Because of that the
derivatives Ψice�bw=dT decrease slowly, and at the end of the 30 h freezing, they
reach the value of 0.0013 K�1 for P1 and 0.0014 K�1 for S1.

4.4 Change of the thermal energies Q fr-bw and QLat-bw

Figure 6 presents according to Eqs. (34) and (38) the calculated change of
the thermal energies Q fr‐bw and QLat‐bw during the 30 h refrigeration of the
studied logs.

It can be seen that the change of the energies Q fr‐bw and QLat‐bw is happening
according to complex curvilinear dependences on the freezing time. The change of
Q fr‐bw, depending on the freezing time, is similar to that of the icing degree
Ψice�bw�avg, and the change of QLat‐bw is similar to that of the derivative Ψice�bw=dT.

At the beginning of the logs’ refrigeration process, when Ψice�bw�avg = 0, both
energies Q fr‐bw and QLat‐bw are also equal to 0. After that Q fr‐bw increases gradually
from 0 to 6.224 kWh�m�3 for P1 and 6.925 kWh�m�3 for S1 at the end of the 30 h
freezing (see Figure 6, left). The larger value of Q fr‐bw for S1 is caused from the
larger amount of the frozen bound water in S1 in comparison with P1 at the end of
the freezing process.

As it was mentioned above, the fiber saturation point of the pine wood is equal
to 0.30 kg�kg�1, and of the spruce wood, it is 0.32 kg�kg�1 [8, 10]. According to
Figure 5, left, the relative icing degree, Ψice�bw�avg = 0.487 for P1 and Ψice�bw�avg =
0.498 for S1 at the end of the 30 h freezing. This means that the amount of the
crystallized bound water is equal to 0.487 � 0.30 = 0.146 kg�kg�1 in P1 and it is
equal to 0.498 � 0.32 = 0.159 kg�kg�1 in S1. Because of this not only the value of
Q fr‐bw for S1 is larger than that of P1, but also the maximal value of QLat‐bw = 0.431
kWh�m�3 for S1 is larger than the maximal value of QLat‐bw= 0.405 kWh�m�3 for P1.
After reaching the maximal values, the energy QLat‐bw decreases gradually and at
the end of the 30 h freezing obtains a value of 0.232 kWh�m�3 for P1 and of 0.268
kWh�m�3 for S1.

Figure 6.
Change in Q fr‐bw (left) and QLat‐bw (right) during refrigeration of the studied logs.
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During our wide simulations with the mathematical model, we observed good
compliance between computed and experimentally established temperature fields
during refrigeration of logs from different wood species with different moisture
content. The overall RSME for the studied four characteristic points in the logs does
not exceed 5% of the temperature ranging between the initial and the end
temperatures of the logs subjected to refrigeration.

4.3 Change of the relative icing degree of logs Ψice-bw-avg and its derivative

The calculation of the average mass icing degree of the logs caused from the
freezing the bound water, Ψice�bw�avg, is carried out according to the following
equation, which was obtained in [23] using Eq. (24):
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Figure 5 presents the calculated change of the logs’ icing degree Ψice�bw�avg and
the derivative Ψice�bw=dT according to Eqs. (40) and (25), respectively, during the
30 h freezing process of the studied pine and spruce logs. The graphs show that the
change of these variables is happening according to complex dependences on the
freezing time.

It can be seen that the values of Ψice�bw�avg increase gradually from 0 to 0.487
for P1 and to 0.498 for S1 at the end of the 30 h freezing (Figure 5—left). These
values of Ψice�bw�avg mean that 1–0.487 = 0.513 relative parts (i.e., 51.3%) of the
bound water in P1 and 1–0.498 = 0.502 relative parts (i.e., 50.2%) of the bound
water in S1 remains in a liquid state in the cell walls of the wood at the end of the
30th h of the logs’ freezing process when the calculated average logs’ mass temper-
atures are equal to �27.59°C for P1 and �26.82°C for S1.

It can be pointed that during the first 2.42 h for P1 and 2.75 h for S1 of the
freezing process the whole amount of the bound water in the logs is in a liquid state
and because of that the icing degree Ψice�bw�avg= 0 and also Ψice�bw=dT= 0 K�1.

From 2.42th h for P1 and from 2.75th h for S1 the crystallization of the bound
water in the peripheral layers of the logs starts. This causes а jump in the change of
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Ψice�bw=dT from 0 to maximal values, equal to 0.0056 K�1 for P1 and 0.0057 K�1

for S1.
These maximal values remain practically unchanged until reaching 10.00th h for

P1 and 10.75th h for S1, when the crystallization of the whole amount of the free
water in the logs ends and the freezing of the bound water even in the logs’ center
starts.

The further decrease of the temperature in the freezer (refer to Figures 3 and 4)
causes a gradual crystallization of the bound water in the logs. Because of that the
derivatives Ψice�bw=dT decrease slowly, and at the end of the 30 h freezing, they
reach the value of 0.0013 K�1 for P1 and 0.0014 K�1 for S1.

4.4 Change of the thermal energies Q fr-bw and QLat-bw

Figure 6 presents according to Eqs. (34) and (38) the calculated change of
the thermal energies Q fr‐bw and QLat‐bw during the 30 h refrigeration of the
studied logs.

It can be seen that the change of the energies Q fr‐bw and QLat‐bw is happening
according to complex curvilinear dependences on the freezing time. The change of
Q fr‐bw, depending on the freezing time, is similar to that of the icing degree
Ψice�bw�avg, and the change of QLat‐bw is similar to that of the derivative Ψice�bw=dT.

At the beginning of the logs’ refrigeration process, when Ψice�bw�avg = 0, both
energies Q fr‐bw and QLat‐bw are also equal to 0. After that Q fr‐bw increases gradually
from 0 to 6.224 kWh�m�3 for P1 and 6.925 kWh�m�3 for S1 at the end of the 30 h
freezing (see Figure 6, left). The larger value of Q fr‐bw for S1 is caused from the
larger amount of the frozen bound water in S1 in comparison with P1 at the end of
the freezing process.

As it was mentioned above, the fiber saturation point of the pine wood is equal
to 0.30 kg�kg�1, and of the spruce wood, it is 0.32 kg�kg�1 [8, 10]. According to
Figure 5, left, the relative icing degree, Ψice�bw�avg = 0.487 for P1 and Ψice�bw�avg =
0.498 for S1 at the end of the 30 h freezing. This means that the amount of the
crystallized bound water is equal to 0.487 � 0.30 = 0.146 kg�kg�1 in P1 and it is
equal to 0.498 � 0.32 = 0.159 kg�kg�1 in S1. Because of this not only the value of
Q fr‐bw for S1 is larger than that of P1, but also the maximal value of QLat‐bw = 0.431
kWh�m�3 for S1 is larger than the maximal value of QLat‐bw= 0.405 kWh�m�3 for P1.
After reaching the maximal values, the energy QLat‐bw decreases gradually and at
the end of the 30 h freezing obtains a value of 0.232 kWh�m�3 for P1 and of 0.268
kWh�m�3 for S1.

Figure 6.
Change in Q fr‐bw (left) and QLat‐bw (right) during refrigeration of the studied logs.
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Figure 7 presents the change of the thermal energy Q fr‐bw‐total during the 30 h
refrigeration of the studied logs, which is calculated according to Eq. (32). The
change of this energy is similar to that of the energy Q fr‐bw(see Figure 6, left). At
the end of the 30 h freezing, the energy Q fr‐bw‐total reaches the following values:
5.992 kWh�m�3 for P1 and 6.657 kWh�m�3 for S1.

5. Discussions

This paper presents a methodology for mathematical modeling and research of
two mutually connected problems: 2D nonstationary temperature distribution in
logs subjected to refrigeration and change in two important energy characteristics
of the bound water in logs during its freezing—thermal energy of the phase transi-
tion of the bound water in 1 m3 wood from liquid into solid state, Q fr‐bw, and latent
thermal energy of the bound water, QLat‐bw, which is released in 1 m3 of the logs
during water crystallization.

Mathematical descriptions and an approach for computing of the energies Q fr‐bw
and QLat‐bw during the freezing of the bound water at temperatures below �1°C
have been carried out. These descriptions are introduced in our own 2D nonlinear
mathematical model of the 2D heat distribution in logs during their refrigeration at
convective boundary conditions. The model was transformed in a form suitable for
programming with the help of explicit schemes of the finite difference method,
which excludes the necessity of any simplifications of the model.

A software program for numerical solution of the mathematical model and
computation of 2D nonstationary change of the temperature in logs subjected to
refrigeration and of the thermal energies Q fr‐bw and QLat‐bw has been prepared in
Fortran, which has been input in the calculation environment of Visual Fortran
Professional developed by Microsoft.

With the help of the program, computations for the determination of the ener-
gies Q fr‐bw and QLat‐bw and their difference, Q fr‐bw‐total ¼ Q fr‐bw �QLat‐bw, have been

Figure 7.
Change in Q fr‐bw‐total during the refrigeration of the studied logs.
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completed as an example for the case of a pine log P1 and a spruce log S1 with a
diameter of 0.24 m and length of 0.48 m subjected to 30 h refrigeration in a
freezer at approximately �30°C. Practically, Q fr‐bw‐total represents the energy
needed for crystallization of that part of the bound water, which amount
depends on ufsp, tm�fr, and τfr.

The logs subjected to refrigeration were with the following combinations of
their initial temperature tw0, basic density ρb, and moisture content u: tw0 = 25.2°C,
ρb = 470 kg�m�3, and u = 0.33 kg�kg�1 for log P1 and tw0 = 23.5°C, ρb = 479 kg�m�3,
and u = 0.36 kg�kg�1 for log S1.

It has been determined that the values of the energies Q fr‐bw,QLat‐bw, and
Q fr‐bw‐total of the studied logs change according to complex relationships depending
on the freezing time and after 30 h freezing of the logs reach the following values:
Q fr‐bw = 6.224 kWh�m�3, QLat‐bw = 0.232 kWh�m�3, and Q fr‐bw‐total = 5.992 kWh�m�3

for P1 and Q fr‐bw = 6.925 kWh�m�3, QLat‐bw = 0.268 kWh�m�3, and
Q fr‐bw‐total = 6.657 kWh�m�3 for S1.

6. Conclusions

Good adequacy and precision of the model toward the results from wide own
experimental studies allow the carrying out of various calculations with the model,
which are connected to the nonstationary temperature distribution and energy
characteristics of logs from different wood species during their refrigeration. The
mathematical model, after its connection with other our model of the logs’
defrosting process [9, 10], could be input into the software of programmable con-
trollers for optimized model-based automatic control [8, 20, 21, 35] of thermal
treatment of frozen logs in the production of veneer.

The approach for the computation of the thermal energies of the bound water in
logs during their refrigeration could be used for the creation of analogous models
for the computation of the temperature distribution and the energy required for the
refrigeration of different capillary porous materials (fruits, vegetables, meet, meet
products, etc.).

Nomenclature

c specific heat capacity, J�kg�1�K�1

D diameter, m
E exponent, —
L latent heat, J�kg�1, or length, m
q internal heat source, W�m�3

Q thermal energy, kWh�m�3

R radius, m
r radial coordinate: 0 ≤ r ≤ R, m
S shrinkage, %, or aria of ¼ of log’s longitudinal section, m2

T temperature, K
t temperature, °C
u moisture content, kg�kg�1 = %/100
z longitudinal coordinate: 0 ≤ z ≤ L/2, m
α heat transfer coefficients between log’s surfaces and the surrounding air

medium, W�m�2�K�1

λ thermal conductivity, W�m�1�K�1
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Figure 7 presents the change of the thermal energy Q fr‐bw‐total during the 30 h
refrigeration of the studied logs, which is calculated according to Eq. (32). The
change of this energy is similar to that of the energy Q fr‐bw(see Figure 6, left). At
the end of the 30 h freezing, the energy Q fr‐bw‐total reaches the following values:
5.992 kWh�m�3 for P1 and 6.657 kWh�m�3 for S1.
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This paper presents a methodology for mathematical modeling and research of
two mutually connected problems: 2D nonstationary temperature distribution in
logs subjected to refrigeration and change in two important energy characteristics
of the bound water in logs during its freezing—thermal energy of the phase transi-
tion of the bound water in 1 m3 wood from liquid into solid state, Q fr‐bw, and latent
thermal energy of the bound water, QLat‐bw, which is released in 1 m3 of the logs
during water crystallization.

Mathematical descriptions and an approach for computing of the energies Q fr‐bw
and QLat‐bw during the freezing of the bound water at temperatures below �1°C
have been carried out. These descriptions are introduced in our own 2D nonlinear
mathematical model of the 2D heat distribution in logs during their refrigeration at
convective boundary conditions. The model was transformed in a form suitable for
programming with the help of explicit schemes of the finite difference method,
which excludes the necessity of any simplifications of the model.

A software program for numerical solution of the mathematical model and
computation of 2D nonstationary change of the temperature in logs subjected to
refrigeration and of the thermal energies Q fr‐bw and QLat‐bw has been prepared in
Fortran, which has been input in the calculation environment of Visual Fortran
Professional developed by Microsoft.

With the help of the program, computations for the determination of the ener-
gies Q fr‐bw and QLat‐bw and their difference, Q fr‐bw‐total ¼ Q fr‐bw �QLat‐bw, have been
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completed as an example for the case of a pine log P1 and a spruce log S1 with a
diameter of 0.24 m and length of 0.48 m subjected to 30 h refrigeration in a
freezer at approximately �30°C. Practically, Q fr‐bw‐total represents the energy
needed for crystallization of that part of the bound water, which amount
depends on ufsp, tm�fr, and τfr.

The logs subjected to refrigeration were with the following combinations of
their initial temperature tw0, basic density ρb, and moisture content u: tw0 = 25.2°C,
ρb = 470 kg�m�3, and u = 0.33 kg�kg�1 for log P1 and tw0 = 23.5°C, ρb = 479 kg�m�3,
and u = 0.36 kg�kg�1 for log S1.

It has been determined that the values of the energies Q fr‐bw,QLat‐bw, and
Q fr‐bw‐total of the studied logs change according to complex relationships depending
on the freezing time and after 30 h freezing of the logs reach the following values:
Q fr‐bw = 6.224 kWh�m�3, QLat‐bw = 0.232 kWh�m�3, and Q fr‐bw‐total = 5.992 kWh�m�3

for P1 and Q fr‐bw = 6.925 kWh�m�3, QLat‐bw = 0.268 kWh�m�3, and
Q fr‐bw‐total = 6.657 kWh�m�3 for S1.

6. Conclusions

Good adequacy and precision of the model toward the results from wide own
experimental studies allow the carrying out of various calculations with the model,
which are connected to the nonstationary temperature distribution and energy
characteristics of logs from different wood species during their refrigeration. The
mathematical model, after its connection with other our model of the logs’
defrosting process [9, 10], could be input into the software of programmable con-
trollers for optimized model-based automatic control [8, 20, 21, 35] of thermal
treatment of frozen logs in the production of veneer.

The approach for the computation of the thermal energies of the bound water in
logs during their refrigeration could be used for the creation of analogous models
for the computation of the temperature distribution and the energy required for the
refrigeration of different capillary porous materials (fruits, vegetables, meet, meet
products, etc.).

Nomenclature

c specific heat capacity, J�kg�1�K�1
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E exponent, —
L latent heat, J�kg�1, or length, m
q internal heat source, W�m�3

Q thermal energy, kWh�m�3
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r radial coordinate: 0 ≤ r ≤ R, m
S shrinkage, %, or aria of ¼ of log’s longitudinal section, m2
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u moisture content, kg�kg�1 = %/100
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α heat transfer coefficients between log’s surfaces and the surrounding air
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ρ density, kg�m�3

σ root square mean error (RSME), oC
τ time, s
Δr step along the coordinates r and z for solving of the model, m
Δτ step along the time coordinate for solving of the model, s
Ψ relative icing degree of logs or relative degree of solidification of

the metal, —
@ at

Subscripts

avg average (for relative icing degree or for root square mean error)
b basic (for wood density, based on dry mass divided to green volume)
bw bound water
cr crystallization
fr freezing
fre end of freezing
fsp fiber saturation point
fw free water
gen generalized (for specific heat capacity)
ice ice (for logs’ icing degrees)
Lat latent heat
m medium (for cooling substance)
vM volume of the metal
nfw nonfrozen water
0 initial
p parallel to the wood fibers
r radial direction
total total (for specific energy needed for freezing of the bound water)
v volume
w wood
we wood effective (for specific heat capacity)
wL wood with liquid water in it
wS wood with solid state of water (ice) in it
wUfsp wood at u = ufsp
wUnfw wood at u = unfw

Superscripts

272.15 at T = 272.15 K, i.e., at t = �1°C
293.15 at T = 293.15 K, i.e., at t = 20°C
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Chapter 8

Technique and Technology of
Whole-Body Cryotherapy (WBC)
Alexander Baranov, Oleg Pakhomov, Alexander Fedorov,
Vladimir Ivanov, Andrew Zaitsev and Ruslan Polyakov

Abstract

Whole-body cryotherapy (WBC) is a highly effective treatment method of a
number of serious diseases. The therapeutic effect of WBC is achieved by stimulat-
ing cold receptors of the patient’s skin, which provide supercooling of the skin
surface to the level of �2°C. To achieve such a temperature of the skin surface, it is
necessary to ensure heat removal with intensity not less than 3500 W/m2. Such a
heat flux can remove gas with the temperature not higher than �130°C. Procedures
lasting less than 2 minutes do not form therapeutic effect. Procedures lasting more
than 3 minutes are dangerous for the patient’s health. WBC procedures are carried
out in single- and multi-seat devices. Due to the compact placement of the patient in
the WBC area, the share of useful heat load on the cryostatting system is up to 70%.
In multi-seat installations, the useful heat load share is not more than 50%. During
the WBC procedure, consumption of liquid nitrogen per patient is 3.77 kg. For the
effective use of WBC technology, it is necessary to determine the general require-
ments for the power of cooling systems and the temperature of cryostatting of the
WBC area.

Keywords: whole-body cryotherapy, WBC, supercooling of the skin surface, heat
removal, useful heat load, WBC minimum procedure, cooling gas temperature

1. Introduction

Equipment for whole-body cryotherapy (WBC) has been used in clinics around
the world for over 40 years [1, 2]. Despite this, until today there is no universally
accepted concept describing the mechanism for achieving the healthcare effect of
this physiotherapeutic procedure, and the physical conditions of safety and effec-
tiveness of cryogenic cooling of the patient’s skin surface have not been determined
[3–6]. Temperature of the cooling gas and the duration of its contact with the
patient’s skin, being the most important technological parameters of WBC, vary
over a wide range. The requirements for the power supply capacity of equipment
for the implementation of WBC technology are not defined. In such conditions,
manufacturers of devices for WBC procedures gradually increase the value of the
minimum gas temperature in the WBC cab. Over 40 years of cryotherapeutic
system production, the gas temperature declared by manufacturers of devices for
WBC has doubled from 98 K in 1978 [1, 2] to 192 K [4–7]. By increasing the
operating temperature of the equipment, manufacturers significantly reduce the
cost of its production. For 40 years, the cost of devices for group WBC has
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decreased by 30 times. Low prices for equipment provide a high level of sales, so the
trend of increasing operating temperature of WBC devices persists. An increase in
the temperature level is accompanied by a decrease in the power of systems for
cryostatting the WBC zone. The newest installations are equipped with refrigera-
tors with a specific power of the electric driver of not more than 1 kW/m3. At a
temperature level of 170 K, a refrigerator with such a power has a heat-removing
capacity of not more than 400 W/m3, which is comparable with the physiological
heat release of a patient under thermal comfort conditions (150 W) [7].

Unreasonable changes in WBC technology affect the effectiveness of the pro-
cedures. Recently, more and more articles appear, the authors of which express
doubt that cryotherapy can provide the healthcare effects described in papers
published before 1990 [7, 8]. The reason that many modern WBC systems are not
able to provide the conditions for obtaining the healthcare effects described in the
last century [1, 2] is the increase in gas temperature in the working zone of new
installations. This can be seen even from the titles of the articles [1, 8]. The tem-
perature increase from �170°C (102 K) to �110°C (163 K) changes the absolute
value of the temperature by 1.6 times, which cannot but affect the intensity of heat
removal, the degree of supercooling of the patient’s body surface, etc. From a
thermophysical point of view, it is obvious that from 1978 to 2018 the technology,
which is commonly referred to as WBC, has qualitatively changed. And, judging by
contemporary publications, this qualitative change had a negative impact on the
healthcare effectiveness of the procedures, which until recently were successfully
used to treat a number of severe diseases: rheumatoid arthritis, bronchial asthma,
psoriasis, etc. [9, 10].

In such conditions, the determination of cause–effect relationships between the
WBC technological parameters and the magnitude of the healthcare effect acquires
high scientific and social significance. Formation of the thermophysical theory of
WBC creates a scientific basis for restoring the production of effective
cryotherapeutic installations at the modern technical level.

2. Historic reference

The WBC method is based on providing the total contact of the patient’s skin
surface with a cryogenic gas. With a contact duration of up to 3 minutes and a gas
temperature of less than 140 K, the WBC procedure provides a number of positive
effects that are used in treatment practice [11, 12]. The most demonstrative and
controlled sign of the WBC effectiveness is the duration of analgesic action, which
can last 6–8 hours [7]. The analgesic effect of WBC was first described and used in
treatment practice by a Japanese doctor Yamauchi. For the WBC procedures, a
special installation was made, called “Cryotium” by the author of the method [2].
The “Сryotium” design was analogously a refrigeration chamber for long-term
storage of perishable products. The chamber was separated from the environment
by the lock chamber (Figure 1), which was supposed to reduce the loss of cold air
from the main chamber.

Given the relatively large size of the chamber, several patients were undergoing the
WBC procedures simultaneously (from 5 to 12). To obtain cryogenic temperatures,
liquid nitrogen was fed to the “Cryotium” heat exchangers instead of freon. The
“Сryotium” design appeared by chance. Yamauchi believed that in order to obtain the
maximum treatment outcome, the maximum decrease in temperature should be used.
This condition became the basis of the design. To reduce the cost of manufacturing
“Сryotium,” Japanese engineers used the insulating structure and heat exchangers of
the serial refrigeration chamber. The temperature regime in the chamber volume was
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determined by the requirement of the inadmissibility of air condensation on the
surface of a heat exchanger. The temperature of the outer surface of the heat
exchanger THC must be higher than the condensation temperature T00

A:

THC>T″
A ¼ 81 K: (1)

The removal of heat from air to the surface of the heat exchanger was carried out
by natural convection.

With natural convection, the calculated temperature gradient between the gas
and the heat-removing surface is 20 K:

TA�HC ¼ TA � THC≈20 K: (2)

Minimum possible air temperature in the cab:

TA ¼ T″
A þ ΔTA�HC≈101 K �172°C

� �
: (3)

The value of the air temperature during the WBC sessions specified by the
method’s author [1] is the lowest possible temperature that could be achieved in this
cab design. It is important to note that in “Сryotium” the temperature was
maintained by choosing the pressure of liquid nitrogen (LN) vapor in the heat
exchanger tubes (Figure 2). The boiling point of LN depends on pressure; by
increasing the vapor pressure to a level of P ≥ 0.2 MPa, it is possible to ensure the
fulfillment of condition (1) without using the temperature control systems. The lack
of a temperature control system has provided “Сryotium” with unique operational
advantages over modern WBC devices. Heat exchangers filled with liquid nitrogen
successfully dealt with an increase in heat load when patients entered, and the
correct choice of operating pressure prevented air condensation.

Thus, the “Сryotium” design determined the WBC technology. Perhaps, that is
why the author of the method did not give any reason for the WBC temperature
regime in his works. The ratios of the boiling points of nitrogen and air, as well as
the design features of the device in which the procedures were performed, have
randomly created the conditions for a safe and highly efficient procedure.

Figure 1.
Multi-seat cab for WBC.
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Yamauchi used the WBC method for the treatment of rheumatoid arthritis [1];
the technique was so effective that it quickly spread to the countries of Western
Europe. In Poland and Germany, devices similar to “Cryotium” were put in pro-
duction. European manufacturers have tried to reproduce the Japanese installation
on the base of available information but, for unknown reasons, have changed the
basic operating principle of “Cryotium.” This is translated into an increase in the
minimum operating temperature from �170 to �160°C [13]. A slight increase in
temperature led to a whole chain of changes in cooling technology, which caused a
gradual decrease in the efficiency of European (Polish and German) installations for
WBC. As already shown above, the temperature level of �170°C was maintained in
“Cryotium” without using a temperature control system, only through relief of
excess pressure in the LN vapor line (Figure 2a).

The liquid level controller (YC) in the heat exchangers of the “Сryotium”

installation according to the sensor signals of the Y level controls the operation of
the solenoid valve (SV), through which LN enters the system. The cryogenic liquid
enters the heat exchanger (HE) tubes, where it partially evaporates due to the
supply of heat from the procedural room air. Vaporization reduces the flow density
in the tubes; the vapor–liquid mixture is pushed out from the top of the heat
exchanger to the liquid separator (LS). In this apparatus, liquid and vapor are
separated. The liquid flows into the lower section of the heat exchanger (HE) and
again participates in the removal of heat. LN vapors accumulate at the top of the
liquid separator (LS). The vapor pressure is controlled by a safety valve (V), which
opens at a pressure of 0.22 MPa. The vapor pressure determines the LN boiling
point and the temperature of the tubes of the heat exchanger (HE), which must
meet condition (1). The air temperature in the main “Cryotium” cab at the presence
of patients rises to �170°C. In the pauses between the procedures, when the heat
load on the cooling system is reduced by 10 times [7], the air temperature in the
main cab approaches the temperature of the heat exchanger tubes:

ΔTA�HC ! 5 K; TA ! T″
A þ ΔTA�HC≈86 K �187°C

� �
: (4)

The air temperature in the cab remains at the minimum possible level. In Euro-
pean installations, the air temperature in the cab is controlled by the temperature
controller (TC), which, by signals from the temperature sensor (S), opens the liquid
nitrogen supply valve (SV). In order to maintain the temperature at�160°C, the TC
limits the supply of LN to the heat exchanger (HE) in the period when there are no
patients in the cab. The LN level decreases until the sensor (S) registers the set

Figure 2.
The scheme of supplying liquid nitrogen to the heat exchangers of the installations for the WBC: (a) “Cryotium”;
(b) “KR-2005.”
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temperature. The upper sections of the heat exchanger (HE), through which the
nitrogen passes in the vapor state, are heated to a temperature close to the air
temperature in the chamber. The temperature of the inner tube surfaces exceeds the
LN boiling point by more than 20 K:

THC ! TA≈110 K; THC>T″
A þ 20 K: (5)

When patients enter the main cab, relatively warm air enters from the lock
chamber (Ts ¼ 210 K). Because of this, the air temperature in the cab increases by
50 K or more. The temperature controller opens the SV and resumes the supply of
LN to the heat exchanger (HE). However, it takes some time to fill the tubes of the
heat exchanger; moreover, the temperature of the upper sections of the heat
exchanger (HE) exceeds the boiling point of nitrogen by more than 20 K. Because of
this, the LN film boiling occurs at which the intensity of heat removal to the liquid is
much lower; therefore, the vapor–liquid mixture passes the heat exchanger (HE)
and is discharged through valve (V) into the environment. Under such conditions,
the heat exchanger does not cope with heat generation from the surface of the
patient’s bodies and cannot restore the specified temperature mode of the chamber
until the patients enter the lock chamber. The WBC procedure takes place at a
temperature significantly higher than the nominal �160°C [7]. After the patients
leave, the thermal load on the cryostatting system is reduced 10 times, the air
temperature drops to the nominal level, and the temperature controller stops the
supply of LN to the heat exchanger (HE).

The increase in the air nominal temperature in the cab for WBC from �170°C to
�160°C fundamentally changed the temperature algorithm of the procedure. The
transition to the LN film boiling regime caused a significant overrun of the
cryoagent. The operational drawbacks of the nitrogen cooling system and the
uncertainty of the air temperature requirements in the main procedural cab created
conditions for use in the WBC cryostatting system of three-stage chillers and steam
cycles on gas mixtures. Refusing LN resulted in an increase in the nominal temper-
ature in the main cab to �110°C.

Specialists in the field of WBC did not only pay attention to this but also actively
promoted the “modernization” of cryotherapy equipment [13–15]. The ability to
refuse to use LN and significantly reduce the costs of WBC procedures turned out to
be so attractive that the specialists “did not notice” that the efficiency of the pro-
cedures in the “nitrogen-free” installations was 10 times lower than in “Сryotium”

[7]. At the beginning of the twenty-first century, “Criohome” “cryotherapeutic”
devices with a nominal temperature of �85°C was used for WBC procedures, i.e.,
the tendency to increase the temperature persists. Since 1985, the Russian direction
of devices for WBC has been developing independently, based on the use of single-
seat installations with a nitrogen cooling system (cryosaunas). The temperature in
the cab of a single-seat cryosauna during the whole procedure is no higher than
�130°C. The conditional constancy of temperature fundamentally changes the
degree of supercooling of the skin surface; therefore, cryosaunas ensure the effec-
tiveness of WBC at the level of the original technology implemented in “Cryotium”

but with less energy loss. The current state of WBC in Europe is a consequence of
the 40-year use of the method in the absence of a reliable concept of the method for
obtaining the cryotherapeutic effect and the uncertainty of the technological
requirements to specialized equipment [3–5]. In such conditions, manufacturers of
WBC installations have flooded Europe with installations that, by their therapeutic
efficacy, do not differ from traditional hypothermia. The popularization of the
thermophysical theory of WBC will stop the regression of cryotherapy in Europe
and the world.
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temperature. The upper sections of the heat exchanger (HE), through which the
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3. Thermophysical theory of WBC

The WBC thermophysical theory was formulated at St. Petersburg National
Research University of Information Technologies, Mechanics and Optics (ITMO
University) in order to overcome the uncertainty of the technological requirements
for specialized devices for WBC. In developing the theory, information on the
conduct of WBC procedures and their effectiveness was used [1, 2, 7, 13]. As a
criterion for optimizing the WBC technology, it is reasonable to use the duration of
the analgesic effect of cryotherapy. The duration of the analgesic effect or effective
time (WBC ET) is easy to determine in practice. To carry out computational exper-
iments at ITMO University, a method was developed for calculating the WBC ET
[16], which made it possible to perform studies on the optimization of the WBC
technology in the mode of numerical experiment.

To calculate the WBC ET, a formula is proposed that relates the positive effect
with the degree of approaching the skin surface temperature (Ts) to the tempera-
ture of the cryogenic damage onset (Tcr = 270.5 K), as well as with the area (fs) and
the duration (τmax) of body surface contact with cryogenic gas:

τE ¼ f s

ðτmax

τ¼0

A

Ts � Tcrð Þ2 ∂τ, (6)

where A is an empirical constant, providing the calculation of the WBC ET in
seconds, A = 1200.

The maximum duration of WBC (τmax) is determined taking into account the
requirements of the patient’s hypothermic safety, which limit the permissible
changes in body temperature on the surface (Ts) and on the inner boundary of the
subcutaneous fat layer (Tf) (Figure 3).

Compliance with the established limitations of changing the value of Ts and Tf

protects the patient from the danger of frostbite and frigorism, respectively:

Ts ≥ 271 K (�2°C); Tf > 309 K (36°C).

Figure 3 shows a graphical representation of the patient’s body shell (BS). BS is
the outer layer of the body, the mass of which is 30% of the total body mass. BS
consists of three types of tissues: epithelium 1, adipose tissue 2, and muscle tissue 3.

Figure 3.
Physical model of the human body shell (BS).
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Layers 1 and 2 endure significant hypothermia without any harm; patient’s safety is
ensured when the violation of the normal temperature distribution does not extends
beyond the inner boundary of the BS [13]. In the normal state tE = 32°C, within the
fat layer, the BS temperature rises 32°C ≤ tf ≤ 37°C; the temperature of the muscle
layer is equal to the human body core (ВС) temperature tm = tВС = 37°C. It has been
assumed that the thickness of layers 1 and 2 for an average patient has the following
values: ΔE = 2 mm; Δf = 2 mm.

The simplified physical model of a human BS has become the basis of a mathe-
matical model.

4. Mathematical model of the human body shell

BS is a relatively thin surface layer. The calculated thickness of the BS of an
average human is ΔВS = 16 mm. In this case, the effective diameter of the body is
280 mm [7]. This allows us to describe the processes of heat transfer through the BS
tissues by one-dimensional energy equation:

ρ
∂h
∂τ

¼ ∂qx
∂x

þ qv, (7)

where h means the tissue enthalpy, kJ/kg; τ means the time, sec; qx means the
heat flux through BS, W/m2; x means the coordinate along which heat is trans-
ferred, m; and qv means the heat of metabolism, W/m3.

The energy equation allows you to simulate thermal processes associated with
significant changes in the temperature of the study object. The energy equation
describes well the processes of changing the state of aggregation; this provides the
mathematical model with certain advantages compared to models built based on the
heat transfer equation [13]. When replacing derivatives with difference
approximants, it is possible to obtain an algebraic expression suitable for automated
calculations:

ρ
Δh
Δτ

¼ Δqx
Δx

þ qv: (8)

Solving Eq. (8) with respect to the value of enthalpy at the new time layer h0,
we get:

h0 ¼ hþ Δqx þ qvΔx
� �

Δτ

Δxρ
, (9)

where Δh ¼ h0 � h, h means the substance enthalpy value on the current time
layer; Δx means the step of area elements along the x coordinate, m; and Δτ means
the time step. Eq. (9) allows you to calculate the enthalpy of the nodal points of the
simulated object under known boundary and initial conditions.

The structure of the cooling object and temperature distribution in the BS layers
are described above (Figure 3). Thermophysical properties of the human body shell
tissues are shown in Table 1.

Due to the high water content (φ), all human BS tissues have a high heat
capacity, which ensures the accumulation of a significant amount of heat. The heat
accumulated in the tissues protects the organs of the body core (BC), heart, lungs,
kidneys, and liver from frigorism at a sharp decrease in ambient temperature.
Thermal balance of the BS area element
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Δh ¼ h0 � h ¼ Δqx þ qvΔx
� �

Δτ

Δxρ
, (10)

determined by the ratio of the intensity of the heat fluxes transferred by the
thermal conductivity of the tissue along the x coordinate Δqx and the heat released
by internal sources qv. The intensity and direction of heat transfer by thermal
conductivity depend on the temperature distribution along the x coordinate:

Δqx ¼ qiþ1 þ qi�1; qiþ1 ¼ λ
Tiþ1 � Ti

Δx
; qi�1 ¼ λ

Ti�1 � Ti

Δx
: (11)

At BS boundaries, heat transfer is described by boundary conditions. For the
outer boundary, the intensity of the convective heat removal is calculated:

i ¼ 1; qi�1 ¼ α Tg � Ti
� �

, (12)

where α means the heat transfer coefficient at the natural convection of gas or
liquid, α ¼ f Tg;Ti

� �
, and W/(m2�K); Tg means the temperature of the heat-

removing medium, K.
On the inner BS boundary, the temperature of the tissues during WBC does not

change and is equal to the body core temperature (0):

i ¼ n; Tiþ1 ¼ TBC ¼ const: (13)

Eq. (10) describes the change in the heat content of tissues over time hi ¼ f τð Þ,
and in order to form the trial of the WBC technology issues, a similar dependence
for temperature should be obtained Тi¼f τð Þ. At each time step, the temperature
value is calculated from the known value of the enthalpy of the array elements:

Ti ¼ f hið Þ: (14)

The described algorithm of computations forms the mathematical model of the
human BS, which is suitable for studies of processes of the therapeutic effect of low-
temperature liquids and gases.

5. Thermophysical bases of achievement of the WBC healthcare effect

The mathematical model of the human BS allowed us to perform a numerical
experiment to study the physical bases of the WBC healthcare efficacy. Quite often
[4, 5] WBC is compared with the cold water immersion procedures. The basis for
this comparison is that cryogenic gas and cold water remove a significant amount of
heat from the body surface. Moreover, under conditions of natural convection, the
coefficient of heat transfer from a source of heat to gas is usually 10 times lower
than when heat is removed by water [7]. In reliance on this information, attempts to

Tissue ρ, kg/m3 φ, % с, J/(kg�K) λ, W/(m�K) qv, W/m3

Skin 1093 72.0 3600 0.35 10,996

Muscles 1041 80.0 3458 0.475 7277

Adipose tissue 916 20 2250 0.21 —

Table 1.
Properties of the human BS tissues [17].
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replace WBC with cheaper water procedures have been ongoing for 40 years [18].
Proponents of such a replacement do not take into account the fact that the WBC
ET is more than 360 minutes, and water treatments provide pain relief for a
maximum of 30 minutes. Such a difference in efficiency should be based on the
fundamental differences between the results of heat removal by liquid and gaseous
heat carrier.

Simulation of the BS surface cooling process with water with a temperature of
273 K and a cryogenic gas with a temperature of 140 K has allowed revealing such a
difference (Figure 4), which reduces to the level of the minimum surface temper-
ature of the cooling object. In cold water, the minimum surface temperature of the
cooling object is at least 5.5°C. As the temperature difference between the water and
the cooled surface decreases, the intensity of convective heat removal to water
decreases to less than 950 W/m2 [19]. The intensity of heat supply from the inner
layers of the body to the surface, on the contrary, approaches the level of
880 W/m2. Due to the small difference in heat fluxes at the boundary of the cooling
object, the rate of temperature decrease Ti = 1 reduces to 0.01 K/s; therefore, an
increase in the duration of water hypothermia leads only to overcooling the patient’s
body. The estimated duration of the analgesic effect after water hypothermia is
31 minutes [16].

The use of a cryogenic gas with a temperature of 140 K for cooling the BS surface
gives a completely different picture. The graph of surface temperature changes
(Figure 3) is almost a straight line, which means that the temperature decreases
almost without the rate change:

∂Ti¼1=∂τ � const: (15)

The minimum temperature value Ti = 1 = 271 K was obtained due to the termi-
nation of the numerical experiment on the patient’s safety conditions during WBC:
Ts ≥ 271 K (�2°C); Tf > 309 K (36°C).

In the case of cooling with a cryogenic gas, the BS surface is supercooled to the
minimum acceptable level. WBC technology is based on the use of this hypothermia
to stimulate the cold receptors of the skin. Expression (6) for calculating the dura-
tion of positive effects contains a term that allows us to illustrate the intensity of
stimulation of cold receptors by changing the temperature of the BS surface. This
parameter of the WBC procedure is called the intensity of stimulating action (ISA):

ISA ¼ A= Ti¼1 � Tkrð Þ2: (16)

Figure 4.
Dependence of skin temperature on time.
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ET is more than 360 minutes, and water treatments provide pain relief for a
maximum of 30 minutes. Such a difference in efficiency should be based on the
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Simulation of the BS surface cooling process with water with a temperature of
273 K and a cryogenic gas with a temperature of 140 K has allowed revealing such a
difference (Figure 4), which reduces to the level of the minimum surface temper-
ature of the cooling object. In cold water, the minimum surface temperature of the
cooling object is at least 5.5°C. As the temperature difference between the water and
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880 W/m2. Due to the small difference in heat fluxes at the boundary of the cooling
object, the rate of temperature decrease Ti = 1 reduces to 0.01 K/s; therefore, an
increase in the duration of water hypothermia leads only to overcooling the patient’s
body. The estimated duration of the analgesic effect after water hypothermia is
31 minutes [16].

The use of a cryogenic gas with a temperature of 140 K for cooling the BS surface
gives a completely different picture. The graph of surface temperature changes
(Figure 3) is almost a straight line, which means that the temperature decreases
almost without the rate change:
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The minimum temperature value Ti = 1 = 271 K was obtained due to the termi-
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to stimulate the cold receptors of the skin. Expression (6) for calculating the dura-
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Figure 4.
Dependence of skin temperature on time.
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The dependence graph ISA = f(Ti = 1) (Figure 5) shows how the receptor signal
increases with the skin surface supercooling. At the lowest possible temperature of
the skin surface under conditions of water hypothermia (5°C), ISA = 21 s/s, while at
WBC the maximum value is 225 times higher than ISA = 4800 s/s. Differences in the
intensity of stimulation of cold receptors determine the therapeutic benefits of
WBC.

Data on the amount of heat QHC removed from a BS surface unit by a heat
carrier (HC) and heat flux intensity has the fundamental importance for the devel-
opment of WBC technology qHC. The total heat removal is determined by integrat-
ing the instantaneous values qHCqHC, which were calculated by Eq. (12):

QHC ¼
ðτmax

τ¼0
qHC∂τ: (17)

The calculated values are given in Table 2. In cryogenic gas, heat removal was
440 kJ/m2, which is 10% more than in cold water. The result obtained is signifi-
cantly less than that supposed by some WBC popularizers who estimate heat
removal from the patient’s body at 1250–2500 kJ/m2 [20].

At the same time, the result obtained is significantly more than can be removed
from aWBC device by using 2 kg of liquid nitrogen for one patient’s cooling [6, 10].

The assessment of the power of the specific heat flux, which the BS surface gives
to the heat carrier, has essential practical importance. Table 1 shows the maximum

Figure 5.
Dependence of ISA value on body surface temperature.

Results Heat carrier

gas water

Cooling time, τmax, sec 159 177

Minimum surface temperature of the object,Ts, °C �2.0 5.5

The minimum temperature at the inner boundary of the fat layer,Tf, °C 309.2 309.0

Heat removed by heat carrier from the body surface, QHC, kJ/m
2 440 410

Heat removed through the inner boundary of the fat layer, Qf, kJ/m
2 10.2 12.5

Heat flux from the body surface at the beginning of the cooling process, qmax
HC , kW/m2 3.5 11.3

Heat flux from the body surface at the end of the cooling process, qmin
HC , kW/m2 2.3 0.95

Table 2.
The results of a numerical experiment on the simulation of heat removal by water with a temperature of 273 K
and gas with a temperature of 140 K [16].
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values, at the beginning of the procedure, and the minimum values, at the time of
completion of the cooling powers of the heat flux to the cold water and the gaseous
heat carrier. For designing WBC devices, it is useful to know the mean value of the
heat flux, which the heat carrier must remove in a single procedure, 2.9 kW/m2.
This value is 29 times greater than the nominal calorific capacity of the human
body; therefore, it is often challenged by manufacturers of WBC devices [13].
Estimation of the heat reserve in BS tissues before and after the procedure shows
that the heat flux to the heat carrier is provided by the heat capacity of the body
shell tissues (Figure 6).

Lowering the surface temperature of the BS creates conditions for increasing
heat transfer with thermal conductivity from the deep to the periphery of the body.
As a result, there is a change in the distribution of the tissue temperature through-
out the entire thickness of the BS. The amount of heat removed from different BS
tissues is determined by the enthalpy difference before and after the WBC proce-
dure. Taking into account the constancy of the heat capacity of the tissues in the
temperature range from �2 to 40°C [17], the amount of heat removed can be
calculated from the temperature difference:

ΔTi ¼ Tτ¼0
i � Tτ¼τmax

i : (18)

The amount of accumulated heat removed from one area element:

QAi ¼ ΔTiΔxρici: (19)

The total amount of heat released due to supercooling of each of the three types
of BS tissues is the sum of portions of heat released in the area elements of this tissue
layer:

epithelial layer, 1≤ i≤ nE, QAE ¼ ∑nE
i¼1ΔTiΔxρici;

fat layer, nE þ 1≤ i≤ nF, QAF ¼ ∑nF
i¼nEþ1ΔTiΔxρici;

muscular layer, nF þ 1≤ i≤ nBS, QAM ¼ ∑nBS
i¼nFþ1ΔTiΔxρici,

(20)

where nE, nF, and nBS means the number of area elements located between the
outer surface and the inner boundary of the epithelial layer, the fat layer, and the
patient’s body shell, respectively.

Figure 6.
The temperature of the body shell before and after the WBC procedure.

143

Technique and Technology of Whole-Body Cryotherapy (WBC)
DOI: http://dx.doi.org/10.5772/intechopen.83680



The dependence graph ISA = f(Ti = 1) (Figure 5) shows how the receptor signal
increases with the skin surface supercooling. At the lowest possible temperature of
the skin surface under conditions of water hypothermia (5°C), ISA = 21 s/s, while at
WBC the maximum value is 225 times higher than ISA = 4800 s/s. Differences in the
intensity of stimulation of cold receptors determine the therapeutic benefits of
WBC.

Data on the amount of heat QHC removed from a BS surface unit by a heat
carrier (HC) and heat flux intensity has the fundamental importance for the devel-
opment of WBC technology qHC. The total heat removal is determined by integrat-
ing the instantaneous values qHCqHC, which were calculated by Eq. (12):

QHC ¼
ðτmax

τ¼0
qHC∂τ: (17)

The calculated values are given in Table 2. In cryogenic gas, heat removal was
440 kJ/m2, which is 10% more than in cold water. The result obtained is signifi-
cantly less than that supposed by some WBC popularizers who estimate heat
removal from the patient’s body at 1250–2500 kJ/m2 [20].

At the same time, the result obtained is significantly more than can be removed
from aWBC device by using 2 kg of liquid nitrogen for one patient’s cooling [6, 10].

The assessment of the power of the specific heat flux, which the BS surface gives
to the heat carrier, has essential practical importance. Table 1 shows the maximum

Figure 5.
Dependence of ISA value on body surface temperature.

Results Heat carrier

gas water

Cooling time, τmax, sec 159 177

Minimum surface temperature of the object,Ts, °C �2.0 5.5

The minimum temperature at the inner boundary of the fat layer,Tf, °C 309.2 309.0

Heat removed by heat carrier from the body surface, QHC, kJ/m
2 440 410

Heat removed through the inner boundary of the fat layer, Qf, kJ/m
2 10.2 12.5

Heat flux from the body surface at the beginning of the cooling process, qmax
HC , kW/m2 3.5 11.3

Heat flux from the body surface at the end of the cooling process, qmin
HC , kW/m2 2.3 0.95

Table 2.
The results of a numerical experiment on the simulation of heat removal by water with a temperature of 273 K
and gas with a temperature of 140 K [16].

142

Low-temperature Technologies

values, at the beginning of the procedure, and the minimum values, at the time of
completion of the cooling powers of the heat flux to the cold water and the gaseous
heat carrier. For designing WBC devices, it is useful to know the mean value of the
heat flux, which the heat carrier must remove in a single procedure, 2.9 kW/m2.
This value is 29 times greater than the nominal calorific capacity of the human
body; therefore, it is often challenged by manufacturers of WBC devices [13].
Estimation of the heat reserve in BS tissues before and after the procedure shows
that the heat flux to the heat carrier is provided by the heat capacity of the body
shell tissues (Figure 6).

Lowering the surface temperature of the BS creates conditions for increasing
heat transfer with thermal conductivity from the deep to the periphery of the body.
As a result, there is a change in the distribution of the tissue temperature through-
out the entire thickness of the BS. The amount of heat removed from different BS
tissues is determined by the enthalpy difference before and after the WBC proce-
dure. Taking into account the constancy of the heat capacity of the tissues in the
temperature range from �2 to 40°C [17], the amount of heat removed can be
calculated from the temperature difference:

ΔTi ¼ Tτ¼0
i � Tτ¼τmax

i : (18)

The amount of accumulated heat removed from one area element:

QAi ¼ ΔTiΔxρici: (19)

The total amount of heat released due to supercooling of each of the three types
of BS tissues is the sum of portions of heat released in the area elements of this tissue
layer:

epithelial layer, 1≤ i≤ nE, QAE ¼ ∑nE
i¼1ΔTiΔxρici;

fat layer, nE þ 1≤ i≤ nF, QAF ¼ ∑nF
i¼nEþ1ΔTiΔxρici;

muscular layer, nF þ 1≤ i≤ nBS, QAM ¼ ∑nBS
i¼nFþ1ΔTiΔxρici,

(20)

where nE, nF, and nBS means the number of area elements located between the
outer surface and the inner boundary of the epithelial layer, the fat layer, and the
patient’s body shell, respectively.

Figure 6.
The temperature of the body shell before and after the WBC procedure.

143

Technique and Technology of Whole-Body Cryotherapy (WBC)
DOI: http://dx.doi.org/10.5772/intechopen.83680



Part of the heat removed was obtained from internal sources in the epithelial and
muscle layers, heat of metabolism QMH. This heat was calculated by a known value
qv (Table 1):

QMHE ¼ τmaxΔx nE � 1ð ÞqVE; QMHM ¼¼ τmaxΔx nBS � nF � 1ð ÞqVM, (21)

where qVE and qVMqVM means the specific heat of metabolism of epithelium and
muscles, respectively, W/m3.

Some of the heat removed came from the patient’s body core; the amount of heat
gained can be determined by numerical integration and instantaneous values of the
heat flux transferred by thermal conductivity through the inner boundary of the
body shell:

QBC ¼
ðτmax

τ¼0
qniþ1

∂τ: (22)

The histogram on Figure 7 gives an idea of what is the source of heat removed
from the surface of the patient’s body shell. The main share of the heat of 55.2% was
gained due to supercooling the epithelial layer. The heat gained by supercooling the
fat layer QAF is 39.8%. The supply of heat from the body core QBC and internal
sources QMH in the body shell tissues is less than 2%. This supply of heat is gained
by supercooling the muscle layer QАM.

The calorific capacity of the body does not play any role in the formation of the
heat load on the cooling system of the WBC device, which is determined by the heat
storage capacity of the body shell tissues. The safety of the WBC procedures is
ensured by the correct choice of the contact duration of the body surface with a
cryogenic gas. The thermal control system of the body does not affect the safety of
procedures.

6. Selecting optimal gas temperature in the WBC zone

In practice, there are two options for carrying out WBC procedures in multi-seat
and single-seat installations [7, 21–23]. The cooling conditions in these installations

Figure 7.
Sources of the heat gained the WBC procedure.
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differ significantly; therefore, the technology of group and individual WBC should
be developed separately.

Contrary to the popular belief [7, 13], GWBC and IWBC provide effects on only
a fraction of the skin area. In a group installation, the contact area of the cooling gas
with the patient’s body in a multi-seat cab is up to 70.5% of the total surface area of
the body. In an individual cab, the contact area reaches 66% [7]. Temperature
regimes of GWBC and IWBC are fundamentally different.

The GWBC technology was influenced by the design of the device for
performing the procedures (Figure 1). Using a low-temperature food storage
chamber for WBC procedures, Japanese engineers and doctors were forced to carry
out WBC procedures in groups. The dimensions of the chamber were too large for
individual procedures. This forced solution is contrary to the general practice of
physiotherapy; treatment is always carried out individually.

Systems for implementing technology I, individual cryosaunas, were developed
20 years after multi-seat installations [7] with consideration of the experience of
their operation. Modern installations for IWBC use a nitrogen cooling system
(NCS), so they quickly reach a given temperature level and allow you to adjust the
temperature of the gas in the WBC zone.

It is impossible to develop universal recommendations on selecting the optimal
temperature of the gaseous heat carrier for GWBC and IWBC, since in multi-seat
and single-seat installations the algorithm for changing the temperature of the
cooling gas during the procedure is different.

To conduct a preliminary analysis of the effect of gas temperature in the WBC
zone on the magnitude of the positive effect achieved, it can be assumed that the
procedure takes place in isothermal conditions:

0 < τ≤ τmax; T1 ¼ const: (23)

It is impossible to implement WBC in the isothermal mode, since it takes some
time for the patient to enter the low-temperature zone and exit from it. However,
the study of WBC processes in ideal temperature conditions allows us to formulate
the general technological conditions of efficiency.

To determine the optimal gas temperature in the WBC zone, the calculated
values of the WBC ET obtained by Eq. (6) were used. Simulation of the BS cooling
process under conditions of natural gas convection with a temperature from 90 to
190 K allowed us to plot the dependence of the ET value on the gas temperature in
the WBC zone (Figure 8).

When isothermally cooling the surface of the patient’s body, the maximum value
of ET (325 min) is achieved at a temperature of 140 K. At temperatures below
140 K, the WBC efficiency gradually decreases. At a temperature of 100 K, the
value of WBC ЕТ is almost three times lower than the maximum [7]; therefore,
when conducting WBC procedures, it is advisable to use a gas with a temperature
from 120 to 140 K [16]. At temperatures above 140 K, the WBC efficiency rapidly
decreases. At a temperature of 160 K, the WBC ET of the procedures is 10 times
lower than the maximum value and is close to the results achieved during water
procedures. The results of the computational experiment on simulation of cooling
the body surface with gas with a temperature of 160 K (�110°C) ideally coincide
with the results of tests performed by doctors in sports medicine [8], which in
comparing the therapeutic effect of WBC procedures at a temperature of �110°C
and water baths with a temperature of 8°C, did not reveal any advantages of the
WBC. The results obtained have clear thermophysical reasons. As the temperature
of the gaseous heat carrier increases, the intensity of heat removal from the BS
surface decreases, and the safe cooling time increases.
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When the gas temperature is above 150 K, the danger of supercooling of the
body core (Tf ! 309 K) occurs before the surface of the body shell is supercooled.
The reason for the termination of the WBC procedures becomes a violation of the
condition Tf ≥ 309 K. At the same time, the temperature of the body shell surface
remains at a sufficiently high level of Ts ≥ 275 K (2°C), due to which the cold
receptors of the skin do not experience significant irritation and the accumulation
of a positive WBC effect is extremely slow. The picture described is identical to
what is observed at the time of completion of the water hypothermia procedure.
Under conditions of isothermal cooling of the body with gas with a temperature of
160 K (�110°C), the estimated duration of the WBC procedure is 207 sec. During
this time, the BS surface temperature drops only to 275 K. At this BS surface
temperature, the ISA value is 80 times less than the maximum value (Figure 5).
Under actual conditions, the WBC procedures in installations with a minimum
temperature of 160 K (�110°C) do not ensure the constancy of the gas temperature,
so the BS surface temperature after the procedure is much higher than the calcu-
lated one and is 15–20°C [24]. Such a temperature on the surface of the skin can be
obtained using water baths with a temperature of 8°C; therefore, the doubts of
some authors [11, 18, 25] on the advisability of using cryogenic technologies are
fully justified.

According to the results of simulating the process of cooling the BS surface with
a cryogenic gas, it can be argued that for effective procedures the gas temperature
in the WBC zone should be not lower than 140 K.

7. Selecting the optimal duration of the WBC procedure

The author of the WBC method, Yamauchi, limited the exposure of the body
contact with a cryogenic gas to a period of 180 sec [1, 2]. The minimum air
temperature in the Japanese installation was �175°C. According to the contempo-
rary idea that WBC technology is based on metered supercooling of the body shell,
the choice of the cooling exposure should be related to the temperature of the gas in
the WBC zone. Using the assumption of the constancy of the gas temperature in the
WBC zone, it is possible to determine the maximum duration of cooling at different
gas temperatures. Computational experiments on the mathematical model of the
human BS showed that with an increase in the heat carrier temperature from 90 to
190 K, the safe duration of a patient’s stay in the WBC zone increases from 54 to

Figure 8.
The estimated duration of the effect of WBC at different gas temperature.

146

Low-temperature Technologies

237 sec [3]. At a temperature of 140 K, the safe exposure time for cooling is 161 sec.
The practice of using WBC has shown that, along with the maximum duration of
cooling, it is necessary to limit the minimum duration of stay of patients in a
cryotherapeutic installation [7].

The reasons for this limitation are explained by the graph of dependence
ET = f(τ) (Figure 8). The graph shows that there is a fairly long period in the WBC
procedure when a positive effect is not formed. At a gas temperature of 140 K, this
phase of the procedure accounts for almost 80%, but 93% of the positive effect is
formed after its completion. The reason for the low efficiency of WBC at the
beginning of the procedure is the relatively high skin temperature (TS) (Figure 8),
which drops to 275 K (2°C) only by the end of the first phase of the procedure. As it
can be seen from the graph of dependence ISA = f(TS) (Figure 5), at a skin temper-
ature of TS > 275 K, the intensity of the WBC stimulating effect is negligible ISA
< 60. The first phase of the WBC procedure reduces the surface temperature of the
skin to a temperature of TS = 275 K, so it is called the cooling time (τcool) (Figure 9).
It is obvious that the duration of the WBC procedure must be longer than the
duration of the cooling time but less than the time of the violation of safety condi-
tions τcool < τ < τmax. The second, effective, phase of the procedure ensures the
formation of the main positive result, the longer the duration of the effective phase,
the greater the effect of the procedure.

τEP ¼ τmax � τcool (24)

The calculated dependences of the WBC safe exposure (τmax) and the duration
of the cooling time (τcool) on the gas temperature (Tg) (Figure 10) show that
increasing the gas temperature from 90 to 150 K increases the effective phase of the
procedure. A further increase in temperature increases the duration of the cooling
time. At temperatures above 160 K, the estimated duration of the cooling time
exceeds the safe WBC exposure. Even with isothermal cooling, it is impossible to
provide an effective WBC when using gas with a temperature Tg > 150 K; in real
conditions the gas temperature should be no higher than 140 K.

Numerical experiments on a mathematical model of the human body shell
allowed to formulate general ideas about the technological foundations of effective
WBC. When developing technological recommendations on the design of installa-
tions for the implementation of GWBC or IWBC methods, it is necessary to take
into account the algorithm for changing the temperature of the gas in contact with
the patient’s body surface.

Figure 9.
The change of the body temperature surface Ts and the value of ET during the WBC procedure with gas
temperature of 140 K.
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The change of the body temperature surface Ts and the value of ET during the WBC procedure with gas
temperature of 140 K.
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8. Algorithm for changing the cooling gas temperature during the
individual and group WBC procedures

Installations for GWBC consist of two or three heat-insulated rooms with dif-
ferent air temperatures [7]. Patients pass from the treatment room to the chamber
with the minimum temperature (main chamber, MC) and back through the lock
chambers (LC). In most modern installations, the temperature in the main chamber
is maintained at 160 K and in the lock chamber means at 210 K. At the time of entry
(exit) of patients into the LC or MC, warmer air enters from adjacent volumes.
Because of this, the air temperature in the MC volume increases by at least 25 K.
From the body surface of each patient, 3.5 to 4.5 kW of heat is released into the MC
volume. Taking into account these factors, the actual GWBC temperature regime
depends not only on the choice of the nominal temperatures in MC and LC but also
on the power of the cooling system. Another uncertainty factor is the duration of
stay of patients in the main cab. There are different opinions about the advisability
of pre-cooling the body surface at an intermediate temperature of 210 K. Some
researchers believe that a gradual decrease in temperature increases subjective
comfort and safety [7]. In other works it is proposed to reduce the time of stay of
patients in LC to a minimum [13]. Given all the reasons presented, it is obvious that
it is extremely difficult to simulate the GWBC process. The temperature of the
cooling gas varies according to a complex schedule, which consists of at least eight
stages (Figure 11).

The algorithm of changing the gas temperature in IWBC is much simpler
(Figure 11). The patient enters the cab filled with atmospheric air, which is quickly
replaced by vapors of liquid nitrogen with a temperature not higher than 140 K. The
time to reduce the gas temperature in the IWBC cab to the optimum level depends
on the power of the cooling system and is at least 20 sec.

Taking into account the results of simulating the WBC process under conditions
of a constant gas temperature, it can be argued that the GWBC procedures using the
algorithm shown in Figure 11 do not provide significant therapeutic outcomes. To
restore the effectiveness of GWBC, it is necessary to significantly reduce the mini-
mum air temperature in the main treatment cab. Experiments on a mathematical
model of the body shell showed that the effectiveness of GWBC reaches the optimal
level when the air temperature in the main cab drops to 130 K. However, modern
installations for GWBC cannot maintain the temperature at this level, since they use

Figure 10.
The dependence of the cooling phase duration and safe exposure WBC on the gas temperature.
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compression cooling systems on gas mixtures [7]. To lower the temperature, it is
necessary to use other heat transformation cycles in the cooling system, the
power of which will allow compensating for the heat load associated with WBC
procedures.

9. The heat load on the cooling system of the WBC zone

When designing cooling systems of the WBC zone, it is necessary to adequately
estimate the power of the heat fluxes that need to be compensated. It was shown
above that during the WBC procedure, 440 kJ/m2 of the heat is released from the
patient’s body surface, and the mean heat flux from the body to the cryogenic heat
carrier varies from 3.5 to 2.3 kW/m2 (Table 2). Taking into account the surface area
of the body (1.6 m2 [7]), the heat input from one patient will be 700 kJ; the mean
power of the heat input is 4.6 kW. It is necessary to spend at least 2.7 kg of liquid
nitrogen only to remove the heat released from a patient’s body surface with a gas
with the temperature of Tg = 140 K:

GLN ¼ QHC

rLN þ cLN Tg � T″
LN

� �� �0 (25)

where rLN means the heat of vaporization of nitrogen, rLN = 199 kJ/kg;сLN means
the heat capacity of nitrogen vapor, cLN = 1.002 kJ/kg; and T″

LN means the boiling
point of liquid nitrogen at atmospheric pressure,T″

LN = 78 K.
Estimated nitrogen flowrate for removal of the heat from the body surface is 2.7

times higher than in modern nitrogen-cooled WBC installations [13]. To restore the
WBC effectiveness, it is necessary to provide cryotherapy installations with suffi-
ciently powerful cooling systems.

The heat input from the patients QHC is only the useful part of the heat load on
the cooling system. In addition, it is necessary to compensate for the heat input
from the walls of the thermal fencing of the WBC zone and QTI the heat that the
warm gas fluxes bring from the adjacent volumes (lock chamber or environment) to
the volume of the treatment cab QGC. The total heat load is defined as the sum of
heat received from different sources:

Figure 11.
Algorithm for changing the temperature of the of the cooling gas with the technology GWBS and IWBS.
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compression cooling systems on gas mixtures [7]. To lower the temperature, it is
necessary to use other heat transformation cycles in the cooling system, the
power of which will allow compensating for the heat load associated with WBC
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above that during the WBC procedure, 440 kJ/m2 of the heat is released from the
patient’s body surface, and the mean heat flux from the body to the cryogenic heat
carrier varies from 3.5 to 2.3 kW/m2 (Table 2). Taking into account the surface area
of the body (1.6 m2 [7]), the heat input from one patient will be 700 kJ; the mean
power of the heat input is 4.6 kW. It is necessary to spend at least 2.7 kg of liquid
nitrogen only to remove the heat released from a patient’s body surface with a gas
with the temperature of Tg = 140 K:
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where rLN means the heat of vaporization of nitrogen, rLN = 199 kJ/kg;сLN means
the heat capacity of nitrogen vapor, cLN = 1.002 kJ/kg; and T″
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times higher than in modern nitrogen-cooled WBC installations [13]. To restore the
WBC effectiveness, it is necessary to provide cryotherapy installations with suffi-
ciently powerful cooling systems.

The heat input from the patients QHC is only the useful part of the heat load on
the cooling system. In addition, it is necessary to compensate for the heat input
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QΣ ¼ QHC þQTI þ QGC: (26)

The energy efficiency of the installation design for WBC can be estimated by the
share of the useful load on the cryostatting system, the coefficient of thermal
efficiency:

ηH ¼ QHC=QΣ: (27)

To estimate the expenditure of energy and select the optimal technology for
WBC procedures, it is necessary to conduct a numerical experiment on a mathe-
matical model of a cryotherapeutic device.

10. Mathematical model of cryotherapeutic device

Given the variety of design solutions used in the manufacture of devices for
WBC, the mathematical model should have the most generalized form. It is neces-
sary to stop considering particular design features and focus on the fundamental
issues. It becomes possible with a one-dimensional model of the WBC zone
(Figure 12). The model considers the processes occurring in a volume unit of the
WBC zone.

The surface of the patient’s body 1 is cooled with a gaseous heat carrier 2 which
fills the volume of the thermal fencing 3. The heat flux is removed from the patient’s
body surface qHC. The heat flux is supplied to the gas 2 from the surface of the
thermal fencing 3 qTI. The movement of gas fluxes creates an additional source of
the heat load qGC. To keep the gas temperature in the WBC zone at a constant level,
it is necessary to ensure the removal of total heat qΣ to the cryostatting system. To
form a one-dimensional model, it is necessary to relate all system indicators to the
volume unit of the WBC zone. The specific heat transfer surface of the thermal
insulation f3 and the patient’s body f1 are determined taking into account the volume
of the treatment cab V3:

f 3 ¼ F3=V3; f 1 ¼ nF1=V3, (28)

Figure 12.
Heat fluxes in the WBC zone.
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where F3 means the total area of the internal surface of the cab’s thermal fencing,
n means the number of patients in the cab, and F1 means the surface area of a
patient’s body.

The specific heat input from the patient’s body and the thermal fencing is
calculated considering the temperatures of their surfaces:

qTI ¼ α3�2  f 3 T3 � T2ð Þ; qHC ¼ α1�2  f 1 T1 � T2ð Þ, (29)

where α3–2 and α1–2 means the heat transfer coefficients from the thermal fenc-
ing and the patient’s body, respectively; T1 and T3 means the temperatures of
surfaces of the body and the fencing; and T2 means the temperature of the heat
carrier gas.

Specific characteristics of devices designed for the implementation of GWBC
and IWBC technologies have large differences. In multi-seat installations, the
patient accommodation density is 0.4–0.7 person/m3, and the specific volume of
free space V0 is at least 98%. The specific surface area of the patient’s body is
0.6–1.0 m2/m3; the thermal fencing area of the WBC zone is 2.4–3.0 m2/m3. Low
compactness of accommodation of patients in multi-seat installations is necessary so
that they can move from one low-temperature chamber to another.

In single-seat cryosaunas, the patient accommodation density reaches 2.0
persons/m3, the specific surface area of the patient’s body is 3.2 m2/m3, the thermal
fencing area of the WBC zone is 6.4 m2/m3, and the specific free space volume is
84% [7]. High compactness of the patient accommodation is ensured by the fact
that the patient does not move during the procedure; therefore, the cab size is
comparable to the size of the patient’s body.

The heat input with gas fluxes is determined by the intensity of convective mass
transfer of warm gas to the volume of the WBC zone. The heat input by gas
convection across the boundary of the WBC zone is determined from the
expression:

qGS ¼ cpgG Tg � T2
� �

, (30)

where gG means the specific transfer of the gas mass into the volume of the WBC
zone, kg/(m3 sec); cp means the heat capacity of the gas, kJ/(kg K); and Tg means
the temperature of the gas entering the WBC zone.

Large heat flows with gas fluxes are supplied into the WBC zone as patients
enter and exit. For example, a multi-seat lock chamber and a cab of a single-seat
cryosauna are filled with atmospheric air at the moment patients enter. 93 kJ/m3 of
heat enters the lock cab with atmospheric air. When the temperature recovers to the
nominal level, the air density in the lock cab increases by 40%; this is accompanied
by supplying additional air from the atmosphere, which contributes another
27 kJ/m3 of heat. In one procedure, 120 kJ/m3 of heat transferred by gas convection
enters the lock chamber.

The basis of the mathematical model of the WBC zone is a one-dimensional
energy equation:

ρ
∂h
∂τ

¼ ∂qx
∂x

þ qv, (31)

where qv means the heat from internal sources:

qv ¼ qΣ þ qHC þ qTI þ qGC: (32)
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where F3 means the total area of the internal surface of the cab’s thermal fencing,
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zone, kg/(m3 sec); cp means the heat capacity of the gas, kJ/(kg K); and Tg means
the temperature of the gas entering the WBC zone.
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ρ
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In the ideal case, qv = 0, since qΣ = �(qHC + qTI + qGC), i.e., the cooling system
compensates for the heat input per volume unit of the WBC zone.

To account for material balance in the mathematical model of the WBC zone,
the continuity equation is used:

∂ρ

∂τ
þ ∂gx

∂x
¼ 0: (33)

So, the transfer of heat by the thermal conductivity of gas is small; expression
(30) is simplified and can be transformed by replacing the derivatives with differ-
ential approximants:

ρ
Δh
Δτ

¼ qv; h
0 ¼ hþ qvΔτ

ρ
: (34)

The numerical solution of the continuity (Eq. (33)) allows to take into account
the input of gas mass to compensate for the change in density:

g0x ¼ gx þ
ρ0 � ρð ÞΔx

Δτ
: (35)

Eqs. (29), (34) and (35) allow to analyze the processes occurring in the WBC
zone during the implementation of individual or group technology. To perform a
computational experiment, it is necessary to adopt an algorithm for changing the
temperature of the cooling gas for IWBC and GWBC.

Formulation of a temperature algorithm for the IWBC process is relatively
simple. let us take the time of filling the zone with a cryogenic gas (Figure 11)
τI = 20 sec, τII = 150 sec, and τIII = 10 sec and the gas temperature in the isothermal
phase II TII = 140 K. The specific heat transfer surfaces of heat sources are
f1 = 3.2 m2/m3, and f3 = 6.4 m2/m3; the specific free space volume is 84% [7]. When
simulating the IWBC process, heat fluxes from various sources (28) and (29) are
calculated, and the integral heat input is determined:

QHC ¼ f 2

ðτ¼τmax

τ¼0

qHC∂τ; QTI ¼ f 3

ðτ¼τmax

τ¼0

qTI∂τ; QGC ¼
ðτ¼τmax

τ¼0

qGC∂τ: (36)

By Eqs. (26) and (27), the total heat load on the cooling system and the coeffi-
cient of thermal efficiency are calculated. It is assumed that the cooling system
covers all types of heat load, so the specific power of the refrigerator electric drive
can be determined by the heat load and the value of the coefficient of performance
at the current temperature level:

N5 ¼ qΣ=ε5; ε5 ¼ f Tg
� �

, (37)

where ε5 means the coefficient of performance and the ratio of the heat removed
to expenditure of energy in the refrigerator at the temperature level of 140 K,
ε5 = 0.25 W/W.

For the instantaneous values of the calculated power of the system refrigerator,
the specific expenditure of energy for cooling the IWBC zone per procedure is
calculated:

Q5 ¼
ðτ¼τmax

τ¼0
N5∂τ (38)
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Let us determine the specific values of the liquid nitrogen flowrate per
procedure:

gLN ¼ qΣ
rLN þ cLN Tg � T″

LN

� �� �0 ; Ga ¼
ðτ¼τmax

τ¼0
ga∂τ: (39)

The results of the numerical experiment are summarized in Table 3. In the
experiment on simulating the GWBC process, the time algorithm presented on the
graph (Figure 11) was used; the nominal gas temperature in the main cab was
130 K. Energy indicators for the main and lock chambers were calculated.

The energy efficiency of the technology was estimated by the total energy
expenditures in the main and lock chambers. The results of the numerical experi-
ment on simulating the GWBC process are summarized in Table 3.

The data in Table 3 show that WBC procedures require the removal of large
amounts of heat from the low-temperature zone. Specific heat input to the IWBC
zone is QΣ = 2012 kJ/m3. Given the short duration of the procedure (τmax = 180 sec),
the mean heat load on the cooling system of the IWBC zone was 11.8 kW/m3.
Considering that this heat load must be removed at a temperature level of 140 K,
the estimated power of the cooling system of the low-temperature zone was
45.3 kW/m3. Refrigerators of such power are rather expensive; therefore, it is
economically feasible to use the nitrogen cooling system of the WBC zone. Specific
liquid nitrogen flowrates are 7.503 kg/m3.

Indicators IWBC GWBC

Cab Lock chamber Total

Features of WBC zone

f1, m
2/m3 3.2 0.62 0.62

f2, m
2/m3 6.4 2.4 2.4

V0, % 0.84 0.97 0.97

Heat input to the WBC zone

qmax
Σ , kW/m3 33 7.43 3.97

QΣ, kJ/m
3 2012 422 144 566

QGC, kJ/m3 92 142 96 238

QHC, kJ/m3 1427 246 33 279

QTI, kJ/m3 493 33 14 47

QΣ=τmax, kW/m3 11.8 2.76 1.18 3.94

η 0.71 0.58 0.23 0.49

The expenditure of electrical energy and liquid nitrogen flowrate for cooling

Nmax
5 , kW/m3 136 11.04 4.72 15.76

Q5, kW/hour/m3 2.15 0.50 0.07 0.57

Q5=τmax, kW/m3 45.3 11.04 4.72 15.76

GLN, kg/m
3 7.503 1.56 0.42 2.02

GLN=τmax, g/(sec�m3) 0.04 0.0029 0.009 0.0038

Table 3.
Energy features of devices for IWBC and GWBC.
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The expenditure of electrical energy and liquid nitrogen flowrate for cooling

Nmax
5 , kW/m3 136 11.04 4.72 15.76

Q5, kW/hour/m3 2.15 0.50 0.07 0.57

Q5=τmax, kW/m3 45.3 11.04 4.72 15.76

GLN, kg/m
3 7.503 1.56 0.42 2.02

GLN=τmax, g/(sec�m3) 0.04 0.0029 0.009 0.0038

Table 3.
Energy features of devices for IWBC and GWBC.

153

Technique and Technology of Whole-Body Cryotherapy (WBC)
DOI: http://dx.doi.org/10.5772/intechopen.83680



The energy indicators of the GWBC zone are much lower (Table 3). The specific
heat input is QΣ = 566 kJ/m3, the mean heat load on the cooling system is 15.6 kW/
m3, and the power of the cooling system is determined by the sum of the inflows of
heat into the main cab and lock chamber.

Due to the low compactness of the accommodation of patients in the treatment
area, the GWBC thermal efficiency coefficient was 0.49. Under conditions of a
single-seat installation, the thermal efficiency coefficient was 0.71, which indicates
a more rational expenditure of energy. This is clearly illustrated by the histogram of
the structure of the heat load on the cooling system of the IWBC and GWBC zones
(Figure 13).

In single-seat installations, the heat storage capacity of the thermal fencing
makes a significant contribution to the heat load, due to which the share of heat
removed from thermal insulation reaches 24%. At the beginning of each procedure,
a single-seat cab is filled with atmospheric air, which heats the inner surface of the
thermal insulation. When implementing the GWBC technology, the heat load from
the insulation is insignificant means of 9%, but the convective heat supply is 24%.
The negative impact of convective heat transfer is determined by a large share of
the free space in the low-temperature zone.

The data in Table 3 do not allow giving an unambiguous preference for a
particular technology. This is due to the fact that all indicators are related to the
volume unit of the WBC zone, while the technological task of the process is to cool
the surface of the patient’s body shell. If we calculate the specific heat load values
and the expenditure of energy for cooling a unit of the shell surface (Table 4), the
advantages of the IWBC technology become indisputable. According to all energy
indicators, the IWBC technology is 1.5 times more efficient than the GWBC process.

Figure 13.
The structure of the heat load on the cooling system zones IWBC and GWBC.

Indicators IWBC GWBC

QΣ=f 1, kJ/m2 629 913

Q5=f 1,Q5=f 1, kW/hour/m2 0.67 0.92

GLN=f 1, kg/m2 2.34 3.24

GLN=f 1�F1, kg/m2 3.77 5.18

Table 4.
Energy features of devices for IWBC and GWBC.
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11. Conclusion

The performed analysis of the healthcare and energy efficiency of the two
options for the implementation of the WBC technology allows us to reasonably give
preference to individual procedures that not only combine high healthcare effi-
ciency with relatively low expenditure of energy but also to a greater extent corre-
spond to the traditional principle of individuality of therapeutic techniques.

The effectiveness of WBC technology depends on the choice of the duration of
contact with cryogenic gas. The minimum duration of WBC procedure at the
optimum gas temperature (�130°С) is 120 s. Meanwhile, one should remove
440 kJ/m2 with an average intensity of at least 2.4 kW/m2 and spend not less than
1.7 kg/m2 of liquid nitrogen on heat removal. The electric drive of the cooling
system of WBC zone should have an average power of at least 9.3 kW/m2, and in
the case of using nitrogen cooling system, the cryoagent consumption should be not
less than 2.4 kg/m2.
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Chapter 9

Comparative Evaluation of 
Cryogenic Air Separation Units 
from the Exergetic and Economic 
Points of View
Stefanie Tesch, Tatiana Morosuk and George Tsatsaronis

Abstract

The industrial use of cryogenic air separation units started more than 120 years 
ago. Cryogenic air separation processes produce pure nitrogen, oxygen, and argon, as 
well as other noble gases. In cryogenic air separation units, the produced amounts of 
nitrogen and oxygen vary between 200 and 40,000   Nm   3  / h  and 1000 and 150,000   Nm   3  / h , 
respectively. Different configurations of this process lead to various amounts of gaseous 
and liquid products. In addition, the purity of the products is affected by the schematic. 
Oxygen in gaseous or liquid form is typically used in the metallurgical (e.g., steel) 
industry, in chemical applications (as oxidizer), in power plants (for oxy-fuel combus-
tion processes), as well as in the medical and aerospace sectors. Nitrogen in gaseous 
or liquid form is used as inert or flushing gas in the chemical industry and as a coolant 
for different applications. In this chapter, different schematics of air separation units 
are analyzed. An exergetic analysis is applied in order to identify the thermodynamic 
inefficiencies and the processes that cause them. Finally, the systems are evaluated from 
the economic point of view.

Keywords: air separation unit, exergetic analysis, economic analysis

1. Introduction

The industrial use of air separation units for producing pure oxygen, nitrogen, 
argon, helium, and other noble gases is established well. The main products of air 
separation units are oxygen, nitrogen, and argon in liquid and/or gaseous state. Air 
separation processes are classified as cryogenic and noncryogenic air separation 
units, which mainly differ regarding the production capacity and the purity of the 
products. Cryogenic air separation units are used to gain large amounts of products 
with high purity. Modern air separation units produce up to 6000 t/d of oxygen and 
10,000 t/d of nitrogen [1]. In multi-train air separation plants, production rates 
of up to 30,000 t/d oxygen are possible. In comparison to that, the first ASU plant 
had a production rate of 0.1 t/d [2]. In the noncryogenic air separation processes, 
adsorption, chemical, polymeric membranes, and ion transport membranes are 
used. However, these processes produce only small amounts of products.

The applications of pure oxygen, nitrogen, and argon are wide. Approximately 
55% of the produced oxygen is used in the metallurgical industry [3] and 25% in the 
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chemical industry for production of ethylene glycol. Oxygen is required for water 
and waste water treatment for welding and cutting, as well as an oxidizer [4].

In the chemical and metallurgical industries, nitrogen is mainly used as inert or 
flushing gas. It is also used for temperature control purposes in chemical reactions. 
Finally, nitrogen is used in the medicine, cryotherapy, and food industry.

Argon is used as an extinguishing working fluid, packaging gas in the food 
industry, filling gas for light bulbs, carrier gas for gas chromatography, inert and 
cutting gas in the laser technology, etc.

In this chapter, two different schematics for an air separation unit are analyzed 
with external and internal compression [5–7]. The systems are evaluated using 
exergetic and economic analyses.

2. State of the art

Cryogenic air separation is a fully developed process for the separation of air into 
its components for large production rates and high purity. Table 1 gives an overview 
of the different types of air separation processes and their typical production rates 
and purities.

Cryogenic air separation systems consist of at least four blocks (Figure 1): air 
compression and purification, main heat exchanger, cryogenic distillation column, 
and product compression (internal or external).

Dustless air (the typical composition of dry air is given in Table 2) enters the air 
compression block and is compressed in a multistage compressor with interstage cooling. 
In the subsequent purification block, all chemical components within the air, which will 
freeze during the liquefaction of air, have to be removed. Particular attention should be 
given to the contents of water and carbon dioxide: must be <0.1 ppm for H2O and <1 ppm 
for CO2 [10]. Thermal swing adsorption (TSA) or pressure swing adsorption (PSA) is 
used for the purification, which consists of two vessels filled with granular adsorbents. 
The compressed air enters one bed, while the second bed is regenerated. For the regen-
eration, a so-called waste nitrogen stream is used. This stream is a side product stream of 
the column block. Depending on the used adsorption process, the waste nitrogen stream 
is either heated or pressurized in order to desorb the adsorbed impurities from the bed.

Component Capacity   Nm   3  / h Purity mol% Separation method Load range %

1–1000 <99.5 Membrane 30–100

Nitrogen 5–5000 <99.99 Pressure swing 
adsorption

30–100

200–400,000 Any with residual 
concentrations down to ppb1 

range

Cryogenic air 
separation

60–100

100–5000 <95 Vacuum pressure 
swing adsorption

30–100

Oxygen 1000–150,000 Any with residual 
concentrations down to ppb 

range, oxygen content mostly 
>95

Cryogenic air 
separation

60–100

Argon Cryogenic air 
separation

1ppb: parts per billion.

Table 1. 
Production range of cryogenic and non-cryogenic air separation processes (data adopted from [8]).
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For the liquefaction of air, a temperature of −172°C is required. In the main heat 
exchanger (multi-stream heat exchanger; typically, plate and fin heat exchanger 
design), the air is cooled and partially liquefied. The heat transfer processes within 
the main heat exchanger are quite complex, due to the large number of streams 
in different passages and the high number of channels and interactions. Detailed 
analyses are reported in [11–13].

The partially liquefied air leaves the main heat exchanger and enters the distil-
lation column block, which is a double-column system [14]. It consists of a high-
pressure column (operation pressure is around 5–6 bar) and a low-pressure column 
(operation pressure is around 1.3 bar). The condenser of the high-pressure and the 
reboiler of the low-pressure column are thermally coupled. The different boiling 
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Component Volume fraction

Nitrogen 78.08 vol.%

Oxygen 20.95 vol.%

Argon 0.93 vol.%

Carbon dioxide 400 vppm*

Neon 180 vppm
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Composition of dry air (adopted from [9]).
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chemical industry for production of ethylene glycol. Oxygen is required for water 
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Component Capacity   Nm   3  / h Purity mol% Separation method Load range %
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30–100
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range

Cryogenic air 
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concentrations down to ppb 

range, oxygen content mostly 
>95

Cryogenic air 
separation

60–100

Argon Cryogenic air 
separation

1ppb: parts per billion.

Table 1. 
Production range of cryogenic and non-cryogenic air separation processes (data adopted from [8]).
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as reflux. At the top of the low-pressure column also gaseous nitrogen is gained, 
which is fed to the main heat exchanger. The liquid and gaseous oxygen leave the 
column system at the bottom of the low-pressure column either before or after the 
reboiler. The two gaseous product streams are fed to the main heat exchanger in 
order to cool and partially liquefy the air. In addition, a waste nitrogen stream leaves 
the low-pressure column and is also heated within the main heat exchanger.

The air separation process can be extended in order to obtain specified product 
requirements. The integration of an additional cooling cycle is also possible [15].

Air separation units can be distinguished regarding the kind of product 
 compression [16]:

• Internal compression or ”pumped LOX cycle,” where the product oxygen is pro-
duced at an elevated pressure by using a pump and heating high-pressure liquid 
oxygen in the main heat exchanger against high-pressure air.

• External compression or “low-pressure GOX cycle,” where the product oxygen is 
taken as a gas from the bottom of the low-pressure column and is subsequently 
compressed to the required pressure using a compressor.

Nowadays, most of the air separation plants use the internal compression of 
oxygen [17, 18]. The internal compression has several advantages from the ther-
modynamic and safety points of view. From the thermodynamic point of view, the 
increase of the oxygen pressure requires less power if it is pressurized in liquid state 
instead of gaseous state.

In addition, there are safety-related problems in conjunction with the oxygen 
compressors, which lead to higher costs, lower efficiency, and reliability in compar-
ison to air and/or nitrogen compressors [17, 19]. The internal compression of oxygen 
has a second advantage from the safety viewpoint. Due to the fact that hydrocar-
bons accumulate in the bottom of the column, an explosion could occur. Therefore, 
in air separation plants where only gaseous products are produced, a small amount 
of liquid oxygen has to be withdrawn from the bottom to decrease the potential 
of hazards [16]. In contrast, in air separation units with internal compression, the 
liquid oxygen is continuously withdrawn from the sump and thus decreases the 
potential of hazards.

In literature, different systems have been studied from the energetic and exer-
getic points of view.

In [20], schematics of air separations units are evaluated, which differ regarding 
(a) the kind of product compression (internal or external) and (b) the amount of 
produced gaseous oxygen. The specific power consumption varies between 0.464 
and 0.639 kW/Nm3. A specific power consumption of 0.38 kWh/Nm3 for a large-
scale air separation unit located in China is reported in [18].

An air separation unit with a nitrogen liquefaction block is analyzed from exer-
getic point of view in [15]. The nitrogen liquefaction block is the subsystem with 
the highest exergy destruction. The total exergy destruction ratio is 51%. In [21], 
two cryogenic air separation units are analyzed from the exergetic point of view. 
The paper evaluates a two- and a three-column system (as part of an integrated 
gasification combined cycle), which produces one gaseous oxygen and three gas-
eous nitrogen streams at different pressure levels (88, 25, and 1.3 bar). The highest 
exergy destruction is reported for the preprocessing feed subsystem (air compres-
sors, interstage cooler, and purification system), which amounts to 47 and 54% 
for the two- and three-column system, respectively. An air separation unit with an 
internal compression unit is analyzed from the energetic, exergetic, and economic 
points of view in [22]. The exergetic analysis shows that the air compression and 
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distillation blocks have the highest exergy destruction. An exergetic analysis is 
applied to an air separation unit that produces gaseous oxygen and nitrogen in [23]. 
The results demonstrate that the air compression system causes 38.4% of the total 
exergy destruction, while the distillation system is responsible for 28.2% of the 
total exergy destruction. A double-column and a single-column air separation 
unit are analyzed from the exergetic point of view in [24]. The paper discusses the 
effect of the air pressure on the exergy destruction within the main heat exchanger.

Information about noncryogenic processes can be found in [1, 2, 25–28].

3. Evaluation methods

The exergy-based methods are powerful tools for identifying thermodynamic 
and cost inefficiencies, as well as environmental impacts and risks associated 
with the inefficiencies within energy conversion systems [29, 30]. This evaluation 
method includes the following analyses:

• conventional exergetic analysis

• advanced exergetic analysis

• exergoeconomic analysis

• exergoenvironmental analysis

• exergy-risk-hazard analysis

3.1 Exergy analysis

In order to apply an exergetic analysis, the reference environment needs to be 
defined. In this chapter, the average European conditions are chosen:   T  0   =  15   °  C  and  
  p  0   = 1.0134 bar .

For each stream, the mechanical, thermal, and chemical exergies are calculated 
according to [29, 31]. For all components, the exergies of fuel and product are 
defined, and the exergy destruction is calculated using exergy balances for the k-th 
component and the overall system:

    E   ̇   F,k   =   E   ̇   P,k   +   E   ̇   D,k    (1)

    E   ̇   F,tot   =   E   ̇   P,tot   +   E   ̇   D,tot   +   E   ̇   L,tot    (2)

Here,    E   ̇   F,k    is the exergy of fuel of the k-th component;    E   ̇   P,k    represents the exergy 
of product of the k-th component;    E   ̇   D,k    is the exergy destruction within the k-th 
component;    E   ̇   F,tot    is the exergy of fuel of the overall system, and    E   ̇   P,tot    is the exergy 
of product of the overall system;    E   ̇   D,tot    represents the exergy destruction within the 
overall system;    E   ̇   L,tot    is the exergy loss from the overall system.

The exergetic efficiency is

  ε =     E   ̇   P   ___ 
  E   ̇   F  

    (3)

The following exergy destruction ratios are used in the analysis according to [29].
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applied to an air separation unit that produces gaseous oxygen and nitrogen in [23]. 
The results demonstrate that the air compression system causes 38.4% of the total 
exergy destruction, while the distillation system is responsible for 28.2% of the 
total exergy destruction. A double-column and a single-column air separation 
unit are analyzed from the exergetic point of view in [24]. The paper discusses the 
effect of the air pressure on the exergy destruction within the main heat exchanger.

Information about noncryogenic processes can be found in [1, 2, 25–28].

3. Evaluation methods

The exergy-based methods are powerful tools for identifying thermodynamic 
and cost inefficiencies, as well as environmental impacts and risks associated 
with the inefficiencies within energy conversion systems [29, 30]. This evaluation 
method includes the following analyses:

• conventional exergetic analysis

• advanced exergetic analysis

• exergoeconomic analysis

• exergoenvironmental analysis

• exergy-risk-hazard analysis

3.1 Exergy analysis

In order to apply an exergetic analysis, the reference environment needs to be 
defined. In this chapter, the average European conditions are chosen:   T  0   =  15   °  C  and  
  p  0   = 1.0134 bar .

For each stream, the mechanical, thermal, and chemical exergies are calculated 
according to [29, 31]. For all components, the exergies of fuel and product are 
defined, and the exergy destruction is calculated using exergy balances for the k-th 
component and the overall system:

    E   ̇   F,k   =   E   ̇   P,k   +   E   ̇   D,k    (1)

    E   ̇   F,tot   =   E   ̇   P,tot   +   E   ̇   D,tot   +   E   ̇   L,tot    (2)

Here,    E   ̇   F,k    is the exergy of fuel of the k-th component;    E   ̇   P,k    represents the exergy 
of product of the k-th component;    E   ̇   D,k    is the exergy destruction within the k-th 
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of product of the overall system;    E   ̇   D,tot    represents the exergy destruction within the 
overall system;    E   ̇   L,tot    is the exergy loss from the overall system.
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The following exergy destruction ratios are used in the analysis according to [29].
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   y  k   =     E   ̇    D,k   ____ 
  E   ̇    F,tot  

    (4)

   y  k  ∗   =     E   ̇    D,k   _____ 
  E   ̇    D,tot  

    (5)

3.2 Economic analysis

The economic analysis is performed according to the total revenue requirement 
( TRR ) method [29]. First, the purchased equipment costs ( PEC ) and the bare 
module costs (  C  BM   ) have to be estimated for all components. Afterward, the fixed 
capital investment ( FCI ) and total capital investment (  TCI )     are determined. The  
FCI  consists of the direct and indirect costs, whereas the direct costs are further 
divided into onsite and offsite costs. The total revenue requirement  
(  TRR )     consists of the sum of the levelized carrying charges (   CC  L   )    , the levelized 
operating and maintenance costs (   OMC  L   )    , and the levelized fuel costs  ( FC  L  )   .

4. Process description

System Case A (CA) is a conventional air separation unit with two distillation 
columns, a nitrogen liquefaction block, and an external compression unit of the 
product. Case B (CB) is an air separation unit with two distillation columns and 
an internal compression unit [5–7]. The flowsheets of Cases A and B are given in 
Figures 2 and 3. The key values for the simulations are based on [15, 32].

4.1 Air compression and purification block (ACPB)

In both systems, the dustless air is compressed (in a two-stage compression 
process with interstage cooling) to approximately 6 bar and purified in the adsorp-
tion block (AD). In Case A, the “pure” air enters the main heat exchanger (MHE). 
In Case B, the “pure” air is divided into two parts: Stream 11 enters the main heat 
exchanger, while stream 17 is further compressed in the booster air compressor 
(BAC or AC3). The three air streams (streams 12, 14, and 18) are fed into the main 
heat exchanger.

In Case A, the heat exchanger 3 (HE3) is also assigned to the air compression 
and purification block because this component is required in order to heat the waste 
nitrogen to 170°C, which is required for the desorption of the water vapor and 
carbon dioxide from the adsorption beds. A temperature between 150 and 200°C is 
required for the desorption [32, 33].

In Case A, the air compression and purification block consists of AC1, AC2, IC1, 
IC2, AD, and HE3. In Case B, the following components belong to the air compres-
sion and purification block: AC1, AC2, IC1, IC2, AD, and AC3.

4.2 Main heat exchanger (MHE)

The main heat exchanger is the core component of an air separation unit where 
the cleaned air is cooled to −173.4°C and partially liquefied using the streams 
leaving the column block. In Case A, these are two gaseous nitrogen streams, 
one gaseous oxygen stream, and a waste nitrogen stream. In Case B, the three air 
streams are cooled using one gaseous nitrogen, one gaseous oxygen, and one waste 
nitrogen stream. Stream 15 (28.1% of the air mass flow rate, i.e., stream 11) leaves 
the MHE at a temperature of −120°C and is expanded in the expander (EXP1).  
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The share of this mass flow rate is slightly higher in comparison to the data available in 
literature. As reported in [32], a mass portion of 10–20% at a temperature of −100 
to −130°C is common for this stream. In [24], it is mentioned that the air is divided 
at a temperature level of −140°C and fed to the expander. After the expander, 
stream 16 enters the low-pressure column (LPC) at an intermediate sieve tray. 

Figure 3. 
Flowsheet of case B.

Figure 2. 
Flowsheet of case A.
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Flowsheet of case A.



Low-temperature Technologies

166

The air stream at high pressure leaves the MHE (stream 19) and is expanded within a 
throttling valve (stream 20). In Case A, the oxygen and nitrogen streams are heated 
to 15°C, and the waste nitrogen leaves the main heat exchanger at the temperature 
of 33°C, which results in a minimal temperature difference of 2 K. In Case B, the 
liquid oxygen stream is vaporized and heated within the main heat exchanger 
and leaves it also at 15°C. The waste nitrogen is heated to 170°C, which results in a 
minimal temperature difference of 2.7 K for the MHE.

4.3 Column block (CB)

The column block consists of a low-pressure column and a high-pressure column 
(LPC and HPC) that are thermally coupled by the condenser and reboiler. Gaseous 
nitrogen is gained at the top of the high-pressure and low-pressure column. In Case A, 
the nitrogen stream is condensed only partially, while in Case B, it is totally condensed. 
In both systems, a part of the liquid nitrogen is fed back to the column as reflux (CA: 
stream 66, CB: stream 47). In Case A, the remaining stream is again divided into two 
parts, while stream 55 leaves the systems as a product stream and stream 54 is throttled 
and fed to the low-pressure column. From the bottom of the high-pressure column, 
an oxygen-enriched stream (CA: stream 11, CB: stream 21) is withdrawn, throttled, 
and fed to the low-pressure column. In Case A, the liquid and gaseous oxygen leaves 
the column block at the bottom of the low-pressure column either before or after the 
reboiler. In Case B, the oxygen stream is withdrawn only in liquid state.

In Case A, additional side streams are fed from the high-pressure column to the 
low-pressure column. In Case B, a subcooler is used which is introduced in order to 
decrease the liquid fraction of stream 27 after the throttling, which in turn increases 
the liquid nitrogen reflux to the low-pressure column and has a positive effect on 
the purity of the gaseous nitrogen stream. In the subcooler, the top product stream 
of the low-pressure column is heated before it is fed to the MHE.

The column block consists of the components HPC, LPC, CD/REB, TV1, TV2, TV5, 
and TV6 in Case A. In Case B, it contains the HPC, LPC, CD/REB, SUB, TV2, and TV3.

4.4 Product postprocessing block (PPPB)

In Case A, the gaseous oxygen and nitrogen, after leaving the main heat 
exchanger, are compressed to 20 bar within the oxygen (OC) and nitrogen com-
pressors (NC). Afterward, both streams are cooled to the ambient temperature and 
leave the systems. In Case B, the liquid oxygen is pressurized to 20 bar using the 
oxygen pump (OP). The gaseous nitrogen is compressed after leaving the main heat 
exchanger and is cooled to ambient temperature.

The product postprocessing block consists of the components NC5, OC, ICN, 
and ICO in Case A or OP, NC5, and ICN in Case B.

4.5 Nitrogen liquefaction block (NLB)

Stream 31 leaves the MHE and is fed to the nitrogen liquefaction block where it 
is mixed with streams 44 and 47, which are recycled streams within the nitrogen 
liquefaction block to stream 32. This stream is heated in the heat exchanger 1 (HE1) 
and compressed in a three-stage compression process with interstage cooling 
to 38 bar. Afterward, stream 38 is divided into two streams (stream 39 and 45). 
Stream 45 is cooled within HE1, while stream 39 is first compressed to 45 bar in 
NC4 and is then cooled within HE1. At the outlet of the HE1, stream 41 is split into 
streams 42 and 21. Streams 46 and 42 are expanded in expanders 1 and 2 (EXP1 and 
EXP2), respectively, which are connected with the nitrogen compressors 3 and 4 
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(NC3 and NC4). Stream 21 is cooled in the HE2 by stream 43, which is afterward 
mixed with streams 47 and 31. The cooled stream leaves the HE2 as stream 48 and 
is throttled and split into streams 58 and 59. Stream 58 is directly fed to the HPC, 
while stream 59 is throttled again and then enters the LPC.

In Case A, the nitrogen liquefaction block is formed by the following compo-
nents: HE1, HE2, NC1, NC2, NC3, NC4, IC3, IC4, EXP1, EXP2, and MIX1.

Some components shown in Figures 2 and 3 cannot be assigned to any of the 
afore-mentioned blocks. These components from the remaining block are in Case A 
TV3 and TV4, and in Case B EXP1 and TV1.

5. Simulation

The two systems were simulated using Aspen Plus [34]. For the equation of 
state, the Peng-Robinson-equation was selected. The general assumptions made for 
the simulation are given in Table 3.

6. Results and discussions

6.1 Energy analysis

The total power consumption is calculated as 17.5 MW for Case A and 15.9 MW 
for Case B, while the specific power consumption is 2.31  kWh /  Nm  GOX  3    and 2.11  kWh /  Nm  GOX  3    
for Cases A and B, respectively. Due to the fact that the amount of produced gaseous 
oxygen is the same in both systems, the specific power consumption per gaseous 
oxygen decreases from Case A to Case B. The production rates of the product 
streams, as well as their purities, are given in Figures 4 and 5. The mass flow rates 
of the gaseous and liquid oxygen are kept constant for both systems.

Figure 6 gives an overview of the specific power consumption per produced 
oxygen obtained from the literature. The large deviations in the results obtained for 
Cases A and B are related to several reasons:

Variable Unit Case A Case B

Air

Inlet temperature °C 15

Inlet pressure bar 1.013

Mass flow rate kg/s 16.39 33.50

Composition mol/mol   x   N  2     = 0.7720 
  x   O  2     = 0.2080 
  x  Ar   = 0.0905 
  x   H  2  O   = 0.0102 
  x   CO  2     = 0.0003 

Turbomachines

Isentropic efficiency (compressor) % 84

Isentropic efficiency (expander) % 90

Isentropic efficiency (pump) % 70

Mechanical efficiency % 99

Table 3. 
General assumptions for the simulation of the systems.
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Stream 45 is cooled within HE1, while stream 39 is first compressed to 45 bar in 
NC4 and is then cooled within HE1. At the outlet of the HE1, stream 41 is split into 
streams 42 and 21. Streams 46 and 42 are expanded in expanders 1 and 2 (EXP1 and 
EXP2), respectively, which are connected with the nitrogen compressors 3 and 4 
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• In Cases A and B, the gaseous oxygen and nitrogen streams leave the systems at 
20 bar. For the data obtained from the literature, it is not clearly indicated whether 
the product streams leave the system at atmospheric pressure or at a higher 
pressure level. Solely in [38], it is mentioned that the oxygen leaves the system at 
atmospheric pressure.

Figure 5. 
Purity of the product streams.

Figure 4. 
Mass flow rates of the product streams.
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• In some publications, the specific power consumption is calculated per produced 
oxygen, which also includes the liquid oxygen stream but is not identified as this.

• The production of oxygen and nitrogen with high purity and the additional 
production of liquids have a very large influence on the power consumption. 
In Case A, the additional cooling cycle significantly affects the overall power 
consumption.

• Another reason is the size of the air separation units. Both analyzed systems are 
small-scale plants, which tend to have higher specific power consumption in 
comparison with large-scale units.

The power consumption/generation of the turbomachines in Cases A and B is 
given in Figure 7. In Case A, NC1 and NC2 have the highest power consumption. In 
Case B, the compressor with the highest power consumption is NC5. This compres-
sor requires more power in comparison to NC5 in Case A because the mass flow rate 
of the gaseous nitrogen is twice as high as in Case B. The differences in the power 
consumption of the components AC1 and AC2 are also related to the higher air mass 
flow rate in Case B in comparison to Case A.

6.2 Exergy analysis

The results of the overall system are given in Table 4. The exergetic efficiency 
of Cases A and B amounts to 28.4 and 31.1%, respectively. In [39], an exergetic 
efficiency of 26.6% is reported for a single air separation unit, which is in the same 
range as the results obtained for Cases A and B.

The difference in the exergy of fuel between Cases A and B (Table 4) is related to 
the slightly different total power consumption. The exergy of product for both overall 
systems is the same. Due to the fact that the amount of gaseous and liquid oxygen is 
identical in both systems, the significantly higher amount of gaseous nitrogen in Case 
B compensates the product stream of the liquid nitrogen, which is not available in 
Case B. The exergy loss is significantly higher in Case B. This is due to the fact that the 
mass flow rate of the waste nitrogen stream is significantly higher in Case B than in 
Case A in order to produce the same amount of liquid and gaseous oxygen.

Figure 6. 
Specific power consumption obtained from literature [35–37].
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A graphical representation of the exergy streams is given in Figures 8 and 9. 
For each component, the inlet and outlet exergy streams associated with a material 
stream, the power for the turbomachines, and the exergy destruction are shown. 
The high-pressure and low-pressure columns, the condenser/reboiler, sub cooler (in 
Case B), and some throttling vales are summarized as column block (CB). Figure 8 
shows that the components within the nitrogen liquefaction block have the highest 
exergy destruction in Case A. The exergy destruction ratio of this block accounts for 
60.8% of the total exergy destruction. In Case B (Figure 9), the ICN has the highest 
exergy destruction among all components.

6.3 Economic analysis

The estimated bare module costs (Table 5) for the component blocks are based 
on data from the following sources:

• column and expanders [40]

• heat exchangers and pumps [41]

• compressors [42]

   E   ̇   F,tot      E   ̇   P,tot      E   ̇   D,tot      E   ̇   L,tot     ε  tot   

MW MW MW MW %

Case A 17.6 5.0 12.4 0.2 28.4

Case B 16.1 5.0 10.1 0.9 31.1

Table 4. 
Results obtained from the exergetic analysis of the overall system, Cases A and B.

Figure 7. 
Power consumption/generation.
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Figure 8. 
Sankey diagram Case A.

Figure 9. 
Sankey diagram Case B.
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The bare module costs are slightly higher (1.8%) for Case B than in Case A. The 
distribution of the bare module costs among the component blocks is given in 
Figure 10.

In both systems, the column block has the highest costs: 45% for Case A and 
64% for Case B. In Case A, the nitrogen liquefaction block exhibits the second high-
est share, 31%. In Case B, the air compression and purification block has the second 
highest bare module cost, which amounts to 17.4% of the total sum.

The  FCI  and  TCI , as well as the specific investment costs, are shown in Table 6. Due 
to the fact that the fixed and capital investment costs are calculated based on the bare 
module costs, the  FCI  and  TCI  are slightly higher for Case B in comparison to Case A.  

  C  BM,ACPB     C  BM,MHE     C  BM,CB     C  BM,NLB     C  BM,PPPB     C  BM,rest     C  BM,tot   

  10   3  US$   10   3  US$   10   3  US$   10   3  US$   10   3  US$   10   3  US$   10   3  US$ 

Case A 3013 1246 12,798 8882 2487 0 28,426

Case B 5050 2350 18,491 0 2622 435 28,948

Table 5. 
Bare module costs for the component blocks (reference year 2015).

Figure 10. 
Distribution of the bare module costs among the component blocks.
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In order to compare the investment costs with costs for real plants, the specific 
investment per gaseous oxygen is calculated which amounts to  0.184 ×  10   6  $ /    t  GOX   ____ d    and  
0.181 ×  10   6  $ /    t  GOX   ____ d    for Cases A and B, respectively. Figure 11 shows the specific invest-
ment costs as a function of the produced oxygen for different plants for the reference 
year 2015. As shown in this figure, the specific investment costs decrease for air 
separation plants with large production capacity, which corresponds to the economies 
of scale. The specific investment costs for Cases A and B are close to the curve; this 
shows that the cost estimation conducted here is reasonable. Table 7 shows the results 
for the levelized carrying charges, operating and maintenance costs, fuel costs, and 
total revenue requirement. The fuel costs contribute 70 and 59% to the total revenue 
requirement for Cases A and B, respectively. Due to the lower  TCI  and the lower 
power consumption, the  TRR  is 6% lower for Case B in comparison to Case A.

 FCI  TCI Specific investment costs

  10   6  US$   10   6  US$   10   3  US$ / k  W    E    ̇   P     

Case A 40.2 46.9 9.39

Case B 40.9 47.7 9.57

Table 6. 
Fixed, total, and specific investment costs.

Figure 11. 
Specific investment costs depending on the oxygen production (values obtained from (A) [43], (B) [44],  
(C) [45], (D) [46], (E) [47], (F) [48], (G) [49]).

  CC  L     OMC  L     FC  L    TRR 

  10   3  $ / a   10   3  $ / a   10   3  $ / a   10   3  $ / a 

Case A 5506 1953 17,771 25,232

Case B 5608 1989 16,182 23,779

Table 7. 
Levelized carrying charges, operating and maintenance costs, fuel costs, and total revenue requirement.
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7. Conclusion

This chapter discusses two different air separation units. Both systems are 
designed for a small production capacity—260 t/d of gaseous oxygen and 43 t/d of 
liquid oxygen. The results of the exergetic analysis show an exergetic efficiency of 
28.4 and 31.1% for the system with external and internal compression unit, respec-
tively. From the economic point of view, the bare module costs are slightly higher 
for the system with external compression unit (Case A) in comparison to the system 
with internal compression unit (Case B). The results for the total revenue require-
ment show a relatively large contribution of the fuel cost, which leads to a lower  
TRR  in Case B in comparison to Case A. In addition, Case B has advantages from 
the safety point of view due to the use of an oxygen pump instead of an oxygen 
compressor.
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7. Conclusion

This chapter discusses two different air separation units. Both systems are 
designed for a small production capacity—260 t/d of gaseous oxygen and 43 t/d of 
liquid oxygen. The results of the exergetic analysis show an exergetic efficiency of 
28.4 and 31.1% for the system with external and internal compression unit, respec-
tively. From the economic point of view, the bare module costs are slightly higher 
for the system with external compression unit (Case A) in comparison to the system 
with internal compression unit (Case B). The results for the total revenue require-
ment show a relatively large contribution of the fuel cost, which leads to a lower  
TRR  in Case B in comparison to Case A. In addition, Case B has advantages from 
the safety point of view due to the use of an oxygen pump instead of an oxygen 
compressor.
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Abstract

Contemporary lifestyles dictate that people spend between 60 and 90% of their 
daily lives indoors. For those living in warm climates, air conditioning is thus con-
sidered a necessity. Air conditioners function by removing hot and humid air from 
building interior and replacing it with cooler air. Microorganisms are considered 
among the most important sources of poor quality of indoor air, and contamina-
tion of this air by microbial pollutants is being increasingly recognized as a public 
health problem and a probable cause of the so-called sick building syndrome. In this 
regard, microfiber glass panel filters are considered to provide an effective solution 
for air filtration and have been demonstrated to improve air quality in many appli-
cations. However, recent research has demonstrated that certain microorganisms 
are able to colonize panel filter surfaces. Studies on selected microbes isolated from 
the most commonly used filters have revealed that the bacterial and fungal moist 
masses carried on sponge-type filters are greater than those carried on polyester 
and high-efficiency particulate air (HEPA) filters. Moreover, microbial moist mass 
has been found to increase with increasing incubation time. In addition, recent 
research has shown that certain microorganisms, particularly fungi, can colonize 
the materials used in heating, ventilation, and air-conditioning systems (HVAC).

Keywords: colonization, air-conditioning system, filter, HEPA, indoor,  
sick building syndrome

1. Introduction

Microorganisms are among the most important sources of poor indoor air 
quality, and contamination of indoor air by microbial pollutants is being increas-
ingly recognized as a public health problem and as one of the factors contributing to 
sick building syndrome. Bioaerosols, such as those comprising fungi, bacteria, and 
viruses, in indoor air can cause allergic and infectious diseases, respiratory prob-
lems, and hypersensitivity reactions. People who are sensitive to indoor environ-
mental problems complain of a wide variety of symptoms, ranging from headache, 
tiredness, nausea, and sinus congestion to eye, nose, and throat irritations [1].

Although invisible to the naked eye, the atmosphere is populated by a diversity of 
microorganisms, including bacteria, fungi, algae, and protozoa. Researchers have esti-
mated that the total bacterial count within the troposphere layer ranges from 1 × 103 to 
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1 × 105 cells/m3. Dust is formed during the passage of organic and inorganic particles 
from external and internal resources, which subsequently aggregate and precipitate. 
House dust, for example, consists of cotton fibers, hair, bacteria, molds, and remaining 
paint particles [2, 3]. The findings of a previous study have indicated that the average 
number of fungi contaminating 820 indoor air-conditioning units was 1252 CFU/m3, 
with range of 17–9100 CFU/m3. In addition, Baxter [4] found that the average number 
of spores isolated from 85 buildings was 913 cells/m3, ranging from 68 to 2307 cells/
m3. Daily and seasonal numbers of contaminant microorganisms in the air vary and 
depend primarily on environmental factors, such as vegetation, human activities, and 
seasonal fluctuations [5]. Most of these microorganisms are bacteria and fungi [6].

These microbial contaminants affect the residents of enclosed and humid build-
ings, particularly in the case of toxic hygrophytic fungi, such as Phoma sp., Exophiala 
sp., Aureobasidium pullulans, Acremonium sp., and Sporobolomyces, that are frequently 
isolated from the cooling pipes of air-conditioning systems. Gram-negative bacteria 
and their toxins are also isolated from leaks in air-conditioning pipes. Yang [7], for 
example, identified Legionella pneumophila, which is the causal agent of legionnaires 
disease, as a dominant bacterium in the water leaking from cooling systems. In 
addition, Pseudomonas aeruginosa, which has also been isolated from water leaking 
from air-conditioning systems, is an opportunistic bacterium responsible for several 
diseases. Many studies have proven that the heating, ventilation, and air-conditioning 
(HVAC) systems can become contaminated with organic pollutants, bacteria, and 
fungi, as well as by particulate matter derived from mice, insects, and nematodes. 
The bacteria and fungi colonizing these systems tend to saprophytic and thrive in 
areas that meet their environmental requirements [7]. Fungi have been proven to 
be a source of airborne contamination in air-conditioning systems [8], including 
Alternaria, Aspergillus flavus, Aspergillus fumigatus, Aspergillus niger, Aspergillus 
ochraceus, Aspergillus versicolor, Botrytis cinerea, Cladosporium herbarum, Epiccocum 
purpurascens-sterilia, and Penicillium spp., among which A. fumigatus, which has 
been isolated from air-conditioning filters, is responsible for many dangerous infec-
tions. With regard to bacteria, Propionibacterineae, Staphylococcus, Streptococcus, and 
Corynebacterineae (17, 17.5, 20, and 3%, respectively) have been detected in aeration 
pipes and air filters installed in indoor areas [9, 10]. In addition small percentages of 
species from the genera Fusobacterium and Veillonella (0.02 and 0.1%, respectively), 
which are associated with the mouth cavity and saliva, have also been identified as 
air-conditioning system contaminants [11–13].

With a view toward providing clean indoor air, several studies have been 
conducted to investigate measures that can be used to control the levels of microor-
ganisms that colonize filtering, heating, ventilation, and air-conditioning systems. 
In this regard several types of air filters have been studied with the aim of prevent-
ing the penetration of particles. However, although high-efficiency particulate 
air (HEPA) filters are widely used in hospitals, Aspergillus-associated infections 
continue to occur [14]. Currently, most indoor air-conditioning systems contain 
internal filters that extract microorganisms from the air (Figure 1). However, these 
microbes often remain viable and can be returned to the surrounding atmosphere 
under certain circumstances, such as inefficient operation, during periods of 
maintenance, or due to temporary malfunction [15].

It is widely acknowledged that air-conditioning filters do not remove all the 
particles from the air. Even the use of HEPA filters will not completely eliminate 
the problem of microbial contamination, as this material will only retain particles 
of a minimum of 3 microns in size. Thus, dust particles with sizes smaller than 
3 microns will pass through unhindered. Furthermore, when the filters become 
excessively wet, they can provide a fertile environment for the proliferation of 
molds and bacteria [16, 17].
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In this chapter, several new topics related to environmentally sustainable build-
ings were presented, as it clearly describes the potential impact of HVAC systems 
on the indoor air quality with the aim to enhance the healthy buildings. The chapter 
is structured as follows: besides the Introduction (Section 1), Section 2 introduces 
the principle of air filtration, Section 3 is concerned with presenting the traditional 
air filters, Section 4.5 demonstrates a comparison between the most common and 
modern HVAC filters, Section 6 provides the impact of HVAC filters on indoor air 
quality, and Section 7 is concerned with presenting several results for research prog-
ress about the relationship between microbes and traditional filters and microbial 
colonization of the types of filters commonly used in air-conditioning systems.

2. Principle of air filtration

2.1 How filters work

There are five different collection mechanisms that determine air filtering per-
formance: straining, interception, diffusion, inertial separation, and electrostatic 
attraction.

Figure 1. 
Accumulated dust on discarded polyester filters.
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The first of these mechanisms applies mainly to mechanical filters and is influ-
enced by particle size. Figures 6 to 10 illustrate the five mechanical principles of 
particle capture and their contribution to the retention of particles of different sizes.

Straining (sieving) occurs when the opening between the media components 
(e.g., fibers, screen mesh, and corrugated metal) is smaller than the diameter of 
the particle the filter is designed to capture. This principle spans across most filter 
designs and is entirely related to the size of the particle, media spacing, and media 
density (Figure 2).

Interception occurs when a large particle, because of its size, collides with a fiber 
in the filter that an air stream is passing through (Figure 3).

Diffusion occurs when the random (Brownian) motion of a particle causes that 
particle to come into contact with a fiber. When a particle vacates an area within the 
media, by attraction and capture, it creates an area of lower concentration within 
the medium into which another particle diffuses, only in turn to be captured itself. 
To enhance the likelihood of this attraction, filters employing this principle oper-
ate at low media velocities and/or high concentrations of microfine fibers, glass, or 
otherwise (Figure 4).

Inertial separation is based on a rapid change in air direction and the principles 
of inertia to separate particulate matter from the air stream. Particles moving at a 
certain velocity tend to remain at that velocity and travel in a continuous direction. 
This principle is normally applied when there is a high concentration of coarse 
particulate matter and in many cases represents a pre-filtration stage prior to the 
passage of air through higher-efficiency final filters (Figure 5).

Electrostatic attraction is obtained by charging the media as a part of the 
manufacturing process (Figure 6). However, it plays a minor role in mechanical 
filtration. After fiber contact is made, smaller particles are retained on the fibers 
by a weak electrostatic force. The force may be created through a manufacturing 
process or be dependent upon airflow across media fibers. The force is eradicated as 
media fibers collect contaminants that act as an insulator to a charge. Electrostatic 
filters, which are composed of polarized fibers, may lose their collection efficiency 
over time or when exposed to certain chemicals, aerosols, or high relative humidity. 
A decrease in pressure in an electrostatic filter generally increases at a slower rate 
than it does in a mechanical filter of similar efficiency.

Inertial separation and interception are the dominant collection mechanisms for 
particles greater than 0.2 μm in size, whereas diffusion is dominant for particles less 
than 0.2 μm in size.

As mechanical filters become loaded with particles over time, their collection 
efficiency and reduction in pressure typically increase. Eventually, the decrease 

Figure 2. 
Model of straining (sieving) mechanism, depends on the space between the fibers.
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in pressure significantly inhibits airflow, and when this occurs, the filters must be 
replaced. For this reason, a decrease in pressure across mechanical filters is often 
monitored, as this can provide an indication of when the filters need to be replaced. 
Thus, unlike mechanical filters, a decrease in the pressure of electrostatic filters is 
a poor indicator of the need to change filters. When selecting an HVAC filter, these 
differences between mechanical and electrostatic filters should be borne in mind 
because they will have an impact on filter performance (collection efficiency over 
time), as well as on maintenance requirements (changeout schedules).

Figure 3. 
Model of interception effect mechanism, depends on the collision between the fiber and the particle passing 
through the filter.

Figure 4. 
Model of diffusion mechanism, depends on the motion of the particle causing contact with a fiber.

Figure 5. 
Model of inertial separation mechanism, depends on the collision between the fiber and the small particles for 
reducing its velocity.



Low-temperature Technologies

182

The first of these mechanisms applies mainly to mechanical filters and is influ-
enced by particle size. Figures 6 to 10 illustrate the five mechanical principles of 
particle capture and their contribution to the retention of particles of different sizes.

Straining (sieving) occurs when the opening between the media components 
(e.g., fibers, screen mesh, and corrugated metal) is smaller than the diameter of 
the particle the filter is designed to capture. This principle spans across most filter 
designs and is entirely related to the size of the particle, media spacing, and media 
density (Figure 2).

Interception occurs when a large particle, because of its size, collides with a fiber 
in the filter that an air stream is passing through (Figure 3).

Diffusion occurs when the random (Brownian) motion of a particle causes that 
particle to come into contact with a fiber. When a particle vacates an area within the 
media, by attraction and capture, it creates an area of lower concentration within 
the medium into which another particle diffuses, only in turn to be captured itself. 
To enhance the likelihood of this attraction, filters employing this principle oper-
ate at low media velocities and/or high concentrations of microfine fibers, glass, or 
otherwise (Figure 4).

Inertial separation is based on a rapid change in air direction and the principles 
of inertia to separate particulate matter from the air stream. Particles moving at a 
certain velocity tend to remain at that velocity and travel in a continuous direction. 
This principle is normally applied when there is a high concentration of coarse 
particulate matter and in many cases represents a pre-filtration stage prior to the 
passage of air through higher-efficiency final filters (Figure 5).

Electrostatic attraction is obtained by charging the media as a part of the 
manufacturing process (Figure 6). However, it plays a minor role in mechanical 
filtration. After fiber contact is made, smaller particles are retained on the fibers 
by a weak electrostatic force. The force may be created through a manufacturing 
process or be dependent upon airflow across media fibers. The force is eradicated as 
media fibers collect contaminants that act as an insulator to a charge. Electrostatic 
filters, which are composed of polarized fibers, may lose their collection efficiency 
over time or when exposed to certain chemicals, aerosols, or high relative humidity. 
A decrease in pressure in an electrostatic filter generally increases at a slower rate 
than it does in a mechanical filter of similar efficiency.

Inertial separation and interception are the dominant collection mechanisms for 
particles greater than 0.2 μm in size, whereas diffusion is dominant for particles less 
than 0.2 μm in size.

As mechanical filters become loaded with particles over time, their collection 
efficiency and reduction in pressure typically increase. Eventually, the decrease 

Figure 2. 
Model of straining (sieving) mechanism, depends on the space between the fibers.

183

Impact of Air-Conditioning Filters on Microbial Growth and Indoor Air Pollution
DOI: http://dx.doi.org/10.5772/intechopen.88548

in pressure significantly inhibits airflow, and when this occurs, the filters must be 
replaced. For this reason, a decrease in pressure across mechanical filters is often 
monitored, as this can provide an indication of when the filters need to be replaced. 
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3. Traditional types of household air filters

Humans consume approximately 30 liters of oxygen per hour. Hence, our 
requirement for air is relatively small: 0.15 m3/h. However, because we also pro-
duce carbon dioxide, our bodies require approximately 5 m3/h of fresh air in order 
to maintain carbon dioxide concentrations below life-threatening levels. When 
installing an air-conditioning system, it is advisable to determine the amount of air 
needed, and this will generally be set at between 15 and 20 m3 per individual per 
hour. However, larger volumes of air might be necessary for managing temperature 
or drawing off polluted air.

Ensuring that air is free of dust and aerosols is not only important for maintain-
ing buildings and their interior but also essential for maintaining the health and 
well-being of the human inhabitants.

This may be due to the higher foot traffic during business hours. The air output 
of these places is relatively high, and the cleaning of air-conditioning units may 
prove difficult, which could favor microbial growth and increased accumulation 
of dust on filters and in ducts. With respect to building contamination, it has been 
found that hospitals tend to have higher levels of contamination than other types 
of building examined. Given that hospitals are permanently inhabited by patients, 
this accordingly increases the potential for contamination and possibly infection by 
opportunistic pathogens [18, 19].

Al-Abdalall and Al-Abkari [20] examined the most commonly used filters 
incorporated in air-conditioning systems, namely, sponge, polyester, and HEPA, 
in order to assess the efficiency with which these filters can prevent the passage 
of fungi and bacteria. They accordingly found that complex filters were the most 
efficient in terms of purifying air, with efficiency rates up to 91.8% for bacteria and 
100% for fungi. Sponge filters were deemed to be the least efficient filters, with 
estimated filtration rates of 2 and 50% for bacteria and fungi, respectively. This dif-
ference can probably be explained in terms of the passage of air through filters, with 
filters containing smaller pores being able to trap the larger cells of bacteria or fungi 
more efficiently. In other words, sponge filters are less efficient for air purification 
due to the large filter pores, whereas the filters of HVAC systems are able to capture 
particles smaller than 0.5 microns and prevent all particles with sizes greater than 3 
microns from passing through [21].

In this regard, there are a number misconceptions concerning the relationship 
between filter efficiency and particle size, and in order to resolve this issue, a number 
of companies have developed certain filter-related standards based on particle counts 
at the most penetrating particle size (MPPS). The European Standard applies to HEPA 
ULPA filters used in the field of ventilation and for technical processes (e.g., for clean 
room technology or applications in the nuclear and pharmaceutical industries).

Figure 6. 
Model of electrostatic attraction mechanism, depends on charging the fiber to retain the small particles by a 
weak electrostatic force.
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Many indoor air quality problems can be solved or avoided by cleaning or replac-
ing air filters on a regular basis. Since using air filters is one of the most common 
methods of purifying air, it is recommended that filters be checked at 3-month 
intervals or that arrangements are made for a certified technician to change the 
filter at the beginning of each season.

Filters tend to become clogged, and once their holding capacity has been 
reached, particulate matter tends to be released downstream in the system and 
into the heat exchanger and can thereby cover the interior of the ductwork and 
the blower motor. This matter can subsequently cause problems and malfunctions 
in the mechanical and electrical parts of the system, resulting in high repair costs 
and even the need for replacement. The dispersed matter will circulate back into 
the house, potentially resulting in the proliferation of molds and other fungi. Dirty 
filters can also have a detrimental effect on energy consumptions due to impeded 
airflow, resulting in an increased in fan runtime.

4. Types of most common HVAC filters

4.1 Minimum efficiency reporting value (MERV)

According to the American Society of Heating, Refrigerating, and Air-
Conditioning Engineers (ASHRAE) Standard 52.2-2007 [22], the performance of an 
air filter is determined by measuring the particle counts on both the upstream and 
the downstream sides of the air filter device being tested. Through provided capture 
efficiency values for a range of particle sizes, it facilitates the selection of a filter 
that has the best efficiency with regard to removal of the target contaminant.

To simplify filter selection, the Standard defines a minimum efficiency reporting 
value. The MERV is a single number that simplifies the filter selection process by pro-
viding the specifier, or the user, with a single value of specification for filter selection. 
For most filters with mechanical-based filter operation, this number will most probably 
be a minimum value at installation and throughout the life of the filter. The particle size 
ranges specified by Standard 52.2 and an illustration of how to read an ASHRAE 52.2-
2007 [22] test report are shown in Tables 1 and 2 and Figure 5, respectively (Figure 7).

Range Size (microns)

1 0.3–0.4

2 0.4–0.55

3 0.55–0.7

4 0.7–1.00

5 1.00–1.30

6 1.30–1.60

7 1.60–2.20

8 2.20–3.00

9 3.00–4.00

10 4.00–5.00

11 5.00–7.00

12 7.00–10.00

Table 1. 
Particle size ranges of Standard 52.2.
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Unfortunately, filters that use the principle of electrostatic attraction can “fool” 
the test by providing a high MERV during tests. However, due to the loss of electro-
static attraction during operation, a much lower value is obtained during applica-
tion. Hence, the user may not be getting the particle removal efficiency that they 
originally specified.

Multiple studies have shown that coarse-fiber media (charged synthetic 
media), unlike fine-fiber media (fiberglass media), perform differently in real-life 
applications. Coarse-fiber media depends on an electrostatic charge to achieve the 
published filter efficiency. When atmospheric air, in which 99% of the particulate 
matter less than 1.0 micron in size, passes through a filter, the very fine particulate 
matter will dissipate the charge, and the filter rapidly loses efficiency.

Qian [23] isolated Streptophyta from dust samples collected from the filters of 
air-conditioning systems at a rate of 45%, whereas the rate in the indoor air was 
found to be only 2.4%, which provides an indication of the efficiency of HVAC filter 
systems (preventing particles sizes that are larger than 3 μm).

4.2 Types of most common HVAC filters

There are six types of filters, which are briefly described below.

Example particle Size (μm)

Hair 20–200

Pollen 10–100

Spores 10–25

Toner 5–20

Oil fog 0.3–5

Bacteria 0.2–25

Tobacco smoke 0.01–1

Virus 0.002–0.05

Table 2. 
Particle size ranges of common pollutants specified by Standard 52.2.

Figure 7. 
How to read an ASHRAE 52.2-2007 test report.
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4.2.1 Flat fiberglass filters

The main advantage of fiberglass filters is they are very cheap, easy to install, and 
readily available in stores. Accordingly, although they have a lifespan of only 1 month, 
replacing them on a monthly basis would not pose an inordinate financial burden. 
Unfortunately, they are not particularly effective in terms of trapping particles.

4.2.2 Pleated filters

These filters are more effective with regard to trapping dust than fiberglass 
filters. They can trap approximately 45% of airborne debris. Their MERV rating 
typically lies somewhere between 10 and 13. They also have a 1-month lifespan but 
tend to be more expensive than fiberglass filters.

4.2.3 Electrostatic air filters

These filters use electricity to attract charged particles, which are trapped 
internally. They are very efficient at trapping dust particles and debris and have a 
6-month lifespan.

4.2.4 Washable filters

They are the most economical type of filter, which can be removed and cleaned 
as directed, dried, and then reinstalled. Furthermore, they do not need replacing at 
monthly intervals. These filters can prevent the passage of debris and tend to func-
tion better when dirty. However, they have a MERV rating of only 1–4.

4.2.5 Disposable filters

These filters comprise a cardboard frame and filter material. As their name 
implies, it is necessary to replace them when they become dirty.

4.2.6 HEPA filters

HEPA filters are considered the best type of filter because they trap even the 
smallest particles and keep premises smelling fresh. They can capture up to 97% of 
all particulate matter and remove all allergens from indoor air.

5. Modern HVAC filters

The type of air filter is the first factor people take into consideration before 
deciding on which air purifier to purchase.

Air filters and electrostatic filter cleaners are typically rated according to the 
minimum efficiency reporting value, commonly known as the MERV rating. The 
MERV scale is a measurement scale developed in 1987 by ASHRAE to rate the effec-
tiveness of air filters, which determines efficiency in terms of the size of particle 
that the filter will capture. Values vary from 1 to 16, with a higher number indicat-
ing the greater efficiency of the filter in trapping airborne particles.

5.1 UV lights and filtration systems for cleaner indoor air

Recently, UV lights have been widely employed in the ducts of HVAC filtration 
systems. These lights facilitate effective and inexpensive control and solve the 
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Unfortunately, filters that use the principle of electrostatic attraction can “fool” 
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systems (preventing particles sizes that are larger than 3 μm).

4.2 Types of most common HVAC filters
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Example particle Size (μm)

Hair 20–200

Pollen 10–100

Spores 10–25

Toner 5–20

Oil fog 0.3–5

Bacteria 0.2–25

Tobacco smoke 0.01–1

Virus 0.002–0.05

Table 2. 
Particle size ranges of common pollutants specified by Standard 52.2.

Figure 7. 
How to read an ASHRAE 52.2-2007 test report.
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filters. They can trap approximately 45% of airborne debris. Their MERV rating 
typically lies somewhere between 10 and 13. They also have a 1-month lifespan but 
tend to be more expensive than fiberglass filters.

4.2.3 Electrostatic air filters

These filters use electricity to attract charged particles, which are trapped 
internally. They are very efficient at trapping dust particles and debris and have a 
6-month lifespan.

4.2.4 Washable filters

They are the most economical type of filter, which can be removed and cleaned 
as directed, dried, and then reinstalled. Furthermore, they do not need replacing at 
monthly intervals. These filters can prevent the passage of debris and tend to func-
tion better when dirty. However, they have a MERV rating of only 1–4.

4.2.5 Disposable filters

These filters comprise a cardboard frame and filter material. As their name 
implies, it is necessary to replace them when they become dirty.

4.2.6 HEPA filters

HEPA filters are considered the best type of filter because they trap even the 
smallest particles and keep premises smelling fresh. They can capture up to 97% of 
all particulate matter and remove all allergens from indoor air.

5. Modern HVAC filters

The type of air filter is the first factor people take into consideration before 
deciding on which air purifier to purchase.

Air filters and electrostatic filter cleaners are typically rated according to the 
minimum efficiency reporting value, commonly known as the MERV rating. The 
MERV scale is a measurement scale developed in 1987 by ASHRAE to rate the effec-
tiveness of air filters, which determines efficiency in terms of the size of particle 
that the filter will capture. Values vary from 1 to 16, with a higher number indicat-
ing the greater efficiency of the filter in trapping airborne particles.

5.1 UV lights and filtration systems for cleaner indoor air

Recently, UV lights have been widely employed in the ducts of HVAC filtration 
systems. These lights facilitate effective and inexpensive control and solve the 
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problem of microbial outgrowth in HVAC systems, eliminating up to 99.9% of the 
microorganisms and destroying airborne viruses, bacteria, and fungi. The types 
and quantities of microorganisms killed depend on the length of exposure and the 
output of the lamps. Nowadays, more advanced UV lights, such as air scrubbers, are 
employed, which can kill both airborne viruses and bacteria and those growing on 
surfaces.

There are two main types of UV lights used for HVAC systems, the most com-
mon of which are coil sterilization UV lights, which are installed near the return 
ducts, so as to kill mold that may grow on the air handler coil. These UV lights 
operate 24 h a day and eliminate the need for removing mold from the air handler 
coils. The second main type of UV lights is air sterilizer UV lights that function by 
sterilizing the air passing through the return ducts [24].

5.2 Activated carbon air filters

Also referred to as charcoal-impregnated air filters, these types of filters are 
used to effectively remove odors and fumes from the air during the air recirculating 
process.

Commercial activated carbon filters provide high-efficiency odor, fume, and gas 
removal and are fabricated using the finest quality coatings, including bulk air filter 
media and pads cut to size, pleats, panels, and high-density granular carbon packs.

Synthetic media substrates, such as non-woven polyester, are impregnated with 
finely ground coatings, including activated carbon, zeolite, or alumina, and a heat 
set to retain these coatings even when the activated carbon filter media is rinsed or 
vacuumed. Just as a sponge soaks up water, the media of activated carbon air filters 
absorb odors and fumes. Moreover, the odor-causing molecules are permanently 
removed from the air, rather than simply being masked with a different odor.

The rate of adsorption depends on the relationship between the pore structure, 
or surface area, and the shape of the contaminating molecules. Activated carbon 
filters are disposable air filters, and once they have become saturated with odors, 
fumes, or gases, after approximately 3 to 6 months of use, they must be replaced. 
The amount of activated carbon required will depend on the amounts of odors, 
fumes, or gases to be removed [24].

5.3 Deodorizing filters

Deodorizing air filters use acidified titanium, activated carbon, ceramic fiber, 
pulp, and other advanced materials that are prepared using a variety of rigorous 
refinement processes. They function by purifying the air and maintaining air fresh 
and show superior efficacy when used in conjunction with UV irradiation [24].

5.4 Antibacterial filters

Antibacterial filters are prepared by incorporating a bactericidal substance 
in the filter media. However, doubts remain regarding the effectiveness of these 
filters. One type is prepared by simply spraying the additive onto the surface of 
the filter medium, and therefore effective coverage is often not achieved, and not 
all of the filter layers will kill bacteria. A second type is prepared by application 
of a bacteriostatic agent, which does not kill the bacteria and may indeed promote 
the development of drug resistance among the bacteria. A third type may gener-
ate certain gaseous substances or odors that are potentially harmful to humans. 
Furthermore, it should be emphasized that it is difficult to capture bacteria on the 
windward side of the HEPA filters fabricated from inorganic materials, into which 
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the bacteria may even penetrate. However, these microorganisms are only likely 
to survive under suitable conditions of temperature and humidity. Accordingly, 
the efficacy of these antibacterial filters remains inconclusive, and ASHRAE has 
recommended that HVAC systems incorporating antibacterial filters should be 
used with caution, so as not to produce any additional chemical pollution within 
indoor environments [24].

Although air filters often show excellent removal efficiency with regard to 
pathogens, the captured microorganism can remain viable within the filter and 
subsequently grow and become re-dispersed in the air flow, thereby generating a 
secondary source of pollutants and unpleasant odors. In an effort to resolve this 
issue, a large number of studies have been conducted with the objective of improv-
ing the effectiveness of air filters with antibacterial properties, and some of these 
studies have demonstrated that such air filters can be successfully prepared by 
incorporating inorganic nanoparticles and natural plant extracts [25].

Kim [26] also evaluated the efficacies of various functional filters coated with 
antimicrobial chemicals in deactivating representative microorganisms on filters 
or as bioaerosols. Specifically, they examined the effectiveness of functional filters 
coated with different chemicals, including ginkgo and sumac; Ag-apatite and 
guanidine phosphate; SiO2, ZnO, and Al2O3; and zeolite, using a model ventilation 
system to evaluate the efficiency in which bacteria (Escherichia coli and Legionella 
pneumophila), bacterial spores (Bacillus subtilis spore), and viruses (MS2 bacte-
riophage) were removed. Their result showed that although the functional filters 
could facilitate the biological removal of various bioaerosols, physical removal was 
minimal. Appropriate use of chemical-coated filter materials could reduce exposure 
to these agents.

5.5 Electrostatic and HEPA filters

Electrostatic filters: Static electricity attracts dirt and dust to vertical and over-
head surfaces. The static is often generated when two surfaces rub together and are 
then separated. Electrostatic filters generate a static electrical charge on all particles 
in the air that passes through eight filter layers. The discharged particles are then 
attracted to collector plates with an opposite electrical charge. These filters have the 
advantage of being washable.

High-efficiency particulate air filters: HEPA filters have a strong particle-
trapping capacity that facilitates the removal of a high percentage (99.97%) of 
airborne particles that pass through an air purifier and accordingly meet US govern-
ment standards. This contrasts with the 60–90% efficiency of medium filters [27]. 
Furthermore, HEPA filters perform significantly better than electrostatic air 
cleaners, in which filtering is based on ionic processes. HEPA filters are therefore 
often used in medical facilities and in households in which the residents suffer from 
severe allergies.

5.6 Microbial filtration efficiency of HEPA filters

Photocatalysts are nanoscale metal oxide materials (commonly titanium diox-
ide) that are applied to substrate surfaces, forming a film after drying under the 
action of light. They have a strong catalytic degradation function and can be used 
to degrade hazardous atmospheric gases. They can also be used to effectively kill 
a variety of bacteria, with an antibacterial rate of 99.99%. Furthermore, toxins 
released during the degradation of bacteria and fungi can be rendered harmless. 
These catalysts also have a range of other properties, including deodorant and dirt 
removal functions.
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the bacteria may even penetrate. However, these microorganisms are only likely 
to survive under suitable conditions of temperature and humidity. Accordingly, 
the efficacy of these antibacterial filters remains inconclusive, and ASHRAE has 
recommended that HVAC systems incorporating antibacterial filters should be 
used with caution, so as not to produce any additional chemical pollution within 
indoor environments [24].

Although air filters often show excellent removal efficiency with regard to 
pathogens, the captured microorganism can remain viable within the filter and 
subsequently grow and become re-dispersed in the air flow, thereby generating a 
secondary source of pollutants and unpleasant odors. In an effort to resolve this 
issue, a large number of studies have been conducted with the objective of improv-
ing the effectiveness of air filters with antibacterial properties, and some of these 
studies have demonstrated that such air filters can be successfully prepared by 
incorporating inorganic nanoparticles and natural plant extracts [25].

Kim [26] also evaluated the efficacies of various functional filters coated with 
antimicrobial chemicals in deactivating representative microorganisms on filters 
or as bioaerosols. Specifically, they examined the effectiveness of functional filters 
coated with different chemicals, including ginkgo and sumac; Ag-apatite and 
guanidine phosphate; SiO2, ZnO, and Al2O3; and zeolite, using a model ventilation 
system to evaluate the efficiency in which bacteria (Escherichia coli and Legionella 
pneumophila), bacterial spores (Bacillus subtilis spore), and viruses (MS2 bacte-
riophage) were removed. Their result showed that although the functional filters 
could facilitate the biological removal of various bioaerosols, physical removal was 
minimal. Appropriate use of chemical-coated filter materials could reduce exposure 
to these agents.

5.5 Electrostatic and HEPA filters

Electrostatic filters: Static electricity attracts dirt and dust to vertical and over-
head surfaces. The static is often generated when two surfaces rub together and are 
then separated. Electrostatic filters generate a static electrical charge on all particles 
in the air that passes through eight filter layers. The discharged particles are then 
attracted to collector plates with an opposite electrical charge. These filters have the 
advantage of being washable.

High-efficiency particulate air filters: HEPA filters have a strong particle-
trapping capacity that facilitates the removal of a high percentage (99.97%) of 
airborne particles that pass through an air purifier and accordingly meet US govern-
ment standards. This contrasts with the 60–90% efficiency of medium filters [27]. 
Furthermore, HEPA filters perform significantly better than electrostatic air 
cleaners, in which filtering is based on ionic processes. HEPA filters are therefore 
often used in medical facilities and in households in which the residents suffer from 
severe allergies.

5.6 Microbial filtration efficiency of HEPA filters

Photocatalysts are nanoscale metal oxide materials (commonly titanium diox-
ide) that are applied to substrate surfaces, forming a film after drying under the 
action of light. They have a strong catalytic degradation function and can be used 
to degrade hazardous atmospheric gases. They can also be used to effectively kill 
a variety of bacteria, with an antibacterial rate of 99.99%. Furthermore, toxins 
released during the degradation of bacteria and fungi can be rendered harmless. 
These catalysts also have a range of other properties, including deodorant and dirt 
removal functions.
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Exposure to bioaerosols can cause various adverse health effects, including 
infectious and respiratory diseases and hypersensitivity. Consequently, controlling 
the exposure to bioaerosols constitutes an important aspect of disease control and 
prevention.

Photocatalytic oxidation systems use a UV light source and a titanium dioxide 
photocatalyst to produce oxidants that destroy gaseous contaminants. When the 
photocatalyst is irradiated with UV light at wavelength of 254–365 nm, a photon 
from the light excites a catalyst electron in the valence band to jump to the conduc-
tion band, leaving a hole. This photocatalytic oxidation process converts organic 
pollutants into carbon dioxide and water. Using this technique, pollutants, particu-
larly volatile organic carbons, are preferentially adsorbed on a catalyst surface and 
oxidized. The hole generated by photocatalysis can further react with surrounding 
water to produce a hydroxyl radical (ÆOH), whereas the electron in the conduction 
band reacts with oxygen to yield a superoxide radical anion (ÆO2). These radicals 
can attack the cell membranes of microorganism, thereby causing the release of 
K+ ions, RNA, proteins, and other important components and eventually resulting 
in cell death [28]. Given these properties, researchers have applied photocatalytic 
oxidation to many substrates and achieved impressive results, indicated by the 
affective control of test microbes.

To date, however, photocatalytic oxidation has yet to be applied to HEPA filters in 
HVAC systems [27]. HEPA filters have been mandated for use in the removal of air-
borne microorganisms in many codes adopted in the field of healthcare, including the 
American Institute of Architects Guidelines for Design and Construction of Hospital 
and Health Care Facilities (AIA Guidelines), the American Society of Heating, 
Refrigerating and Air-Conditioning Engineers standards, the Joint Commission 
on Accreditation of Healthcare Organizations Environment of Care standards, the 
Centers for Disease Control and Prevention (CDC) guidelines, and recommended 
practices [29]. Although HEPA filters can efficiently capture aerosolized microorgan-
isms, the area downstream of the filter can become a breeding ground for microbes. 
Under conditions of suitable temperature and humidity, microbes retained within 
a filter can multiply using particulates adhered to the filter as a food source, and 
the microbial progeny can ultimately disperse into the filtered air [30, 31]. Thus, 
instead of being an apparatus to control air quality, these systems can potentially 
become a source of pathogens. Efforts have accordingly been made to eliminate the 
breeding ground problem. For example, Goswami [32] examined four microbial 
species (Aspergillus niger, Penicillium citrinum, Staphylococcus epidermidis, and Bacillus 
subtilis) that are representative of the genera most commonly detected in hospitals 
in Thailand, a country characterized by a hot and humid climate, with an average 
temperature of 27°C and average relative humidity ranging from 62 to 84% [33, 34].

Very high relative humidity not only reduces the probability of microorganisms 
coming into contact with hydroxyl radicals but also provides sites conducive to 
microbial survival. Excessive amounts of water can also occlude the reactive sites 
of filter surfaces and subsequently reduce the photocatalytic oxidation efficiency 
[32, 34, 35]. Hence, the effect of relative humidity has been investigated.

Chuaybamroong [27] examined the application of photocatalytic oxidation 
to HEPA filters for disinfection of airborne microorganisms. Experiments were 
conducted at two TiO2 loadings on HEPA filters irradiated with UV-A under two 
relative humidities. They assessed the inactivation of two fungal (Aspergillus niger 
and Penicillium citrinum) and two bacterial (Staphylococcus epidermidis and Bacillus 
subtilis) isolates and found that, on average, 60–80% of microorganisms retained on 
a photocatalytic filter were inactivated, although in the case of S. epidermidis, 100% 
inactivation was observed.
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These authors suggested that high humidity may induce the reactivation 
of organisms, whereas water may occupy most of the TiO2 sites, leaving fewer 
available sites for microbial colonization. These conjectures are consistent 
with the opinions of [36], who noted that although the presence of water 
vapor enhances the likelihood of hydroxyl radical formation, at certain humid-
ity levels, radical formation would not increase with increasing water vapor 
and even decrease due to the occlusion of adsorption site on the TiO2 surface. 
Consequently, high humidity would decrease filter efficiency. Furthermore, 
Peccia [37] indicated that high levels of relative humidity may promote changes 
in the biopolymers within microbial cells, including cell wall components, or 
alter protein structure, thereby affecting DNA repair enzymes, and hence could 
protect the microorganism from desiccation and/or attenuate the incident UV 
irradiation.

6. Impact of HVAC filters on indoor air quality

Filtration technology is currently an integral aspect of air purification tech-
niques that focus on particulate matter, the most common examples of which are 
fibrous filters [38]. The use of glass fiber filters is another mature filtration technique 
with a proven high efficiency (99.0%), similar to that of the HEPA filters [39]. 
Furthermore, wire mesh filters can also provide good filtration efficiency down to 
sizes of 2–10 μm [40].

On the basis of particle filtration efficiency, air filters can be divided into 
four types: prefilters, medium filters, HEPA filters, and ultralow particulate 
air (ULPA) filters [41]. The filtration efficiency of ULPA filters is greater than 
99.999%, with particles of diameters down to 0.12–0.17 μm being effectively 
trapped [42]. Similarly, HEPA material has a strong ability for trapping 
particles and can remove 99.97% of particulate matter, smog, and bacteria 
with sizes down to 0.3 μm (Figure 8). In contrast, the efficiency of medium 
filters is only between 60 and 90% [27, 43]. Most air purifiers currently on 
the market incorporate HEPA filters, as these are internationally recognized 
as the most efficient filters, capturing particles of different diameters. HEPA 
filters are designed to be over 99.99% efficient and are used in a diverse range 
of situations, including in theaters, hospitals, respirators, and vehicles [44]. 
Furthermore, filtration based on the use of non-woven nano-fiber material 
is an emerging filtration technique with an extremely high efficiency that is 
comparable to, or even superior to, HEPA-based filtration in the smaller par-
ticle size range [45].

According to the Environmental Protection Agency (EPA), pollutant levels 
may be two to five times higher indoors than outdoors, which indicates that 
the poor quality of indoor air is mainly attributable to the inefficient circula-
tion of air. In regions characterized by hot summer, there is a heavy reliance on 
air-conditioning systems for maintaining comfortable conditions during the hot 
summer months. Accordingly, windows tend to remain shut, and little fresh air 
enters into our homes and places of work. The EPA warns that high temperatures 
and humidity can increase the concentrations of certain pollutants, with young 
children and the elderly being at particular risk from the detrimental effects of 
indoor air pollution.

Mechanisms for trapping dust in air using a standard filter, killing almost of all 
airborne microbes using UV lamps, and removing fine particles (dust) and died 
microbes using a high-efficiency particulate air filter (Figure 8).
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6.1 Air duct cleaning services

Given that dirty HVAC units have been proven to be less efficient, it is essential 
that air-conditioning ducts are periodically cleaned through employing an air duct 
cleaning service. Such cleaning should include complete care of the internal ele-
ments of the HVAC unit.

Ductwork would only be essential if there has been renovation, asbestos abate-
ment, lead paint removal, or a significant accumulation of dust debris. Cleaning 
would be considered essential in the presence of the following: animal feces, mold, 
foul odors, noticeable debris, or pet hairs. Furthermore, if occupants suffer from 
an unexplained allergy, then it would be advisable to consider cleaning. Abe [46] 
noted that it is possible to remove fungi and bacteria from filters by washing with 
water and detergent; however, if the fan and heat exchanger are also contaminated, 
specialist cleaning would be required (Figure 9).

Kujundzic [47] mentioned that cleaning room air could contribute to reducing 
the levels of particulate matter within the home and that this can be achieved by 
using filters that retain the filtered particles.

6.2 Air-conditioning systems and mold

Mold is a pervasive problem, of which many property owners are fully 
unaware. In the Eastern Province of Saudi Arabia, the average annual humidity 
level is approximately 74%, but can be notably higher during certain times of the 
day and year. Many types of mold require a humidity of only 50% to commence 
growth, and air-conditioning systems are a common source of mold in many 
households. One of the causal factors in this respect is the fact that HVAC systems 
do not operate continuously, which can result in a fluctuation in humidity levels. 
The EPA warns that if an HVAC system is turned off before occupants perform 
tasks such as mopping, the humidity levels can suddenly surge and cause mois-
ture and mold problems. If an HVAC system is improperly programed (which is a 

Figure 8. 
A standard filter traps large dust particles in internal structure of an air purifier. HEPA filter captures 
microbes.
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common problem), then the air-conditioning system may cycle off when the air 
is cooled but before it has had time to dry sufficiently, causing moisture prob-
lems. HVAC maintenance issues can be a further source of mold-related prob-
lems, such as when excessive moisture accumulates on the air-conditioning coils, 
resulting in the growth of mold. This mold can subsequently be blown through 
the air-conditioning ducts and released into the surrounding air. Holes or gaps in 
air ducts can also lead to the formation of condensation, which creates a perfect 
breeding ground for mold to grow. Such mold can cause numerous health-related 
problems, including respiratory problems, skin rashes, and allergic reactions [17].

In a study designed to examine the efficiency of various filters used for trap-
ping microorganisms, Al-Abdalall and Al-Abkari [20] isolated the bacteria and 
fungi colonizing air-conditioning systems in different types of buildings during 
each of the four season s, in the provinces of Dammam and Qatif in eastern 
Saudi Arabia, and determined the respective frequency distributions. The 
air-conditioning systems were found to be contaminated by different types of 
bacterial and fungal species. Specifically, the isolated bacteria included Serratia 

Figure 9. 
Ducts should be cleaned periodically.
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liquefaciens, Bacillus pumilus, Bacillus cereus, Bacillus subtilis, Staphylococcus 
lentus, and Oligella ureolytica, whereas the common fungal taxa included 
Cryptococcus laurentii, Aspergillus niger, Aspergillus flavus, Cladosporium sp., and 
Rhizoctonia sp. Ironically, the findings of the study indicated that buildings that 
were in good condition were those likely to have the highest levels of microbial 
contamination (Figure 10).

Among the microparticles suspended in air, there is an abundance of biologi-
cal material, including fungal spores, pollen grains, bacteria, and viruses. Air-
conditioning systems can readily become polluted by these biological contaminants, 
which disperse throughout indoor areas and raise the risk of infection among the 
occupants [48]. The amounts of bacteria and fungi harbored by these systems tend 
to differ according to location, and numbers and frequencies also show seasonal dif-
ferences [49]. Furthermore, differences in the number of microorganisms isolated 
and the distribution of different types of isolates can also depend on the type of 
filter used and the frequency of cleaning. In this regard, [20] found Cladosporium 
sp. to be a dominant contaminant and also identified Alternaria sp., Aspergillus fla-
vus, Aspergillus niger, and Rhizoctonia sp. with frequencies of 24.16, 12.96, 12.8, 8.29, 
and 4.96%, respectively. Similar results were obtained by [50–53]. Consistently, 
Al-Suwaine et al. [54] mentioned that Aspergillus and Cladosporium spp. were the 
common isolates detected in closed systems in Riyadh, KSA, whereas other fungal 
genera, including Fusarium and Rhizopus, were isolated in low frequency, similar to 
findings of [51, 55].

6.3 HVAC systems and indoor pollution

Heating, ventilating, and air-conditioning (HVAC) systems function by draw-
ing in air through a network of intake ducts, cooling the air, and then releasing the 
cooled air back into the home through return ducts. The constant recirculation of 
air in HVAC systems means that pollutants are continuously blown through indoor 
areas. In the eastern region of Saudi Arabia, given that the summer is generally very 
hot and humid, many properties are at risk from the growth of mold within air 
ducts.

Figure 10. 
Microorganisms collected by swabbing an air-conditioning duct and using the swabs to inoculate a fungal 
growth medium. The left-hand panel shows Aspergillus fumigatus growth on inoculated medium. The 
right-hand panel shows the mycelial growth and conidiophores of A. fumigatus viewed under a compound 
microscope.
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7. The microbial colonization of traditional filters

7.1 The relationship between microbes and traditional filters

We have previously examined the nature of the relationship between filters 
and airborne microbes, using small pieces (1 × 1 cm) of traditional filters (sponge, 
polyester, and HEPA) These materials were sterilized with alcohol, then dried, and 
subsequently moistened with glucose yeast extract medium. We then prepared 
suspensions of the examined fungal strains (Aspergillus niger, Aspergillus flavus, 
Cladosporium sp., and Rhizoctonia sp.). These were retained in sterilized petri 
dishes, whereas other groups were prepared for carbon-free sources. They were 
monitored for 1 to 3 months and thereafter examined under a microscope. Heavy 
growth of mycelium was observed. The fungal filaments are looped around filter 
fibers also assembled into the filter cavities, forming a tangled knot of fungal 
mycelium and filters fibers (Figure 11).

Figures 12–15 show that the microscopic structures of the filters shown in 
Figure 11 have been colonized by Aspergillus niger in (Figure 12), Aspergillus flavus 
in (Figure 13), Rhizoctonia in (Figure 14) and Cladosporium in (Figure 15) which 
indicate that these fungi use the filters as a support for fungal mycelium.

Microorganisms can exploit various parts of air-conditioning systems, includ-
ing filters, as sheltered sites, which are conducive to rapid grow and reproduction 
[16, 17, 56]. The high levels of humidity in air-conditioning systems [16, 57] and 
the accumulated dust in the filters and other parts of these systems provide an 
environment that is suitable for the growth of a range of different microbes.

Microorganisms can secrete a diverse array of extracellular enzymes to exploit the 
various available filter materials, such as cellulose, as sources of nutrition [56, 58].

Kuehn [57] pointed out that moisture promotes fungal growth in filter tissues 
and can also favor bacterial reproduction leading to subsequent transmission to 
and dispersal within indoor environments. Such moisture often originates from the 
drops of condensate that form air-conditioning towers [59].

Maus [60] have suggested that the spores of some bacteria and fungi trapped 
within air filters can retain their viability and reproduce under the prevailing environ-
mental conditions. These microorganisms can be dispersed through purification and 
air-conditioning systems and be inhaled by workers and residents in buildings [48].

Microbiological particles constitute one of the most important sources of air 
pollution that determine the purity of the air. It is known that atmospheric air 
is a carrier of disease-causing organisms, including fungal spores and microbial 

Figure 11. 
Structure of filters observed under an optical compound microscope. The right-hand panel shows sponge 
filter cavities of different sizes. These openings are wider than those of other filters. The middle panel shows 
a polyester filter, which is characterized as a network installation with narrower openings than the sponge 
filter that are regular in shape. The left-hand panel shows a HEPA filter, characterized by complex knit and 
numerous narrow openings that increase efficiency by preventing the passage of fine particles.
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cells, the concentrations of which vary widely according to environmental condi-
tion, particularly the nature of the internal environment and the various activi-
ties of humans who reside or work therein [61]. In order to achieve the desired 
level of microbial contamination control in air-conditioning systems and develop 
suitable air purification techniques, it is generally necessary to conduct extensive 
studies [17].

Hamada and Fujita [62] noted that the contamination of filters tends to be 
very low during the first year after installation, reaching 257 cells/m3 of room air, 
whereas by the sixth year of use, they found that the number of contaminating cells 
had increase threefold to 692.

Durand [63] demonstrated that species of Aspergillus and Penicillium are the 
fungi most commonly isolated from the filters of air-conditioning systems, whereas 
species of Cladosporium and other types tend to be detected at relatively low rates. 

Figure 12. 
The mycelial growth and conidiophores of Aspergillus niger on the studied filters: (a) sponge, (b) polyester, and 
(c) HEPA.
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For bacteria, species of Actinomycetes and Bacillus (cocci and Gram-negative types) 
tend to be the most commonly isolated.

Al-Abkari [17] recommended that air-conditioning filters should be cleaned 
regularly and that regular maintenance is necessary to prevent an accumulation 
of contaminants and to remove the suspended dust. In this regard, spongy filters 
can be readily washed and cleaned with detergents, and be reused after cleaning. 
In contrast, HEPA filters, which consist of interlocking fibers, are very difficult 
to wash and clean and should thus be replaced on a regular basis. Furthermore, it 
has been demonstrated that the number of microbial colonies (bacteria and fungi) 
growing on culture dishes that were exposed to air that had passed through differ-
ent filters increased after 30 min and then decreased after 60 min. This indicates an 
inverse relationship between the period of operation of the air-conditioning system 
and the quantity of air that had been purified [64].

Al-Abkari [17] examined the extent of microbial growth on the most com-
mon types of filter used in the eastern region of Saudi Arabia (sponge, polyes-
ter, and HEPA) and found that sponge filters harbored the highest microbial 
moist mass, reaching 0.177 and 0.257 gm for bacteria and fungi, respectively. 

Figure 13. 
The mycelial growth and conidiophores of Aspergillus flavus on the studied filters: (a) sponge, (b) polyester, 
and (c) HEPA.
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Comparatively, the bacterial mass recorded on polyester and HEPA reached 
0.024 and 0.037 gm, respectively, and the corresponding fungal mass on these 
filters was 0.072 and 0.047 gm, respectively. Douwes [65] isolated polysac-
charide compounds known to be excreted by various fungi that grow on dust in 
residential homes, and the detection of these compounds is accordingly consid-
ered to be a good indicator of the presence of these fungi.

Moray and Williams [66] performed direct microscopic observations of the 
porous soft filters typically used in air-conditioning systems and accordingly identi-
fied pollen grains, cellulose fibers, synthetic fibers, decayed plant leaves, hairs, 
parts of insects, dust, mites, and numerous organic compounds, all of which can 
provide a refuge for microbes.

7.2  Microbial colonization of the types of filters commonly used in air-
conditioning systems

Microorganisms that are captured by filters can thrive on the filters and can 
potentially be released into the air, thereby resulting in sick building syndrome 
[67]. Furthermore, it has been determined that the number of microbes found in 
indoor air is less than that colonizing the surface of filters used in air-condition-
ing systems [68]. Foarde [69] and Kowalski [68] examined the efficiency of these 
systems and provided solutions for the HEPA filters. In addition, they noted that 
the tested filter samples trapped Bacillus subtilis, with efficiencies ranging from 19 
to 100%, whereas in contrast the efficiency in trapping viruses was low, ranging 
from 0.7 to 20%.

Al-Abkari [17] examined the ability of microorganisms (bacteria and fungi) 
to degrade various types of filter commonly used in air-conditioning systems, 

Figure 14. 
The mycelial growth of Rhizoctonia sp. on the studied filters: (a) sponge, (b) polyester, and (c) HEPA.
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namely, sponge, polyester, HEPA, and the environmental conditions, such as dust, 
temperature, and moisture, which enable these organisms to take refuge, grow, and 
reproduce. The results indicated that the growth of bacterial strains was dependent 
on the filter media containing a carbon source. The average of bacterial moist mass 
loading on different filters was found to be positively related to the length of incu-
bation period (1, 2, and 3 months), with weights reaching 0.061, 0.09, and 0.101 g 
after incubations for 1, 2, and 3 months, respectively. Furthermore, it was found 
that the average microbial mass detected on sponge filters (0.177 g) was larger than 
that on either polyester (0.024 g) or HEPA (0.037 g).

Generally, it was observed that the average of moist weights of bacterial mass 
on all filters increases with an increase in the length of the incubation period, with 
recorded averages of (0.134, 0.169, and 0.228 g) and (0.019, 0.024, and 0.03 g) and 
(0.031, 0.035, and 0.046 g) for sponge, polyester, and HEPA filters, respectively. In 
contrast, it was found that the moist mass of microbial growth on culture medium 
lacking a carbon source remained essentially constant with increasing incubation 
time, with values of 0.023, 0.023, and 0.028 g; 0.03, 0.035, and 0.039 g; and 0.163, 
0.171, and 0.162 g) for sponge, polyester, and HEPA filters, respectively.

With regard to the growth of fungal strains, when these were grown in a 
medium containing a carbon source, the average moist fungal mass loading on 
different filters showed a positive relationship with incubation period (1, 2, and 
3 months), with weights reaching 0.87, 0.118, and 0.142 g, respectively. Similar to 
bacterial growth, the average weight of fungal biomass growing on sponge filters 
(0.257 g) was larger than that on polyester (0.072 g) and HEPA (0.047 g). The 
weight of fungal mass on polyester and HEPA filters was 0.05, 0.082, and 0.085 g 

Figure 15. 
The mycelial growth and conidia of Cladosporium sp. on the studied filters: (a) sponge, (b) polyester, and  
(c) HEPA.
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after incubations for 1, 2, and 3 months, respectively. Furthermore, it was found 
that the average microbial mass detected on sponge filters (0.177 g) was larger than 
that on either polyester (0.024 g) or HEPA (0.037 g).

Generally, it was observed that the average of moist weights of bacterial mass 
on all filters increases with an increase in the length of the incubation period, with 
recorded averages of (0.134, 0.169, and 0.228 g) and (0.019, 0.024, and 0.03 g) and 
(0.031, 0.035, and 0.046 g) for sponge, polyester, and HEPA filters, respectively. In 
contrast, it was found that the moist mass of microbial growth on culture medium 
lacking a carbon source remained essentially constant with increasing incubation 
time, with values of 0.023, 0.023, and 0.028 g; 0.03, 0.035, and 0.039 g; and 0.163, 
0.171, and 0.162 g) for sponge, polyester, and HEPA filters, respectively.

With regard to the growth of fungal strains, when these were grown in a 
medium containing a carbon source, the average moist fungal mass loading on 
different filters showed a positive relationship with incubation period (1, 2, and 
3 months), with weights reaching 0.87, 0.118, and 0.142 g, respectively. Similar to 
bacterial growth, the average weight of fungal biomass growing on sponge filters 
(0.257 g) was larger than that on polyester (0.072 g) and HEPA (0.047 g). The 
weight of fungal mass on polyester and HEPA filters was 0.05, 0.082, and 0.085 g 

Figure 15. 
The mycelial growth and conidia of Cladosporium sp. on the studied filters: (a) sponge, (b) polyester, and  
(c) HEPA.
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and 0.022, 0.04, and 0.078 g, respectively. Notably, however, fungal growth on 
sponge filters increased with increasing incubation time, reaching 0.181 and 
0.324 g, following incubation for 1 and 2 months, respectively, whereas after 
incubation for 3 months, it had decreased to 0.265 g.

8. Conclusion

Microbial pollution is one of the most fundamental indoor environmental qual-
ity problems in buildings. Therefore, this chapter has presented several solutions for 
indoor air quality monitoring in an effort to enhance the healthcare by describing 
the potential impact of HVAC systems on the indoor air quality. The principles of air 
filtration and traditional air filter types were presented.

Also, the chapter covered the filtration technology and the indoor air quality 
topics. Subsequently, the air duct cleaning devices, mold formation, and HVAC 
systems and indoor pollution were illustrated. Moreover, this chapter provided the 
ASHRAE standards, which was used to select the suitable HVAC filters. The six 
most common designs of HVAC filters were briefly described. This chapter was 
followed by the modern filters. All advanced air filters, UV lights, activated carbon, 
deodorizing, antibacterial, electrostatic and HEPA filters, microbial filtration 
efficiency of HEPA filters were discussed extensively.

A brief description of the microbial colonization on the commonly used 
traditional filter types for air-conditioning systems were provided, followed by a 
detailed explanation of the relationship between traditional filters and microbe’s 
formation.

Even though there is highly development in designing advanced filters to 
overcome microbial pollution, we are still facing indoor air pollution problems. The 
most challenging step is providing an affordable construction, easy to install, made 
of environmentally friendly and long-term materials, available in different designs 
and able to avoid the existence of microbial growth.
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Chapter 11

Designing Spiral Plate Heat
Exchangers to Extend Its Service
and Enhance the Thermal and
Hydraulic Performance
Lázaro Canizalez Dávalos, Edilberto Murrieta Luna,
Mario Alberto Rodríguez Ángeles and Víctor J. Cruz Delgado

Abstract

Spiral plate heat exchangers are well suitable for handling fluids with features
linked to fouling, high viscosities, fluids with suspended fragments of solids and
process streams with tough heat transfer targets. Correlations to describe the thermal
and hydraulic performance are a function of the geometrical configuration of the
equipment. The present work shows procedures to design spiral plate heat exchangers
as a function of the fluid arrangements, government flow, as well whether the ther-
mal equipment is for condensing, cooling or heating duty. An additional study looking
for determining the geometrical variables that allow to enhance and improve the
thermal and hydraulic performance is presented. Moreover, computational fluid
dynamics to validate the thermal and hydraulic method is performed.

Keywords: design, thermal and hydraulic performance, spiral plate heat exchanger,
single- and two-phase flow, computational fluid dynamics

1. Introduction

A spiral heat exchanger is assembled by two metallic plates separated by studs.
They are welded on the plate surface. The objective is to maintain a constant
spacing between plates at the time the plates are rolled up. Thus, the first turn
represents one flow section; at this point, the second flow section initiates. Fluids
pass in spiral plate heat exchangers by two arrangements, cross-flow and spiral
flow, and these configurations are shown in Figure 1. Since these patterns were
stated, manufacture companies and researchers have proposed more understand-
ings regarding designs, thermal and hydraulic analyses and ways to provide more
worth to these heat exchangers.

Spiral plate heat exchangers have important industrial applications; particularly,
they are suitable for dirty fluids and viscous fluids. However, most of the correla-
tions and methods explain the single-phase liquid-liquid, and as a consequence, this
is not sufficiently to describe heat transfer and hydraulic behaviour, i.e., two-phase
flow in spiral heat exchangers liquid–gas and liquid-vapour. Sathiyan et al. [1, 2]
presented a study to evaluate a new equation to approximate the Nusselt number of
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an immiscible mixture using a countercurrent spiral heat exchanger for two-phase
flow. The new correlation was based on the experimental data, and the results were
agreement with the theoretical correlation. Khorshidi and Heidari [3] fabricated a
spiral heat exchanger geometry to study the performance, the examination showed
that spiral heat exchanger is an excellent option to transfer heat especially from
fouling fluids and also a computational fluid dynamic was presented to determine a
previous design. Ramachandran et al. [4] determined the heat transfer behaviour
for a system of two fluids by implementing a countercurrent spiral plate heat
exchanger; the data were obtained from varying mass fraction inlets and demon-
strated efficient results between the experiment and the correlation. Maruyama
et al. [5] measured the thermal effectiveness of a cross-flow spiral plate heat
exchanger; the aim was to convert radiation energy from a combustion chamber.
Wang [6] analysed the thermal performance of a spiral plate heat exchanger used as
an adsorber in a refrigeration process, the flows were configured to follow a spiral
trajectory and the spiral exchanger resulted appropriated for a refrigeration system.
Bahiraei et al. [7, 8] presented a study to evaluate the thermal and hydraulic
performance of a spiral plate heat exchanger under a turbulent flow of a nanofluid.
The experimental procedure was to determine the effects due to the spiral geometry
varying the flow rate to define the optimal operational conditions.

The thermal and hydraulic concept is an innovative tool to achieve designs for
heat exchangers and applies to all types of heat exchangers. Previously, researches
have been using this procedure [9, 10]. Compact and conventional exchangers are
employed to develop two duties heating and cooling. Nevertheless, they behave
differently from each other due to their geometrical configuration, effectiveness,
outlet temperature, pressure drop and heat transfer area [11–15].

The current study is organised to describe four main purposes: 1. To present two
design methods by a thermal and hydraulic procedure. The first design is for a cooler
using a cross-flow arrangement (liquid-gas) without phase change, to evaluate if a
spiral plate heat exchanger can take part as a radiator of the cooling system car. The
second approach is to size a vertical spiral heat exchanger condenser for a cryogenic
operation. 2. To extend the operational activities of spiral plate heat exchangers. 3. To
improve the spiral thermal and hydraulic performance bymodifying the spacing plate.
4. A numeric analysis applying computational fluid dynamics to validate the method.

2. Empirical thermal and hydraulic model

The method to design spiral plate heat exchangers includes two main equations,
the film heat transfer coefficient and the pressure drop, which both are functions of
the fluid properties, heat load, geometrical standard parameters, flow section area and

Figure 1.
Cross-flow and spiral flow arrangement.

208

Low-temperature Technologies

metal construction characteristics. Thermal and hydraulic model is a key relationship
which reduces the calculations to sizing and performs heat exchangers. Commonly,
five iterations are needed to reach the balance between pressure drop and heat trans-
fer. Finally, the heat transfer area is determined. The present procedure primarily
introduces a hydraulic equation which is a function of pressure drop, the spacing
between plates, flow rate and spiral plate length. The correlation is solved iteratively
for the length; if the calculated length does not satisfy the pressure drop design, the
spacing plate could adjust to maximise the use of permissible pressure drop.

2.1 Hydraulic equations

The hydraulic equations were presented by Minton [16]. These correlations are a
function of a flow along the spiral channel which is separated by studs to give
support to the plates. Factor 1.5 in Eq. 1 (Table 1) supposes 17 studs per square foot.
Every stud has a diameter of 0.3125, and, then, in every 0.118 in2, a stud is installed
[16]. Eq. 2 (Table 1) has the same approach; however, the pressure drop is negligi-
ble because the fluid flows across the plate width, and value close to zero represents
minor influence even by installing the studs [16]. Calculating the Reynolds number
and the critical Reynolds number values is possible to select the correct equation to
describe the hydraulic operation of the spiral plate heat exchangers. The equations
are developed for the three flow regimes: laminar, transition and turbulent. The
hydraulic correlations used in this study are presented in Table 1.

2.2 Thermal equations

The thermal model equations were introduced by Minton, although Sander [17]
proposed the heat transfer correlation earlier.

Eq. (3) describes the heat transfer coefficient for a liquid fluid flowing by the
spiral side. Similarly, Minton presented 11 mechanisms to determine the heat
transfer coefficient as a function of flow configuration, type of service (condensing
and heating) and a vertical nucleate boiling. Eq. (4) is for gas fluid where the
Reynolds number is higher than 10,000. Even when this number is above critical
Reynolds number, gases have low heat capacity, and they have poor heat transfer
coefficient values (Table 2).

Flow configuration Empirical pressure drop correlation

For spiral flow without phase change Re>Rec (1) ΔP ¼ 0:001 L
s

F
dsH

h i2 1:3μ1=3
dsþ0:125ð Þ

H
F

� �1=3 þ 1:5þ 16
L

h i

For axial flow without phase change Re> 10;000 (2) ΔP ¼ 4x10�5

sds
2

F
L

� �1:8 0:0115μ0:2 H
ds

� �
þ 1þ 0:03H

h i

Table 1.
Correlations for pressure drop [16].

Flow configuration Empirical heat transfer coefficient
correlation

For spiral flow without phase change (liquid fluid)
Re>Rec

(3) h ¼ 1þ 3:54 De
DH

� �
0:023cGRe�0:2Pr�2=3

For axial flow without phase change (gas fluid)
Re > 10,000

(4) h ¼ 0:0144cG0:8D�0:2
e

Table 2.
Correlations for heat transfer coefficient [16].
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which reduces the calculations to sizing and performs heat exchangers. Commonly,
five iterations are needed to reach the balance between pressure drop and heat trans-
fer. Finally, the heat transfer area is determined. The present procedure primarily
introduces a hydraulic equation which is a function of pressure drop, the spacing
between plates, flow rate and spiral plate length. The correlation is solved iteratively
for the length; if the calculated length does not satisfy the pressure drop design, the
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The Reynolds number and critical Reynolds number are represented by Eqs. (5)
and (6):

Re ¼ 10;000
F
Hμ

� �
(5)

Rec ¼ 20;000
De

DH

� �0:32

(6)

where F is the flow rate in lb./hr., H is the plate width in inches, μ is the viscosity
in cp, De is the equivalent diameter in ft. and DH is the spiral diameter in ft.

Eq. (7) describes the equivalent diameter:

D
e¼ dsHð Þ0:6251:3

dsþHð Þ0:25

h i (7)

where ds is the channel spacing between plates.

2.3 Geometric additional equations

Auxiliary equations are needed to complete the thermal and hydraulic spiral
plate model, for instance, the spiral outside diameter is determined by Eq. (8):

Ds ¼ 15:36L dsc þ dsh þ 2xð Þ½ �0:5 (8)

L is the plate length; dsc and dsh are the cold and cold spacing cannel, respec-
tively; and x is the plate thickness.

The total heat transfer area is defined by the two spiral plates and is shown in
Eq. (9):

A ¼ H 2Lð Þ (9)

Dongwu presented an entire description to calculate the number of spiral turns.
This equation is based on plate length L, spiral semicircles, plate spacing, core
diameter d and plate thickness. These geometric values are presented in Eq. (10).
Due to a constant spacing of the two rolled passages, the number of turn equation
gives an effective accuracy [18]:

N ¼
� d� t

2

� �þ
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
d� t

2

� �2 þ 4tL
π

q

2t
(10)

where d is the core diameter of the first turn at the centre of the spiral heat
exchanger and t is composed by Eq. (11):

t ¼ dsh þ dsc þ 2x (11)

The improvement of the spiral heat exchangers depends on geometrical vari-
ables. For instance, the spacing plate can increase the pressure drop if the separation
between the spiral plates decreases. That means the heat exchanger needs more
pumping energy, besides this, improves the heat transfer coefficient and the ther-
mal effectiveness. The variation of the spacing channel allows to enhance the heat
transfer and optimise the thermal and hydraulic performance.

Table 3 shows some recommended spacing plate values, and the values depend
on the calculated plate width.
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2.4 Thermal performance

The validation of themethod was carried out by two forms: the calculation of the
NTUmethod and a numerical simulation with the commercial software for computa-
tional fluid dynamics ANSYS Fluent. The number of transfer units was implemented to
calculate the thermal effectiveness of the spiral plate exchanger, as shown in Eq. (12):

NTU ¼ UA
CPmin

(12)

where U is the overall heat transfer coefficient, A is the total heat transfer area
and CPmin is the minimum CP for the stream with minimum heat capacity times the
flow rate.

The overall heat transfer coefficient was calculated by the following equation:

U ¼ 1
1
hh
þ x

kA þ 1
hc

� � (13)

The CP ratio was set by Eq. (14) based on the hot stream CPh ¼ Fhcph and the
cold stream CPc ¼ Fccpc:

R ¼ CPmin

CPmax
(14)

Bes and Roetzel [12, 19] reported an analytical equation to calculate thermal
effectiveness. Correlation 15 contains the number of transfer units, the number of
turns and the CP ratio:

Plate spacing (m) Plate width (m)

0.00476 0.101

0.152

0.304

0.304

0.00635 0.457

0.457

0.609

0.609

0.762

0.914

1.219

0.00793 1.524

0.00952 1.778

0.0127 For more than 1.778 m

0.0158

0.0190

0.0254

Table 3.
Recommended spacing plate values for standard plate widths [16].
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The Reynolds number and critical Reynolds number are represented by Eqs. (5)
and (6):

Re ¼ 10;000
F
Hμ

� �
(5)

Rec ¼ 20;000
De

DH

� �0:32

(6)

where F is the flow rate in lb./hr., H is the plate width in inches, μ is the viscosity
in cp, De is the equivalent diameter in ft. and DH is the spiral diameter in ft.

Eq. (7) describes the equivalent diameter:

D
e¼ dsHð Þ0:6251:3

dsþHð Þ0:25

h i (7)

where ds is the channel spacing between plates.

2.3 Geometric additional equations
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plate model, for instance, the spiral outside diameter is determined by Eq. (8):

Ds ¼ 15:36L dsc þ dsh þ 2xð Þ½ �0:5 (8)

L is the plate length; dsc and dsh are the cold and cold spacing cannel, respec-
tively; and x is the plate thickness.
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Eq. (9):

A ¼ H 2Lð Þ (9)
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Due to a constant spacing of the two rolled passages, the number of turn equation
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N ¼
� d� t

2

� �þ
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
d� t

2

� �2 þ 4tL
π

q

2t
(10)

where d is the core diameter of the first turn at the centre of the spiral heat
exchanger and t is composed by Eq. (11):

t ¼ dsh þ dsc þ 2x (11)

The improvement of the spiral heat exchangers depends on geometrical vari-
ables. For instance, the spacing plate can increase the pressure drop if the separation
between the spiral plates decreases. That means the heat exchanger needs more
pumping energy, besides this, improves the heat transfer coefficient and the ther-
mal effectiveness. The variation of the spacing channel allows to enhance the heat
transfer and optimise the thermal and hydraulic performance.

Table 3 shows some recommended spacing plate values, and the values depend
on the calculated plate width.
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ε ¼ 1� e R�1ð ÞNTU

1� Re R�1ð ÞNTU (15)

The next expressions were used to calculate the hot outlet temperature and the
cold outlet temperature. These equations depend on the CP ratio, effectiveness and
maximum temperature difference. The procedure to calculate the hot temperature
at the exit of the spiral flow is as follows:

If the CPh >CPc, then the correct form of the equation is

Thout ¼ Thin � ε Thin � tcinð Þ (16)

If the CPh <CPc, then the equation takes the next form:

Thout ¼ Thin � εR Thin � tcinð Þ (17)

Next, the procedure to calculate the cold temperature at the exit of the axial flow
is shown in Eqs. (18) and (19).

If the CPh <CPc, then the equation takes the next form:

tcout ¼ tcin þ ε Thin � tcinð Þ (18)

If the CPh >CPc, then the correct equation is

tcout ¼ tcin þ εR Thin � tcinð Þ (19)

Figure 2.
Flow chart to design the cross-flow spiral heat exchanger.
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Figure 2 shows the sequential steps to design the spiral plate heat exchanger. A
visual basic programming code was used to achieve these calculations.

2.5 Computational fluid dynamics (CFD)

The numerical simulation was performed by the software ANSYS Fluent. The
mathematical model κ-ε solved the three balances: mass, energy and momentum.

Conservation of mass:

∇ � ρvð Þ ¼ 0∇ (20)

Conservation of momentum:

∇ � ρvvð Þ ¼ �∇Pþ ∇ � μ∇vð Þ (21)

Conservation of energy:

∇ � ρvcpTð Þ ¼ ∇ � k∇Tð Þ (22)

where k is the thermal conductivity, ρ is the density, μ is the dynamic viscosity,
cp is the specific heat, v is the velocity, T is the temperature and P is the pressure
(Table 4).

Water Air

Total heat transfer area (m2) 11.57

Thermal effectiveness 0.84

Outlet temperature (°C) 80.95 86.75

Mass flow (kg/h) 4200 5200

Inlet temperatures (°C) 98 20

Height (m) 0.41

Length (m) 0.54

Width (m) 0.028

Table 4.
Car radiator design (car radiator) [20].

Figure 3.
Mesh of the spiral plate heat exchanger.
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Figure 3 shows the virtual spiral plate heat exchanger designed by the software
workbench, the mesh was structured with 97,250 control volumes and the geomet-
rical features (plate width, plate spacing, plate length, thickness, etc.) are shown in
Tables 5 and 8.

The boundary conditions such as the inlet velocity, inlet temperatures, fluid
properties, flow rates and metal properties were considered from the results shown
in Tables 5 and 8.

3. Case study

In order to demonstrate the rating and the design method, a case study was
proposed. The example consists of two streams, water (hot stream) and air (cold
stream), where the hot fluid flows by a spiral channel and the cold fluid flows
through a cross-flow arrangement. Table 5 explains the operational conditions for
the first case study. This data was taken from a normal operation of a car radiator
where they proposed to design an equipment to cool down a hot stream by 17
degrees. Table 4 shows the operational data for the car radiator.

Table 5 summarizes the operational conditions. The plate width is set by a
numeric value of 0.1524 m. The initial plate spacing for the hot stream is 0.0043 m
and for the cold stream is 0.0088 m, and the core diameter is 0.0508 m.

The second case study consists of designing a condenser for a cryogenic process.
The data were taken from a case study to design a compact heat exchanger [13].

The hot temperature must cool down by 9°C to transfer a latent heat to the cold
fluid. The cold temperature is 15°C. The initial core spiral diameter was 0.5 m. A
plate width of 0.076 m was assumed to find the optimal plate length for the spacing
plates of 0.00254 and 0.00635 m for cold and hot stream, respectively.

4. Results and discussions

The new spiral was sized by considering the same instal space than the actual
radiator. The features were 0.4 m of height, 0.15 m of depth and 0.4 m of width.

Water Air

Flow (kg/h) 4200 5200

Inlet temperatures (°C) 98 20

Viscosity (cp) 0.3 0.2

Maximum pressure drop (kPa) 6.89 6.89

Thermal conductivity (W/m K) 0.6 0.0259

Heat capacity (J/Kg K) 4270.53 544.28

Thermal conductivity (aluminium, W/m K) 205

Plate width (m) 0.152 0.152

Core diameter (m) 0.0508

Specific gravity 0.97 1

Channel spacing (m) 0.0043 0.0088

Plate thickness (m) 0.0787

Table 5.
Second case study.
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A suggested car cooling system performance must cool down the hot fluid 10°C or
maximum 20°C. The results were achieved by implementing the thermal and
hydraulic model, where one of the fundamental variables to measure was the hot
outlet temperature. The difference between hot inlet and hot outlet was 6.4°C.
The thermal and hydraulic method is an option to design heat exchangers. One of its
goals is to find the lowest heat transfer area because the permissible pressure drop
was fixed as a parameter to use completely. Then, from this value, the method seeks
for some geometrical configuration to satisfy the required pressure drop. The
method determined the heat transfer area, and the numeric value was of 2.04 m2

(Tables 6 and 7).
The permissible pressure drop was set by 1 psi for the two passages. The simu-

lation calculated a value of 0.975 psi for the hot channel. The value for cold channel
was 0.00013 psi because the cold channel has a length of 0.15 m. This flow section
was considered as an open channel. This hydraulic behaviour was determined by
the spiral diameter of 0.387 m, a plate length of 6.7 m, 10 spiral turns and the plate

Water R134a

Flow (kg/s) 1 0.38

Inlet temperatures (°C) 15 42.14

Tout (C) 31.33 33.65

Viscosity (cp) 1.1 0.175

Maximum pressure drop (kPa) 150 950

Thermal conductivity (k, W/m K) 0.61 0.0763

Heat capacity (J/kg K) 4528.02 1563.76

Thermal conductivity of steel (W/m K) 13

Plate width (m) 0.0762

Core diameter (m) 0.508

Specific gravity 0.97

Channel spacing (m) 0.00254 0.00635

Plate thickness (m) 0.003175

Table 6.
Second case study [13].

Water Air

Tout (°C) 6.72 60.7

Pressure drop (kPa) 0.975 0.00068

Area (m2) 2.04

Diameter (m) 0.378

HTC (W/m2 K) 12227.62 305

U (W/m2 K) 52.41

Effectiveness 0.52

Number of rounds 10

Plate length (m) 6.7 6.7

Table 7.
Results for case study 1.
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spacing for both channels. To achieve a pressure drop close to the ideal value, it
should be necessary to increase the plate length, but the spiral diameter would be
higher than the delimited value of 0.4 m. The thermal performance remained with
no significantly variations.

For the improvement of the spiral design, only the plate spacings for the cold
stream and the hot stream were reduced to 4 and 4.2 mm, respectively. The results
are shown in Table 8.

The results in Table 8 show that the thermal and hydraulic performance was
improved, by decreasing the plate gap, because the flow distribution along the
channel enhances the heat transfer, and the hot outlet temperature increased the
difference by 9.4°C. The available pressure drop for the hot stream was used fully,
while the cold pressure drop presented the variation of 0.00072 psi. The heat
transfer area continued as 2.04 m, the number of turns raised by 1.5 rounds and the
spiral outside diameter was modified to 0.32 and 0.06 m lower than the first case
study.

The results for the second design were compared with the compact heat
exchanger design, and they are shown in Table 9.

The results are similar regarding the hot outlet temperature; however, there was
a significant difference between the heat transfer areas. The compact heat
exchanger was designed to use fins to increase the thermal effectiveness.

Water Air

Tout (°C) 88.6 79.4

Maximum pressure drop (kPa) 6.89 0.004826

Area (m2) 2.04

Diameter (m) 0.32

HTC (W/m2 K) 12577.35 628.41

U (W/m2 K) 105.37

Effectiveness 0.76

Number of rounds 11.5

Plate length (m) 6.7 6.7

Table 8.
Results for an improvement design.

R134a Water Compact HE

Tout (°C) 31.72 16.7 32.85

Pressure drop (kPa) 0.875 5.38 84.5

Area (m2) 0.0929 1.46

Diameter (m) 0.120

HTC (W/m2 K) 69098.78 18091.41

U (W/m2 K) 3185.5

Effectiveness 0.38

Number of rounds 2.43

Plate length (m) 0.609

Table 9.
Results for a condenser design.
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The compact heat exchanger was implemented to handle three stages: superheated
phase, condensed phase and subcooling phase. The spiral plate heat exchanger has
the same purpose, which is to condensate the refrigerant and cooling until the target
temperature is reached. Though the compact exchanger has more heat transfer area
than spiral exchanger, the compact used completely its maximum area to achieve
the duty, but the spiral heat exchanger achieved the service using less heat transfer
area. This feature is demonstrated by a pressure drop for R134a, because the max-
imum pressure drop was fixed to 6.89 kPa. If the pressure drop increased, the result
will be a larger spiral exchanger. The hot outlet temperature could be minor than
31.72°C. These results validate the use of spiral plate heat exchangers as a part of a
cryogenic process.

Spiral plate heat exchangers have a potential participation in the cryogenic
process. Heat exchangers are 30% approximately of the total cost of the cryogenic
plant [14, 15]. Only two types of heat exchangers are considered for cryogenic
applications: tubes (concentric tubes and coil wounded tubes) and plates (perfo-
rated plates and plate-fin) [14]. The principal duty that must fill the heat
exchangers in the refrigeration process is the high thermal efficiency. Then, spiral
plate heat exchangers are capable of dealing with that situation. The thermal and
hydraulic model presented in this work showed a suitable precision since the pro-
cedure does not support the traditional design such as shell and tube heat
exchanger. It is possible to size spiral plate exchangers even with poor flow distri-
bution and axial thermal behaviour and think forward to design a multi-stream
spiral plate heat exchanger for cryogenic challenges.

The numerical and computational results were collected by colours which they
represent a profile of the measured variables, the inlet and outlet temperatures
mainly. Colour red means the hottest temperature and colour blue represents the
coldest temperature. Figure 4 describes the temperature profile for the water and
the air and the arrangement of the inlet and the outlet streams. The hot liquid
(water) enters at the centre of the spiral moving out along the plate, and the cold
stream (air) crosses the plate width.

Figure 4.
The temperature profile for the cold and the hot streams.
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The numerical study determined an appreciable accuracy between the method
design and the computational simulation. Table 10 shows the approximation of the
outlet temperatures. The hydraulic performance was measured by calculating the
outlet pressure for both streams. The results determined that the maximum pres-
sure drop was observed at the hot section. The design method calculated a pressure
drop of 6.89 kPa, and the numerical result was 17.23 kPa, because the spiral flow
section has the less wide spacing between the plates. The minimum pressure drop
was expected for the cold stream. The method reported 0.004826 kPa. The simula-
tion determined a value of 3.4 kPa, due to the cross-flow section that has a spacing
wider than the spiral section and furthermore because the channel is open.

5. Conclusions

This work presented two new methods to design cross-flow spiral plate heat
exchangers: the first design was to compare the thermal behaviour of the spiral plate
heat exchanger versus a car radiator. The radiator is an option to remove the excess
of heat; however, this device needs to increase the heat transfer area by installing
fins to dissipate the heat, specifically when a gas phase is involved. The constant
spiral movement promotes an effective heat transfer, even when a laminar regimen
is observed. An additional thermal performance can be proposed by decreasing the
spacing plates. The spiral outer diameter will be reduced, and the flow velocity will
increase; nevertheless, more energy to pumping flows will be necessary. The studs
have not represented a constraint for the flows, but more studs could be installed
with a higher diameter to increase heat transfer area and optimise the subcooling
zone in spiral plate condensers. The spiral plate heat exchanger has many industrial
applications, and this study contributed to expanding the usages by implementing
new simple methodologies for cross-flow arrangement particularly for a condenser
and for a cooler.

Computational fluid dynamics is a robust instrument to simulate and validate
the empirical methods. The results between CFD simulation and the design method
approve the accuracy of the method. It allows to extend the service of the spiral
plate heat exchangers, as a part of the industrial process, cooling systems, heat
networks and recover energy.
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Nomenclature

Ac free flow area (m2)
Ap plate area (m2)
A heat transfer area (m2)
C core diameter (m)
Cp heat capacity (J/Kg K)
De equivalent diameter (m)
Dh helix diameter (m)
ds spacing plate (m)
F flow (kg/hr)
h film heat transfer coefficient (W/m2 K)
H plate width (m)
k thermal conductivity (W/m K)
L plate length (m)
Pr Prandtl number
q heat load (W)
Re Reynolds number
Rec critical Reynolds number
s specific gravity
T temperature (°C)
U overall heat transfer coefficient (W/m2 K)
G fluid velocity (kg/hr. m2)
x plate thickness (m)

Greek symbols

ΔP pressure drop (kPa)
μ viscosity (cp)

Subindices

h hot side
c cold side
in inlet
out outlet
f film fluid properties
b bulk fluid properties
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Chapter 12

Air Cooling in Steam Plant
Condenser Using Refrigeration
System for Improving Vacuum
Pump Performance
Ahmed Hegazy and Abraham Engeda

Abstract

Modifying the steam plant condenser by incorporating a vapor compression
refrigeration system, which is utilized to chill the water used for cooling the con-
denser air cooler, is proposed in this work. Hence a considerable drop in air tempe-
rature is obtained, and more steam associated with air is condensed resulting in
reducing both steam lost and vacuum pump power. A thermodynamic analysis is
developed for working out the performance of the proposed hybrid system. The
results obtained using this analysis showed that for a condensate subcooling of 3°C
the total work saving due to this modification has maximums of 38.5, 33.9 and
28.9% and occur at temperature reduction below the condensate temperature of 12,
10, and 8°C when the temperature of steam admitted to the condenser is 20, 30, and
40°C, respectively. The savings in steam lost through the vacuum pump in these
cases amount to 87.7, 84, and 79.2%, respectively. It is recommended to select the
decrease in condenser air temperature in the range of 4°C higher than those
decreases, at which the minimum total work comes about, as the saving in steam
lost becomes fairly greater (5–7%), while the maximum increase in minimum total
work is 3%.

Keywords: steam plant condenser, vapor compression refrigeration system,
condenser air cooler, vacuum pump, power saving

1. Introduction

The primary purpose of the steam condenser in a steam plant is to convert the
turbine exhaust steam into water for reuse in the boiler and to create and maintain
vacuum at the turbine exhaust. This is achieved by cold water circulation through
tube bundles and condensing the steam on their outer surfaces. Referable to the
large reduction in the specific volume on changing from steam to condensate, a
vacuum is formed within the condenser. Getting to this vacuum continuously as
minimum as possible is very important for the steam plant to attain the highest
possible power from the turbine. A rise in the condenser pressure can be produced
due to the existence of air, ammonia, and other noncondensable gases [1]. This rise
in pressure in the condenser results in lowering the useful turbine power and in turn
the plant efficiency degenerates [2–5].

223



366-379. DOI: 10.1016/j.cryogenics.
2011.04.005

[15] Fredheim AO, Heiersted RS.
Possibilities for cost reductions in base-
load. In: EUROGAS96. In: Proceedings
from the European Applied Research
Conference on Natural Gas. 1996.
pp. 101-114

[16] Minton PE. Designing Spiral-Plate
Heat Exchangers. Union Carbide; 1970.
pp. 127-136

[17] Sander J. Rosenblads AB. Patenter,
Stockholm, Sweden, 1955; unpublished

[18] Dongwu W. Geometric calculations
for the spiral heat exchanger. Chemical
Engineering and Technology. 2003;26
(5). DOI: 10.1002/CEAT.200390091

[19] Bes TH, Roetzel W. Thermal theory
of the spiral heat exchanger.
International Journal of Heat and Mass
Transfer. 1993;36(3):765-773. DOI:
10.1016/0017-9310(93)80052-V

[20] Carlos Alberto Romero Piedrahita,
Yamid Alberto Carranza Sánchez.
Rating of thermal capacity of a heat
radiator. Scientia et Technica Año XIII,
No. 35, Agosto de 2007. ISSN 0122-1701

222

Low-temperature Technologies

Chapter 12

Air Cooling in Steam Plant
Condenser Using Refrigeration
System for Improving Vacuum
Pump Performance
Ahmed Hegazy and Abraham Engeda

Abstract

Modifying the steam plant condenser by incorporating a vapor compression
refrigeration system, which is utilized to chill the water used for cooling the con-
denser air cooler, is proposed in this work. Hence a considerable drop in air tempe-
rature is obtained, and more steam associated with air is condensed resulting in
reducing both steam lost and vacuum pump power. A thermodynamic analysis is
developed for working out the performance of the proposed hybrid system. The
results obtained using this analysis showed that for a condensate subcooling of 3°C
the total work saving due to this modification has maximums of 38.5, 33.9 and
28.9% and occur at temperature reduction below the condensate temperature of 12,
10, and 8°C when the temperature of steam admitted to the condenser is 20, 30, and
40°C, respectively. The savings in steam lost through the vacuum pump in these
cases amount to 87.7, 84, and 79.2%, respectively. It is recommended to select the
decrease in condenser air temperature in the range of 4°C higher than those
decreases, at which the minimum total work comes about, as the saving in steam
lost becomes fairly greater (5–7%), while the maximum increase in minimum total
work is 3%.

Keywords: steam plant condenser, vapor compression refrigeration system,
condenser air cooler, vacuum pump, power saving

1. Introduction

The primary purpose of the steam condenser in a steam plant is to convert the
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vacuum at the turbine exhaust. This is achieved by cold water circulation through
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vacuum is formed within the condenser. Getting to this vacuum continuously as
minimum as possible is very important for the steam plant to attain the highest
possible power from the turbine. A rise in the condenser pressure can be produced
due to the existence of air, ammonia, and other noncondensable gases [1]. This rise
in pressure in the condenser results in lowering the useful turbine power and in turn
the plant efficiency degenerates [2–5].
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The presence of air lowers the partial pressure of steam and therefore brings
down the saturation temperature of steam, which leads to increasing evaporation
enthalpy (latent heat), and therefore, more cooling water will be required in the
condenser. In addition, this gives rise to increasing condensate subcooling, which is
undesirable because it means that the excess heat removed for this purpose serves
no useful process and entails providing additional boiler firing [6]. Thus, continu-
ous removal of the air and noncondensable gases from the condenser is very critical
for maintaining the plant efficiency possibly high. Beside this task, the air extraction
system prevents air blanketing of condenser tubing that could dramatically reduce
the heat transfer and stop the condensing process. Also, it reduces the condensate-
dissolved oxygen levels that could lead to corrosion of boiler tubing.

The air and noncondensables are extracted from the bottom of the condenser,
where the temperature is the lowest, by using vacuum pump. The air and non-
condensables sucked by the vacuum pump contain a relatively big amount of
noncondensed steam; each kilogram of air can contain more than 2 kg of water
vapor [7]. This results in increasing the parasitic work of the pump. In condenser
design, it is considered reducing the subcooling of the condensate possibly to the
lowest degree to minimize heat removal. For reducing the amount of steam mixed
with the air sucked by the air pump, the steam condenser has a portion of tubes near
the air pump suction screened off and the condenser tubes in this portion contain
the coldest water, and the number of cooling tubes is increased. Hence, the tem-
perature of the air drops below that of the outlet condensate, and more steam
associated with the air is condensed so that the mass flow rate of the air and steam
mixture drawn by the air pump is reduced and, in turn the power of the dry pump is
lowered.

The air extraction system (vacuum pump) can be centrifugal compressor, steam
jet ejector air ejector, or water ring pump [8, 9]. A hybrid system of these compo-
nents is preferred as they offer several advantages toward minimizing venting
equipment size and save parasitic consumption [7]. The power required for operat-
ing these equipment sorts is dependent on both the rates of air and the noncon-
densables and noncondensed steam sucked by the vacuum pump. The temperature
decrease of the air in the condenser air cooler is limited when the normal cooling
water is used. For obtaining considerable drop in air temperature it is proposed in
this work to modify the condenser by incorporating a refrigeration system into the
condenser. This system is utilized to chill the cooling water, which is used for
cooling the air in the condenser rather than the normal cooling water. Of course the
use of the refrigerant directly to cool the air exploiting the air cooler as an evapora-
tor for the refrigeration system and circulating the cold liquid refrigerant of this
system through the tubes of the air cooler will be more efficient than using the
chilled water. However, this configuration calls for redesigning the air cooler to be
adapted for receiving and evaporating the refrigerant, which will be expensive for
already existing power plants. The latest configuration can be taken into consider-
ation for the design of the new plants.

The concept of using dry ammonia for cooling steam plant condenser is
described in Ref. [10]. This concept states that the condenser cooling water is
replaced by liquid ammonia, which evaporates as it acquires heat from the con-
densing steam. The heat of condensation absorbed by the ammonia is rejected in an
air cooled condenser of a refrigeration machine into the surrounding atmosphere.
This concept was tested and well documented [11–17], with the participation of
several major equipment vendors (Baltimore Air Coil, the Trane Company, Curtiss-
Wright, CB&I, and Union Carbide). In addition, the concept of using vapor com-
pression refrigeration system (VCRS) combined with steam plant condenser was
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studied in detail in [14–19]. The results of these studies showed significant rise in
net power as well as efficiency of the steam plant. However, for realizing this
combined system, a relatively huge VCRS is required, which leads to material
increase of the combined system cost. In the current study, a relatively small VCRS
is required as it serves to cool only the air contained in the air cooler of steam plant
condenser. This leads to lessening the temperature of the air and water vapor
mixture in the air cooler, resulting in condensing some of the water vapor. Hence,
the mass flow rate of the air and water vapor mixture extracted from the steam
condenser is decreased and consequently the power consumed by the vacuum
pump lessens. Meanwhile, water vapor leaving the steam condenser and lost to the
surroundings is reduced. In general, this contributes to contracting both the power
consumed in the auxiliary systems of the steam plant and the steam consumption.

2. Conception of the modified steam plant condenser

The steam plant condenser is typically a shell and tubes heat exchanger. Figure 1
depicts a section through a steam plant condenser. The steam leaving the plant
turbine enters the condenser at its top with temperature Tci and flows around the
outer surface of the cooling tubes in which cooling water is circulated. Heat is
transferred from the steam into the cooling water where steam condenses and the
condensate is extracted out of the condenser at the bottom with temperature Tce. A
segment of the condenser (called air cooler) is shielded for cooling the air associated
with the condensate and leaked from the environment. This segment is possibly
located near the inlet of cooling water, and the number of the cooling tubes is
increased in it, so that the air associated with some water vapor collected in this
section is cooled to a temperature Tvpi, which is lower than that of the condensate.
This will lead to decreasing the mass rate of water vapor, the air pulled by the
vacuum pump connected to this segment. As a result, the energy used up by the
vacuum pump for extracting the air and its accompanying water vapor to the
environment are decreased. In the current study, it is suggested to circulate chilled

Figure 1.
A schematic section through steam plant condenser.
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The presence of air lowers the partial pressure of steam and therefore brings
down the saturation temperature of steam, which leads to increasing evaporation
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system prevents air blanketing of condenser tubing that could dramatically reduce
the heat transfer and stop the condensing process. Also, it reduces the condensate-
dissolved oxygen levels that could lead to corrosion of boiler tubing.
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system through the tubes of the air cooler will be more efficient than using the
chilled water. However, this configuration calls for redesigning the air cooler to be
adapted for receiving and evaporating the refrigerant, which will be expensive for
already existing power plants. The latest configuration can be taken into consider-
ation for the design of the new plants.

The concept of using dry ammonia for cooling steam plant condenser is
described in Ref. [10]. This concept states that the condenser cooling water is
replaced by liquid ammonia, which evaporates as it acquires heat from the con-
densing steam. The heat of condensation absorbed by the ammonia is rejected in an
air cooled condenser of a refrigeration machine into the surrounding atmosphere.
This concept was tested and well documented [11–17], with the participation of
several major equipment vendors (Baltimore Air Coil, the Trane Company, Curtiss-
Wright, CB&I, and Union Carbide). In addition, the concept of using vapor com-
pression refrigeration system (VCRS) combined with steam plant condenser was
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studied in detail in [14–19]. The results of these studies showed significant rise in
net power as well as efficiency of the steam plant. However, for realizing this
combined system, a relatively huge VCRS is required, which leads to material
increase of the combined system cost. In the current study, a relatively small VCRS
is required as it serves to cool only the air contained in the air cooler of steam plant
condenser. This leads to lessening the temperature of the air and water vapor
mixture in the air cooler, resulting in condensing some of the water vapor. Hence,
the mass flow rate of the air and water vapor mixture extracted from the steam
condenser is decreased and consequently the power consumed by the vacuum
pump lessens. Meanwhile, water vapor leaving the steam condenser and lost to the
surroundings is reduced. In general, this contributes to contracting both the power
consumed in the auxiliary systems of the steam plant and the steam consumption.

2. Conception of the modified steam plant condenser

The steam plant condenser is typically a shell and tubes heat exchanger. Figure 1
depicts a section through a steam plant condenser. The steam leaving the plant
turbine enters the condenser at its top with temperature Tci and flows around the
outer surface of the cooling tubes in which cooling water is circulated. Heat is
transferred from the steam into the cooling water where steam condenses and the
condensate is extracted out of the condenser at the bottom with temperature Tce. A
segment of the condenser (called air cooler) is shielded for cooling the air associated
with the condensate and leaked from the environment. This segment is possibly
located near the inlet of cooling water, and the number of the cooling tubes is
increased in it, so that the air associated with some water vapor collected in this
section is cooled to a temperature Tvpi, which is lower than that of the condensate.
This will lead to decreasing the mass rate of water vapor, the air pulled by the
vacuum pump connected to this segment. As a result, the energy used up by the
vacuum pump for extracting the air and its accompanying water vapor to the
environment are decreased. In the current study, it is suggested to circulate chilled

Figure 1.
A schematic section through steam plant condenser.
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water within the cooling pipes of the cooling air section, so that the temperature of
the air and accompanying steam is further reduced.

Figure 2 illustrates a configuration for the modified steam plant condenser
that enables the use of chilled water to lower the temperature of the air cooler
section. The cooling water (a) coming from a water body (river, sea, …) or a
cooling tower is fed into the header (e) where it is distributed to the most of the
cooling water tubes of the condenser. It helps to cool the steam exhausting out of
the plant turbine. This cooling water is called here normal cooling water. While
being heated up, it exits the cooling tubes into the header (f). The warmer normal
cooling water (b) is extracted from the header (f) and pumped back to the water
body or the cooling tower. The chilled water (c) is fed to the header (g) and it flows
through the cooling tubes of the air cooling part of the steam condenser. This
chilled water acts as a coolant for air along with some water vapor collected in the
air cooler. This leads to cooling the mixture of the air and water vapor to a
temperature lower than that of the condensate. The temperature of the chilled
water is raised as it flows through the cooling tubes due to heat transfer from the
mixture of air and steam in the air cooler. As a result, some of the steam contained
in the mixture is condensed and flows down the condenser to the hot well. The
warm chilled water goes into the header (h), from which it is transmitted back-
ward to a chiller. Finally, the rest of the air and water vapor mixture in the air
cooler is sucked by a vacuum pump and expelled into the atmosphere. The vacuum
pump is not shown in Figure 2.

3. Description of the studied combined system

In the current study, a vapor compression refrigeration system (VCRS) is used
to chill the cooling water used for cooling the air cooler of the above described
steam condenser. Hence, Figure 3 shows a schematic of the studied combined
system. The refrigeration cycle is made up of a two-stage compression system
(c) and (d) (these are also designated by I and II, respectively); a refrigerant
condenser (e); two throttling valves (f) and (h); a flash tank (g) for intercooling
and flash gas removal; a liquid-line/suction-line heat exchanger (LLSL-HE) (b); and
an evaporator (a), which acts at the same time as a heat exchanger for chilling the
cooling water used in the air cooler. In this system, the low-pressure refrigerant
leaving the evaporator (a) is heated in the liquid suction heat exchanger (b) as it

Figure 2.
A configuration of the modified steam plant condenser. a, normal cooling water in; b, normal cooling water out;
c, chilled water in; d, chilled water out; e–h, headers.
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absorbs heat from the higher-temperature liquid refrigerant coming from the flash
chamber (g). It is drawn by the first-stage compressor (c) where its pressure is
raised to the intermediate pressure of the flash chamber. It is sent to the flash
chamber (g) in which it is mixed with the refrigerant coming out of the throttle
valve (f) and it gets cooled. The refrigerant vapor is separated from the liquid
refrigerant and it is drawn by the second-stage compressor (d) and its pressure is
elevated to the condenser pressure. The high-pressure refrigerant leaving the com-
pressor (d) flows through the refrigerant condenser (e) where it is condensed and it
streams further to the throttle valve (f) where its pressure is reduced to the inter-
mediate pressure of the flash chamber, and it is fed into the flash chamber. The
liquid refrigerant leaving the flash chamber is fed to the liquid suction HE (b). Here
it is cooled as it gives a portion of its sensible heat to the refrigerant vapor departing
the evaporator (a). The cooled liquid refrigerant is reduced in pressure to the
evaporator pressure on running through the throttle valve (h). The refrigerant is
then run to the evaporator/water chiller to cool down the warm water coming from
the air cooler. The low-pressure vapor refrigerant leaving the evaporator/water
chiller (a), completes the refrigeration cycle. This refrigeration cycle has been
selected among the available refrigeration cycles due to its simplicity and relatively
high efficiency.

Figure 3.
A schematic of the combined proposed steam plant condenser and vapor compression refrigeration system.
_____, water; _ _ _, refrigerant; a, refrigerant evaporator/HE; b, liquid suction HE; c, refrigerant compressor I;
d, refrigerant compressor II; e, refrigerant condenser; f, throttle valve I; g, flash chamber; h, throttle valve II.
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water within the cooling pipes of the cooling air section, so that the temperature of
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pump is not shown in Figure 2.
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absorbs heat from the higher-temperature liquid refrigerant coming from the flash
chamber (g). It is drawn by the first-stage compressor (c) where its pressure is
raised to the intermediate pressure of the flash chamber. It is sent to the flash
chamber (g) in which it is mixed with the refrigerant coming out of the throttle
valve (f) and it gets cooled. The refrigerant vapor is separated from the liquid
refrigerant and it is drawn by the second-stage compressor (d) and its pressure is
elevated to the condenser pressure. The high-pressure refrigerant leaving the com-
pressor (d) flows through the refrigerant condenser (e) where it is condensed and it
streams further to the throttle valve (f) where its pressure is reduced to the inter-
mediate pressure of the flash chamber, and it is fed into the flash chamber. The
liquid refrigerant leaving the flash chamber is fed to the liquid suction HE (b). Here
it is cooled as it gives a portion of its sensible heat to the refrigerant vapor departing
the evaporator (a). The cooled liquid refrigerant is reduced in pressure to the
evaporator pressure on running through the throttle valve (h). The refrigerant is
then run to the evaporator/water chiller to cool down the warm water coming from
the air cooler. The low-pressure vapor refrigerant leaving the evaporator/water
chiller (a), completes the refrigeration cycle. This refrigeration cycle has been
selected among the available refrigeration cycles due to its simplicity and relatively
high efficiency.

Figure 3.
A schematic of the combined proposed steam plant condenser and vapor compression refrigeration system.
_____, water; _ _ _, refrigerant; a, refrigerant evaporator/HE; b, liquid suction HE; c, refrigerant compressor I;
d, refrigerant compressor II; e, refrigerant condenser; f, throttle valve I; g, flash chamber; h, throttle valve II.
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4. Thermodynamic analysis of the studied combined system

For the following analysis of steam and air flow through the plant condenser, it
is assumed that both fluids are ideal gases. Since the steam and air flow inside the
condenser are at relatively very low pressure, they can be considered behaving to
acceptable accuracy as ideal gases. Referring to Figures 1 and 2, the steam
exhausting the plant turbine (it is usually slightly wet) enters the condenser with
temperature Tci and dryness fraction xci. Knowing the temperature Tci, both the
saturation pressure ps,ci (it equals the partial pressure of the steam) and specific
volume vs,ci of the saturated steam at condenser inlet can be fixed. Given the steam
mass flow rate _mst, t entering the turbine, the mass flow rate _mst,ci of the steam at
condenser entry can be calculated by:

_mst,ci ¼ xci _mst, t (1)

The volume flow rate _V st,ci at inlet to the condenser, by Dalton’s law, is equal to
the volume flow rate _V a,ci of the associated air [20] and is obtained from the
following equation:

_V st,ci ¼ _V a,ci ¼ _mst,ci vs,ci (2)

The partial pressure pa,ci of the air at entry to the condenser is calculated by:

pa,ci ¼
_maRa Tci þ 273:15ð Þ

_V a,ci
(3)

Inserting Eqs. (1) and (2) into Eq. (3) and designating the mass ratio _ma= _mst, t
by β, it follows that:

pa,ci ¼
βRa Tci þ 273:15ð Þ

xci vs,ci
(4)

The total pressure pc,t at condenser entry is equal to the sum of the partial pressure
pa,ci of the air and the saturation pressure ps,ci of the steam entering the condenser. It
is taken constant throughout the condenser, since the velocity of steam flow is small.
Hence, the total absolute pressure pc,t inside the condenser is given as:

pc, t ¼ ps,ci þ pa,ci (5)

The condensate temperature Tce at condenser outlet is usually ΔTce lower than
the steam temperature Tci at condenser inlet (i.e.,Tce = Tci-ΔTce). Knowing the
temperature Tce, the saturation pressure ps,ce and specific volume vs,ce of the steam
corresponding to this temperature can be determined. If the condenser is not
screened, then the partial pressure pa,ce of the air leaving the steam condenser with
condensate is given as:

pa,ce ¼ pc, t � ps,ce (6)

The volume flow rate _V a,ce of the air to be dealt by the vacuum pump at the exit
of the steam condenser can be determined by:

_V a,ce ¼ _maRa Tce þ 273:15ð Þ
pa,ce

(7)
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Hence, the mass flow rate _mst,ce of steam associated with the air is assessed by:

_mst,ce ¼
_V a,ce

vs,ce
(8)

Dividing both sides of Eq. (8) by _mst, t and inserting Eq. (7) into Eq. (8), it
follows that:

γ ¼ _mst,ce

_mst, t
¼ βRa Tce þ 273:15ð Þ

pa,ce vs,ce
(9)

In the case of screening the steam condenser and cooling the air, the temperature
Tvpi of the air and water vapor mixture sucked by the vacuum pump is ΔTvpi lower
than the condensate temperatureTce at steam condenser outlet (i.e.,Tvpi = Tce�ΔTvpi).
Knowing the temperature Tvpi, the corresponding saturation pressure ps,vpi and
specific volume vs,vpi can be fixed. The partial pressure pa,vpi and volume flow rate
_V a,vpi of the air and mass ratio δ _mst,vpi= _mst, t

� �
at inlet of the vacuum pump can be

determined using Eqs. (6), (7) and (9), respectively, by replacing the subscripts ce
by vpi and γ by δ. Accordingly, it follows that pa,vpi, _V a,vpi, and δ are given by:

pa,vpi ¼ pc, t � ps,vpi (10)

_V a,vpi ¼
_maRa Tvpi þ 273:15

� �
pa,vpi

(11)

and

δ ¼ _mst,vp

_mst, t
¼ βRa Tvpi þ 273:15

� �
pa,vpi vs,vpi

(12)

Regarding the VCRS, the p-h diagram of its cycle is illustrated in Figure 4. The
numerals of Figure 4 correspond to the points 1–10 given in Figure 3. It is to be
considered here that the refrigerant condenser is cooled exactly as it is conducted
with the steam plant condenser. Consequently, it is assumed here that the refriger-
ant leaving the refrigerant condenser has a temperature equal to that of the con-
densate in the steam plant condenser (i.e.,T5 = Tce). Considering this fact and

Figure 4.
p-h diagram of the VCRS cycle of the studied refrigeration system.
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knowing the subcooling ΔTrc,sub of the refrigerant condenser, the pressure of the
refrigerant in the condenser (e) can be fixed. The evaporator temperature T9 = T10

is defined according to the temperature required by the chilled water at inlet to the
air cooler of the steam condenser. T9 as well as T10 is ΔTe less than the temperature
Tcw,aci (i.e.,T9 = T10 = Tcw,aci � ΔTe) of the chilled water entering the steam
condenser air cooler. Hence, the pressure of the refrigerant in the evaporator is the
saturated one corresponding to the temperature T9/T10. Knowing the refrigerant
pressures in the evaporator (a) and condenser (e), the adiabatic efficiencies ηrco,I
and ηrco,II and mechanical efficiencies ηm,rco,I and ηm,rco,II of the compressor I
(c) and II (d), respectively, and the effectiveness εLLSL of the LLSL-HE, the states of
the different points of the VCRS cycle can be determined as explained in any
refrigeration text book (e.g., [21]).

For obtaining the value of the mass ratio ζ _mcw= _mst, tð Þ of the chilled water flow
rate through the air cooling segment and steam flow rate crossing the turbine,
Figure 5 shows the mass flow rates of air mixture and chilled water, and their
temperatures through this segment. An energy balance for the air cooler leads to the
following equation:

_ma cp,a Tce � Tvpi
� �þ _mst,aci � _mst,vpi

� �
LH at saturation pressureps,vpi

h i

¼ _mcwCw Tcw,ace � Tcw,acið Þ
(13)

It is to be noticed here that the sensible heat of the condensed steam in the air
cooler was neglected as it is relatively very small, and _mst,aci is equal to _mst, ,ce.

Solving Eq. (13) to get _mcw= _ma and multiplying both sides of the resulted
equation by _ma= _mst, t, the ratio ζ ( _mcw= _mst, t ) is obtained as:

ζ ¼ _mcw

_mst, t
¼

β cp,a Tce � Tvpi
� �þ γ � δð ÞxLH at saturation pressureps,vpi

h i

cw Tcw,ace � Tcw,acið Þ (14)

For determining the mass ratio _mr, I= _mcw of the refrigerant and cooling water, a
heat balance is performed for the evaporator/water HE (a), which yields to:

_mr, I h10 � h9ð Þ ¼ _mcwCw Tcw,ace � Tcw,acið Þ (15)

Figure 5.
Mass flow and temperature of air, steam, and chilled water through the air-cooling segment.
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From which it follows that:

_mr, I

_mcw
¼ Cw Tcw,ace � Tcw,acið Þ

h10 � h9ð Þ (16)

Multiplying both sides of Eq. (16) by the mass ratio _mcw= _mst, t, the mass ratio ξI
( _mr, I= _mst, t) is worked out as:

ξI ¼
_mr, I

_mst, t
¼ ζ

Cw Tcw,ace � Tcw,acið Þ
h10 � h9ð Þ (17)

The mass ratio ζ is obtained from Eq. (14). A heat balance of the flash chamber
(Figure 3) yields:

_mr, II h6 þ _mr, I h2 ¼ _mr, I h7 þ _mr, II h3 (18)

It follows from Eq. (18) that:

_mr,II

_mr,I
¼ h2 � h7ð Þ

h3 � h6ð Þ (19)

Multiplying both sides of Eq. (19) by _mr,II= _mr,I, it follows that the mass ratio ξII
( _mr,II= _mst, t) of the refrigerant flow rate through the compressor II to the steam
flow rate of the steam turbine is given by:

ξII ¼
_mr, II

_mst, t
¼ _mr, II

_mr, I
x

_mr, I

_mst, t
¼ ξI

_mr, II

_mr, I
¼ ξI

h2 � h7ð Þ
h3 � h6ð Þ (20)

From Eqs. (17) and (20), the mass ratio ξt can be found as:

ξt ¼
_mr, t

_mst, t
¼ ξIxξII ¼ ζ

Cw tcw,ace � tcw,acið Þ
h10 � h9ð Þ 1þ h2 � h7ð Þ

h3 � h6ð Þ
� �

(21)

ξt ¼
_mr, t

_mst, t
(22)

The characteristic parameters describing the performance of the refrigeration
cycle are given as:

qrc ¼ ξII h4 � h5ð Þ (23)

wrco, I ¼ ξI
ηm,co, I

h2 � h1ð Þ ¼ ξI
ηm, rco, I ηi, rco, I

h2s � h1ð Þ (24)

wrco, II ¼ ξII
ηm, rco, II

h4 � h3ð Þ ¼ ξII
ηm, rco, I Iηi, rco, II

h4s � h3ð Þ (25)

wrco, t ¼ wrco, I þ wrco, IIð Þ (26)

qe ¼ ξII h10 � h9ð Þ (27)

COP ¼ ξII h10 � h9ð Þ= ξI h2 s � h1ð Þ=ηco, I ηm,co, I þ ξII h4s � h3ð Þ=ηco, I ηm,co, II
� �

(28)

The hybrid system proposed in the current work can lead to two benefits, the
first benefit is a decrease in the mass flow rate of steam lost in venting the air from
the SPC, and the second one is a reduction in mass flow rate of air and steam
mixture drawn by the vacuum pump and hence the pump power is lowered.

231

Air Cooling in Steam Plant Condenser Using Refrigeration System for Improving Vacuum Pump…
DOI: http://dx.doi.org/10.5772/intechopen.83787



knowing the subcooling ΔTrc,sub of the refrigerant condenser, the pressure of the
refrigerant in the condenser (e) can be fixed. The evaporator temperature T9 = T10

is defined according to the temperature required by the chilled water at inlet to the
air cooler of the steam condenser. T9 as well as T10 is ΔTe less than the temperature
Tcw,aci (i.e.,T9 = T10 = Tcw,aci � ΔTe) of the chilled water entering the steam
condenser air cooler. Hence, the pressure of the refrigerant in the evaporator is the
saturated one corresponding to the temperature T9/T10. Knowing the refrigerant
pressures in the evaporator (a) and condenser (e), the adiabatic efficiencies ηrco,I
and ηrco,II and mechanical efficiencies ηm,rco,I and ηm,rco,II of the compressor I
(c) and II (d), respectively, and the effectiveness εLLSL of the LLSL-HE, the states of
the different points of the VCRS cycle can be determined as explained in any
refrigeration text book (e.g., [21]).

For obtaining the value of the mass ratio ζ _mcw= _mst, tð Þ of the chilled water flow
rate through the air cooling segment and steam flow rate crossing the turbine,
Figure 5 shows the mass flow rates of air mixture and chilled water, and their
temperatures through this segment. An energy balance for the air cooler leads to the
following equation:

_ma cp,a Tce � Tvpi
� �þ _mst,aci � _mst,vpi

� �
LH at saturation pressureps,vpi

h i

¼ _mcwCw Tcw,ace � Tcw,acið Þ
(13)

It is to be noticed here that the sensible heat of the condensed steam in the air
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_mst, t
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β cp,a Tce � Tvpi
� �þ γ � δð ÞxLH at saturation pressureps,vpi

h i

cw Tcw,ace � Tcw,acið Þ (14)

For determining the mass ratio _mr, I= _mcw of the refrigerant and cooling water, a
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_mr, I h10 � h9ð Þ ¼ _mcwCw Tcw,ace � Tcw,acið Þ (15)

Figure 5.
Mass flow and temperature of air, steam, and chilled water through the air-cooling segment.
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From which it follows that:

_mr, I

_mcw
¼ Cw Tcw,ace � Tcw,acið Þ

h10 � h9ð Þ (16)

Multiplying both sides of Eq. (16) by the mass ratio _mcw= _mst, t, the mass ratio ξI
( _mr, I= _mst, t) is worked out as:

ξI ¼
_mr, I

_mst, t
¼ ζ

Cw Tcw,ace � Tcw,acið Þ
h10 � h9ð Þ (17)

The mass ratio ζ is obtained from Eq. (14). A heat balance of the flash chamber
(Figure 3) yields:

_mr, II h6 þ _mr, I h2 ¼ _mr, I h7 þ _mr, II h3 (18)

It follows from Eq. (18) that:

_mr,II

_mr,I
¼ h2 � h7ð Þ

h3 � h6ð Þ (19)

Multiplying both sides of Eq. (19) by _mr,II= _mr,I, it follows that the mass ratio ξII
( _mr,II= _mst, t) of the refrigerant flow rate through the compressor II to the steam
flow rate of the steam turbine is given by:

ξII ¼
_mr, II

_mst, t
¼ _mr, II

_mr, I
x

_mr, I

_mst, t
¼ ξI

_mr, II

_mr, I
¼ ξI

h2 � h7ð Þ
h3 � h6ð Þ (20)

From Eqs. (17) and (20), the mass ratio ξt can be found as:

ξt ¼
_mr, t

_mst, t
¼ ξIxξII ¼ ζ

Cw tcw,ace � tcw,acið Þ
h10 � h9ð Þ 1þ h2 � h7ð Þ

h3 � h6ð Þ
� �

(21)

ξt ¼
_mr, t

_mst, t
(22)

The characteristic parameters describing the performance of the refrigeration
cycle are given as:

qrc ¼ ξII h4 � h5ð Þ (23)

wrco, I ¼ ξI
ηm,co, I

h2 � h1ð Þ ¼ ξI
ηm, rco, I ηi, rco, I

h2s � h1ð Þ (24)

wrco, II ¼ ξII
ηm, rco, II

h4 � h3ð Þ ¼ ξII
ηm, rco, I Iηi, rco, II

h4s � h3ð Þ (25)

wrco, t ¼ wrco, I þ wrco, IIð Þ (26)

qe ¼ ξII h10 � h9ð Þ (27)

COP ¼ ξII h10 � h9ð Þ= ξI h2 s � h1ð Þ=ηco, I ηm,co, I þ ξII h4s � h3ð Þ=ηco, I ηm,co, II
� �

(28)

The hybrid system proposed in the current work can lead to two benefits, the
first benefit is a decrease in the mass flow rate of steam lost in venting the air from
the SPC, and the second one is a reduction in mass flow rate of air and steam
mixture drawn by the vacuum pump and hence the pump power is lowered.
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However, a new energy consumption comes out, which is the total work (wrco,t) of
the two compressors employed in the VCRS. To be capable to judge the goodness of
the proposed hybrid system, both the energies used for venting the air from SPC
and for operating the compressors of the refrigeration system should be determin-
able. The total work wrco,t of the two refrigerant compressors can be determined
using Eqs. (24)–(26). As for the work consumed for venting process, there are some
vacuum pumps that can be utilized for this function, among which centrifugal
compressor is the most effective and efficient instrument for performing this task.
It is selected here only for the sake of judgment of the hybrid system goodness. In
venting the air and steam mixture out of the steam condenser without air cooling,
the specific vacuum pump (compressor) work wvp,wac referred to each kilogram of
steam flow through the steam turbine can be expressed by aid of any thermody-
namics text book (e.g., [20]) as:

wvp,wac ¼ kmRmTce β þ γð Þ
km � 1ð Þ ηm,vpηi, vp

patm
pt

� � km�1
kmð Þ

� 1

" #
(29)

where km and Rm are the isentropic exponent and gas constant, respectively, of
the air steam mixture. They are given by [20]:

km ¼ βCp,a þ γCp,st

βCv,a þ γCv, st
(30)

Rm ¼ βRa þ γRst

β þ γ
(31)

When the steam condenser is fitted with air cooler, the air extracting compres-
sor work wvp is given by:

wvp,ac ¼
kmRmTvpi β þ δð Þ
km � 1ð Þ ηm,vpηi, vp

patm
pt

� � km�1
kmð Þ

� 1

" #
(32)

km and Rm are calculated in this case by aid of Eqs. (30) and (31), respectively,
by replacing γ by δ.

The total specific work wt (wrco,t + wvp,ac) employed for cooling and driving out
steam condenser air is calculated by summing up Eqs. (26) and (32).

5. Results and discussion

The thermodynamic analysis developed in Section 4 for predicting the conden-
sation rate in the steam plant condenser due to air cooling is first validated with the
experimental data of reference [22]. In this work, experiments were conducted in a
2-m-long square cross-sectional channel (0.34 m � 0.34 m) to study the heat and
mass transfer in the condensation of water vapor from humid air. The air flowing
inside the channel was cooled by cold water flowing outside and adjoining only one
side (0.34 m� 2 m) of the channel. Experimental data were obtained from five tests
at various operating conditions as shown in Table 1. The thermodynamic analysis in
Section 4 was slightly modified to be adapted for using the data given in Table 1 for
computing the condensation rate. For solving the equations in this analysis and
finding out the rate of condensation, the commercial computer package EES [23]
was used. The thermal properties of the humid air at different conditions were
found using the built-in functions available in the EES package. The condensation
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rate computed from the present model is displayed in Figure 6, which shows
satisfactory agreement with the experimental data of Ref. [22] since the maximal
discrepancy does not exceed 10%.

The thermodynamic analysis developed in Section 4 for performance prediction
of the combined system proposed in this work necessitates knowing some basic
design and operational data, which is listed in Table 2. It is to be noticed here that
the values of isentropic and mechanical efficiencies of the compressors involved in
this study have been selected close to the practical values of compressors in use in
industry [24]. The results presented hereafter are based on these data. All parameter
values given in Table 2 will be kept unchanged except for the case where the effect
of a specific parameter is to be examined; it is handled as a variable.

The refrigerant of the refrigeration system is selected to be ammonia. The
physical properties of air, water, steam, and ammonia needed for computation are
predicted using the built-in functions of the commercial computing package EES
[23], which is used for solving the equations of the analysis of Section 4.

In Figure 7, the mass ratio γ is plotted versus the temperature Tci for values of
ΔTce of 1, 3, and 5°C. It is seen from Figure 7 that γ runs linearly with very low rate
with Tci. This can be explained as follows: since β is constant, the mass rate of steam
condensed because cooling the air depends mainly on ΔTce and it is very little
dependent on Tci. Of course the condensed steam rate in the air cooler is a pit higher
at higher Tci. For constant β and Tci, the amount of steam associated with the

Test Inlet humid air
temperature Tha,in (°C)

Velocity of humid
air vha (m/s)

Inlet relative humidity
of humid air φ

Average cooling flux
qc,av (kW/m2)

1 82.66 1.46 100 7.3

2 80.61 2.02 100 9.0

3 79.13 2.52 97.83 10

4 78.73 3.01 87.35 11.1

5 75.02 3.59 96.55 12.5

Table 1.
Experimental conditions from Ref. [22].

Figure 6.
Comparison of the predicted and experimental values of condensation rate for all the tests of Ref. [22].
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the two compressors employed in the VCRS. To be capable to judge the goodness of
the proposed hybrid system, both the energies used for venting the air from SPC
and for operating the compressors of the refrigeration system should be determin-
able. The total work wrco,t of the two refrigerant compressors can be determined
using Eqs. (24)–(26). As for the work consumed for venting process, there are some
vacuum pumps that can be utilized for this function, among which centrifugal
compressor is the most effective and efficient instrument for performing this task.
It is selected here only for the sake of judgment of the hybrid system goodness. In
venting the air and steam mixture out of the steam condenser without air cooling,
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km and Rm are calculated in this case by aid of Eqs. (30) and (31), respectively,
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The total specific work wt (wrco,t + wvp,ac) employed for cooling and driving out
steam condenser air is calculated by summing up Eqs. (26) and (32).

5. Results and discussion

The thermodynamic analysis developed in Section 4 for predicting the conden-
sation rate in the steam plant condenser due to air cooling is first validated with the
experimental data of reference [22]. In this work, experiments were conducted in a
2-m-long square cross-sectional channel (0.34 m � 0.34 m) to study the heat and
mass transfer in the condensation of water vapor from humid air. The air flowing
inside the channel was cooled by cold water flowing outside and adjoining only one
side (0.34 m� 2 m) of the channel. Experimental data were obtained from five tests
at various operating conditions as shown in Table 1. The thermodynamic analysis in
Section 4 was slightly modified to be adapted for using the data given in Table 1 for
computing the condensation rate. For solving the equations in this analysis and
finding out the rate of condensation, the commercial computer package EES [23]
was used. The thermal properties of the humid air at different conditions were
found using the built-in functions available in the EES package. The condensation
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rate computed from the present model is displayed in Figure 6, which shows
satisfactory agreement with the experimental data of Ref. [22] since the maximal
discrepancy does not exceed 10%.
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of the combined system proposed in this work necessitates knowing some basic
design and operational data, which is listed in Table 2. It is to be noticed here that
the values of isentropic and mechanical efficiencies of the compressors involved in
this study have been selected close to the practical values of compressors in use in
industry [24]. The results presented hereafter are based on these data. All parameter
values given in Table 2 will be kept unchanged except for the case where the effect
of a specific parameter is to be examined; it is handled as a variable.

The refrigerant of the refrigeration system is selected to be ammonia. The
physical properties of air, water, steam, and ammonia needed for computation are
predicted using the built-in functions of the commercial computing package EES
[23], which is used for solving the equations of the analysis of Section 4.

In Figure 7, the mass ratio γ is plotted versus the temperature Tci for values of
ΔTce of 1, 3, and 5°C. It is seen from Figure 7 that γ runs linearly with very low rate
with Tci. This can be explained as follows: since β is constant, the mass rate of steam
condensed because cooling the air depends mainly on ΔTce and it is very little
dependent on Tci. Of course the condensed steam rate in the air cooler is a pit higher
at higher Tci. For constant β and Tci, the amount of steam associated with the
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condenser air and, in turn, the rate of condensed steam decrease progressively with
ΔTce. This accounts for the remarkable drop in γ with an increase in ΔTce as shown
in Figure 7. In contrast, the amount of steam associated with the condenser air and
consecutively the rate of condensed steam for constant β and ΔTce are almost
unvarying with Tci. This explains the very low rate of increase in γ with rising Tci.

It is worth noting here that in Figures 8–14, which will be displayed in this
section, the small values of temperature difference ΔTvpi close to zero represent the
case in which there is virtually no air cooler is employed. These values are not
practical as the refrigeration system will be useless. Yet these values are included in
these images just for illumination. In Figure 8, the mass ratio δ is drawn against the
temperature difference ΔTvpi for temperature Tci of 20, 30, and 40°C. It is seen
from Figure 8 that δ declines with an increase in ΔTvpi where the rate of declination
is relatively high at small values of ΔTvpi and it decreases progressively with ΔTvpi

Parameter Value

Mass ratio (β) 0.0003

Compressor isentropic efficiency (ηi,rco,I, ηi,rco,II, ηi,vp) 0.85

Compressor mechanical efficiency (ηm,rco,I, ηm,rco,II, ηm,vp) 0.75

Dryness fraction of steam entering the SPC (xci) 0.9

Effectiveness of the liquid suction HE (εLLSL) 0.8

Temperature difference (Tci � T5), °C 0

Temperature difference (Tcw,ace � Tcw,aci), °C 4

Temperature difference (Tcw,aci � T10), °C 4

Temperature difference (Tcw,ace � Tvpi), °C 4

Temperature difference ΔTce, °C 3

Subcooling of the refrigerant condenser (ΔTrc,sub), °C 3

Table 2.
Basic design and operational data of the proposed combined steam plant condenser and refrigeration system.

Figure 7.
Effect of condensate temperature on the extracted steam mass rate by the vacuum pump without air cooler.
———, ΔTce = 1°C; — — —, ΔTce = 3°C; ………, ΔTce = 5°C.
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and becomes immaterially small for values of ΔTvpi greater than 12°C. This is
brought about due to the large drop in steam content in the air and likewise the rate
of steam condensed as the temperature Tvpi falls down. It is also seen from Figure 8
that Tci has almost negligible effect on δ as the amount of steam mixed with the
condenser air and in turn the rate of condensed steam for constant β and ΔTvpi are
almost invariable with Tci.

Figure 9 illustrates the saving percentage (γ � δ) � 100/γ in the steam amounts
to be condensed in the air cooler and not sucked by the vacuum pump as steam. It is
clear from Figure 9 that this saving has a reversed trend to that of the mass ratio δ,
it is equal to zero at ΔTvpi = 0, and it increases steeply with ΔTvpi. The rate of
increase in this saving with ΔTvpi falls increasingly with the rise in ΔTvpi where it
becomes inconsiderably small at ΔTvpi of 12°C.

Figure 8.
Dependence of the mass of steam associated with air on the air temperature at vacuum pump entrance.———,
Tci = 20°C; — — —, Tci = 30°C; ………, Tci = 40°C.

Figure 9.
Saving percentage in steam mass associated with air when using air cooler. ———,Tci = 20°C; — — —,
Tci = 30°C; ……… Tci = 40°C.
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and becomes immaterially small for values of ΔTvpi greater than 12°C. This is
brought about due to the large drop in steam content in the air and likewise the rate
of steam condensed as the temperature Tvpi falls down. It is also seen from Figure 8
that Tci has almost negligible effect on δ as the amount of steam mixed with the
condenser air and in turn the rate of condensed steam for constant β and ΔTvpi are
almost invariable with Tci.

Figure 9 illustrates the saving percentage (γ � δ) � 100/γ in the steam amounts
to be condensed in the air cooler and not sucked by the vacuum pump as steam. It is
clear from Figure 9 that this saving has a reversed trend to that of the mass ratio δ,
it is equal to zero at ΔTvpi = 0, and it increases steeply with ΔTvpi. The rate of
increase in this saving with ΔTvpi falls increasingly with the rise in ΔTvpi where it
becomes inconsiderably small at ΔTvpi of 12°C.
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Dependence of the mass of steam associated with air on the air temperature at vacuum pump entrance.———,
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It follows from Figures 8 and 9 that the amount of steam to be condensed in the
air cooler is relatively high at small values of ΔTvpi and the rate of increase in this
amount falls progressively with ΔTvpi. Therefore, the amount of the cooling chilled
water and in turn the refrigerant needed for chilling the cooling water takes the
same trend of the percentage saving (γ� δ)� 100/γ (see Figure 9). Figures 10 and 11
show the mass ratios ζ and ξt, respectively, as a function of ΔTvpi.

In Figure 12, the coefficient of performance COP of the refrigeration system
is plotted versus the temperature difference ΔTvpi for Tci of 20, 30, and 40°C.
Figure 12 discloses distinctly that COP decreases sharply with ΔTvpi. This is
ascribed mainly to the falling value of the evaporator temperature of the

Figure 10.
Relationship between the mass of chilled cooling water required for steam condenser air cooler and the air
temperature at vacuum pump entrance. ———, Tci = 20°C; — — —, Tci = 30°C; ………, Tci = 40°C.

Figure 11.
Effect of the air temperature at vacuum pump entrance on refrigerant mass rate when using air cooler.———,
Tci = 20°C; — — —, Tci = 30°C; ………, Tci = 40°C.
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refrigeration system and the increasing temperature difference between the
refrigerant condenser and the evaporator. The temperature Tci has almost a negli-
gible effect on COP as the temperature difference between refrigerant condenser
and evaporator alters with ΔTvpi and not with Tci.

The specific works wvp,wac, wrco,t, wvp,ac as well as wt are plotted in the diagrams
of Figure 13 versus ΔTvpi for temperature Tci of 20, 30, and 40°C. Although wvp,wac

is independent of ΔTvpi, it is represented on the diagrams of Figure 13 as horizontal
lines for the sake of comparison. It can be seen from Figure 13 that wvp,wac

decreases with an increase in Tci, which is caused mainly due to the drop in pressure
ratio of the vacuum pump. The specific work wvp,ac is reduced steeply with ΔTvpi

until a value of ΔTvpi around 12°C; then, the rate of decrease in wvp,ac diminishes
remarkably. This can be interpreted as follows: on the one hand, at low temperature
difference ΔTvpi, the amount of steam mixed with air is relatively high as can be
seen from Figures 8 and 9, which results in relatively high mass rate of the mixture
of air and water vapor flowing through the vacuum pump, and therefore, greater
pump work wvp,ac is obtained. As ΔTvpi is raised, the amount of steam flowing with
air dwindles and so the mass flow rate through the pump declines, which gives rise
to decreasing the pump work wvp,ac. On the other hand, the pressure ratio through
the vacuum pump is raised with ΔTvpi and hence the work wvp,ac is increased.
However, the increase in wvp,ac is relatively small at low values of ΔTvpi compared to
the work decrease due to the drop in pumpmass flow rate. Therefore, the pumpwork
wvp,ac falls off with relatively high rate, as ΔTvpi grows. As the mass flow induced by
the pump declines and the pressure ratio through the pump grows with increasing
ΔTvpi, the effect of the former parameter diminishes, while the effect of the latter
parameter grows up and the net result is a considerable drop in the rate of decrease in
wvp,ac. The specific work wrco,t rises almost linearly with ΔTvpi. This is attributed
mainly to the declination of the refrigeration system COP (see Figure 12). The rate of
increase in wrco,t is almost independent of the temperature Tci.

The saving percentage (wvp,wac � wt) � 100/wvp,wac in work by using refrigera-
tion system for cooling the air contained in the steam condenser is plotted in
Figure 14 versus ΔTvpi for Tci of 20, 30, and 40°C. It is seen from Figures 13 and 14

Figure 12.
Effect of the air temperature at vacuum pump entrance on coefficient of performance of the refrigeration system.
———, Tci = 20°C; — — —, Tci = 30°C; ………, Tci = 40°C.
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refrigeration system and the increasing temperature difference between the
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The specific works wvp,wac, wrco,t, wvp,ac as well as wt are plotted in the diagrams
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remarkably. This can be interpreted as follows: on the one hand, at low temperature
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seen from Figures 8 and 9, which results in relatively high mass rate of the mixture
of air and water vapor flowing through the vacuum pump, and therefore, greater
pump work wvp,ac is obtained. As ΔTvpi is raised, the amount of steam flowing with
air dwindles and so the mass flow rate through the pump declines, which gives rise
to decreasing the pump work wvp,ac. On the other hand, the pressure ratio through
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the work decrease due to the drop in pumpmass flow rate. Therefore, the pumpwork
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ΔTvpi, the effect of the former parameter diminishes, while the effect of the latter
parameter grows up and the net result is a considerable drop in the rate of decrease in
wvp,ac. The specific work wrco,t rises almost linearly with ΔTvpi. This is attributed
mainly to the declination of the refrigeration system COP (see Figure 12). The rate of
increase in wrco,t is almost independent of the temperature Tci.

The saving percentage (wvp,wac � wt) � 100/wvp,wac in work by using refrigera-
tion system for cooling the air contained in the steam condenser is plotted in
Figure 14 versus ΔTvpi for Tci of 20, 30, and 40°C. It is seen from Figures 13 and 14

Figure 12.
Effect of the air temperature at vacuum pump entrance on coefficient of performance of the refrigeration system.
———, Tci = 20°C; — — —, Tci = 30°C; ………, Tci = 40°C.
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that the sum of the specific works wvp,ac and wrco,t (i.e., the total specific work wt)
has a minimal value (maximum saving in the total work sum wt). This minimum
value depends on the value of Tci and it is less than the corresponding wvp,wac

according to the temperature Tci by 38.5, 33.9, and 28.9% at ΔTvpi of 12, 10, and 8°C
for Tci of 20, 30, and 40°C, respectively. Also, it is seen from Figures 13 and 14 that
wt is maximally higher than the minimal value corresponding to Tci by 3% when
ΔTvpi is 4°C higher than its value at which the minimal total specific work occurs.
On the contrary, the saving in the steam lost increases depending on Tci in the range
of 5–7%. Therefore, it is more advantageous to choose values for ΔTvpi higher than
those at which the minimal total work occurs in the range of 4°C, as it results in
fairly less lost steam rate to be drawn by the vacuum pump and inconsiderable
increase in the total work. Higher values than 4°C cause inconsiderably small
increase in saving the lost steam, but the total work is significantly raised.

Figure 13.
Specific work dependence on the air temperature at vacuum pump entrance.———, wvp,wac;———, wvp,ac;
………, wrco,t; —. —, wt.

Figure 14.
Saving percent in specific work due to refrigeration cooling of steam condenser air cooler. ———, Tci = 20°C;
— — —, Tci = 30°C; ……… Tci = 40°C.
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It is to be mentioned here that the parameters γ, δ, ζ, ξt, wvp,wac, wvp,ac, wrco,t,
and wt are displayed in Figures 7, 8, 10, 11, and 13 for the value for β of 0.0003.
These parameters are directly proportional to the mass ratio β. This is explained as
follows: the mass of steam mixed with each kilogram of air and condensed and in
turn the amount of cooling normal/chilled water used for cooling a kilogram of air
and condensing the steam as well as the amount of refrigerant utilized for chilling
the cooling water are dependent only on the initial and final air temperatures of the
cooling process. Therefore, the parameters mentioned above are directly propor-
tional to the mass ratio β. On the contrary to that, the saving percentages
(γ � δ) � 100/γ and (wt � we) � 100/we in the amount of steam to be condensed
and total work, respectively, are independent of β.

6. Conclusions

The current work is concerned with the use of vapor compression refrigeration
system (VCRS) for chilling cooling water used with the air cooler of the steam plant
condenser (SPC). A thermodynamic analysis is developed for working out the
performance of the hybrid system of VCRS and SPC. The results obtained using this
analysis showed that subcooling of the SPC condensate can cause considerable
reduction in steam rate associated with the air induced by the vacuum pump.
However, this is possibly avoided as it represents heat loss in the condensate heat
content, which should be compensated in the plant boiler. In addition, the results
of this work led to drawing the following conclusions for condensate subcooling
of 3°C, which represents a reasonable and practical subcooling of the condenser
condensate.

1. Temperature reductions of the condenser air of 5, 10, and 15°C below the
condensate temperature result in reducing steam rate lost in venting air from
the condenser relative to the loss when using no air cooler, by around 69, 85,
and 90%, respectively.

2. The total work saving when using chilled water for cooling the air in the
condenser air cooler from that in case of no air cooling is applied, has maximums
of 38.5, 33.9, and 28.9% and occurs at temperature decrease below the condensate
temperature of 12, 10, and 8°C when the temperature of steam admitted to the
condenser is 20, 30, and 40°C, respectively. In these cases, the savings in steam
lost in venting process amount to 87.7, 84, and 79.2%, respectively.

3. Selecting the reduction in condenser air temperature in the range of 4°C higher
than that temperature reduction, at which the minimum total work occurs, is
very advantageous where the saving in steam lost becomes fairly greater while
the saving in total work is slightly lower than the minimum total works; in the
range of 5–7 and maximally 3%, respectively.

Nomenclature

COP coefficient of performance of the refrigeration system
Cp specific heat capacity at constant pressure (kJ/kg K)
Cw specific heat capacity of water (kJ/kg K)
h specific enthalpy (kJ/kg)
k isentropic exponent
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LH specific latent heat (kJ/kg)
_m mass flow rate (kg/s)
p pressure (kPa)
q relative heat transfer rate (kW/kg)
R gas constant (kJ/kg K)
T temperature (°C)
v specific volume (m3/kg)
V air velocity (m/s)
_V volume flow rate (m3/s)
x dryness fraction (�)
w specific work (kJ/kg)

Greek letters

β mass ratio _ma= _mst, t (�)
γ mass ratio _mst, ce= _mst, t (�)
δ mass ratio _mst,vp= _mst, t (�)
ΔTce temperature difference of steam at condenser inlet and exit (K/°C)
ΔTe temperature difference of chilled water at air cooler inlet and

saturated refrigerant in VCRS evaporator (K/°C)
ΔTrc,sub subcooling in the refrigerant condenser
ΔTvpi temperature difference of condensate in hot well and air enter-

ing the vacuum pump (K/°C)
ε heat exchanger effectiveness (�)
ζ mass ratio _mcw= _mst, t (�)
ηi isentropic efficiency of the compressor (�)
ηm mechanical efficiency of the compressor (�)
ξI, ξII, ξt mass ratios _mr, I= _mst, t , _mr, II= _mst, t , and _mr, I þ _mr, IIð Þ= _mst, t ,

respectively (�)
φ relative humidity (�)

Subscripts

a air
ac with air cooler
ace air cooler exit for chilled water
aci air cooler inlet for chilled water
atm atmospheric
av. average
c steam condenser, cooling
ce steam condenser outlet
ci steam condenser inlet
cw chilled water
e evaporator
ha humid air
i isentropic
in inlet
m air and steam mixture, mechanical
r refrigerant
rc refrigerant condenser
rco refrigerant compressor
s saturated steam
st steam
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t steam turbine, total pressure, total work
vp vacuum pump
vpi vacuum pump inlet
w water
wac without air cooler
1–10 state numbers of the refrigerant of the refrigeration cycle
I, II refrigerant compressor no. I and II, respectively

Abbreviations

LLSL-HE liquid-line/ suction-line heat exchanger
SPC steam plant condenser
VCRS vapor compression refrigeration system
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Chapter 13

Energy and Exergy Analysis of
Refrigeration Systems
Shaimaa Seyam

Abstract

Refrigeration systems have the priority in design for residential and industrial
applications. The chapter includes five major refrigeration systems: vapor-
compression refrigeration; ammonia-water absorption refrigeration; gas refrigera-
tion where standard air is the most popular refrigerant; multi-pressure refrigeration
including multistage, cascade, and multipurpose refrigeration system; and heat
pump systems. Energy and exergy analysis has been presented for most of the
systems. The energetic and the exergetic COP for each system are presented.
Renewable energy sources are also discussed including geothermal, solar, and wind
energy, a with combination with refrigeration systems in different industrial and
residential applications. The overall efficiency of the renewable systems is achieved
to be more than 50% providing promising solutions for energy use and having a low
environmental impact.

Keywords: refrigeration systems, absorption cooling system, heat pump,
geothermal energy, solar energy, wind energy

1. Introduction

The primary application of refrigeration system is to transfer heat from a lower
temperature region to a higher temperature one. A refrigeration cycle consists of a
source at low temperature, a sink at high temperature, and a device to produce thework
done to transfer heat from the source to sink. For the complete circulation, the refriger-
ation cycle should have an expansion device to circulate the refrigerant to the source.

Major refrigeration systems include vapor-compression refrigeration system
(VCRS), heat pump (HP), gas refrigeration system (GRS), multi-pressure refriger-
ation systems (MPRS), and absorption refrigeration system (ARS), as presented in
Figure 1. These systems are combined with renewable sources, such as geothermal,
solar, and wind energy sources.

2. Vapor-compression refrigeration system

The vapor-compression refrigeration cycle (VCRS) is the most widely used cycle
for refrigerators, air-conditioning systems, and heat pumps [1, 2]. It consists of four
processes, as shown in Figure 2:

1-2 Isentropic compression in a compressor
2-3 Constant-pressure heat rejection in a condenser
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3-4 Throttling in an expansion device
4-1 Constant-pressure heat absorption in an evaporator

The refrigerant enters the compressor from state 1 at saturated vapor to be isen-
tropically compressed from low pressure of state 1 to high pressure and temperature
of state 2, which is at the superheated region. Then, the refrigerant of state 2 enters
the condenser to reject heat to the warm environment and exits at the saturated liquid
as state 3. The refrigerant enters an adiabatic throttling or expansion valve to drop the
pressure, which equals the pressure at the compressor inlet of state 1. The refrigerant
temperature at state 1 is very low so that it absorbs heat from the refrigerated space at
the evaporator and heated to be saturated vapor again. The vapor refrigeration system
is a closed cycle where it starts and ends at state 1. This type of refrigeration system
can be used for refrigerators, inside the air conditioners as split air conditioners, and
separate as in radiant cooling systems [3, 4] and air-to-air systems [1].

2.1 Energy and exergy analysis of vapor-compression RS

The first and second law of Thermodynamics for steady-state flow is applied for
each component and the whole system. They include the energy balance equation
(EnBE) and exergy balance equation (ExBE) in this order. The energy balance
equation considers the heat transfer and work produced or done crossing the con-
trol volume of a component or a system, while the exergy balance equation con-
siders the irreversibilities of a process, which are described by the exergy

Figure 1.
The classifications of refrigeration systems and renewable sources.

Figure 2.
Schematic and T-s diagram for the ideal VCRS.
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destruction. For the given system of Figure 2. The refrigerant mass flow rate is
constant through the cycle and denotes as _m in kg/s, h is the specific enthalpy of
each state point in kJ/kg, exi is the specific exergy of a state point in kJ/kg and
defined as exi ¼ hi � h0ð Þ� T0 si � s0ð Þ, and s is the specific entropy of the refriger-
ant at each state point, and its unit is kJ/kg.K. The change in kinetic and potential
energy is negligible for each component and the entire system. The energy balance
equation (EnBE) of the evaporator considers the rate of heat removal by the evap-
orator, _QL which is released from a low-temperature environment and determined
by Eq. (1) [5]. The exergy balance equation (ExBE) of the evaporator is given as
Eq. (2). Also, the thermal exergy rate due to the heat transfer from the evaporator is
defined as Eq. (3) [6].

EnBE _QL ¼ _m h1 � h4ð Þ (1)

ExBE _m4ex4 þ _ExQ,evap ¼ _m1ex1 þþ _Exdes, evap (2)

_ExQ,evap ¼ _QL
T0

TL
� 1

� �
(3)

The power input to the compressor, _Wcomp, can be determined from Eq. (4), the
isentropic efficiency of an adiabatic is defined as in Eq. (5) [5], and the exergy
destruction of the compressor can be given as Eq. (6) [6]:

EnBE _Wcomp ¼ _m h2 � h1ð Þ (4)

ηcomp ¼
_Win

_W
¼ h2s � h1

h2 � h1
(5)

ExBE _m1ex1 þ _Win ¼ _m2ex2 þ _Exdes, comp (6)

The heat rejection rate from the condenser, _QH, to the environment can be
written as Eq. (7) [5], while the exergy destruction and thermal exergy rate of the
condenser can be given as Eqs. (8) and (9) [6]:

EnBE _QH ¼ _m h2 � h3ð Þ (7)

ExBE _m2ex2 ¼ _m3ex3 þ _ExQ,cond þ _Exdes, cond (8)

_ExQ,cond ¼ _QH 1� T0

TH

� �
(9)

The energy and exergy balance equations for the expansion valve can be
expressed as Eqs. (10) and (11), respectively. The expansion valves are considered
to be decreasing the pressure adiabatically and isentropically, which means no heat
transfer and work done in the throttling process [6]:

EnBE _mh3 ¼ _mh4 (10)

ExBE _m3ex3 ¼ _m4ex4 þ _Exdes, exp (11)

The energy balance for the entire refrigeration system can be given as [5]:

_QH ¼ _QL þ _Wcomp (12)

The coefficient of performance (COP) of the refrigeration system is defined as
the ratio of useful energy, which is the rate of heat removal by the evaporator to the
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destruction. For the given system of Figure 2. The refrigerant mass flow rate is
constant through the cycle and denotes as _m in kg/s, h is the specific enthalpy of
each state point in kJ/kg, exi is the specific exergy of a state point in kJ/kg and
defined as exi ¼ hi � h0ð Þ� T0 si � s0ð Þ, and s is the specific entropy of the refriger-
ant at each state point, and its unit is kJ/kg.K. The change in kinetic and potential
energy is negligible for each component and the entire system. The energy balance
equation (EnBE) of the evaporator considers the rate of heat removal by the evap-
orator, _QL which is released from a low-temperature environment and determined
by Eq. (1) [5]. The exergy balance equation (ExBE) of the evaporator is given as
Eq. (2). Also, the thermal exergy rate due to the heat transfer from the evaporator is
defined as Eq. (3) [6].

EnBE _QL ¼ _m h1 � h4ð Þ (1)

ExBE _m4ex4 þ _ExQ,evap ¼ _m1ex1 þþ _Exdes, evap (2)

_ExQ,evap ¼ _QL
T0

TL
� 1

� �
(3)

The power input to the compressor, _Wcomp, can be determined from Eq. (4), the
isentropic efficiency of an adiabatic is defined as in Eq. (5) [5], and the exergy
destruction of the compressor can be given as Eq. (6) [6]:

EnBE _Wcomp ¼ _m h2 � h1ð Þ (4)

ηcomp ¼
_Win

_W
¼ h2s � h1

h2 � h1
(5)

ExBE _m1ex1 þ _Win ¼ _m2ex2 þ _Exdes, comp (6)

The heat rejection rate from the condenser, _QH, to the environment can be
written as Eq. (7) [5], while the exergy destruction and thermal exergy rate of the
condenser can be given as Eqs. (8) and (9) [6]:

EnBE _QH ¼ _m h2 � h3ð Þ (7)

ExBE _m2ex2 ¼ _m3ex3 þ _ExQ,cond þ _Exdes, cond (8)

_ExQ,cond ¼ _QH 1� T0

TH

� �
(9)

The energy and exergy balance equations for the expansion valve can be
expressed as Eqs. (10) and (11), respectively. The expansion valves are considered
to be decreasing the pressure adiabatically and isentropically, which means no heat
transfer and work done in the throttling process [6]:

EnBE _mh3 ¼ _mh4 (10)

ExBE _m3ex3 ¼ _m4ex4 þ _Exdes, exp (11)

The energy balance for the entire refrigeration system can be given as [5]:

_QH ¼ _QL þ _Wcomp (12)

The coefficient of performance (COP) of the refrigeration system is defined as
the ratio of useful energy, which is the rate of heat removal by the evaporator to the
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required energy, which is the power required to operate the compressor. The COP is
given as below [5]:

COP ¼
_QL

_Wcomp
(13)

The Carnot or reversible COP is defined as the maximum COP of a refrigeration
cycle operating between temperature limits TL and TH, which can be given as
Eq. (14) [5]:

COPrev ¼ TL= TH � TLð Þ (14)

An actual vapor-compression refrigeration cycle differs from the ideal one
because of the irreversibilities that occur in various components, such as fluid
friction (causes pressure drops) and heat transfer to or from the surroundings. The
aim of exergy analysis is to determine the exergy destruction in each component of
the system and to determine the exergy efficiency of the entire system. Exergy
destruction in a component can be evaluated based on entropy generation and an
exergy balance equation using Eq. (15) [6]:

_Exdes ¼ T0 _Sgen (15)

where T0 is the dead-state temperature or environment temperature. In a refrig-
erator, T0 usually equals the temperature of the high-temperature medium TH.

The exergetic coefficient of performance (COPex) of the refrigeration system is
the second-law efficiency of the cycle. It is defined as the ratio of useful exergy
rate, which is the thermal exergy of the heat removed by the evaporator, to the
required exergy rate, which is the work done by the compressor. The COPex can
be written as [6]:

COPex ¼
_ExQ,evap

_Wcomp
¼

_QL
T0
TL

� 1
� �

_Wcomp
(16)

by substituting _Wcomp ¼ _QL=COPen, and the COPex can be defined as the maxi-
mum COP of a refrigeration cycle operating between temperature limits TL and TH,
which can be given as Eq. (14). Therefore, the second-law efficiency or COPex can
be rewritten as Eq. (17) [6]:

COPex ¼
_QL

T0
TL

� 1
� �

_Wcomp
¼

_QL
T0
TL

� 1
� �

_QL=COP
¼ COP

TL= TH � TLð Þ ¼
COP
COPrev

(17)

Since T0 ¼ TH for a refrigeration cycle, thus, the second-law efficiency is also
equal to the ratio of actual and maximum COPs for the cycles, which accounts for
all irreversibilities associated within the refrigeration system.

3. Heat pump system

Heat pump system (HP) is similar to VCRS since it consists of a compressor,
expansion valve, and outdoor and indoor coils, which operate exchangeably as
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condenser and evaporator. The advantage of HP systems is the ability to provide
cooling and heating for the desired space, especially for the long winter season as in
Canada and north European countries. This can be achieved by adding a reversing
valve, as shown in Figure 3. There are two essential modes: heating mode and
cooling mode. The condenser and evaporator are exchanging during the cooling and
heating season since the reversing valve is switching between two modes according
to the weather condition.

The energy source for heat pump can be classified into air-source, water-source,
and ground-source. The air-source system uses atmospheric air through the evapo-
rator, while the water-source system uses well water of depth 80 m and operates
from 5 to 18°C. The ground-source system uses long piping under the ground since
the soil temperature is not affected by climate change. The capacity and efficiency
of heat pump drop at low-temperature environment, and therefore, other auxiliary
systems, such as heaters or furnaces, are used to provide sufficient heating load for
residential buildings.

The COP of a heat pump is defined as the ratio of the heat removed for cooling
mode or added for a heating mode of the indoor coil to the compressor power.
Therefore, the COPheating and COPcooling are given in Eq. (19). _Q in can be _QH for
heating mode or _QL for cooling mode [6]:

COP ¼
_Qin
_Wcomp

(18)

COPheating ¼
_QH
_Wcomp

     and     COPcooling ¼
_QL

_Wcomp
(19)

The exergetic COP is defined as the ratio of thermal exergy rate divided by the
compressor power. It is also given as the ratio of COP to the reversible COP for both
heating and cooling mode. Tin can be considered as TH for heating mode and TL for
cooling mode [6]:

COPex ¼
_Qin 1� T0=Tinj j

_Wcomp
¼ COP

COPrev
(20)

4. Gas refrigeration system

The VCRS is known as a modified, reverse Rankine cycle, while the gas refrig-
eration system (GRS) is known as a reverse Brayton cycle using a noncondensing
gas such as air. The main advantage of this system is the small size for achieving the
desired cooling due to the lighter weight of air than other refrigerants. This system
can be used in aircraft cabin cooling.

Figure 3.
A heat pump can be used to heat a house in winter and to cool it in summer.
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required energy, which is the power required to operate the compressor. The COP is
given as below [5]:
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Since T0 ¼ TH for a refrigeration cycle, thus, the second-law efficiency is also
equal to the ratio of actual and maximum COPs for the cycles, which accounts for
all irreversibilities associated within the refrigeration system.

3. Heat pump system

Heat pump system (HP) is similar to VCRS since it consists of a compressor,
expansion valve, and outdoor and indoor coils, which operate exchangeably as
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condenser and evaporator. The advantage of HP systems is the ability to provide
cooling and heating for the desired space, especially for the long winter season as in
Canada and north European countries. This can be achieved by adding a reversing
valve, as shown in Figure 3. There are two essential modes: heating mode and
cooling mode. The condenser and evaporator are exchanging during the cooling and
heating season since the reversing valve is switching between two modes according
to the weather condition.

The energy source for heat pump can be classified into air-source, water-source,
and ground-source. The air-source system uses atmospheric air through the evapo-
rator, while the water-source system uses well water of depth 80 m and operates
from 5 to 18°C. The ground-source system uses long piping under the ground since
the soil temperature is not affected by climate change. The capacity and efficiency
of heat pump drop at low-temperature environment, and therefore, other auxiliary
systems, such as heaters or furnaces, are used to provide sufficient heating load for
residential buildings.

The COP of a heat pump is defined as the ratio of the heat removed for cooling
mode or added for a heating mode of the indoor coil to the compressor power.
Therefore, the COPheating and COPcooling are given in Eq. (19). _Q in can be _QH for
heating mode or _QL for cooling mode [6]:
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COPheating ¼
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_QL
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The exergetic COP is defined as the ratio of thermal exergy rate divided by the
compressor power. It is also given as the ratio of COP to the reversible COP for both
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4. Gas refrigeration system

The VCRS is known as a modified, reverse Rankine cycle, while the gas refrig-
eration system (GRS) is known as a reverse Brayton cycle using a noncondensing
gas such as air. The main advantage of this system is the small size for achieving the
desired cooling due to the lighter weight of air than other refrigerants. This system
can be used in aircraft cabin cooling.
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As illustrated in Figure 4, the major elements of GRS are compressor to raise the
pressure of gas from state 1 to 2, a rejecting heat exchanger (condenser), turbine or
expander to decrease the gas pressure isentropically, and an absorbing heat
exchanger (evaporator) to absorb the heat from the refrigerated space at constant
pressure. A regenerator heat exchanger can be added to the system for heat recov-
ery between the hot and cold paths of circulated gas. It can be located between the
two heat exchangers. Air is a popular refrigerant of this system since it can be
utilized as a refrigerant and air-conditioning medium in smaller equipment units as
aircraft cooling systems.

4.1 Energy and exergy analysis of gas refrigeration system

The energy analysis of a gas refrigeration system is similar to that of the vapor
refrigeration system except that the gaseous fluid is treated as an ideal gas. There-
fore, the enthalpy and entropy equations are written as [5]:

Δh ¼ he � hið Þ ¼ cpΔT ¼ cp Te � Tið Þ (21)

Δs ¼ se � sið Þ ¼ cpln
Te

Ti
� R ln

Pe

Pi
(22)

where the subscripts i and e indicate inlet and exit states, respectively. Therefore,
the energy and exergy analysis for each component of Figure 5 is listed below [5, 6].

Compressor:

EnBE _mh1 þ _WComp ¼ _mh2 ) _WComp ¼ _m h1 � h2ð Þ ¼ _mcp T1 � T2ð Þ (23)

ExBE _Exdes, comp ¼ T0 _Sgen,1�2 ¼ _mT0 s2 � s1ð Þ

¼ _mT0 cpln
T2

T1
� R ln

P2

P1

� �
(24)

Heat exchanger 2 (condenser):

EnBE _mh2 ¼ _QH þ _mh3 ) _QH ¼ _m h2 � h3ð Þ ¼ _mcp T2 � T3ð Þ (25)

ExBE _Exdes,HX2 ¼ T0 _Sgen,2�3 ¼ _mT0 s3 � s2 þ qH
TH

� �

¼ _mT0 cpln
T3

T2
� R ln

P3

P2

� �
þ qH
TH

� �
(26)

Figure 4.
Simple gas refrigeration cycle and T-s diagram.
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Turbine (expander):

EnBE _mh3 ¼ _Wturb þ _mh4 ) _Wturb ¼ _m h3 � h4ð Þ ¼ _mcp T3 � T4ð Þ (27)

ExBE _Exdes, turb ¼ T0 _Sgen,3�4 ¼ _mT0 s4 � s3ð Þ

¼ _mT0 cpln
T4

T3
� R ln

P4

P3

� �
(28)

Heat exchanger 1 (evaporator):

EnBE _mh4 þ _QL ¼ _mh1 ) _QL ¼ _m h1 � h4ð Þ ¼ _mcp T1 � T4ð Þ (29)

ExBE _Exdes,HX1 ¼ T0 _Sgen,4�1 ¼ _mT0 s1 � s4 þ qL
TL

� �

¼ _mT0 cpln
T1

T4
� R ln

P1

P4

� �
þ qL
TL

� �
(30)

For the entire refrigeration system, the energy balance can be written as:

_Wcomp þ _QL ¼ _Wturb þ _QH (31)

The net power for the system becomes:

_Wnet ¼ _Wcomp � _Wturb (32)

The COP of the gas refrigeration system is given as:

COP ¼
_QL
_Wnet

¼
_QL

_Wcomp � _Wturb
(33)

Figure 5.
A two-stage cascade refrigeration system with the same refrigerant in both stages.
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Figure 4.
Simple gas refrigeration cycle and T-s diagram.
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Turbine (expander):

EnBE _mh3 ¼ _Wturb þ _mh4 ) _Wturb ¼ _m h3 � h4ð Þ ¼ _mcp T3 � T4ð Þ (27)

ExBE _Exdes, turb ¼ T0 _Sgen,3�4 ¼ _mT0 s4 � s3ð Þ

¼ _mT0 cpln
T4

T3
� R ln

P4

P3

� �
(28)

Heat exchanger 1 (evaporator):

EnBE _mh4 þ _QL ¼ _mh1 ) _QL ¼ _m h1 � h4ð Þ ¼ _mcp T1 � T4ð Þ (29)

ExBE _Exdes,HX1 ¼ T0 _Sgen,4�1 ¼ _mT0 s1 � s4 þ qL
TL

� �

¼ _mT0 cpln
T1

T4
� R ln

P1

P4

� �
þ qL
TL

� �
(30)

For the entire refrigeration system, the energy balance can be written as:

_Wcomp þ _QL ¼ _Wturb þ _QH (31)

The net power for the system becomes:

_Wnet ¼ _Wcomp � _Wturb (32)

The COP of the gas refrigeration system is given as:

COP ¼
_QL
_Wnet

¼
_QL

_Wcomp � _Wturb
(33)

Figure 5.
A two-stage cascade refrigeration system with the same refrigerant in both stages.
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The total exergy destruction in the system can be calculated by adding exergy
destructions of each component:

_Exdes, total ¼ _Exdes, turb þ _Exdes, comp þ _Exdes,HX1 þ _Exdes,HX2 (34)

It can also be expressed as:

_Exdes, total ¼ _Wnet � _ExQ,HX1 ¼ _Wnet � _QL
T0

TL
� 1

� �
(35)

Thus, the minimum power input to accomplish the required refrigeration load
_QL s equal to the thermal exergy rate of the heat exchanger I (evaporator)
_Wmin ¼ _ExQ,HX1. Consequently, the second-law efficiency or the exergetic COP is
defined as [6]:

COPex ¼
_ExQ,HX1

_Wnet
¼ 1�

_Exdes, total
_Wnet

(36)

5. Multi-pressure refrigeration system

The VCRS is the most popular refrigeration cycle because it is simple, inexpen-
sive, and reliable. However, the industrial refrigeration systems should be efficient
by providing more refrigeration load. This can be achieved by modifying the simple
VCRS into multi-pressure refrigeration systems (MPRS). The MPRS can be classi-
fied into cascade RS, multi-compression RS, and multipurpose RS.

5.1 Cascade refrigeration systems

Some industrial applications require low temperature below �70°C with sub-
stantially large pressure and temperature difference (�70 to 100°C). VCRS cannot
achieve these applications because it can operate within a temperature range of +10
to �30°C. Therefore, a modification of VCRS can be performed by using multiple
refrigeration cycles operating in series, the so-called cascade refrigeration systems.
The refrigerants of each cycle can be different. The evaporator of the first refriger-
ation cycle is connected to the condenser of the next refrigeration system forming
an interchange heat exchanger between the 2 cycles, as shown in Figure 5. Cascade
refrigeration systems are mainly used for liquefaction of natural gas, hydrogen, and
other gases [7–9]. The major benefit of this system is decreasing the compressor
power and increasing the refrigeration load compared with a VCRS with large
temperature and pressure difference, as shown in the T-s diagram of cascade system
in Figure 5. Therefore, reducing system components can be fulfilled in an appro-
priate way [2].

The net compressor power can be determined by the summation of all compres-
sor power in all cascaded refrigeration system and written as [2]:

_Wnet ¼ _Wcomp,1 þ _Wcomp,2 ¼ _mA h6 � h5ð Þ þ _mB h2 � h1ð Þ (37)

The refrigeration load can be described as:

_QL ¼ _mB h1 � h4ð Þ (38)
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The heat exchanger that connects the 2 cycles together has an energy balance
equation as follows [5]:

_mBh2 þ _mAh8 ¼ _mBh3 þ _mAh5 (39)

Therefore, the COP and exergetic COP of the cascade refrigeration system can
be explained as the following [5, 6]:

COP ¼
_QL
_Wnet

¼ _mB h1 � h4ð Þ
_Wcomp,1 þ _Wcomp,2

(40)

COPex ¼
_ExQ,evap

_Wnet
¼

_QL
T0
TL

� 1
� �

_Wcomp,1 þ _Wcomp,2
(41)

5.2 Multistage compression refrigeration systems

Similar to the cascade refrigeration system, multistage compression refrigeration
system is used for applications below �30°C. This requires a large-pressure-ratio
compressor and cannot be performed by one compressor because of the lack of
efficiency and performance. Therefore, using multistage compressors connected in
series can improve the performance of the refrigeration system by increasing the
pressure ratio and increasing the refrigeration load. As shown in Figure 6, a two-
stage compression refrigeration cycle consists of two compressors, a condenser, an
evaporator, a flash intercooler, a mixer, and two throttling valves. The compressors.
The upper compressor compresses the total refrigerant mass flow rate in a vapor
form from the intermediate pressure of state 9 to the high pressure of state 4. The
vapor refrigerant cools down in the condenser to saturated liquid at high pressure of
state 5 and then passes through the upper expansion valve to reduce the pressure to
intermediate pressure. The wet refrigerant passes through the flash intercooler to
split the vapor and liquid phase. The vapor phase at state 3 enters the mixer to mix
with the exit superheated refrigerant of the lower compressor at state 2. The liquid
phase at state 7 is expanded by the lower throttling valve to state 8, which enters
the lower pressure evaporator to absorb heat from the refrigerated space.

Figure 6.
A two-stage compression refrigeration system with a flash chamber.
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The total exergy destruction in the system can be calculated by adding exergy
destructions of each component:

_Exdes, total ¼ _Exdes, turb þ _Exdes, comp þ _Exdes,HX1 þ _Exdes,HX2 (34)

It can also be expressed as:

_Exdes, total ¼ _Wnet � _ExQ,HX1 ¼ _Wnet � _QL
T0

TL
� 1

� �
(35)

Thus, the minimum power input to accomplish the required refrigeration load
_QL s equal to the thermal exergy rate of the heat exchanger I (evaporator)
_Wmin ¼ _ExQ,HX1. Consequently, the second-law efficiency or the exergetic COP is
defined as [6]:

COPex ¼
_ExQ,HX1

_Wnet
¼ 1�

_Exdes, total
_Wnet

(36)

5. Multi-pressure refrigeration system

The VCRS is the most popular refrigeration cycle because it is simple, inexpen-
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Some industrial applications require low temperature below �70°C with sub-
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to �30°C. Therefore, a modification of VCRS can be performed by using multiple
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The refrigerants of each cycle can be different. The evaporator of the first refriger-
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_Wnet ¼ _Wcomp,1 þ _Wcomp,2 ¼ _mA h6 � h5ð Þ þ _mB h2 � h1ð Þ (37)

The refrigeration load can be described as:

_QL ¼ _mB h1 � h4ð Þ (38)
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The heat exchanger that connects the 2 cycles together has an energy balance
equation as follows [5]:
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Therefore, the COP and exergetic COP of the cascade refrigeration system can
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5.2 Multistage compression refrigeration systems

Similar to the cascade refrigeration system, multistage compression refrigeration
system is used for applications below �30°C. This requires a large-pressure-ratio
compressor and cannot be performed by one compressor because of the lack of
efficiency and performance. Therefore, using multistage compressors connected in
series can improve the performance of the refrigeration system by increasing the
pressure ratio and increasing the refrigeration load. As shown in Figure 6, a two-
stage compression refrigeration cycle consists of two compressors, a condenser, an
evaporator, a flash intercooler, a mixer, and two throttling valves. The compressors.
The upper compressor compresses the total refrigerant mass flow rate in a vapor
form from the intermediate pressure of state 9 to the high pressure of state 4. The
vapor refrigerant cools down in the condenser to saturated liquid at high pressure of
state 5 and then passes through the upper expansion valve to reduce the pressure to
intermediate pressure. The wet refrigerant passes through the flash intercooler to
split the vapor and liquid phase. The vapor phase at state 3 enters the mixer to mix
with the exit superheated refrigerant of the lower compressor at state 2. The liquid
phase at state 7 is expanded by the lower throttling valve to state 8, which enters
the lower pressure evaporator to absorb heat from the refrigerated space.
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A two-stage compression refrigeration system with a flash chamber.
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The minimum temperature can be achieved by two-stage compression at �65°C,
while the three-stage compression can attain about �100°C.

The heat transfer to the evaporator can be written, according to Figure 6,
as [10]:

_QL ¼ _m 1� xð Þ h1 � h8ð Þ (42)

where x is the quality ratio of vapor mass to the total refrigerant mass flow rate
at the intermediate pressure of the cycle. The term 1� xð Þ refers to the liquid mass
ratio of the cycle. The net compressor power of the cycle can be evaluated as [10]:

_Wnet ¼ _Wcomp,1 þ _Wcomp,2 ¼ _m h4 � h9ð Þ þ _m 1� xð Þ h2 � h1ð Þ (43)

Therefore, the COP of this system can be determined as the following [10]:

COP ¼
_QL
_Wnet

¼ 1� xð Þ h1 � h8ð Þ
h4 � h9ð Þ þ 1� xð Þ h2 � h1ð Þ (44)

The second efficiency or the exergetic COP can be calculated as [6, 10]:

COP ¼
_ExQ,evap

_Wnet
¼

_QL
T0
TL

� 1
� �

_Wcomp,1 þ _Wcomp,2
(45)

5.3 Multipurpose refrigeration systems

Multipurpose refrigeration systems are also considered as a branch of MPRS.
This type of system accomplishes different refrigeration loads in one system.
Therefore, a modification of VCRS can be done by using multiple evaporators at
different low pressure and different refrigerant capacity. Also, this system can be
operated using one compressor or multistage compressor.

There are different configurations of multipurpose refrigeration systems [2], as
shown in Figure 7. Firstly, a system of a single compressor and individual expansion
valves consists of two evaporators and single compressor with individual expansion
valves for each evaporator and one compressor, as shown in Figure 7a. Operation
under these conditions means the dropping of pressure from high-pressure evapo-
rators through back pressure valves to ensure the compression of the vapor from
the higher temperature evaporators through a pressure ratio. Secondly, a system of
a single compressor with multi-expansion valves consists of two evaporators and a
compressor with multiple arrangements of expansion valves, as shown in Figure 7b.

Figure 7.
Multipurpose refrigeration system: (a) two evaporators with individual expansion valve, (b) two evaporators
and multi-expansion valve, and (c) individual compressors and multi-expansion valve.
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The only advantage of the arrangement is that the flashed vapor at the pressure of
the high-temperature evaporator is not allowed to go to the lower-temperature
evaporator, thus improving its efficiency. Finally, a system of individual compres-
sors with multi-expansion valves consists of a compressor for each evaporator and
multiple arrangements of expansion valves, as shown in Figure 7c, to reduce the
total power requirement. This amounts to parallel operation of evaporators and is
called sectionalizing. There may be a separate condenser for each compressor or a
common condenser for the whole plant.

The heat transfer to the evaporators and the net compressor power of the
multipurpose refrigeration system despite the system configuration can be evalu-
ated as [2]:

_Qevap, total ¼
Xn
i¼1

_Qevap, i ¼
Xn
i¼1

_mevap, i hevap, ex � hevap, in
� �

i (46)

_Wnet ¼
Xm

k¼1

_Wcomp,k ¼
Xm

k¼1

_mcomp,k hcom,ex � hcom, inð Þk (47)

where i is the number of evaporators from 1 to n, the subscripts evap, in and
evap, ex refer to the inlet and exit states of each evaporator i, k is the number of
compressor in the refrigeration system from 1 to m, and the subscripts comp, in and
comp, ex refer to the inlet and exit states of each compressor k.

Therefore, the COP of this system can be determined as the following [5]:

COP ¼
_Qevap, total

_Wnet
(48)

The second efficiency or the exergetic COP can be calculated as [6]:

COP ¼
Pn

i¼1
_ExQ,evap

_Wnet
¼

Pn
i¼1

_Qevap, i
T0
TL,i � 1

� �
Pm

k¼1
_Wcomp,k

(49)

6. Absorption refrigeration system

The absorption refrigeration system (ARS) is similar to the VCRS except that the
compressor of the vapor-compression system is replaced by three elements: an
absorber, a solution pump, and a generator. The ABS medium is a mixture of a
refrigerant and absorbent, such as ammonia-water system (NH3 + H2O) and water-
lithium bromide (LiBr2 + H2O). The solubility of refrigerant (ammonia or lithium
bromide) in the absorbent (water) is satisfactory, but the difference in boiling
points is significant, which may affect the purity of vaporization. Thus, a purge unit
or rectifier is used in the system. The refrigerant concentration in the mixture
changes according to the pressure and temperature for each step. The ABS.

As shown in Figure 8, the ARS consists of a condenser, an evaporator, an
absorber, a regeneration heat exchanger (HX1), heat recovery heat exchanger
(HX2), a generator, two expansion valves, and a solution pump. The system
includes an analyzer and a rectifier to remove the water vapor that may have
formed in the generator. Thus, only ammonia vapor goes to the condenser. This
system utilizes the absorbent water to release and absorb ammonia as the refriger-
ant. Starting from state 3, the strong solution (a high concentration of ammonia
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The minimum temperature can be achieved by two-stage compression at �65°C,
while the three-stage compression can attain about �100°C.

The heat transfer to the evaporator can be written, according to Figure 6,
as [10]:

_QL ¼ _m 1� xð Þ h1 � h8ð Þ (42)

where x is the quality ratio of vapor mass to the total refrigerant mass flow rate
at the intermediate pressure of the cycle. The term 1� xð Þ refers to the liquid mass
ratio of the cycle. The net compressor power of the cycle can be evaluated as [10]:

_Wnet ¼ _Wcomp,1 þ _Wcomp,2 ¼ _m h4 � h9ð Þ þ _m 1� xð Þ h2 � h1ð Þ (43)

Therefore, the COP of this system can be determined as the following [10]:
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h4 � h9ð Þ þ 1� xð Þ h2 � h1ð Þ (44)

The second efficiency or the exergetic COP can be calculated as [6, 10]:
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_QL
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_Wcomp,1 þ _Wcomp,2
(45)

5.3 Multipurpose refrigeration systems

Multipurpose refrigeration systems are also considered as a branch of MPRS.
This type of system accomplishes different refrigeration loads in one system.
Therefore, a modification of VCRS can be done by using multiple evaporators at
different low pressure and different refrigerant capacity. Also, this system can be
operated using one compressor or multistage compressor.

There are different configurations of multipurpose refrigeration systems [2], as
shown in Figure 7. Firstly, a system of a single compressor and individual expansion
valves consists of two evaporators and single compressor with individual expansion
valves for each evaporator and one compressor, as shown in Figure 7a. Operation
under these conditions means the dropping of pressure from high-pressure evapo-
rators through back pressure valves to ensure the compression of the vapor from
the higher temperature evaporators through a pressure ratio. Secondly, a system of
a single compressor with multi-expansion valves consists of two evaporators and a
compressor with multiple arrangements of expansion valves, as shown in Figure 7b.

Figure 7.
Multipurpose refrigeration system: (a) two evaporators with individual expansion valve, (b) two evaporators
and multi-expansion valve, and (c) individual compressors and multi-expansion valve.
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The only advantage of the arrangement is that the flashed vapor at the pressure of
the high-temperature evaporator is not allowed to go to the lower-temperature
evaporator, thus improving its efficiency. Finally, a system of individual compres-
sors with multi-expansion valves consists of a compressor for each evaporator and
multiple arrangements of expansion valves, as shown in Figure 7c, to reduce the
total power requirement. This amounts to parallel operation of evaporators and is
called sectionalizing. There may be a separate condenser for each compressor or a
common condenser for the whole plant.

The heat transfer to the evaporators and the net compressor power of the
multipurpose refrigeration system despite the system configuration can be evalu-
ated as [2]:

_Qevap, total ¼
Xn
i¼1

_Qevap, i ¼
Xn
i¼1

_mevap, i hevap, ex � hevap, in
� �

i (46)

_Wnet ¼
Xm

k¼1

_Wcomp,k ¼
Xm

k¼1

_mcomp,k hcom,ex � hcom, inð Þk (47)

where i is the number of evaporators from 1 to n, the subscripts evap, in and
evap, ex refer to the inlet and exit states of each evaporator i, k is the number of
compressor in the refrigeration system from 1 to m, and the subscripts comp, in and
comp, ex refer to the inlet and exit states of each compressor k.

Therefore, the COP of this system can be determined as the following [5]:

COP ¼
_Qevap, total

_Wnet
(48)

The second efficiency or the exergetic COP can be calculated as [6]:

COP ¼
Pn

i¼1
_ExQ,evap

_Wnet
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i¼1

_Qevap, i
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TL,i � 1

� �
Pm

k¼1
_Wcomp,k

(49)

6. Absorption refrigeration system

The absorption refrigeration system (ARS) is similar to the VCRS except that the
compressor of the vapor-compression system is replaced by three elements: an
absorber, a solution pump, and a generator. The ABS medium is a mixture of a
refrigerant and absorbent, such as ammonia-water system (NH3 + H2O) and water-
lithium bromide (LiBr2 + H2O). The solubility of refrigerant (ammonia or lithium
bromide) in the absorbent (water) is satisfactory, but the difference in boiling
points is significant, which may affect the purity of vaporization. Thus, a purge unit
or rectifier is used in the system. The refrigerant concentration in the mixture
changes according to the pressure and temperature for each step. The ABS.

As shown in Figure 8, the ARS consists of a condenser, an evaporator, an
absorber, a regeneration heat exchanger (HX1), heat recovery heat exchanger
(HX2), a generator, two expansion valves, and a solution pump. The system
includes an analyzer and a rectifier to remove the water vapor that may have
formed in the generator. Thus, only ammonia vapor goes to the condenser. This
system utilizes the absorbent water to release and absorb ammonia as the refriger-
ant. Starting from state 3, the strong solution (a high concentration of ammonia
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refrigerant) is heated in the high-pressure generator. This produces refrigerant
vapor off the solution at state 7. The hot pure ammonia vapor is cooled in the
condenser at state 8 and condenses at state 9 by passing through the HX2 before
entering a throttling valve into the low pressure at state 10. Then the refrigerant
liquid passes through the evaporator to remove the heat from refrigerated medium
and leaves at low-pressure vapor phase of state 11. The pure ammonia is heated by
the HX2 to enter the absorber and mixed with the absorbent water. The weak
solution (about 24% ammonia concentration) flows down from the generator at
state 4 through the regeneration heat exchanger HX1 at state 5 through a throttling
valve and enters the absorber at state 6. Therefore, the weak refrigerant is absorbed
by the water because of the strong chemical affinity for each other. The absorber is
cooled to produce a strong solution at low pressure at state 1. The strong solution is
obtained and pumped by a solution pump to the generator passing through HX1,
where it is again heated, and the cycle continues. Then, the water absorbs the
ammonia in the absorber at the condenser temperature supplied by the circulating
water or air, and hence a strong solution (about 38% ammonia concentration)
occurs. For ammonia-water ARSs, the most suitable absorber is the film-type
absorber because of high heat and mass transfer rates, enhanced overall perfor-
mance, and large concentration rates [11].

6.1 Energy and exergy analysis of ammonia-water (NH3-H2O) ARSs

The energy and exergy analysis for each component is presented according to
Figure 8. The partial mass balance (PMBE) is also included to determine the con-
centration mass of ammonia and water in the absorber and generator. That is
because the ARS has two fluids as refrigerant and absorbent and their composition
at different points is different, particularly in the absorber and generator. The
exergy analysis of ammonia-water ARSs is to determine the exergy destruction of
each component and to determine the overall exergy efficiency based on the second
law of thermodynamics. The exergy analysis (ExBE) for each component is stated
below [5, 6]:

Figure 8.
Ammonia absorption refrigeration cycle.
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Absorber:

EnBE _m6h6 þ _m12h12 ¼ _m1h1 þ _QAbsorber (50)

PMBE _mwsXws þ _mr ¼ _mssXss (51)

ExBE _m6ex6 þ _m12ex12 ¼ _m1ex1 þ _ExQ,A þ _Exdes,absorber (52)

where _QAbsorber is the absorber head load in kW; X is the concentration of
ammonia (refrigerant); _mws is the mass flow rate of the weak solution in kg/s, which
equals to _m6; _mss is the mass flow rate of the strong solution in kg/s, which equals to
mass flow rate exiting from the absorber at _m1; and _mr is the mass flow rate of pure
ammonia (refrigerant) in kg/s, which flows from the generator at state 7 to state 12;
_ExQ,A is the thermal exergy rate of the absorber due to the heat transfer _QA to the

environment, and it is calculated as _ExQ,A ¼ _QA 1� T0=Tsð Þ. Here, state 1 is a
saturated liquid at the lowest temperature in the absorber and is determined by the
temperature of the available cooling water flow or air flow.

Solution pump:

EnBE _m1h1 þ _WPump ¼ _m2h2 (53)

ExBE _m1ex1 þ _WP ¼ _m2ex2 þ _Exdes,pump (54)

Regeneration heat exchanger (HX1):

EnBE _m2h2 þ _m4h4 ¼ _m3h3 þ _m5h5 (55)

ExBE _m2ex2 þ _m4ex4 ¼ _m3ex3 þ _m5ex5 þ _Exdes,HX1 (56)

Generator:

EnBE _m3h3 þ _Qgen ¼ _m4h4 þ _m7h7 (57)

PMBE _mwsXws þ _mr ¼ _mssXss (58)

ExBE _m3ex3 þ _ExQ,gen ¼ _m4ex4 þ _m7ex7 þ _Exdes, gen (59)

where _Qgen is the heat input to the generator in kW; _mws ¼ _m4 and _mss ¼ _m3;
_ExQ,gen is the thermal exergy rate of the generator due to the heat transfer _Qgen to

the environment, and it is calculated as _ExQ,gen ¼ _Qgen 1� T0=Tsð Þ.
Condenser:

EnBE _m7h7 ¼ _QH þ _m8h8 (60)

ExBE _m7ex7 ¼ _ExQ,cond þ _m8ex8 þ _Exdes, cond (61)

where _ExQ,cond is the thermal exergy rate of the condenser due to the heat
transfer _QH to warm environment and is calculated as _ExQ,cond ¼ _QH 1� T0=Tsð Þ.

Heat recovery heat exchanger (HX2):

EnBE _m8h8 þ _m11h11 ¼ _m9h9 þ _m12h12 (62)

ExBE _m8ex8 þ _m11ex11 ¼ _m9ex9 þ _m12ex12 þ _Exdes,HX2 (63)
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refrigerant) is heated in the high-pressure generator. This produces refrigerant
vapor off the solution at state 7. The hot pure ammonia vapor is cooled in the
condenser at state 8 and condenses at state 9 by passing through the HX2 before
entering a throttling valve into the low pressure at state 10. Then the refrigerant
liquid passes through the evaporator to remove the heat from refrigerated medium
and leaves at low-pressure vapor phase of state 11. The pure ammonia is heated by
the HX2 to enter the absorber and mixed with the absorbent water. The weak
solution (about 24% ammonia concentration) flows down from the generator at
state 4 through the regeneration heat exchanger HX1 at state 5 through a throttling
valve and enters the absorber at state 6. Therefore, the weak refrigerant is absorbed
by the water because of the strong chemical affinity for each other. The absorber is
cooled to produce a strong solution at low pressure at state 1. The strong solution is
obtained and pumped by a solution pump to the generator passing through HX1,
where it is again heated, and the cycle continues. Then, the water absorbs the
ammonia in the absorber at the condenser temperature supplied by the circulating
water or air, and hence a strong solution (about 38% ammonia concentration)
occurs. For ammonia-water ARSs, the most suitable absorber is the film-type
absorber because of high heat and mass transfer rates, enhanced overall perfor-
mance, and large concentration rates [11].

6.1 Energy and exergy analysis of ammonia-water (NH3-H2O) ARSs

The energy and exergy analysis for each component is presented according to
Figure 8. The partial mass balance (PMBE) is also included to determine the con-
centration mass of ammonia and water in the absorber and generator. That is
because the ARS has two fluids as refrigerant and absorbent and their composition
at different points is different, particularly in the absorber and generator. The
exergy analysis of ammonia-water ARSs is to determine the exergy destruction of
each component and to determine the overall exergy efficiency based on the second
law of thermodynamics. The exergy analysis (ExBE) for each component is stated
below [5, 6]:

Figure 8.
Ammonia absorption refrigeration cycle.
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Absorber:

EnBE _m6h6 þ _m12h12 ¼ _m1h1 þ _QAbsorber (50)

PMBE _mwsXws þ _mr ¼ _mssXss (51)

ExBE _m6ex6 þ _m12ex12 ¼ _m1ex1 þ _ExQ,A þ _Exdes,absorber (52)

where _QAbsorber is the absorber head load in kW; X is the concentration of
ammonia (refrigerant); _mws is the mass flow rate of the weak solution in kg/s, which
equals to _m6; _mss is the mass flow rate of the strong solution in kg/s, which equals to
mass flow rate exiting from the absorber at _m1; and _mr is the mass flow rate of pure
ammonia (refrigerant) in kg/s, which flows from the generator at state 7 to state 12;
_ExQ,A is the thermal exergy rate of the absorber due to the heat transfer _QA to the

environment, and it is calculated as _ExQ,A ¼ _QA 1� T0=Tsð Þ. Here, state 1 is a
saturated liquid at the lowest temperature in the absorber and is determined by the
temperature of the available cooling water flow or air flow.

Solution pump:

EnBE _m1h1 þ _WPump ¼ _m2h2 (53)

ExBE _m1ex1 þ _WP ¼ _m2ex2 þ _Exdes,pump (54)

Regeneration heat exchanger (HX1):

EnBE _m2h2 þ _m4h4 ¼ _m3h3 þ _m5h5 (55)

ExBE _m2ex2 þ _m4ex4 ¼ _m3ex3 þ _m5ex5 þ _Exdes,HX1 (56)

Generator:

EnBE _m3h3 þ _Qgen ¼ _m4h4 þ _m7h7 (57)

PMBE _mwsXws þ _mr ¼ _mssXss (58)

ExBE _m3ex3 þ _ExQ,gen ¼ _m4ex4 þ _m7ex7 þ _Exdes, gen (59)

where _Qgen is the heat input to the generator in kW; _mws ¼ _m4 and _mss ¼ _m3;
_ExQ,gen is the thermal exergy rate of the generator due to the heat transfer _Qgen to

the environment, and it is calculated as _ExQ,gen ¼ _Qgen 1� T0=Tsð Þ.
Condenser:

EnBE _m7h7 ¼ _QH þ _m8h8 (60)

ExBE _m7ex7 ¼ _ExQ,cond þ _m8ex8 þ _Exdes, cond (61)

where _ExQ,cond is the thermal exergy rate of the condenser due to the heat
transfer _QH to warm environment and is calculated as _ExQ,cond ¼ _QH 1� T0=Tsð Þ.

Heat recovery heat exchanger (HX2):

EnBE _m8h8 þ _m11h11 ¼ _m9h9 þ _m12h12 (62)
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Expansion valves:

EnBE _m5h5 ¼ _m6h6 ) h5 ¼ h6 (64)

_m9h9 ¼ _m10h10 ) h9 ¼ h10 (65)

ExBE _m5ex5 ¼ _m6ex6 þ _Exdes,EX1 (66)

_m9ex9 ¼ _m10ex10 þ _Exdes,EX1 (67)

Evaporator:

EnBE _m10h10 þ _QL ¼ _m11h11 (68)

ExBE _m10ex10 þ _ExQ,evap ¼ _m11h11 þ _Exdes, evap (69)

where _ExQ ,evap is the thermal exergy rate of the evaporator due to the heat
transfer _QL from refrigerated space and is calculated as _ExQ,evap ¼ _QL T0=TL � 1ð Þ.

For the entire system, the overall energy balance of the complete system can be
written as follows, by considering that there is negligible heat loss to the environment:

_WP þ _Qgen þ _QL ¼ _QA þ _QH (70)

The COP of the system then becomes:

COP ¼
_QL

_WP þ _Qgen
ffi

_QL
_Qgen

(71)

where _WP is the pumping power requirement, and it is usually neglected in the
COP calculation.

Figure 9.
The maximum COP of an absorption refrigeration system.
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The ARS is a heat-driven system, which requires heat pump instead or required
power by a compressor. That means the ARS is a combination of a heat pump and a
refrigeration cycle without a compressor. Therefore, the maximum (reversible) of
an ARS can be achieved by a reversible heat engine and a reversible refrigerator, as
shown in Figure 9. A reversible heat pump is operating by absorbing the heat from
a source at and rejecting heat to an environment of to produce a work output from
the heat engine. This work is defined as the reversible efficiency of the heat pump
multiplied by the heat absorber from the source, which is the heat transfer from the
generator in the ARS. This work output is used by the reversible refrigerator to keep
a refrigerated space at TL while rejecting heat to the environment at T0. Therefore,
the reversible COP of ARS can be obtained by the thermal efficiency of a reversible
heat engine and the COP of a reversible refrigerator as in Eq. (72) [10]:

COPabs, rev ¼
_QL
_Qgen

¼
_W
_Qgen

_QL
_W

¼ ηth, revCOPrev ¼ 1� T0

Ts

� �
TL

T0 � TL

� �
(72)

The temperature of the heat source is taken as the average temperature of
geothermal water. Then the second-law efficiency of this absorption system is
determined to be [10]:

COPex,abs ¼
_ExQ,evap

_ExQ,gen
¼

_QL T0=TL � 1ð Þ
_Qgen 1� T0=Tsð Þ ¼

_QL=
_Qgen

1� T0=Tsð Þ TL= T0 � TLð Þð Þ (73)

COPex,abs ¼ ηII, abs ¼
COP

COPabs, rev
(74)

7. Renewable sources for refrigeration system

The refrigeration systems require an input work to release the heat from the
refrigerated space to the environment, which is called as a work-driven system. The
absorption refrigeration system is based on external heat transfer from an external
source, which can be classified as a heat-driven system. For industrial refrigeration
systems, energy demand is high and should be provided in a secure and eco-friendly
approach to reduce environmental pollution. This can be executed by fossil-based
fuels such as oil, natural gas, and coal, which produce substantial carbon mono-
oxide and dioxide emissions that affect global warming and climate change.

Figure 10.
Renewable sources for refrigeration systems: (a) work-driven and (b) heat-driven source.
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Massive efforts point to renewable sources such as geothermal energy, solar energy,
and wind energy, which promise a potential solution to provide the clean energy
needed as work or heat to operate the refrigeration. Schematic diagram of Figure 10
shows possible ways of renewable sources for work-driven and heat-driven refrig-
eration system.

An integrated system of a concentrated solar power plant integrated with desa-
lination process and absorption refrigeration cycle is utilized to supply power,
freshwater, and refrigeration [12]. The system, as shown in Figure 11, consists of
concentrated solar collectors connected with steam turbine power plant, a multi-
effect desalination process with a parallel feed of seawater, and a single-stage
ammonia-water absorption refrigeration system. The solar collectors provide ther-
mal energy 21,030 kW to the steam power plant to deliver an electric power of
4632 kW. The refrigeration load from the absorption cooling system is 820.8 kW.
The desalination system can also provide 22.79 kg/s freshwater. This cycle has
obtained overall energy and exergy efficiencies to be 80.70% and 66.05%,
respectively.

Figure 11.
Schematic diagram of the integrated solar thermal power plant, absorption refrigeration system, and MED cycle
(adopted from [12]).

Figure 12.
Schematic of the photovoltaic-fuel cell CHIP system for residential applications (adopted from [13]).
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Another example, a small-scale system, is designed to provide an electrical load
to residential buildings [13]. This system utilizes, as shown in Figure 12, photovol-
taic solar system (PV) to provide electrical power. This electric power is used for a
water electrolyzer system to split the water electrochemically to produce hydrogen
and oxygen gases. The hydrogen gas enters high-temperature solid oxide fuel cells
(SOFC) to produce electricity and heat. The heat is transferred to an absorption
cooling system by heat recovery generator. The PV system may generate excess
electricity more than the demand during off-peak hours. This system is designed for
a detached house in Toronto city, Canada. The PV solar system delivers maximum
power of 3.35 kW. The water electrolyzer can produce 0.792 and 0.538 kg/day of
gaseous hydrogen in summer and winter seasons. The SOFC fuel cell supplies 8.43
kWh per day in summer season. The maximum energy and exergy efficiencies of
the photovoltaic system are 17 and 18.3%, respectively, while the maximum total
energy and exergy efficiencies are obtained to be 55.7 and 49.0%, respectively.

In a similar study, a hybrid renewable system was designed to produce electric-
ity and clean fuel such as hydrogen gas and provide cooling for a residential build-
ing in two locations Egypt and Saudi Arabia in summer season [14]. The cooling
loads for a house are 18.06 and 19.3 kW in Egypt and Saudi Arabia, respectively.
This system, as shown in Figure 13, depends on the photovoltaic solar system and
wind turbines to provide excess electricity more than the electric grid. The excess
electricity is delivered to a water electrolyzer to produce pure oxygen and hydrogen
gases stored in tanks for clean fueling services. Part of the hydrogen gas is used for a
proton-exchange membrane (PEM) fuel cell that can produce heat and electricity
through an electrochemical process without any mechanical parts. The heat gener-
ated from the fuel cell can be utilized by a generator of an ammonia-water ARS to
provide cooling. The hybrid renewable system can operate in a significant perfor-
mance with water mass flow rate of 1.8 kg/s to produce hydrogen with a mass flow
rate of 0.2 kg/s and ammonia mass flow rate of about 0.2 kg/s to produce cooling
load between 40 and 120 kW more than the design cooling load of one house. The
energy and exergy efficiencies are obtained to be about 67 and 68%, respectively.
Therefore, this hybrid system can be sufficient for more than one house.

A multigeneration system is designed by [15] and powered by geothermal
energy assisted with solar energy to produce five outputs: heating air for residential
building, hot domestic water, drying food, refrigeration for industry, and electric-
ity. This multigeneration system, as shown in Figure 14, consists of a heat pump

Figure 13.
Schematic diagram of a hybrid renewable system (adopted from [14]).
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loads for a house are 18.06 and 19.3 kW in Egypt and Saudi Arabia, respectively.
This system, as shown in Figure 13, depends on the photovoltaic solar system and
wind turbines to provide excess electricity more than the electric grid. The excess
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system, a single flash geothermal cycle, an absorption cooling system, thermal
energy storage connected with auxiliary steam turbine and concentrated solar
collectors, hot water system, and drying system. The system has achieved overall
energy and exergy efficiencies to be 69.6 and 42.8%, respectively. The first and
second steam turbines have the power of 10,043 and 9886 kW. The COP and COPex
are 0.678 and 0.253 for the absorption cooling system and 2.029 and 0.1826 for heat
pump system, respectively. The refrigeration load is 1787 kW. The overall energy
and exergy efficiencies for the whole system are 69.6 and 42.8%, respectively.

A wind system is combined with a refrigeration system, as shown in Figure 15.
Wind energy is coupled with compressed air energy storage (CAES) systems to
store wind energy for long-term usage [16]. The integrated system consists of a
combined gas power cycle, including compressors, intercooling heat exchangers,
and gas turbine, an organic Rankine power cycle (ORC), and an absorption refrig-
eration system (ARS). The system objective is to provide electricity, domestic hot
water, and cooling load. The system can generate electricity of 33.67 kW provided

Figure 15.
Schematic diagram of gas power cycle with wind turbine, CAES, ORC, and ARS (adopted from [16]).

Figure 14.
Schematic diagram of the multigeneration system powered by the solar and geothermal energy (adopted
from [15]).
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by wind turbines (83.24 kWh) and fuel combustion (258.97 kWh), cooling load of
2.56 kW, and mass flow rate of hot water of 1.82 ton per day hot. The energy
efficiency of the system is achieved to be 53.94%.

8. Conclusion

The refrigeration systems are applied in our life for preserving food, cooling air,
and other industrial applications. Most refrigeration systems require external power
or external heat to release the heat from the refrigerated space. Many industrial
applications involve large cooling energy, which can be operated by multi-pressure
refrigeration system, which requires a large amount of external power. The chapter
has presented some applications with renewable sources to replace the fossil fuel-
driven energy with an environmentally friendly energy source such as geothermal,
solar, and wind energy so-called hybrid or integrated systems. In addition to cooling
load, the hybrid systems can produce electricity, heating load, and clean fuel such as
hydrogen fuel. The absorption refrigeration system is mostly-combined with hybrid
system to use the heating load from solar or geothermal energy to produce
cooling load.
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