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Preface

Heat exchangers are devices that exchange thermal energy between two or more
fluids. They are used in both cooling and heating applications to increase or
decrease the temperature of a fluid or develop a phase change. Therefore, thermal
energy storage, properties of the fluids involved, and construction materials are
relevant parameters for the design of heat exchangers (see Figure 1).

Several studies on heat exchangers are focused on heat recovery, energy exchange
with novel fluids, and redesign and optimization of geometry.

This book begins by discussing energy-saving and heat recovery as essential factors
in heat transfer processes. It presents thermoeconomic analyses that include thermo-
dynamic and economic parameters. It also examines novel fluids and applications in
heat transfer. The selection of working fluids is relevant to determine the operating
conditions in heat exchangers. Electrically conductive fluids in the presence of mag-
netic and electric fields are studied by magnetohydrodynamics. A chapter on the
numerical analysis of heat transfer by natural convection in a concentric annulus is
presented, considering ramping temperature and ramped motion of the boundaries.
The book also reviews the state-of-the-art cooling systems in electronic equipment.
In addition, it presents some suggested techniques for the design and analysis of
heat exchangers for use in heating, cooling, humidification, and dehumidification.
The book ends with a discussion of the design and optimization of heat exchang-
ers, including exchangers with phase change that have application in refrigeration
systems. Topics of optimization of heat exchangers include operating cost, pressure
drops, heat transfer area, and maximum effectiveness.

Figure 1.
Heat exchanger air-water.
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Chapter 1

Exergoeconomic and Normalized
Sensitivity Analysis of Plate Heat
Exchangers: A Theoretical
Framework with Application

Muhammad Ahmad Jamil, Talha S. Goraya, Haseeb Yaqoob,
Kim Choon Ng, Muhammad Wakil Shahzad
and Syed M. Zubair

Abstract

Heat exchangers are the mainstay of thermal systems and have been extensively
used in desalination systems, heating, cooling units, power plants, and energy
recovery systems. This chapter demonstrates a robust theoretical framework for
heat exchangers investigation based on two advanced tools, i.e., exergoeconomic
analysis and Normalized Sensitivity Analysis. The former is applied as a mutual
application of economic and thermodynamic analyses, which is much more
impactful than the conventional thermodynamic and economic analyses. This is
because it allows the investigation of combinatory effects of thermodynamic and
fiscal parameters which are not achieved with the conventional methods. Similarly,
the Normalized Sensitivity Analysis allows a one-on-one comparison of the sensi-
tivity of output parameters to the input parameters with entirely different magni-
tudes on a common platform. This rationale comparison is obtained by normalizing
the sensitivity coefficients by their nominal values, which is not possible with the
conventional sensitivity analyses. An experimentally validated example of a plate
heat exchanger is used to demonstrate the application of the proposed framework
from a desalination system.

Keywords: exergoeconomic analysis, normalized sensitivity analysis, heat
exchangers, theoretical framework

1. Introduction

Heat exchangers are an essential component of thermal systems and increase
system efficiency by recovering heat from the waste streams [1]. Heat exchangers
play a vital role in several applications i.e., waste heat recovery, thermal desalina-
tion units, power plants, air conditioning, refrigeration, manufacturing industry,
food, chemical, and process industries, etc. The water purification industry that
fulfills ~40% of water demand worldwide is based on thermal-based desalination
systems [2]. These systems include mechanical/thermal vapor compression
(TVC/MVC) systems, adsorption systems, multi-effect desalination (MED), and
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Heat Exchangers

multistage flash (MSF) [3]. These systems are mostly used due to their high opera-
tional reliability, ability to use low-grade energy, low pre-and-post treatment
requirement, and capability to treat harsh feeds [4]. Thermal-based desalination
systems operate at high brine temperature, and several pieces of research have been
carried to improve their thermal and economic performance [5]. One of the major
improvements in this regard is energy recovery by using a preheater. The additional
component recovers heat from the waste stream i.e., brine, and preheat the intake
stream which reduces thermal losses, decreases the evaporator loads, area, and
investment [6].

Plate heat exchangers (PHXs) are widely used for heat recovery in thermal-
based desalination units as a preheater. The plate heat exchanger offers many
benefits including narrow temperature control (AT < 5°C), easy maintenance and
cleaning, margin to accommodate different loads, and high operational reliability
[7]. Furthermore, it is significant to indicate that PHXs as preheaters have rarely
been examined in thermal-based desalination units from an optimized cost design
and analysis viewpoint [8]. Rather, the conducted studies either are restricted to
preliminary sizing [9] or heat exchanger design is missing [10]. In conventional
studies, the heat transfer area is calculated by the temperature-based heat transfer
coefficient correlation offered by Dessouky et al. [11]. However, this method gives a
fast estimation of heat transfer area, but the accuracy and reliability of the method
are doubtful. This is because, in the heat exchangers, the heat transfer coefficient is
the function of different parameters such as pressure, temperature, thermophysical
properties, flow characteristics, and geometric parameter [12].

For example, in many previous studies, the plate chevron angle (p) is reported as
the most influential geometrical variable of PHXs from the thermal-hydraulic per-
formance viewpoint [13]. Likewise, the heat duty, thermophysical properties, and
flow rates also have a remarkable impact on PHXs performance [14]. Some recent
optimization studies highlighted the importance of various other process and geo-
metric variables that significantly affect the PHXs performance [15]. For instance,
the most critical and influential parameters that have been reported are dimensions
of chevron corrugation, number of passes, number of plates, type of plate, and
channel flow type (parallel, counter, mixed, etc.) [16].

As it appears from the above literature review that there is a requirement for a
laborious optimum cost design and detailed investigation of the preheaters for the
thermal-based water treatment systems. In this regard, Jamil et al. [17] moderately
addressed the issues and conducted a detailed thermal-hydraulic analysis but have
deficiencies in the economic analysis viewpoint. This book chapter is focused on the
combinatory effect of thermal, hydraulic, and economic analysis. Furthermore,
normalized sensitivity analysis and exergoeconomic analysis are also conducted.
This chapter will discuss the sections as follow (a) exergoeconomic analysis meth-
odology, (b) normalized sensitivity analysis methodology, (c) experimentally vali-
dation of the numerical model, (d) normalized sensitivity analysis in term of NSC
and RC, and (e) exergoeconomic analysis. The normalized sensitivity and
exergoeconomic analysis are conducted for a preheater (PHX) of a single evapora-
tor based MVC desalination system as a case study.

2. Exergoeconomic analysis methodology

2.1 Heat exchanger configuration

Figure 1 represents the schematic diagram of the current considered system.
The system includes PHXs and two centrifugal pumps to maintain the desire flow
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Figure 1.
Plate heat exchanger configuration for current case study.

Parameter Value
Mass flow rate Seawater, ritgy (kg/s) 13
Brine, 71 (kg/s) 13
Temperature of seawater Inlet, Tsy,; (°C) 21
Outlet, Tsw,, (°C) 57
Temperature of Brine Inlet, T ; (°C) 63
Outlet, Tg, (°C) 23
Salinity Sea water, Sgy (g/kg) 40
Brine, Sp (g/kg) 80

Table 1.

Input operation variables for the current case study [18].

rates and overcome the pressure losses. The PHXs are used as a preheater in single
evaporator based MVC water treatment system [18] to preheat the intake seawater
using hot brine water. The operational variables i.e., mass flow rates, salinity, the
temperature of hot and cold streams are extracted from our recent studies, as
mentioned in Table 1 [18].

2.2 Thermal-hydraulic analysis model

The thermo hydraulic design of the PHXs presented previous study [17] is used
for the calculation of different parameters such as flow rates, temperature, area,
pressure drop, heat duty, local and global heat transfer coefficient, etc. In the
thermal investigation, Nusselt number (Nu) is one of the most important parame-
ters and can be calculated using a correlation (Eq. (1)) which is primarily dependent
on the Reynold number (Re) and Prandtl number (Pr) [19].

0.17
Nu = CjRe” Pro3% Qi) 1)
w

Where the value of C;, and n with different Reynold number and Chevron angle
is given in [19]. The governing equations for the calculation of a detailed thermal
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Variables Units Formula
Reynold number — Re = Vg1 X Dyyalp
Mass velocity per channel kg/mzs Vent = M/ Nepp X Aci
Number of channels per pass — Nyp = Ng-1/2 x Np
Single-channel flow area m? Agi=L, xB
Mean channel flow gap — B=PP—t,,/,,

Plate pitch m PP = L./Ny,
Hydraulic diameter m Dyyy = 2XB/EF
Projected plate area m? A, = (Ly-Dp) x Ly,
Enlargement factor — Ay =EF x A,
Effective area m? A=Ay, xN,
Effective number of plates — N, = N;;,-2

Local heat transfer coefficient kW/m?K h = Nuxk/Dyyy
Overall clean heat transfer coefficient kW/m?K U%, = % 4 /ZPP’[;;Z 4 hl_,,
Overall heat transfer coefficient kW/m?’K ﬁ = U% + R total
Factor of Cleanliness — FOC = U, /Uy
Over surface design % OSD = (U, + Rﬁ,,total) x100
Heat duty kW Q =A, x Ux AT prp

Table 2.
Thermal design equations of PHXs [19].

model are summarized in Table 2. While the implementation and selection of
correlation are discussed and summarized in [17].

The hydraulic analysis includes the investigation of pumping power and total
pressure drop, which is dependent on various pressure losses i.e., ports losses,
manifolds losses, and channels losses as shown below [13, 19].

APy = Apchl+APpo + APpan (2)
The pumping power can be calculated as.

m APy,
P

(3)

P power —

The governing equation of the remaining hydraulic model is summarized in
Table 3.

2.3 Exergy and exergoeconomic analysis

For the heat exchanger analysis, exergy analysis is a significant and reliable tech-
nique because it includes the exergy destruction calculation [20]. The exergy analysis
measures overall performance and concurrently responsible for the changes in tem-
perature and pressure. The exergy destruction calculations estimate the performance
index of the analysis [21]. For the analysis, the flow exergy is determined at bound-
aries (inlet and outlet) of pumps and heat exchangers based on their operational



Exergoeconomic and Normalized Sensitivity Analysis of Plate Heat Exchangers...
DOI: http://dx.doi.org/10.5772/intechopen.99736

Variables Units Formula
Pressure drops in the channel kPa APy = 4 x ff x L};,,IZF « % o (”L) -0.17
Pressure drops in ports kPa AP, =14 x Np % %
Portside mass velocity kg/m’s vy = ZLDIZ)
ax (L
Pressure drop in manifold kPa APy = 1.5 % ( % )
Friction factor — fF =z
Table 3.

Hydraulic design equations of PHXs [13, 19].

parameters such as mass flow rates, temperature, pressure, and salinity, as given in
Eq. (4). After that, Eq. (6) is solved for all the components to get the exergy destruc-
tion. In the present study, the seawater database is used for the calculation of specific
flow exergy EX and thermophysical properties [22].

E_X = [(h/ - ho/) - TO(S _SO)] +E_Xche (4)
E =1 x EX (5)
Ep =E —E, (6)

For the heat exchanger, the economic investigation is depending on the
capital/purchasing investment (CI) and operational/running cost (OC) [23].
However, for the large component of the system, such as power plants and desalina-
tion units, the product cost is more important than purely capital investment
and operational cost [24] because, in these systems, the performance of HX is pri-
marily dependent upon the plant process variables. Therefore, the HX is analyzed and
designed to meet the plant requirement [6, 18] instead of optimum HX performance.

The total cost of the heat exchanger is the sum of the capital investment (CI) and
operational cost (OC) as given below [25].

Ctot - CI + OC (7)

The capital investment (CI) is the initial amount required to purchase equip-
ment based on time and location of analysis. The finest method to calculate the
capital investment to use the experimental correlations purposed by researchers and
vendors after extensive study and survey. In the current study, the capital invest-
ment of the pump and heat exchanger is calculated using the most common and
reliable correlations presented in [26, 27].

The capital investment correlations used for the heat exchanger are generally
dependent upon the heat transfer area as [28].

Clyyx = 1000 x (12.86 + A%®) x IF (8)
After that, an installation factor (IF) range from 1.5 to 2.0 is used to predict

accurately the monetary of the equipment at the utility. In contrast, the capital
investment of the pump is calculated as [27].

CIy =13.92x 7 x AP x (,/ (1~ np))l‘os 9)
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A detailed discussion regarding the capital investment correlation is given in the
reference study [29]. Furthermore, the constant in the correlation is varying with
material selection and the applicability range. The empirical correlations are devel-
oped a long time ago based on the fiscal policy of that era. Therefore, all the above
correlations need a slight correction to accurately estimate the capital investment
in the current time. In this aspect, the cost index factor (Cingex) is commonly used.
The Cingex is calculated by using Eq. (10) in which the chemical engineering plant
cost index (CEPCI) is used for the original year and the present year as given as
[30, 31].

CEPCI,yyrent
Cindex = o 10
e CEPCl,ofurence (10)
leurrent = Uindex ¥ leq’erence (11)

In the present analysis, the Ci,qex 1.7 is used based on their CEPCI 390 [32] and
CEPCI 650 for the year of 1990 and 2020 [33] respectively. However, the impor-
tance of the Cost index is analyzed from different ranges in the result and discussion
section. Likewise, the operation cost (OC) is calculated using Eq. (12). The OC is
primarily dependent on the pumping power, Ppoywer (kW), yearly current cost, C,
($/y), the unit cost of electricity, Ce. ($/kWh), inflation rate, i (%), operating
hours, @ (h/y), and component life, n, (year).

0oC = zy: G (12)
T (1+i0)
Co = Ppower X Cgpe X @ (13)
P = 1 (msw x APgy N mp X APB> (14)
My Psw PB

Whereas, the values operating hours @ = 7000 h/y, component life n, = 10 years,
unit cost of electricity Ceie = 0.09 ($/KWh) and efficiency of pump 1, = 78% [25] are
used in current analysis.

The output cost of the hot stream can be calculated by implementing the general
cost approach [18]. For this purpose, the pre-calculated capital investment is
converted into the yearly capital investment rate I ($/y) by using the capital
recovery factor (r) [6].

Cix (1)
V_(l-i-i)—ny—l (15)
=7rxCI (16)

After that, the annual rate is transferred into the fixed cost rate ¢ ($/s) through
the plant availability factor (®).

r

3600 x ® a7

9

After determining the cost flow rate, the cost balance takes the form mentioned
below.

C=ZCi+¢ (18)
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Whereas the ¢ is the component cost rate, C; is the cost of the inlet stream and
C, is the product cost of the outlet stream. The cost balance (refers to Eq. (18)) is
re-arranged for the cost balance of the heat exchanger and pump as.

Co = C;i+ Cue x Wp +¢p (19)
Ceo = Cei + Cpi — Cpyo + cpux (20)

The cost of the inlet stream is varying from case to case. For the current case
study, the inlet cost of the seawater is chosen from the study. It is important to
mention that the equipment with various outputs such as RO trains, HXs, flashing
stages, evaporation effects, etc.,) need an additional equation for the result. For
instance, for the component with “k” outputs, a “k-1” number of additional equa-
tions are required. The cost balance of the plate heat exchanger (PHXs) can be
solved by using the supplementary equation (Eq. (21)). The equivalency of the
average inlet cot and outlet cost of streams depends on these additional
Equations [29].

Cp; Cay

EB,z' EB,o

=0 (21)

3. Normalized sensitivity analysis methodology

The sensitivity analysis is an important tool to examine the behavior of output
performance parameters against the different input variables [34]. Sensitivity anal-
ysis is a significant tool to identify the influential and critical performance parame-
ters and highlights the design improvements for future research. For this purpose,
calculus-based (partial derivative-based) sensitivity analysis is one of the most
trustworthy and widely used methods. In this approach, all the independent
parameters sum up their nominal values and uncertainty as given below [35].

X =X+Ux (22)

where X and +Uyx represents the nominal value and the uncertainty about the
nominal value, respectively. The uncertainty in the output performance parameter
Y (X) because of the uncertainty of variable X is given below [35].

day -

Uy = Phe Ux (23)

The total uncertainty for the multi-variable function is given as.
N 2
Y -~
> (5 )

The partial derivative parameter in the total uncertainty equation denotes the
sensitivity coefficient (SC) of the selected output parameter. These SC are
converted into modified forms knowns as the Normalized Sensitivity Coefficient
(NSC) by regulating the uncertainty in the outlet variable Y and input variable X by
their corresponding nominal value (X). The NSC provides a comparison of all the
input variables with significantly different magnitude based on their critical

1/2
(24)
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impact on the desired performance parameter [36]. The NSC can be written
mathematically as [35].

- 1/2
NSC NUx;
—_——
U N oy X\ (Uxi\
Y = X;Y X;

Where NU denotes the normalized uncertainty, and NSC denotes the normal-
ized sensitivity coefficient. Thus, the Eq. (25) can be written for the selected output
performance parameters in term of NSC as follow.

—\2/5 2 —\2/5 2 — 2/ 2
_ (ohc m_) Use ) 4 (im_) Un ) (r»u T_) Ure;
Uy, ey, e ot i, oTei b i

Jhe _ o (26)

1/2
—\2/7 = \2/G 2/ \2 1Y
. aAPC un Umf + I)APC mp _mh + aAPC Tu _th
Uap ome AP, 7, oy AP, 3 dTc; AP, T,
= (27)
_ _ N2 ~ N2
AP, (98P Tis 2 Un, oaP, 5, \2 Us | 4 (28RS, 2 Us,
9T AP, Th; dS. AP, S, dS, AP, "
N2/~ G\ 2 2/~ N2 72
. OOCg Umc BOCﬂ _"”h + OOCi [{Sc
UOC dri. OC i, amy, OC h . OC c
—~ 2 — 2
= \2 SN2 /702 — \2
oc +(o0cm \"(Un ) | (s0c i)™ (U:)" 4 (90CCa)” (Y
on, OC My J%i OC i 9Cee OC Cele
1/2

[ 2 ~ N2
—\2/7 ~ N2 SN2
Uc, — | 4 (% Sc> Us ) 4 (acm Ty ) Uy, i (acq,,, ; ) (Z) (29)
CL‘,D OS[ Cc,a Sc aﬂ]’ Cc,u ’719 o Cc,a i
a2/ \2 /e 2
+ aCC,B % U_Cele + 0C€>0 Cindex U_cimiex
L 0Cee Cc,a Cele 0Cindex Cc,a Cindex

Where in the above equations the parameters correspond to the following: Uj, :

uncertainty in cold side heat transfer coefficient, [}Ap(: uncertainty in cold side

pressure drop, AP,: nominal value of the cold side pressure drop, Uoc: uncertainty
in operating cost, OC: nominal value of the operating cost, f]cwz uncertainty in the
cold fluid outlet stream cost, C, ,: nominal value of the cold fluid outlet stream cost,

h.: nominal value of cold side heat transfer coefficient, f]mct uncertainty in cold side
flow rate, 7z.: nominal value of cold side flow rate, 71;,: nominal value of hot side
flow rate, f]mh: uncertainty in hot side flow rate, T, ;: nominal value of cold fluid
inlet temperature, (}Tf,l-? uncertainty in cold side inlet temperature, T}, ;: nominal
value of hot fluid inlet temperature, U T,,+ uncertainty in hot side inlet temperature,

S;: nominal value of the cold fluid salinity, Usci uncertainty in the cold fluid salinity,

10
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S;,: nominal value of the hot fluid salinity, Ushi perturbation in the hot fluid salinity,
l}np: uncertainty in the pump efficiency value, 7,: nominal value of the pump

efficiency, (}i: uncertainty in the interest rate, i: nominal value of the interest rate,

Uc,,: uncertainty in the the electricity cost, C,,: nominal value of the electricity

cost, Ug,,,.: uncertainty in the cost index factor, Cj;4.,: nominal value of the cost
index factor.

The relative contribution (RC) is an important parameter in a normalized sensi-
tivity analysis that is used to identify the variable with dominant uncertainty con-
tribution through combining the sensitivity coefficient (SC) with the actual
uncertainty. It can calculate as [35].

(30)

The working of normalized sensitivity analysis is quite simple. Figure 2 repre-
sents the working methodology of normalized sensitivity analysis. At the start, all
the input variables and output performance variables are selected. After that, the
uncertainty/perturbation is selected that is generally 1% of the nominal value. In the
next step, the partial derivative is taken for each output variable against the various
input parameters. After the partial derivate of each variable, the sensitivity coeffi-
cient is calculated by using Eq. (23) for all the output variables. In the next step, the
total uncertainty and normalized sensitivity of the output variable are calculated by
using Eqs. (24) and (25). In the end, derived all the most significant, critical, and
dominant input variables in terms of NSC and RC by using Egs. (26)-(30).

4. Experimental validation of the numerical model

The normalized sensitivity and exergoeconomic techniques are applied on a
preheater (plate heat exchanger) of SEE-MVC based-thermal desalination system
for which the input data is already summarized in Table 1.

For the analysis purpose, a numerical model is developed on Engineering Equa-
tion Solver (EES) based using the governing equation mentioned above for which
the solution flow chart is presented in Figure 3. After that, the developed numerical
code is validated with the laboratory/experimental readings from a small-scale PHX
as illustrated in Figure 4. The specifications of the laboratory scale PHX are men-
tioned in our previous study [17]. Then, the experiment is carried out for two
different operating conditions. For each scenario, the experimental setup is oper-
ated for 35 minutes, and readings are saved through a data acquisition system
(edibon SCADA) when the system becomes stable. After that, the experimental
data are compared with numerical data, as shown in Figure 5. The numerical and
experimental readings have very close values, which shows the accuracy of the
numerical data.

4.1 Normalized sensitivity analysis in terms of NSC and RC

The analysis is carried to identify the most critical and crucial input variable that
affects the selected output performance parameters. The desired output perfor-
mance parameters are local cold side heat transfer coefficient, cold side pressure
drop, operational cost, and product cost of the cold stream. Figure 6 presents the
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Working flow chart of normalized sensitivity analysis.

sensitivity analysis results from Normalized Sensitivity Coefficient (NSC) and Rel-
ative Contribution (RC). From Figure 6a, it can be concluded that for the local heat
transfer coefficient, the most crucial variables in terms of NSC are in the following
order: cold side mass flow rate 7z, > inlet temperature of cold side T, ; > salinity of
cold side S, while the RC is highest for cold side mas flow rate 7z, with ~88%
dominancy followed by inlet temperature of cold side with ~11.7% and salinity with
~0.05%. Likewise, for the cold side pressure drop AP,, the most significant variable
is 711, followed by T ; while their corresponding RC is 99.6% and 0.4%, respectively
as shown in Figure 6b. Similarly, from the monetary point of view, the operation
cost (OC) highlights that the most influential input variables are 7z, followed by 71,
Cele» i, and 17,. The RC is dominated by C,;., with ~86.2% followed by i with ~8.94%,
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1, with ~1.88%, 7z, with ~1.84%, and n, with ~ 1.15% as illustrated in Figure 6c.
Figure 6d highlights the results of the product cost of the cold stream C,,. The most
critical variables in terms of NSC are cost index Cipge, followed by i, T}, i, 1, #itc, 72y,
and C,;, while the RC is maximum for the inflation rate ; with ~95.5%.
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Figure 5.

Model validation with experimental data [17].

Overall, it was observed that the exergoeconomic analysis of PHX is affected by
both fascial and process variables. Therefore, fascial parameters must consider
equally while designing/analyzing PHX.

4.2 Exergoeconomic analysis

The thermal-hydraulic performance of PHXSs is significantly affected by plate
chevron angle (f) and mass flow rate [17]. The heat transfer coefficient and pres-
sure drop of the cold stream are increased by varying the Reynold number (Re).
However, the rise in heat transfer coefficient is desirable, but the rise in pressure
drop is not favorable from a monetary viewpoint. Therefore, the comprehensive
parameters (h/AP) are calculated to provide a reasonable estimate of heat transfer
per unit pressure drop.

From Figure 7, the comprehensive performance parameters are declined
with the increasing Reynold number. This is because with increasing Reynold
number, the pressure drop increased at a higher-order rise compared to the
heat transfer coefficient. Furthermore, the analysis is carried out for different
chevron angles (f). It can be observed, the h/AP is highest for p = 60° followed
by B = 50° > 45° > 30°. This is because the pressure drop faces less resistance at a
high chevron angle. Meanwhile, from the economic viewpoint, the operation
cost (OC) increased as the Reynold number increased. This is because, at the
high6Reynold number, the pressure drop is increased which increased the energy
consumption and ultimately the pumping power. The operational cost is highest
for the chevron angle f = 30° and lowest for chevron angle = 60° due to
low-pressure loss.

Similarly, the product cost of the cold stream C,, is also increased by varying
Reynold number due to increased unit cost of electricity because, at a high Reynold
number (flow rate), the pumping power is increased with consumes more energy
compared to low-pressure drop. Furthermore, the outlet cost is highest for chevron
angle p = 30° followed by f = 45° > 50° > 60°. This is because at a high chevron angle
the pressure losses are low as illustrated Figure 8.

The traditional analysis is majorly focused on evaluating the consequence of
both process and geometric variables. However, in recent studies, the combined
analysis of fiscal and process variables gained remarkable importance on the
exergoeconomic performance [7, 24]. The primary reason is that the system oper-
ating with different economic variables i.e., interest rate, electricity cost, and intake
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Effect of Reynold number rate on the outlet cold stream cost (C,).

chemical cost would have different operation cost (OC) with like thermal and
hydraulic performance [6, 18].

Therefore, an economic analysis is conducted for various economic policies over
time as the importance of fiscal parameters is observed on performance parameters
by sensitivity analysis as well in the above section. The cold stream product cost C,,
increased by varying the interest rate and electricity cost, as illustrated in Figure 9a
and b. For example, by varying the inflate rate and from 1 to 14%, the C,, increased
~17.7% for chevron angle p = 30°. Likewise, for the same chevron angle, the
product cost C,, increased ~3.80% by varying the electricity cost from 0.01 to 0.15
$/kWh. Furthermore, the outlet cost of the cold stream is highest for the f = 30° and
lowest for the = 60° for both interest rate and electricity cost.

An exergoeconomic flow diagram is a noteworthy pictorial demonstration of the
thermo-economics output at every significant position of the system. It presents the
economics and exergy of all streams at important points, i.e., inlet and outlets of
each section of the large system. The visual representation is very substantial for the
system with the multiple components to recognize how efficiently the induvial
components are working from an economic and exergetic point of view. For the
current case study, Figure 10 demonstrates the exergoeconomic flow diagram.
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Exergy-cost flow diagram for current PHX arrangement.
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5. Concluding remarks

A corrugated plate heat exchanger (PHX) is examined as a preheater in SEE-
MVC based-thermal desalination system to preheat the intake feedwater using the
hot waste brine stream. The system is examined from the thermal, hydraulics, and
economics point of view. For the case study, the EES-based numerical code is
developed using governing equations. After that, the experimental data is used to
validate the developed numerical model. Furthermore, sensitivity analysis is
conducted in form of NSC and RC to classify the influential input variables. After
that, the one-factor-at-a-time (OFAT) technique is used for the detailed parametric
analysis to recognize the effect of influential variables. In the end, the
exergoeconomic flow diagram is demonstrated to compute the exergies and product
cost of the stream at each component of the system. The output of the current case
study is as follows.

* The sensitivity analysis highlights that the utmost critical input variables in
form of NSC are cold water mass flow rate followed by cold water inlet
temperature, and salinity for the local cold water heat transfer coefficient.
Similarly, the most critical parameters for the cold side pressure drop are the
cold-water mass flow rate followed by the cold-water inlet temperature.
Furthermore, the operation cost (OC), the most critical input variable are mass
flow of cold water > mass flow of hot water > electricity cost > interest rate >
and efficiency of the pump while the cold water outlet cost, the critical
variables are cost index > inflation rate > inlet temperature of hot > efficiency
of the pump > mass flow rate of water > mass flow rate of hot water >unit cost
of electricity.

* The parametric analysis reflects that the comprehensive parameter (h/AP)
is decreased with an increase of Reynold number due to higher-order
increment in pressure drop. Likewise, the operational cost (OC) and cold
stream of outlet cost are increased because at high Reynold number, the
pressure losses are increased which consume more energy and ultimately
increase the pumping power to maintain the desired pressure and overcome
the losses. The OC and cold fluid outlet cost is highest for the p = 30°
and lowermost for p = 60° because at a high chevron angle, the pressure loss
is low.

* The cold stream outlet cost increased by ~17.7% and ~3.80% by increased the
inflation rate and unit cost of electricity respectively for the p = 30°.
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Abbreviations

CI capital investment

CEPCI chemical engineering plant cost index

FOC factor of cleanliness

EF enlargement factor

HX heat exchange

IF installation factor

LMTD log mean temperature difference

MED multi-effect desalination

MSF multistage flash

MVC mechanical vapor compression

NSC normalized sensitivity coefficients

PHXs plate heat exchangers

OSD over surface design

OFAT one-factor-at-a-time

oC running/operational cost

RC relative contribution

TVC thermal vapor compression
Nomenclature

A heat transfer area, m”

A. effective area, m?

A, projected plate area, m

Agp single plate area, m”

B mean channel width, m

Ch constant parameter for calculation of Nusselt number in Eq. (1)
C Outlet/product cost, ($/h)

Ciotal total equipment cost, $

Cy yearly current cost, $/y

Cele Electricity cost, $/kWh

Cindex cost index factor

D, diameter of port, m

Diyd hydraulic diameter, m

EX specific exergy, k.J/kg

ff friction factor for pressure drop calculation
Vehl mass velocity per channel, kg/ m?s

h heat transfer coefficient (local), W/m2K

W enthalpy, kJ

i inflation/interest rate, %

k thermal conductivity, W/mK

Kp constant variable for friction factor calculation in Table 3
L. compressed plate length, m

Ly length of horizontal port, m

L, vertical port distance from between port ends, m
L, vertical port distance between port centers, m
L effective channel width, m

" mass flow rate, kg/s

Nu Nusselt number
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ny equipment life, year

N, effective number of plates

N, number of flow passes

Ny, number of HX plates

Nepp number of flow channels per pass

plate pitch, m
Ppower pumping power, W

AP pressure drop, Pa

Pr Prandtl number

r capital recovery factor

Re Reynolds number

Reo, total total fouling resistance, m? K/'W
S salinity, g/kg

s entropy, J/K

T temperature, °C

tplate thickness of plate, m

U global/overall heat transfer coefficient, W/m’K
\Y velocity of fluid, m/s

Vs specific volume, m3/kg

W, work of pump, kW

E exergy flow rate, kW

Ep total exergy destruction, kW

r yearly capital investment rate, $/y
Greek Symbols

¢ rate of fixed cost, $/s

p chevron angle, deg.

A variation in magnitude

0 partial

p density, kg/m®

U viscosity, kg/ms

o] plant availability/operating hours, hour/year
n,  Pump efficiency

Subscripts

0 dead state

B brine

c cold water

cl clean

c,i cold inlet

c,0 cold outlet

chl per channel

fo fouled

h hot

h,i hot inlet

h,o hot outlet

i in

man manifold
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0o out

p pump

po port

SW Seawater

tot total

w wall

Superscripts

m  constant parameter for calculation of friction factor in Table 3
n constant parameter for calculation of Nusselt number in Eq. (1)
w wall
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Chapter 2

One-Dimensional Modeling of
Triple-Pass Concentric Tube Heat
Exchanger in the Parabolic Trough
Solar Air Collector

Nguyen Minh Phu and Ngo Thien Tu

Abstract

The parabolic trough solar collector has a very high absorber tube temperature
due to the concentration of solar radiation. The high temperature leads to large heat
loss to the environment which reduces efficiency of the parabolic trough collector.
The heat loss reduction can be obtained by adopting a multi-pass fluid flow
arrangement. In this chapter, airflow travels in three passes of the receiver to absorb
heat from the glass covers and absorber tube to decrease surface temperatures. 1D
mathematical model is developed to evaluate effective efficiency and the tempera-
ture distribution of surfaces and fluid. The mathematical modeling is based on air
temperature gradients and solved by a numerical integration. Diameter ratios of
outer glass to inner glass (rp3) and inner glass to absorber tube (r;,), Reynolds
number (Re), and tube length (L) are varied to examine the efficiency and the
temperature distribution. Results showed that the highest efficiency is archived at
I3 = 1.55 and ry; in the range of 1.45 to 1.5. The efficiency increases with Re and
decreases with L due to dominant heat transfer in terms of thermohydraulic behav-
ior of a concentrating solar collector. With the optimum ratios, absorber tube
temperature can reduce 15 K compared with another case.

Keywords: Concentric tube heat exchanger, 1D modeling, parabolic trough
collector, effective efficiency, solar air heater

1. Introduction

Today, energy saving is a matter of great concern due to the depletion of fossil
fuels as well as environmental pollution. Faced with that situation, the problem is
that we must take advantage of available energy sources and use them for a long
time without emitting toxic substances that affect the current living environment.
Solar energy is a very abundant, completely free, environmentally friendly and
long-lasting source of energy. Besides, it is possible to reduce the amount of toxic
waste into the environment and contribute to saving a significant amount of costs
when perceiving how to apply solar energy in daily life. Producing hot air by solar
energy is an efficient and green solution by using a solar air heater. Flat-plate solar
collector is often used in the range of moderately hot air temperature [1-3]. To
generate greater air temperature, concentrating solar collectors are used. There are
several types of concentrating collector such as linear Fresnel collector, dish
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collector, and parabolic trough collector. The parabolic trough collector is attributed
to the most widespread one [4]. Sketch and pictorial view of a parabolic trough
solar collector are shown in Figures 1 and 2. When the intensity of solar radiation
reaches the parabolic surface, solar energy is reflected and concentrated into the
focus of the parabola where locates a thermal receiver. Here the heating process
takes place to heat up a heat transfer fluid inside the receiver.

Elakhdar et al. [4] used a parabolic trough collector to power the generator of an
organic Rankine plant. The results shown that the heat transfer fluid temperature in
the receiver tube is up to 430 K and the thermal efficiency of the plant is 0.14. Li
and Yuan [5] employed a parabolic trough collector for lighting and heating pur-
poses. The results were reported that the lighting efficiency reaches 16.3%, the
thermal efficiency 23.1% and the payback period less than 10 years. Bozorg et al. [6]
numerically investigated a parabolic trough collector with nanofluid as a heat
transfer media. It is proved that heat transfer, pressure drop, and thermal efficiency
increase linearly with Reynolds number. Bellos et al. [7] examined a parabolic

Solar radiation

Receiver

AT
/N \

Figure 1.
Parabolic trough solar collector.

Figure 2.
The parabolic trough solar collector being tested at the Ho Chi Minh City University of Technology.
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trough collector for thermal energy storage. The thermal efficiency and exergy
efficiency of their system indicated 68.7% and 8.5%, respectively. Higher storage
tank volume is recommended to yield higher thermal efficiency. Okonkwo et al. [8]
studied different configurations of absorber tube including smooth tube, finned
tube, twisted tape inserted tube, and converging—diverging tube. The results
exhibited that the converging—diverging absorber tube demonstrated the highest
exergy efficiency. In addition, the optical losses are the main components of exergy
losses. Kaloudis et al. [9] simulated the absorber tube with an inner solid plug as a
flow restriction device. In the study, the heat transfer fluid of A1203 nanofluid 4%
revealed the best collector efficiency. Ray et al. [10] conducted a numerical analysis
of selective coatings on the absorber tube. The thermal efficiency can be increased
up to 34.6% by the selective coating. Tzivanidis and Bellos [11] used a parabolic
trough collector to drive an absorption chiller which is to cool a room. The size of
collector and thermal storage tank were determined to meet cooling load of a given
space. Ghasemi and Ranjbar [12] compared heat transfer fluids of water and
nanofluid inside a absorber tube. They confirmed that the nanofluid can improve
heat transfer rate compared with the water. Nain et al. [13] employed the U-tube in
a parabolic trough air collector. The tube was covered by the evacuated glass tube to
minimize heat loss. The maximum outlet air temperature of 150°C was observed.

From the above literature review, it can be seen that there are many measures to
enhance the performance of the parabolic trough solar collector. The present study
proposes a triple-pass parabolic trough solar collector configuration so that the heat
transfer fluid receives heat from the glass cover and absorber tube surfaces. Thus,
the surface temperatures can be reduced leading to increase the collector efficiency.
The independent parameters consist of tube diameters, collector length and Reyn-
olds number of the heat transfer fluid to deduce heat transfer characteristics.

2. One-dimensional modeling

Figure 3 shows the schematic diagram of the triple-pass receiver. The receiver
consists of an outer glass tube, an inner glass tube and an absorber. The tubes are
fitted concentrically to each other so that the airflow moves in the three spaces. Air
travels from the outermost annular space followed by the inner annular space and
the inside of the absorber tube. Figure 4 displays a diagram of thermal energy
transfer between surfaces and the airflow and a thermal resistance circuit in which
the heat conduction resistance of the tubes is neglected. The receiver collects solar
radiation from the top half and concentrated radiation from the bottom half. The
thermal balance for the glass tube 1 is written as Eq. (1). The solar thermal energy
absorbed by the glass is equal to the heat transferred by radiation and convection to

-
g1
Ta o Th ng - v Glass 1
T To .y e ) q // Glass 2
{ Absorber tube
X -— Tsa -—
- E
e L -
X
——
Figure 3.

Details of receiver with triple pass airflow.
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Figure 4.
Energy balance diagram and thermal civcuit of triple-pass parabolic trough solar air collector.

the environment, the heat transferred by convection to the fluid in the outer
annulus (first pass), and the heat transferred by radiation to the glass tube 2 [6]:
Iaglel +h whg3 (T - Tgl) + hmA:S( sky — gl) + hrgl,gZAsZ (TgZ - Tgl)

1
+hf1g1A53(Tf1 T ) =0 @

where I is solar radiation absorbed by the receiver and A is surface area of a
tube. Solar radiation absorbed by the receiver is the sum of heat flux up and heat
flux down [12]:

I=(0.5+ 0.5CR)I, )

The surface areas can be determined as:

Aﬂ = ﬂdlL (3)
Ag = ndyL (4)
A53 = Jl'd_o,L (5)
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Ty is the sky temperature. Ty, = 0.0552T,° [6].
CR and [ in Eq. (2) are respectively the concentration ratio and solar radiation
per unit area of a surface. CR is defined as [11]:

Aﬂ erture
CR=—27"2 6
A (6)

where Aperiure is aperture area of the parabolic trough.
The temperature variation of the air along the axial direction in the first pass is
due to convective heat exchange with the glasses 1 and 2:

dT p1 ndsh 101(Tg — T p1) + 7doh 10 (Tpe — T 1)
dx 1’hcp

@)

Similar to the glass tube 1, heat exchange of the glass tube 2 is written as:

ItpanAa + hgpAo (Tr — Ta) 4 ha,gpAe (T — Taa) + hrg1,00A02 (Tt — Ta2)
+ hnglpAfl (Tp - TgZ) =0
(8)

The temperature variation of the air in the second pass is given by:

dT py  adoh p202(Ta = T p2) + wdih 2, (Ty = T o)
dx ey

9)

Heat balance of the absorber tube is presented as:
IrprpapAa +h 240 (T 2 = Tp) + hrg2pAa (T2 = Tp) + 1 g3pAa (T g3 — Tp) = 0
(10)

The temperature variation of the air in the third pass is owing to convection heat
transfer with the absorber tube surface:

drT g3 T, — T3
=i sy

. (11)
ey

Convection and radiation heat transfer coefficients in Egs. (1), (7)-(11) are
determined by the following correlations:

» Convection heat transfer coefficient due to wind [6]:

By = 4V, 058,704 12)
* Forced convection heat transfer coefficient of the airflow in three passes by
Dittus-Boelter correlation [14]:

h f14 = 0.023Re **Pr®*k /D

h g2 =h g

h f2g2 = 0.023Re**Pr®*k /D, (13)

hpp =hpg

h 3, = 0.023Re “*Pr®*k /dy
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where Rej, Re; and Re are respectively Reynolds number in passes 1, 2, and 3. Pr
is Prandtl number.

Re; = pDaVi/u (14)
Rey = pDaVa/p (15)
Re = pd1V3/,u (16)

In the above equations, D, is the equivalent diameter of an annulus. The diam-
eter can be estimated by:

D¢ = d3-dy 17)
Der = dy-dy (18)

* Radiation heat transfer coefficient of the outer glass to the sky [15]:

hm = 0&g1 (Tglz + TSkJ’z) (Tgl + Tfky) (19)

* Radiation heat transfer coefficient of two glass tubes [4]:
To+Tp
1/8g2 + (1 N 5g1) Ap/Ass

Sgl

(20)

hrg1g2 = G(Tglz + ngz)

* Radiation heat transfer coefficient of the inner glass tube and the absorber tube
[4]:
T+ Ty
1/ep + (1 — sgz) Aa/ho

€92

(21)

hrgrp = G(Tg22 + TPZ)

* Air velocities in passes (Vy, V,, and V3) can be evaluated by mass conservation

as:
2 2 2 2 2
m= (ﬂdi — ﬂdi>pV1 = (nd% — ﬂ%)sz = nd%pVg (22)

The energy amount of air received when passing through the receiver is
determined as follows:

Q =1incy (T, — T,) (23)

As the flow rate and receiver size change, the pumping power will also change to
transport the fluid. The useful hydraulic energy of the air received from a blower is
calculated as follows:

. AP
Pﬂow =m— (24)
p
where AP is the pressure difference of the air across the receiver. Because of
significant length of the receiver, minor losses are omitted. The pressure drop due
to friction in three 3 passes can be computed as:
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AP = pf Vi’L /D1 + pf,V2’L /Doy + pf V3*L/d1 (25)

where f is the friction factor of the air with the tube surface. The factor is
calculated from the Blasius equation as follows [15]:

f1=0.059Re; °?
f,=0.059Re, %2 (26)
f3=0.059Re %2

The effective efficiency of a parabolic trough collector taking into account the
heat received, the power dissipated relative to the radiation absorbed by the
receiver is calculated as follows:

Q —P, ﬂow/ G
Neff = Agl (27)

where C, is thermal energy conversion factor, C, = 0.2 [16].

In this study, the absorber tube diameter was fixed. The diameter of the glass
tubes, the Reynolds number of the air in the absorber tube, and the receiver length
varied to investigate the axial temperature distribution and the collector efficiency.
The diameters of the glasses change according to the diameter ratios which are
defined as follows:

3 =d3/d; (28)
rp =dy/dy (29)

Table 1 presents the parameters entered into the mathematical model. The
thermophysical parameters of the air (specific heat c;,, thermal conductivity k,
density p, and dynamic viscosity p) are estimated at the ambient temperature.
Temperature variations of three surfaces and air in three passes can be solved by
numerical integrals of temperature gradient equations, i.e., Egs. (7), (9), and (11).
The one-dimensional (1D) computational domain along the tube is divided into
control volumes corresponding to a spatial step Ax. Solving the ordinary differential
equations can be utilized ode45 function in MATLAB software [17] or integral
function in EES software [18]. Figure 5 presents a comparison of the air flow

Parameter Value
Concentration ratio CR=10
Solar radiation I, =848 W/m?
Ambient temperature T,=27°C
Absorptivity of glass covers g1 = gy = 0.05
Absorptivity of absorber tube a, = 0.92
Emissivity of glass covers €g1 = €g = 0.92
Emissivity of absorber tube ep = 0.92
Transmissivity of glass cover Tg1 = Ty = 0.84
Wind velocity Vi =1m/s
Absorber tube diameter d; = 42 mm

Table 1.

Input pavameters.
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Figure 5.
Confirmation of air temperature along the collector length with published data [19].

temperature variation in a double-pass solar air heater between the results from the
code developed in this study and those of the literature [19]. It can be seen that the
two results are close to each other and the difference is not significant. Therefore,
the model formulation in this study is accuracy to perform the parametric study for
the triple pass parabolic trough solar air collector.

3. Results and discussion

This section investigates the influence of Reynolds number in the range 10000
to 16000, tube diameter ratios (r,3 and ry,) from 1.2 to 2, and tube length from 1.5 to
3.5 m on the collector efficiency and temperature distribution of the receiver.
Figure 6 shows the effect of Re and r,; on the performance. It can be seen that when
the Re number increases, the performance increases. For flat-plate air collectors,
efficiency can peak at some Re. However, for a concentrating collector, the thermal
duty is very large compared to pumping power. Therefore, when Re increases, the
heat transfer rate increases more than increase in the pressure loss penalty. How-
ever, the efficiency increases slightly with the Re number because the pumping
power increases significantly with the flow rate. At fixed Re, the performance peaks
at certain rp3. As the ratio increases, the diameter of the glass covers increases,
which reduces the heat transfer rate due to the decrease in air velocity. Conversely,
increasing this ratio reduces the pressure loss in the two annuli. This trade-off leads
to the optimal rp;. Figure 6 shows that the optimal r,3 value is almost unchanged
with Re, i.e., 123, opt = 1.55. Figure 7 presents the effect of the ratio of inner glass
tube diameter to absorber tube diameter on the efficiency. The effect of ry; can be
seen to be more pronounced than that of ry;. This is attributed to mainly heat
exchange in the second pass due to the high temperatures of the absorber tube and
glass 2. The optimum ry, varies over a wider range from 1.45 to 1.5. Also, at certain
Re number, the performance changes drastically with ry,, especially at large Re
numbers. At Re = 16000, the efficiency varies from 0.59 to 0.6 with ry;, from 0.575
to 0.605 with ry,.
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Figure 7.
Effect of Reynolds number and diameter ratio of glass 2 and absorber tube.

Figure 8 depicts the effect of collector length (L) on collector efficiency. It is
observed that as the length increases, the efficiency decreases. It is noted that for a
concentrating collector, the thermal power is very large compared to the pumping
power. Therefore, the optimum L and Re are not found to maximize the efficiency
as can be observed in flat-plate solar collectors. As the length increases, at a certain
pass, the air temperature increases, reducing the temperature difference between
the heat exchanger surfaces and the air temperature. This small temperature
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difference causes poor heat transfer rate. The reduction in efficiency with the length
in the concentrator is also similar to that of the flat plate collector [15].

Figures 9 and 10 illustrate the distributions of the six temperatures along the
tube length at Re = 10000. Figure 9 plots the temperatures at the optimal diameter
ratios for this Re, i.e., rj; = 1.44 and rp; = 1.56. While Figure 10 represents worst-
case temperatures (ry; = 2 and rp; = 1.2) for the sake of comparison. It is clear that
the average temperature of the absorber tube decreases markedly from 160°C (the
worst case) to 145°C (the optimum case). This reveals the optimal case owning
better heat exchange of the fluid in passes 2 and 3 with absorber tube surface and

r12=1.6:r23= 1.6

0.7 : : -
Re = 10000
—o—12000
0.65 —o—14000
—o—16000
0.6
5
o
0.55

0.5

1.5 2 25 3 3.5

Figure 8.
Effect of Reynolds number and collector length.
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Figure 9.

Local temperature distribution of the airflow in passes and surfaces at optimum ratios.
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Figure 10.
Local temperature distribution of the airflow in passes and surfaces at the worst ratios.

smaller heat loss. For the optimal case, the absorber tube temperature increases with
the air temperature in the second pass. In contrast, the absorber tube temperature
increases with the air temperature in third pass for the worst case. Furthermore, the
temperature cross between the air in pass 1 and glass 1 occurs in the very short
segment from the inlet in the worst case. The temperature differences in pass 2 of
Figures 9 and 10 are 55 K and 28 K, respectively. From Figures 9 and 10 it can be
recognized that there are two temperature crosses between Tg; and Ty, and
between Tg, and Tg,. If shorter tubes are used, a temperature cross may not occur.
Therefore, it can be concluded that collector efficiency decreases with increasing
tube length by means of the current axial temperature analysis.

4, Conclusions

A 1D analytical model has been presented in this chapter to predict the local
temperature of fluid and heat exchanger surfaces of the triple-pass parabolic trough
solar collector. Some important conclusions are drawn as follows:

* The diameter ratios of outer to inner glasses of 1.55 and the inner glass to
absorber tube in the range of 1.45 to 1.5 achieve the greatest effective efficiency.

* The efficiency increases with Reynolds number and decreases with tube
length. In other words, optimum Reynolds number and tube length were not
found due to the fact that thermal power prevails over pumping power for a
concentrating solar collector.

* The absorber tube temperature is reduced up to 15 K with optimal diameter
ratios.

* The effect of 1y, on efficiency is more significant than that of rp; due to the

strong heat exchange of the airflow in the annular space between the absorber
tube and the inner glass tube.
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Chapter 3

Magneto-Hydrodynamic Natural
Convection Flow in a Concentric
Annulus with Ramped
Temperature and Ramped Motion
of the Boundaries

Khadijah Lawal and Havruna Jibril

Abstract

An unsteady MHD flow of a temperature dependent heat source/sink in an
annulus due to ramped motion and ramped temperature of the boundaries has been
analyzed. The partial differential equations of the fluid flow are formulated taking
into account the ramped temperature and ramped velocity of the inner cylinder.
The closed form solution are obtained for three cases of the magnetic field being
fixed relative the fluid, cylinder and when the velocity of the magnetic field is less
than the velocity of the moving cylinder. The problem is solved using Laplace
transform technique to obtain the Laplace domain solution and Riemann sum
approximation to obtain the time domain solution. The effect of the governing
parameters on the fluid flow are illustrated graphically. It is found that,

Hartmann number has a retarding effect on the skin friction at the outer surface of
the inner cylinder and mass flow rate. It also decreases fluid velocity for cases

(K = 0.0 and K = 0.5) the reverse effect is noticed for case (K = 1.0). Increase in
Hartmann number lead to an increase in skin friction at the inner surface of the
outer cylinder for case (K = 0.0) but decreases it for cases (K = 0.0 and K = 0.5).

Keywords: ramped temperature, ramped motion, magneto-hydrodynamic, natural
convection, annulus, heat source/sink

1. Introduction and definition of terms

Magneto-hydrodynamics (MHD) is the study of the motion of electrically
conducting fluid. The study of magneto-hydrodynamic plays an important role in
agriculture, engineering and petroleum industries. For instance, it may be used to
deal with problems such as cooling of nuclear reactor by liquid sodium. The impor-
tance of MHD cannot be over emphasized. MHD has applications in many areas like
the earth, sun, industry, fusion etc.

To appreciate the importance of fluid dynamics in life demands little more than
just a glance around us. In general, life as we know would not exist if there are no
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fluids and the behavior they exhibit. The water and air we respectively drink and
breathe are fluids. In addition, our body fluids are mostly water based. As a matter
of fact, our body system is made up of about 75% of fluid which helps in regulating
the activities of the body system ranging from body temperature control to waste
removal. In a more practical setting, like in our transportation systems, recreation,
entertainment (sound from radio speakers) and our sleep (water beds), fluids
greatly influence our comfort. It is clear to see from this that engineers need a clear
knowledge of fluid behavior to handle many systems of their encounter.

Over the past decades, studies have been carried out on magneto-hydrodynamic
natural convection in an annulus under different physical situations and geometry.
This is because of its applications in nature, engineering, industries and technolo-
gies. These applications include but not limited to underground disposal of radio-
active waste materials, storage of foodstuffs, exothermic and/or endothermic
chemical reactions, heat removal from nuclear fuel debris, dissociating fluids in
packed bed reactors, aerodynamics, geothermal energy extraction, purification of
crude oil and spacecraft, MHD generators, MHD flow meters and MHD pump.

* Magneto-hydrodynamics (MHD): Magneto-hydrodynamics is the study of
electrically conducting fluids in the presence of magnetic and electric fields,
example, plasma, liquid metals and salt water.

* Free or Natural Convection: Free or Natural convection is the process when a
temperature difference produces a density difference which results in mass
movement.

* Forced convection: Is a mechanism or form of heat transport in which fluid
motion is generated by an external source (like suction device fan and pump).

* Mixed convection: Is the type of heat transport caused by both natural and
force convections.

* Ramped temperature: s the gradual rate of change in temperature over time
expressed in degree per second.

* Ramped motion: Is a gradual transition in any flow parameter that can be
animated from the start value to the end. The length of the ramp behavior in
the time line defines the speed of the transition by the behavior’s end value.

* Heat sink: [s any environment or medium that absorb heat. It decreases the
heat of the fluid on the cylinder by an external agent. It is an environment
capable of absorbing heat from substance within it and with which it is in
thermal contact, without an appreciable change in its own phase.

* Heat source: Is any device or natural body that supplies heat. Is the increase of
heat of the fluid on the cylinder by an external agent from the place or the
environment which heat is obtained.

* Annulus: Annulus is the area bounded by two concentric cylinders.
The presence of magnetic field on a Couette flow induces a Lorentz force which
either accelerates or decelerates the flow element between the planes which depend

on the electrical properties of the plane. The need to control the motion of the
boundary layer is one motivation for this study. In many technological phenomena,
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such as earth core, aeronautics etc. the motion of a system initially start with an
accelerated velocity and then after some time moves with almost constant velocity.
This prompted us to consider the ramped like motion of a concentric cylinder and
analyze the flow formation.

Chandran et al. [1] studied natural convection near a vertical plate with ramped
wall temperature and they obtained two different solutions, one valid for Prandtl
number different from unity and the other for which the Prandtl number is unity.
They concluded that the solutions for dimensional velocity and temperature vari-
ables depend upon the Prandtl number of the fluid and the expression of the fluid
velocity is not uniformly valid for all values of Prandtl number. In their work, heat
generating/absorption is absent. However, when the temperature differences are
appreciably large, the volumetric heat generation/absorption term may exert strong
influence on the heat transfer and as a consequence on the fluid flow as well. Jha
et al. [2] studied natural convection flow of heat generating or absorbing fluid near a
vertical plate with ramped temperature and consider two cases, plate with continu-
ous ramped temperature and the other with isothermal temperature. They con-
cluded that the isothermal case is always higher than the ramped case. The above
mentioned works are carried out in the absence of magnetic field. Seth and Ansari
[3] considered hydro-magnetic natural convections flow past an impulsively mov-
ing vertical plate embedded in a porous medium with ramped wall temperature in
the presence of thermal diffusion with heat absorption. Nandkeolyar and Das [4]
studied unsteady MHD free convection flow of a heat absorbing dusty fluid past a
flat plate with ramped wall temperature. Seth and Nandkeolyar [5] studied MHD
natural convection flow with radiative heat transfer past an impulsively moving
plate with ramped wall temperature. Again, Seth et al. [6] investigated hydro-
magnetic natural convection flow with heat and mass transfer of a chemically
reacting and heat absorbing fluid past an accelerated moving plate with ramped
temperature and ramped surface concentration through a porous medium.
Recently, Khadijah and Jibril [7] studied Unsteady MHD natural convection flow of
heat generating/absorbing fluid near a vertical plate with ramped temperature and
motion. In the same year, Khadijah and Jibril [8] investigated Time dependent
MHD natural convection flow of a Heat generating/absorbing fluid near a vertical
porous plate with ramped boundary conditions.

Jha and Jibril [9] investigated hydro-magnetic flow due to ramped motion of the
boundary. In their work they studied the effect of magnetic field on velocity and
skin friction, due to ramped motion of the horizontal plate and it was concluded
that the ramped motion are less compared to the constant motion. However, the
effect of ramped temperature profile was not considered. Kumar and Singh [10]
studied the transient magneto hydrodynamic Couette flow with ramped velocity.
The velocity of the magnetic field, applied perpendicular to the plate is taken to be
different from the velocity of the lower plate (the lower plate is moving with
ramped velocity). It was concluded that the effect of the velocity on the magnetic
field is to increase the velocity of the fluid from the upper plate to the lower plate
Jha and Jibril [11] studied the effects of transpiration on the MHD flow near a
porous plate having ramped motion. In their work they compare flow formation
due to ramped motion of porous plate with the flow formation due to constant
motion of the porous plate. Jha and Jibril [12] studied the time dependent MHD
Couette flow due to ramped motion of one of the boundaries. It was found that
velocity and skin friction increases with an increase of Hartman number when the
magnetic field is fixed with respect to the moving plate. While the reverse when it is
fixed with respect to the fluid. Jha and Jibril [13] investigated the unsteady hydro-
magnetic Couette flow due to ramped motion of the porous plate. The aforemen-
tioned works were carried out on a horizontal plate.
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Jha and Apere [14] on the other hand investigated Unsteady MHD Couette flow
in an annulus, by applying Riemann-sum approximation approach to obtain the
Laplace inversion of their solution in time domain. Jha and Apere [15] studied
unsteady MHD two-phase Couette flow of fluid particles suspension in an annulus.
In their work, they employed the D’Alermbert method used by Reccebli and kurt in
conjunction of Riemann sum approximation method for both cases of the magnetic
field being fixed to either the fluid or the moving cylinder to obtain the solution of
the problem. Anand [16] investigated the Effect of radial magnetic field on free
convective flow over ramped velocity moving vertical inner cylinder with ramped
type temperature and concentration. In the same year, Anand [17] studied the effect
of radial magnetic field on natural convection flow in alternate conducting vertical
concentric annuli with ramped temperature. Anand [18] studied the effect of veloc-
ity of applied magnetic field on natural convection over ramped type moving inner
cylinder with ramped type temperature solved numerically by using implicit finite
difference Crank-Nicolson method. They found out that, when velocity is employed
to magnetic field, then effect of magnetic field gets reversed and the effect of
velocity of magnetic field get more pronounced with radii ratio. Also, Hartmann
number and time parameter have increasing effects on the skin-friction profile.
Taiwo [19] investigated the exact solution of MHD natural convection flow in a
concentric annulus with heat absorption. It is found that the magnitude of maximum
fluid velocity is greater in the case of isothermal heating compared with the constant
heat flux case when the gap between the cylinders is less or equal to radius of the
inner cylinder. More also, the various values of the non-dimensional heat absorption
parameter (A) and the corresponding values of annular gap are almost the same
conditions. Other important researchers [20-28] investigated MHD flow under dif-
ferent physical geometry and thermal conditions of the boundaries.

To the best of the authors’ knowledge, no studies have been reported concerning
the combined effect of constant temperature, heat generating/absorbing parameter,
MHD and ramped like motion of the inner cylinder and temperature in a concentric
cylinder. The condition involving ramped like cylindrical motion appears in aero-
dynamics and oil refinement industry. Therefore, it is important to analyze the flow
processes and try to understand the function of related mechanics of ramped
moving vertical cylinder and ramped temperature.

2. Mathematical formulation

This research considers the time dependent natural convection flow of viscous,
incompressible and electrically conducting fluid formed by two cylinders of infinite
length with radius @ and b such that 2 <b under the influence of transverse magnetic
field. The motion as well as the temperature of the inner cylinder is ramped while
the motion together with the temperature of the outer cylinder is fixed. The z - axis
is taken along the axis of the cylinder in the vertical upward direction and »'-axis is in
the radial direction. A magnetic field of strength By is assumed to be uniformly
applied in the direction perpendicular to the direction of flow. In the present
physical situation, a constant isothermal heating of T, is applied at the outer surface
of the inner cylinder such that T, > To. When the time is greater than zero that is
t' > 0, the temperature of the cylinder is increased or decreased to T, + (T;” — To) %,

and it begins to move with a velocity proportional to f(t') when ¢’ <t, and thereafter
t' >t is maintained at constant temperature T, as presented in Figure 1.

The momentum and energy equations governing the present physical situation
are given by;
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Physical configuration.
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This is valid when the magnetic lines of force are fixed relative to the fluid. If the
magnetic field is also having ramped motion with the same velocity as the moving
cylinder, the relative motion must be accounted for. In this case the Eq. (1) above is
replaced by:

ou' ' 10u'] oBo?
i [dr’z + V’&V’] ——— (U = Vof (') +gB(T' — To) (2)

This is valid when the magnetic lines of force are fixed relative to the moving
cylinder. Egs. (1) and (2) can be combined to obtain the momentum and energy
equation respectively.

ou’ v 1ou']  oBy?

a =Y LT + _a_} — =@ —Kf(t') +gB(T" — To) (3)
oT'"  k [0°T' 10T
a’ pcy [ or ror' Plp

The relevant dimensional boundary conditions are;
Y<0 w=0, T =Ty Fora<r<b
, { W =Uf (), T =Ty+ (T, —To)f(t) at ¥ =a
=0 T=T, at ¥ =b
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Where,

0 if the magnetic field is fixed relative to the fluid

K 0.5 if the velocity of the magnetic field is less than the velocity of the
B moving cylinder

1if the magnetic field is fixed relative to the moving cylinder

Anand and Kumar [10].

2.1 Non-dimensionalization

The following non-dimensional parameters are defined as:

'y a* 7 b oBo*a? (T' — Ty) e
=—, g =—, sz, l:—’ M2: s 0 = s P:J
a2 0Ty a a % (T-To) "%
! \% T — To)a? Tw — To)a® Vit
U:u—, I(Z—O, UO :gﬂ( w O)a , GV:gﬂ( w O)ﬂ , A:QO 0
Vo U v v? k
(5)

Where 6 is the dimensionless temperature; Pr is the Prandtl number; M is the
Hartmann number and ¢ is the dimensionless time.

Using the non-dimensional parameters in Eq. (5) above, the governing equations
of momentum (3) and energy (4) can be written in dimensionless form as:

ou_[PU 10U
ot

2t Eﬁ} ~M*(U - K(f(t)) + Gro (6)

0 1 [aze 160}

o Prlor’ RoR] @)

The initial conditions for velocity and temperature field in dimensionless form are:
t<0 U=0, 60=0 For 1<R<1 (8)

While the boundary conditions in dimensionless form is given as:

U=f(), 6=f() at R=1
I e L o
U=0, 6=0 at R=1
Where 1 = g >1
! if 0<t<t
— <t<to
floy =1
1 ift>1
t 1
£ =) (1) = (32 ) ¢ - robic o)
to to
. . . . ) 0,t<0
Where H(t) is the Heaviside unit step function defined by H(t) = { 1150
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2.2 Laplace transform

Introducing the Laplace transform on the dimensionless velocity and temperature

U(R,s) = | U(R,t) exp (—st)dt (10)

O(R,s) = | O(R,t) exp (—st)dt (11)

o8 o—3

(Where s is the Laplace parameter such that s > 0) applying the properties of
Laplace transform on Egs. (6) and (7) subject to initial condition (8) gives

AU 140

= RaR| " (M? +5)U = —Grd — M*Kf (s) (12)
d’0 140 _ HP
LWJFEE] —sPVG—TV: 0 (13)

The boundary conditions (8) becomes

U=f(t), 6=f() atR=1 (14)
U=0

2.3 Solution
The set of Bessel ordinary differential Eqs. (12) and (13) with the boundary

condition (14) are solved for velocity and temperature in the Laplace domain as
follows:

U(R,s) = Cslo (R M +s) + C.Ko (R\/M2 +5)

| Gr(Cilo(RV5sPr) + CKo(RVSPr)) | MPKf(s)  GrH (15)
sPr— (M +5) M +s  (M?+5)s?
O(R,s) = Culo (RV5Pr ) + CaKo (RV5Pr) — é (16)

Where;

c_ s (s)Ko (AVsPr) + A[Ko (AVsPr) — Ko(VsPr)]
' 210 (v5Pr)Ko (AVSPr) — Io (AsPr)Ko (VsPr)]

c S (s)Io (AVsPr) + AT (AVsPr) — Io(V/sPr)]
27 2[Ko (VsPr)Io (WWsPr) — Ko (AV/sPr)Io (v5Pr)]

£ (5)Ko(48) — A1[Ko(48) — Ko(8)] + A4[Ko(48) — Ko(3)] + [A2Ko(46) — A3Ko(9)]

Cs =

J(5)Io(48) — A1[Io(46) — Io(8)] + A4[lo(45) — Io(6)

Cy= (
[Ko(8)I0(48) — Ko(46)Io(5

[10(6)Ko(45) — Io(46)Ko(9)]
f 8)] + [Aalo(48) — A3lo(9)]
)]
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=M MKf(s) — _GrA _ Gr[Culo(VsPr)+CaKo (V5Pr)]
Where: = VM5 Ay =T A = e 42 =)

Gr[Culo(AVsPr) 4+ CoKo (AV/sPr)]
sPr— (M?* +5)

Az =

2.4 Skin friction

The skin - friction is the measure of the frictional force between the fluid and the
surface of the cylinder. (7;) is the skin-friction at the outer surface of the inner cylinder
and (7;) is the skin- friction at the inner surface of the outer cylinder. These are obtained
by taking the first derivative of the velocity U(R, s) given in Eq. (15) with respect to R as
follows:

8], ~ (o () o (5
e (o) e ()
T = d—g‘H = VM +5<C311 (M/MZ +s) — Gk (/1\/M2 +s))

(18)

_% (C111 (/Ix/sP_r) — CKy (,Wsp_,,))

2.5 Nusselt number

The expression for Nusselt number which is the measure of heat transfer rate on

the cylinder is presented in the following form. Nu, = j—g‘R

Nuy = 3—2 - \/sP_r(clll(\/sP_r) - CzKl(\/sP—V)) (19)
Nu, = jl—z - \/sP_V(C111 (/1\/5[3_7) — Gk, (xx/sﬁ)) (20)

2.6 Mass flow rate

Mass flow rate evaluates the rate of fluid flow through the annulus. It is achieved
by taking a definite integral of Eq. (15) with respect to R as shown below:

Q=22 [R (R,s)dR = 2;:\/1\%(/111(,1\/1\42 H) 711<\/M2 +s>>
- \/NCI_HOIQ( WM —H) —K1<\/M2 +:)) - sPV[SPfV—CZMZ o (a1: (/1\/573?) —11(\/:’13?))

’ SPV{:PVGV_CEMZ_’_S)] </1K1(/1\/Sﬁ> —Kl(\/_ﬁ>)

N </122— 1) <1\1/\1;<£ (j)> B </122— 1) ((MZGTS):2>

(21)
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2.7 Riemann sum approximation

Egs. (15) and (16) are to be inverted in order to determine the velocity and
temperature in time domain. Since these equations are difficult to invert in closed
form. We use a numerical procedure used in Jha and Apere [14] which is based on
the Riemann-sum approximation. In this method, any function in the Laplace
domain can be inverted to the time domain as follows.

£t 1_— M o .
WKHE_EWK@+ReZF%E8+%SOJY
n=1

. ,1<R<A (22)

where Re refers to the real part of i = v/—1 the imaginary number. M is the
number of terms used in the Riemann-sum approximation and ¢ is the real part
of the Bromwich contour that is used in inverting Laplace transforms. The
Riemann-sum approximation for the Laplace inversion involves a single summation
for the numerical process, its accuracy depends on the value of ¢ and the truncation
error dictated by M. According to Tzou [29], the value of et that best satisfied the
result is 4.7.

2.8 Validation of results

In order to validate the results obtained from the Riemann sum approximation
methods we use the partial differential equation parabolic and elliptic (PDEPE)
method and compared the result. In General, it is given in the form:

ou\ ou Y ou ou
—_— | — = B B o 2
c(x,t,u, ) x ™ <x f(x,t,u, 0x>> —H(x,t,u, dx) (23)

Initial condition U(x,¢) = Uox Boundary conditions- one at each
boundary (x,t,u) + q(x, t)f(x, t,u, %) = 0. These comparisons are analyzed on
the tables.

2.9 Result and discussion

A MATLAB program is written in order to depict the effect of the flow param-
eters such as the Hartman number (M), Prandlt number (Pr), Grashoff number
(Gr), Heat source/sink parameter (A) and ratio of radii (1) on Velocity (U),
Temperature (T), Nusselt number at the outer surface of the inner cylinder (Nu,),
Nusselt number at the inner surface of the outer cylinder (Nu;), Skin friction (1) at
the outer surface of the inner cylinder (z;), Skin friction at the inner surface of the
outer cylinder (z;) and mass flow rate (Q).

Figure 2 illustrated the temperature profile for different values of time. It is seen
from this graph that the temperature increases with increase in time. Increase in
radii ratio lead to an increase in temperature as show in Figure 3. As the heat
generating or absorbing parameter increase, a decrease in temperature is noticed as
depicted in Figure 4.

Figure 5 illustrated the effect of time on fluid velocity for cases (K = 0.0 if the
magnetic field is fixed relative to the fluid), (K = 0.5 if the velocity of the
magnetic field is less than the velocity of the moving cylinder) and (K = 1.0 if the
magnetic field is fixed relative to the moving cylinder) and for Prandtl number
(Pr = 0.71 Air and Pr = 7.0 Water). These graphs show that the fluid velocity
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Figure 2.
Temperature distribution for different values of time (t)(A = 2.0,A = —2.0).
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Figure 3.
Temperature distribution for different values of radii ratio (1) (t = 0.4,A = —2.0).

increase as time increases for all cases. It is interesting to note that, Pr = 0.71
converges faster than Pr = 7.0. Also, the value of velocity becomes higher as the
value of K increases. Figure 6 depicted the influence of Hartmann number on the
fluid velocity for cases (K = 0.0, K = 0.5and K = 1.0) and Pr = 7.0 . the fluid
velocity decreases for cases K = 0.0 and K = 0.5 This is physically true because
application of magnetic field to an electrically conducting fluid give rise to resistiv-
ity force which is known as Lorentz force, this force has the tendency to decelerate
fluid flow in the boundary layer region. Hartman number increase the fluid velocity
for case K = 1.0. This implies that the magnetic field is supporting the fluid motion.
Although a flow reversal is noticed for = 7.0 atR > 1.4 . Figure 7 show the outcome
of radii ratio on fluid velocity for cases (K = 0.0, K = 0.5and K = 1.0) respectively
and for Pr = 7.0. It is evident from the graph that, increase in radii ratio result to
an increase in fluid velocity for all cases of K considered. The value of velocity
becomes higher as the value of K increases. Heat generating/absorbing parameter
(A) has a decreasing influence on the fluid velocity for all cases considered
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Figure 4.
Temperature profile for different values of heat source/sink (A) (t = 0.4,A = 2.0).

0.25 T
K=0.0, Pr=0.71
——K=0.5, Pr=0.71
002044 ——K=1.0. Pr=0.71]
— — K=0.0, Pr=7.0
.5, Pr=7.0
0.15
S}
2
£ o1f
o
)
>
0.05
of
0.05 | | L | | | | L |
1 1.1 1.2 1.3 1.4 1.5 1.6 1.7 1.8 1.9 2

Figure 5.
Velocity distribution for different values of time (t and K)(Pr = 7.0,A = 2.0,M = 2.0 Gr = 5.0,A = —2.0).

(K =0.0,K = 0.5and K =1.0) as illustrated in Figure 8. Figure 9 presents the
effect of Grashof number on fluid velocity for cases (K = 0.0,K = 0.5and K = 1.0)
and for Pr = 7.0. It is evident from the graph that increase in thermal buoyancy
force lead to an increase in the fluid velocity for all cases of K.

Figure 10 presents the effect of Hartmann number on skin friction at the outer
surface of the inner cylinder(z;) for cases (K = 0.0,K = 0.54nd K = 1.0) and
for( Pr =7.0). It is evident from the graph that, the Hartmann number decrease the
skin friction (z1) for all cases of K. Figure 11 describe the impact of radii ratio on the
skin friction (z;) for cases (K = 0.0,K = 0.5and K = 1.0) and for( Pr = 7.0). The
graph show that, increase in radii ratio result to an increase in skin friction (z7).
Figure 12 depicts the influence of heat generating/absorbing parameter (A) for for
cases (K = 0.0,K = 0.5and K = 1.0) and for (Pr = 7.0). It is noticed from these
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Figure 6.
Velocity distribution for different values of Hartmann number (M and K) (Pr = 7.0,A = 2.0,t =0.4
Gr =5.0,A = —2.0).
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Figure 7.
Velocity distribution for different values of radii ratio (1 and K) (Pr = 7.0,A = —2.0,t = 0.4 Gr = 5.0,M = 2.0).

graphs that, Heat absorption has a retarding effect on the skin friction (z;) for all
cases of K. It is essential to note that, a reverse flow occur on Pr = 7.0 at t = 0.8 for
all cases of K considered. Figure 13 illustrate the effect of Grashof number on skin
friction (z1) for cases (K = 0.0, K = 0.5and K = 1.0) and for (Pr = 7.0). The
thermal buoyance force is seen to increase the skin friction (z1) from the graph.
Figure 14 depict the effect of Hartmann number on skin friction at the inner
surface of the outer cylinder (7;) for cases (K = 0.0,K = 0.5and K = 1.0) and for
(Pr =17.0). It is seen from the graph that, Hartmann number increase the skin
friction(z;) for case K = 0.0 while the opposite effect is noticed for both case
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Velocity distribution for different values of heat source/sink (A and K) (Pr = 7.0,A = 2.0,t = 0.4
Gr =5.0,M = 2.0).
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Velocity distribution for different values of Grashof number (Gr and K) (Pr = 7.0,A = 2.0,t = 0.4,
A= -2.0,M=2.0).

K = 0.5and K = 1.0. Figure 15 show the impact of radii ratio on the skin friction
(1) for cases (K = 0.0,K = 0.5and K = 1.0) and for (Pr = 7.0). The graph show
that, increase in radii ratio lead to a decrease in skin friction (z,). Figure 16 present
the influence of heat generating/absorbing parameter (A) for cases

(K =0.0,K =0.5and K =1.0) and for (Pr = 7.0). It is evident from the graph
that, there is an enhancement in skin friction(z;) as the heat generating/absorbing
parameter increase for all cases of K. Figure 17 demonstrate the effect of Grashof
number on skin friction (z;) for cases (K = 0.0,K = 0.5and K = 1.0) and for

(Pr =7.0). The thermal buoyance force is seen to decrease the skin friction (z;)
from the graph.

Figure 18 illustrate the effect of Hartmann number on mass flow rate (Q) for
cases (K = 0.0,K = 0.5and K = 1.0) and for (Pr = 7.0). The Hartman number
decreases the volume flow rate. Figure 19 show the impact of radii ratio on mass
flow rate (Q) for cases (K = 0.0,K = 0.5 and K = 1.0) and for (Pr = 7.0). It is seen
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Figure 10.
Variation of skin friction (t,) for different values of Hartmann number (M and K)(Pr = 7.0,A = —2.0,
A1=2.0Gr =5.0).
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Figure 11.
Variation of skin friction (t,) for different values of vadii ratio (A and K) (Pr = 7.0,A = —2.0,M = 2.0
Gr = 5.0).

from the graph that, the radii ratio increase the mass flow rate for all cases of K.
Figure 20 present the influence of heat generating/absorbing parameter on mass
flow rate (Q) for cases (K = 0.0, K = 0.5and K = 1.0) and for (Pr = 7.0). It is
noticed from the graph that, the heat generating/absorbing parameter decrease the
mass flow rate for all cases of K. Figure 21 depict the effect of Grashof number on
mass flow rate (Q) for cases (K = 0.0,K = 0.5and K = 1.0) and for (Pr =7.0). Itis
evident from the graph that, the thermal buoyancy force increase the mass flow rate
for all cases of K.
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Variation of skin friction (z,) for different values of heat source/sink (A and K) (Pr = 7.0,4 = 2.0,M = 2.0
Gr = 5.0).

K=0.0

Skin-Friction (Tw)

Gr=(00,100,200) o Trteeel

_3 1 Il Il 1 1 Il Il
0.2 0.3 0.4 0.5 0.6 0.7 0.8 0.9 1

Figure 13.
Variation of skin friction (z,) for different values of Grashof number (Gr and K) (Pr = 7.0,A = 2.0,M = 2.0
Gr =5.0,A = —2.0).

3. Conclusion

The study of MHD natural convection flow of constant heat source/sink in an
annulus due to ramped motion and ramped temperature of the boundaries have
been carried out. The Laplace transform techniques have been used and the time
domain solution was obtained using the Riemann sum approximation. The effect
of the governing parameters such as the Hartmann number (M), radii ratio (1),
time (), Grashof number (Gr) Heat generating/absorbing parameter (A) and

55



Heat Exchangers

Skin-Friction (T)\)

Figure 14.

15
2
25
M=(1.0, 2.0, 3.0)
,3 = -
,35 = .
4 1 I 1 I L 1 1
0.2 0.3 0.4 05 06 07 0.8 0.9 1

Variation of skin friction (z,) for different values of Hartmann number (M and K)(Pr = 7.0,4 = 2.0,

A=-20Gr=s5.0).

Figure 15.

Skin-friction (7/\)
i .
[€2]

A=(2.2, 2.6, 3.0)

K=0.0
——K=0.5]| ]
—K=1.0

0.3

0.4 0.5

0.6 07 0.8 0.9 1

Variation of skin friction (t,) for different values of radii ratio (A and K) (Pr = 7.0,M = 2.0,A = —2.0

Gr = 5.0).

Prandtl number water (Pr = 7.0) on the dimensionless fluid velocity (U), temper-
ature (0), mass flow rate (Q) and skin — friction (71 and 7;) at both surfaces of the
cylinder considering three cases of the velocity of the magnetic field (K = 0.0 when
the magnetic field is fixed relative to the fluid, K = 0.5 when the velocity of the
magnetic field is less than the velocity of the moving cylinder and K = 1.0 when the
magnetic field is fixed relative to the moving cylinder) have been analyzed with the
help of line graphs.
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Variation of skin friction (z,) for different values of heat source/sink (A and K)(Pr = 7.0,M = 2.0,A= 2.0
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Variation of skin friction (z,) for different values of Grashof number (Gr and K)(K = 0.0,M = 2.0,4 = 2.0

A= —-2.0).

The noteworthy conclusions are summarized as follows:

e Hartmann number has a retarding effect on the skin friction (z1) and mass flow
rate. It also decreases fluid velocity for cases (K = 0.0 and K = 0.5) the reverse
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A = —2.0,Gr =5.0).

effect is noticed for case (K = 1.0). increase in Hartmann number lead to an
increase in skin friction (z;) for case (K = 0.0) but decreases it for cases

(K =0.0and K = 0.5)
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Figure 20.
Variation of mass flow rate (Q) for different values of heat source/sink (A and K)(K = 0.0,M = 2.0
A=12.0,Gr=5.0).
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Figure 21.
Variation of mass flow rate (Q) for different values of Grashof number (Gr and K)(K = 0.0,M = 2.0,
A=12.0,A=—-2.0).

* Thermal buoyancy force and radii ratio increase mass flow rate when = 7.0. As
the radii ratio and Grashof number increase, there is an increase in fluid
velocity and skin friction (z;) for all cases of K and for Pr = 7.0. The reverse
effect occurs for skin friction (z,). Radii ratio also increases the fluid
temperature

* Heat generating/absorbing parameter has a retarding effect on fluid velocity,

temperature and skin friction (z;) while it enhances the skin friction (z;) for all
cases of K and for Pr = 7.0. It decreases mass flow rate when Pr = 7.0.
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Nomenclature

4 Dimensional time (s)

u Velocity (m/s)

7 Dimensional radial coordinate

U Dimensionless velocity (m/s)

By Constant magnetic flux density

Ty Reference temperature (K)

I, Modified Bessel’s function of first kind of order n
K, Modified Bessel’s function of second kind of order n
Tw Constant temperature (K)

M Hartmann number

Pr Prandt]l number

Nu Nusselt number

Gr Grashof number

Q Dimensionless volume flow rate (kgs m~2)
a Radius of the inner cylinder

b Radius of the outer cylinder

t Dimensionless time (s)

R Dimensionless radial coordinate

g Gravitational acceleration (m/s?)

cp Specific heat at constant pressure (J/kg/K)

Greek letters

Fluid kinematic viscosity (m?/s)
(Skin-friction)

Density (kg/m?)

Coefficient of thermal expansion (K')
Ratio of radii (2)

Electrical conductivity of the fluid (W /m.K)
Thermal diffusivity (m?/s)

Magnetic diffusivity (m?/s)

T R QA ™1 v <
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Chapter 4

Heat Exchangers for Electronic
Equipment Cooling

Abdelhanine Benallou

Abstract

Recent developments in the electronic equipment market have been very
demanding on two important design parameters: the size of the equipment and the
efficiency of the cooling system. Indeed, the race for more applications handling in
reduced sizes in the case of smartphones requires the use of important amounts of
energy in tiny volumes. Similar constraints are encountered in the design of the new
generation of vehicles (electric cars, hybrid vehicles, high-speed trains, airplanes),
which impose the use of highly integrated electronic structures, resulting in signif-
icant power densifications (up to several hundred Watts/cm?). In some CPU
boards, the power generated per unit chip area is in the order of 500 kW/m?.
Cooling of such boards requires low volume and lightweight heat exchangers to
transfer tremendous amounts of heat. The same situation is encountered for most
newly developed demotics’ equipment. This chapter reviews available state-of-the-
art technologies for electronic equipment cooling, including passive and active tech-
niques, as well as one and two-phase heat exchange. Directions for the design of the
different heat exchangers will also be given.

Keywords: passive cooling, active cooling, spray cooling, refrigerated cooling, heat
pipes, cold plates, vapor chambers, microchannel heat sinks, thermal resistance,
carrying capacity, thermal program, effective thermal conductivity

1. Introduction

Operation of active electronic components (transistors, integrated circuits,
microprocessors, CPUs, GPUs, etc.) generates significant amounts of heat, around
500 kW/m?, quite comparable to the flux densities encountered at the nose of a
space shuttle entering the atmosphere.

If this heat is not extracted, it leads to important increases in the temperature of
these components. Such increases ineluctably induce degradation of the bonding
wires, delamination of solders, and/or the appearance of leakage currents. More-
over, temperature gradients between electronic chips and their soles generate
cyclical thermomechanical stresses throughout the lifetime of the chips, which
results in thermal fatigue, leading ultimately to component failure.

Thus, one of the problems with the operation of active electronic components is
energy dissipation; How can an electronic system get rid of the heat its operation
generates? Usually, for each electronic component, manufacturers specify a maxi-
mum operating temperature (the maximum junction operating temperature, T,,).
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If they are not properly cooled when operating, electronic components will cer-
tainly reach T,, and probably go over it. They then can completely lose their
properties, which could lead to an alteration of the operation of the circuit boards or
the systems they compose. This alteration can manifest through a complete break-
down of the systems or through a shortening of the mean time between failures
(MTBF), leading to a premature aging.

Consequently, design techniques of electronic systems always consider a built-in
cooling system, often called a heatsink to allow the component to get rid of the
generated energy by dissipating it toward its surroundings. Heat sinks are actually
special heat exchangers; they ensure the evacuation of the heat generated by the
operation of electronic components.

This chapter reviews state-of-the-art technologies available for electronic equip-
ment cooling. These technologies include passive and active, as well as one and two-
phase heat exchange. Directions for the design of the different heat exchangers are
also be given.

2. Passive heatsink technologies

Passive heat sinks are heat exchangers in the form of finned radiators, generally
made of aluminum. They are called passive because they do not have any moving
mechanical component (fan) designed to force airflow. Air moves through them
only due to density difference: Hot air goes upward as it is replaced by cooler air. It
is for this reason that passive sinks transfer heat to air essentially by natural con-
vection. This type of heat sinks is, by far, preferred for cooling electronic systems
[2]; they are cost-effective, simple to find and assemble, and they generate no
power consumption or noise.

The most widely used passive heat exchangers are finned natural convection heat
sinks.

2.1 Finned heat exchangers

In their simplest version, these heat sinks are constituted of finned surfaces.
Figure 1 shows examples of finned heat exchangers used as heat sinks on electronic
components. They are usually constituted of materials having a high thermal con-
ductivity, such as aluminum or copper. But other new materials, like ceramics, can
also be found.

The sink is usually mounted on the electronic component, which generates heat,
thus increasing its heat transfer area’ with ambient air. Figure 2 shows a transistor
mounted on a finned heatsink.

Figure 1.
Examples of finned heat sinks. Sources [3, 4].

1 For a better understanding of natural convection see Ref. [1].
2 The heat transfer area is the surface thru which energy is transferred from the electronic component to

the environment.
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Figure 2.
A heatsink fixed on a transistor. Source [5].

It can be seen from this figure that this type of mounting permits to increase the heat
transfer area; the heat generated by the transistor is transferred to ambient, not only
through the external surface of the transistor but also through the surfaces of all the fins.

In such situations, the heat transfer process depends on several parameters such
as the temperature difference between air and the electronic component, the total
area of the fins and their position (vertical/horizontal), the fins spacing, etc.

2.2 Design fundamentals
2.2.1 Thermal vesistance

Despite this complexity of the heat transfer process, design techniques usually
use a simple model to represent the flow of energy through a heatsink. This simple
model is based on a similarity between the way that heat moves from one medium
to another and the way that electric current flows from one potential to another. We
know that if a point at a potential V, (Figure 3a) is separated by an electrical
resistance R from a second point (at V7), and then an electric current i flows
between these two points, such that:

. Vo—=V4
j=—

- M

Similarly, it can be shown that the power, Q, of heat dissipation between a point
at temperature T, and a point at temperature T, (Figure 3b) is given by:

T.—-T,
— e 2)
Q Rth
Where Ry, is called the thermal resistance between these points [6].
Ry, is expressed differently for conduction and convection as follows:
¢ For a conduction heat transfer:
L
d
Ry = L 3)
VO R ,- V1 Tc Rth Q Ta
*—AMA—© —~AMA—©

(@ (b)

Figure 3.
Thermal vesistance model for heat flow. (a) Electric current i flows between V, and V,. (b) Heat flux Q flows
between T, and T,
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Where L is the material thickness, & is the thermal conductivity, and A is the
heat transfer area.

e For a convection heat transfer:

1
conv __
h = A (4)
Where / is the convective heat transfer coefficient and A is the heat transfer
area.

2.2.2 Electronic component without a heatsink

Consider an electronic component with junction temperature T}, in an ambient
environment (air for example) at T,,.

As shown in Figure 4, the heat generated by the component is transferred by
conduction from the junction to the external surface of the case. Then, heat is
conveyed by convection and radiation to the ambient environment.

For normal operating temperatures, conduction and convection are the
prevailing modes. The total heat transfer resistance is therefore given by the fol-
lowing:

Rja = Rjc +Rca (5)

Where:

Rj4 is the junction to ambient resistance.

Rjc is the conduction resistance.

Rc4 is a convection resistance.

Note that Rj¢ is generally quite low, but R, is usually high enough to limit heat
transfer from the component to environment.

2.2.3 Electronic component with a heatsink

Figure 5 shows the electronic component of Figure 4 to which a finned heatsink
was added in order to take advantage of its large contact area with ambient, thus
permitting a better spread of the heat generated by the component.

In this case, as well, heat is transferred from the component to the ambient
essentially by conduction and convection. Energy transfers are therefore
represented by a series of thermal resistances:

Ta
Convection to T
R a
ambient
R Case to ambient resistance
Case @ B
[
R > oo RRREEEEEEE >
A
1 ‘\
i Seo R_]C Junction to case resistance
1 e
Junction ’[
T;
Figure 4.

Heat vesistance of a sink.
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1 eeeeaa > i ----- ek R,
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interface i ; el
. ! ey
! T
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Figure 5.

Total resistance of a heatsink.

Rjc, the junction to case thermal resistance; a conductive resistance which depends
on the thickness, ¢;c (between the junction and the thermal interface), on the area
Sjc, and on the thermal conductivity kjc. Rjc is given by the following:

€jc

Ric = 6
e = o (®)

Rcs, the case to heatsink thermal resistance; a conductive resistance that takes
into consideration the thickness and conductivity of the case and interface material.
Rcs is given by the following:

€cs

Res = 25
S kesScs

@)

R4, convection vesistance between the fins and air. Rgy4 is a convective resistance
given by the following:

1

Rsp = 7Sy (8)

Where S is the fins surface area in contact with ambiance and % is the convec-
tion heat transfer coefficient between the fins and the ambient environment (see
Appendix 1).

The sum Rj¢ + Rcs + Rsa represents the heat exchanger thermal vesistance
between the junction and ambient. The thermal resistance of the heat exchanger is then
given by the following:

ejc ecs _|_i
kicSic  kcsScs  hSr

Ry, = Rjc + Rcs +Rsa = C))

Thus, the heat exchanger thermal vesistance is a parameter, which depends on the
materials constituting the heatsink, the casing, and the thermal interface material. It
also depends on the surface area in contact with air, the configuration of the fins,
their number, the position of the heatsink (horizontal/vertical), air temperature,
etc. Its determination is somewhat complicated [6] and often necessitates the
running of experiments.

Hopefully, when integrated systems are offered, values of the thermal resistance,
R, are given by manufacturers’ data. In the case where the heat exchanger is
mounted from separate pieces, the heat exchanger thermal resistance can be com-
puted from Eq. (9). Electronic component suppliers’ data sheets give the parameters
necessary for the computation of R¢g. Similarly, characteristics of gaskets
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N° Source Heatsink Thermal resistance R (°C/W)
1 [7] Ry, = 2.4°C/W
2 [8] Ry, = 17°C/W
3 [9] Ry, = 28°C/W
4 [10] Ry, = 55°C/W
5 [11] Ry,: 7-80°C/W
6 [12] Ry 2-56°C/W
7 [13] Ry, = 11°C/W
8 [14] Ry, = 4.75°C/W
9 [15] Ry, = 63°C/W
10 [16] Ry, = 14°C/W
Table 1.

Values of Ry, for different heat sinks.

(eventually), gap fillers, and other interface materials will permit the calculation
of Rcs. Finally, Rg4 can either be taken from heatsink data sheets (Table 1 shows
values of Rsy for different heatsink makes), or calculated from Eq. (8) and
Appendix 1.
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T.(°0)

Figure 6.
Dissipation power as a function of ambient air temperature.

Remarks:

i. Sometimes, some manufacturers give two values of the thermal resistance
of the heatsink. This can be the case in two situations:

o If the heatsink is such that it can be mounted vertically or horizontally,
the lower value of thermal resistance corresponds to the vertical
mounting of the fins, which does not get in the way of air movement
from the low to the high parts of the fins. Heat transfer is therefore
more efficient. In contrast by opposing air movement, horizontal
assembly of the fins leads to a 20% of efficiency.

o If the gasket and the filling material resistances are not included, the
second value corresponds to the resistance of these mounting
accessories. In this case, one should add the two values to obtain the
thermal resistance, Rcs + Rsa.

ii. In this chapter, Ry, refers to the total resistance of the heat exchanger, as
shown in Eq. (9).

iii. It should be noticed that the smaller the heat exchanger thermal vesistance is,
the higher is the dissipation power Q, and the better is the heat exchanger
and the cooling of the electronic equipment. Figure 6 shows the evolution
of the dissipation power as a function of the surroundings temperature for a
component with T,, = 130°C, using different heat exchangers: Ry, = 1°C/W
to Ry, = 10°C/W

3. Passive heat exchanger design

The simplest design technique uses the thermal resistance model of the heat
exchanger. It supposes that the coolant (air for example) temperature, T, is
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constant in contact with the heatsink. Using this model, the power of heat dissi-
pated by a heatsink is written as follows:
T, —T,

Q= TRy (10)

Where:

Q is the heat flux from the component to ambient air (Watts),
Ty and T, are, respectively, junction and air temperatures (°C),
and Ry, is the thermal resistance of the heat exchanger (°C/W).
Three design problems can generally be encountered:

* A sizing problem: Given an electronic component or system with a maximum
power generation P, how can one choose, among commercially available
products, the heatsink that would ensure dissipation of the heat generated
during operation?

* A verification problem: You have an electronic component/system with a
heatsink mounted on. Is this heatsink correctly sized; that is, will it fit your
electronic component or system?

* Positioning circuit boards on a vack for optimal heat exchange: How can a number
of circuit boards are placed in a rack so that cooling is optimal?

3.1 Heat exchanger sizing

In this case, it is desired to find a commercially available heatsink, capable of
dispersing the heat generated by the operation, in surroundings of temperature T,,
of an electronic component with a maximum power generation Q. and a
maximum junction operating temperature, T,,.

The sizing procedure is carried out in two steps.

STEP 1: From component, thermal interface, and heatsink datasheets select
those which satisfy the space constraint. Get the values of Q,x, Tops Rjc, Res, and
R SA-

STEP 2: Write Eq. (10) for Q,,,, and determine the thermal resistance of the
heatsink which will insure operating temperature not exceed T,,.

Written for Q4 and T,, Eq. (10) gives the following:

Top — T4
max = 5 (11)
Qina R,
Rearranging, we obtain:
Top —Ta
Ry = oo a4 (12)
T Qe

Lllustration 1

An electronic chip is required to operate at a surrounding tempevature of 45°C. This
chip is mounted with a casing having a thermal vesistance Rjc, and with thermal
interface materials having a global vesistance Rcs. The data sheet of the chip shows that it
can generate up to Q,,,, at T,

Supposing there are no space or geometric constraints, what are the heat sinks that can
be used among those of Table 1.
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Data:

Rjc = 0.3°C/W R¢s = 0.4°C/W.

Quax =10 W T,,, = 85°C.

Solution

Using Eq. (12), the thermal resistance at maximum power is: Ry, = 851;045 =4°C/W
The adequate heatsink resistance is obtained using Eq. (9) as follows:

Rsa = Ry, — (Rjc + Res)
R]C + Rcs = 0.7 Chy = Rsy =3.3 °CAv

This means that only heat sinks with thermal vesistances lower or equal to 3.3°C/W
will be able to give heat exchangers with Ry, <4°C/W, thus ensuring safe operation of
this chip.

This is the case for references 1 and 6 only.

3.2 Heat exchanger verification

In this case, it is desired to verify if a given heatsink will permit the safe
operation of an electronic component at a known surroundings temperature.

The verification procedure is carried out in four steps.

STEP 1: From data sheets (component, thermal interface, and heatsink) get the
values of Qx> Tops Rjc» Res, and Rga.

STEP 2: Calculate Ry, from Eq. (12): R;.

STEP 3: Calculate Rg, from Eq. (13) as follows:

Ry =Rj, — (Ric + Res) (13)

STEP 4: If Rsa <R{, then the heatsink will do the job.

Llustration 2

You bought an electronic component with a heatsink mounted on, thus constituting a
heat exchanger veady to use. The heatsink is the one shown under N° 10 in Table 1.

The data sheet of the electronic component gives the following information:
Qax = 10 W and T,, = 115°C.

Will this system operate safely at a surrounding temperature of 27°C?

Solution

STEP 1: Qyax = 10 W, T,, = 115°C and

N° 10 in Table 1 gives: Ry, = 14°C/W.

STEP 2: Eq. (11) gives: R;, = 1552 = 8,8°C..

STEP 3: Ry, > R, the mounted heatsink will not do the job.

3.3 PCBs optimal assembly

A typical passive heat exchange problem is encountered when one needs to
assemble a set of circuit boards on a rack.

Figure 7 shows a number of boards of the same size, H, placed on a rack
of length L and width w. The spacing between the different circuit boards
is assumed to be constant, §, whereas each board releases a constant flux density, ¢
(W/m?). The cooling of the circuit boards is ensured by natural convection.

In such a configuration, the temperature of the boards is not uniform, rather it
increases with height, reaching its maximum value at H. The spacing 6 needs to be
such that heat evacuation is optimum.
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Circuit boards
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Figure 7.
Assembling a set of civcuit boards on a rack.

3.3.1 Optimum spacing of PCBs

A frequent question is; how should the boards be placed on the rack for optimum
heat evacuation? In other words, what is the optimum spacing, & ?
The optimal spacing is given by [17]:

w
6" =2,12—— 14
Raf;’z (14
Ra, being the Rayleigh number for, ¢, given by:
4C 2
Ra, — 2,12 1P 8P4 (15)
q ‘ukz

Where

* Cp, p, f, p and k are respectively the specific heat, the density, the expansion
factor, the viscosity, and the thermal conductivity of air>.

* g gravity constant; g = 9.81 ms™*

3.3.2 Optimal number of boards

The optimum number of boards of thickness ¢, to be assembled on a rack of
length L, is then given by:

_ L
8 e

*

n (16)

Other issues of importance in rack design such as the determination of heat
transfer coefficients between electronic boards and air, and the calculation of the
heat flux evacuated by natural convection are discussed in Ref. [1].

3 See Data Bank in Ref. [18].
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4. Active heatsink technologies

During the last decade, unprecedented technological developments imposed
tremendous flows of information (data or multimedia), implying an ever-growing
need for fast data transfers (Bluetooth, Wi-Fi) and for larger computing and storage
capacities. In addition, the advent of 5G and the Internet of Things means that the
number of connected devices is constantly increasing [19]. Moreover, onboard
electronics and mobile telephony created new ergonomics and space (volume) con-
straints. From a systems engineering perspective, this implies that larger power
circuits have to be integrated in smaller volumes.

Under such conditions, the amounts of energy generated by electronic circuits
are so great that no passive heatsink of a reasonable size will be able to do the cooling job.
This is because passive sinks dissipate heat mainly through natural convection, but
natural convection is no longer sufficient to extract the heat generated by the
operation of these power components. Thus, the use of active cooling systems, with
or without refrigeration or phase change is necessary [20, 21] for the safe operation
of power electronics.

Active cooling systems are heat exchangers where the flow of the heat transfer
medium (air or liquid) is forced by a fan or a pump. Several technologies exist. They
can be sorted into two categories:

i. single-phase heat sinks, and

ii. two-phase heat sinks.

4.1 Single phase

Single-phase heat sinks are heat exchangers in which the cooling fluid (liquid or
gas) does not undergo any phase change, meaning that if the cooling fluid is a liquid,
then it remains liquid throughout the cooling process.

Single-phase heat exchangers used for electronic systems cooling include the
following:

* Forced convection heat sinks
* Cold plate heat sinks

¢ Microchannel coolers

* Refrigerated coolers

By far, forced convection heat sinks are the simplest.

4.1.1 Forced convection heat sinks

Forced convection heat sinks are typically heat exchangers formed of finned
surfaces similar to those presented in Table 1, where cooling air is forced through
the fins using fans.

Figure 8 shows such a heat exchanger fixed on a CPU board. The fan is mounted
on top of the heatsink to draw air through the fin surfaces.

Depending on the type of fins configuration, the fan can also be mounted in the
middle of the finned heatsink as shown in Figure 9.

75



Heat Exchangers

Fan

Finned
heatsink

Figure 8.
A fan on a heatsink mounted on a CPU board. Source [22].

Figure 9.
Fan in the middle of a finned heatsink. Source [23].

Figure 10.
Miniaturized forced convection heatsink module. Source [24].

Very often, the assembly fins-fan is miniaturized in a cooling module similar to
the one presented in Figure 10.

Forced convection heat exchangers become necessary when Q,,,, exceeds
70 W/cm? [25]: Using a fan to force air through the finned heatsink increases
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significantly heat transfer to air; convective heat transfer coefficients can reach values
as high as 3000 Wm™>°C ™" [26]. For comparison, this coefficient is between 25 and
500 Wm ™ 2°C ™ for natural convection heat sinks [1].

We should underline, however, that including a fan in an electronic system will
require an additional power supply. This will certainly impact the final size of the
system.

4.1.2 Forced convection heatsink design

An important parameter in the design of a forced convection heatsink is the flow
rate of the cooling fluid (e.g., air) going through the fins of the sink [2]. As a matter
of fact, the flow rate generated by the fan actually impacts the heat transfer coeffi-
cient: A higher flow rate will mean a greater cooling fluid velocity, leading to a
better convection heat transfer [1]. The flow rate also impacts the pressure drop
across the heatsink given that for a given fin configuration, higher flow rates
generate higher pressure drops®.

Consequently, the proposed design procedure will search for a balance between a
reduced thermal vesistance and an acceptable pressure drop. It can be organized in the
following seven-step procedure.

STEP 1: Collect heatsink pressure drop data.

Flow over a fanned heatsink generates a pressure drop that depends on
several parameters including the number of fins, the distance between two fins, the
value of the flow rate, etc. [26]. Suppliers of heat sinks will generally be able to
provide, for the different models they propose, plots of the pressure drop versus
the cooling fluid (air) flow rate. These plots are referred to as heatsink working
diagrams where the flow rate is generally expressed in cubic feet per minute
(CFM: ft’/mn).

Figure 11 shows an example of such plots.
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g— 80 [ | seeeeeees Rth=60°C/W
-E .
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-
- -
20 =
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Flow rate (CFM)

Figure 11.
Heatsink working diagram.

* For laminar flow, the pressure drop is proportional to the square of the flow velocity [26].
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STEP 2: Get the fan curves.

Similarly, fan suppliers provide plots that give, for each model proposed, the
flow rate achievable by the fan under a given pressure drop. These plots are often
referred to as performance curves of the fans.

Figure 12 presents examples of performance curves for four fans.

STEP 3: Select heatsink candidates based on their working diagrams.

The selection criterion here is the individual thermal resistance, R},.

STEP 4: Define the allowable coolant temperature rise.

The coolant temperature rise is defined as follows:

AT =T, —T; (17)

where T; and T, are, respectively, the inlet and outlet temperatures of the
coolant.

T; being known (generally, the coolant enters the heatsink around ambient
temperature: T;~T,), the definition of AT permits to calculateT,:

T,=T; + AT (18)

STEP 5: Determine coolant flow rate for each heatsink candidate.

For each heatsink s under evaluation, the thermal resistance, R}, is known. This
makes it possible to calculate the coolant flow rate by combining Eq. (9) and a heat
balance on the cooling fluid:

Equation (9) gives:

Q=T T (19)

th

The heat balance for the cooling fluid gives the following:
Q, = ,C,(T, — T;) = FypC,AT (20)
Where:

* m, is the mass flow rate of the coolant fluid (air) over the heatsink s, kg/sec,

* C, is its sensible heat (J/kg°C),

500
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Figure 12.
Performance curves of fans.
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* pis its density (kg/m3), and
e F, is the coolant volume flow rate (m?/s).
Substituting for Q, in Eq. (19) and extracting the coolant volume flow rate, F:

Tc B Ta
"7 )G, ATR, @

STEP 6: Determine the pressure drop for each of the heatsink candidates.

Injecting the values of flow rates into the working diagram gives the pressure
drop which will be generated by each of the heatsink candidates. Figure 13 shows
this procedure for the first two heat sinks considered in Figure 10 (Ry, = 1.5°C/W
and Ry, = 15°C/W), which permits the determination of pressure drops AP; and AP,
generated by when F; and F, flow over sink 1.

STEP 7: Determine compatible fans using the performance curves.

For each heatsink candidate, s, inject the pressure drop, AP;, determined in the

previous step in the performance curves. This will generate the series of flows, Ffun",
which will be delivered by fan i, operating against the pressure drop AP;.

Figure 14 shows that, for fan 1, all performance curves cross the line AP;. This
means that any of the fans under evaluation can be used. The choice will then be
made on price and volume criteria.

4.1.3 Cold plate heat exchangers

Cold plate heat sinks could be considered as a particular class of plate heat
exchangers [27]. They are used when thermal powers released by electronic systems
(smartphones, electric cars, onboard avionics systems, TGV, etc.) become so
important that forced convection heat sinks are no longer sufficient [28-30]. They
are constituted of plates that are fitted with pipes (see Figure 15) through which
cooling fluid passes. They are attached to the surfaces of the electronic component
or to the board to be cooled. The coolant is conveyed by means of a pump. The
coolant itself is, in turn, cooled using a compact exchanger [27].
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Figure 13.
Determination of pressure drops for heat sinks 1 and 2.
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Figure 14.
Determination of deliverable flows under AP,.

ELIS]

Figure 15.
A cold plate heatsink and its thermal scan. Sources [28, 29].

4.1.4 Microchannel heat exchangers

Microchannel heat sinks can be considered as a particular subclass of printed
circuit heat exchangers [27]. These are indeed very small exchangers with overall
dimensions not exceeding a few millimeters.

In contrast to their very small dimensions, they allow heat transfers in the order
of 800 W/cm? [30-33]. The cooling fluid (generally air) circulates in
microchannels, of microscopic equivalent diameters (approximately 10-60 pm),
formed by etching on metal plates or in composite materials [34]. These
microchannels have heights of the order of 0.5 mm. The modules thus formed are
placed under the electronic components to be cooled [35]. Figure 16 illustrates such
an assembly where the circuit board to be cooled is shown in semi-transparency,
above the microchannels.

However, microchannel cooling suffers from several drawbacks: complex
implementation, significant pressure drops associated with microchannel flow.
Moreover, it does not quite meet the requirements of thermal management in
power electronic systems [36].

4.1.5 Refrigerated heat exchangers

Significant efforts have been devoted during the last 10 years to the develop-
ment of a new kind of heat sinks. These are constituted of heat exchange plates
associated with refrigeration cycles and a refrigerant as the heat transfer fluid
[37-39]. Such refrigerated heat exchangers are used to cool power electronic
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Cooling fluid outket

Circuit board

Cooling fluid inlets
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Figure 16.
Overall dimensions of a micro-channel heatsink.

systems such as laser power supplies and their optical systems. They are able to
extract heat flux densities exceeding 1000 W/cm? while keeping microchips at
temperatures below 65°C [39-44].

Note, however, that mounting this type of heat exchanger on electronic equip-
ment remains difficult due to the fact that all the components of a refrigeration
cycle (compressor, expansion valve, evaporator, and condenser) must be assembled
in rather tiny spaces (Figure 17).

These systems must therefore meet an important challenge: the miniaturization
required by designs favoring small sizes [21, 42, 43].

4.2 Two-phase heat sinks

These are phase change micro-exchangers, where the cooling fluid (generally a
liquid) undergoes phase changes (from liquid to vapor and back to liquid) during
the heat transfer process. Two-phase heat sinks are generally constituted of a vessel
containing a heat transfer fluid; water in most cases. The lower surface of the vessel
is in contact with the heat source (electronic equipment), and the upper surface is
in contact with the cooling medium (generally air). Figure 18 presents the
operating principle of this system.

When in contact with the lower surface (heat source), the heat transfer fluid
evaporates by absorbing the heat generated at this surface. The vapor then goes

Condenser
Throttling valve
Evaporator
Electronic component to be f Compress

mounted under the evaporator

Figure 17.
Exploded view of a chip mounted under a refrigerated heatsink.
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_____ Contact with the
cooling medium

Contact with the
heat source --------

1
i Electronic component :
L_—--  heat source

Figure 18.
Operating principle of a two-phase heatsink.

upwards, toward the upper surface where it gets cooled and condensates. Con-
densed liquid falls back along the walls of the vessel, down to the lower surface,
where it absorbs again the heat and evaporates. This cycle is repeated as long as heat
is generated by the electronic equipment.

This way, two-phase heat sinks are used to remove heat from the heat source to
the ambient environment. The lower surface acts as an evaporator and the upper
one plays the role of a condenser.

Note that two-phase heat exchangers involve latent heat instead of sensible heat
in energy transfers, thus allowing large amounts of heat to be exchanged over small
areas, which leads to great compactness.

Two-phase heat sinks include the following:

e Spray coolers

* Vapor chambers

* Heat pipes.
4.2.1 Spray coolers

Spray coolers are a special class of two-phase heat exchangers since the heat
transfer fluid undergoes a series of evaporations and condensations [45, 46]. The
electronic component is cooled by a jet of fluid, which partially evaporates while
absorbing heat (see Figure 19). The heat transfer fluid is sprayed directly onto the
surface of the power component to be cooled [47-49].

Spraying enhances the vaporization of the fluid even at relatively low tempera-
tures (60-75°C, under 1 Atm.). It is generally realized using a single injector [50] or
multiple injectors [51].

However, like refrigerated exchangers, the realization of spray cooling is rela-
tively complex. As shown in Figure 20, it requires, in addition to the sprayers, the
installation of a condenser to collect the vapors generated and a pump or compres-
sor to feed the injectors.

4.2.2 Vapor chambers
Vapor chambers are the most common two-phase-heat exchangers where a heat

transfer fluid (water in most cases) is placed in a sealed envelope: the chamber [52].
The lower surface of the chamber is mounted on the electronic component to be
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Figure 19.
Spray cooling system.

{Condenseur

Component
Injectors

Pump

Figure 20.
Spray cooling cycle.

cooled. As described above, the liquid absorbs the heat generated by this component
to evaporate. The vapors then condense on the cold surface of the chamber, which
transfers the ambient environment the energy liberated by the condensation
process [53, 54].
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Figure 21.
Vapor chamber heat exchanger. Source [55].

Figure 21 shows this type of heat exchanger. It should be noted that the dimen-
sions are extremely small to meet the requirements of miniaturization of onboard
electronics and mobile telephony. The typical thickness of such an exchanger is
2-8 mm.

Current developments focus on the ultra-miniaturization of these exchangers
by introducing ultra-thin evaporation chambers: thicknesses from 0.3 to 2 mm
using walls made of titanium, stainless steel, or copper alloys. Table 2 shows the
current uses of these types of exchangers, as well as their typical dimensions and
the thermal powers conveyed.

4.2.3 Heat pipes

A heat pipe consists of a sealed tube, containing a heat transfer fluid, without
any other gas (see Figure 22). In most cases, only a small quantity of water suffices:
About 1 cc of water for a 150 mm long, 6-mm heat pipe is typical.

In one of its zones (vaporization zone), the heat pipe tube is in contact with the
hot source to be cooled. The heat recovered from this source increases the temper-
ature of the heat transfer fluid causing it to evaporate.

The resulting vapors then accumulate in the condensation zone of the heat pipe
where they condense on the internal walls of the tube, releasing their latent heat
to the ambient environment (see Figure 22). The condensate flows in droplets on

Domain of use Thickness Length Width Power Construction materials
(mm) (mm) (mm) range (W)

Smart phones 0.3-0.4 80 50 5 Copper alloy or stainless steel
Portable 0.5 220 60 15-25 Copper alloy
microcomputers
Base telecommunication 2-4 100 100 50-100 Copper or copper alloy
stations
Graphic boards 2-4 200 90 200-350 Copper or titanium
Servers 3-4 150 80 200-400 Copper
Game consoles 3-5 150 150 150-200 Copper
Power inverters 3-8 450 450 500-2000 Copper

Table 2.

Vapor chamber uses and construction materials.
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Figure 22.
Heat pipe working principle.

the walls of the tube and returns to the vaporization zone to be again submitted to
the heat flow and to evaporate.

4.2.4 Heat pipe exchanger

These special heat exchangers are generally formed of a number of heat pipes
usually made of copper, where several fins (the fin stack) have been mounted in the
condensation zone.

As shown in Figure 23, each pipe is bent in a U form, slightly flattened
where contact is made with the mounting base plate (hot area), and filled with a
heat transfer fluid. When the copper pipes are going to be directly in contact with
the environment, protection against corrosion could be obtained by nickel plating.

Each heat pipe acts actually as a heat mover from the area where heat is generated
(the base plate) to the cooling area (fin stack) where air movement carries the heat
away.

Rules of thumb

1.To maximize the amount of energy received from the heat source (the
electronic component), each heat pipe should be placed directly above this
source. The closer and tighter the contact is, the better is the heat transfer.

2.To improve the contact between the source and the heat pipe, sections of the
pipes that are in contact with the source are flattened to about 30—-65% of their
original diameter.

Fin stack
Cooled area

Base plate
Hot area

U bent coper
pipes

Figure 23.
Fixing the fin stack to the base plate.
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3.The bend radius of the heat pipes is to be fixed with care in order not to alter
the integrity of the pipes.

4.The minimum bend radius should be three times the diameter of the heat pipe.

Note that the heat pipes can be directly fixed on the electronic component to be
cooled. Figure 24 shows a heat exchanger made of six copper heat pipes that are
directly fixed on a central processing unit (CPU) to convey heat to a 13 fin stacks.
The advantage is a direct contact between the component and the heat pipes, thus
reducing the thermal resistance of the base plate.

A more elaborated version is the U-shaped vapor chamber design where a
U-shaped heat plate replaces the heat pipes, the heat plate operating in the same
way as flattened pipes. Figure 25 shows a heat exchanger formed from a vapor
chamber bent to offer a large copper base to be in direct contact with the power
electronic component. This design offers the advantage of a large direct contact
area, which translates into a better performance: more than 20% better than the

design of the pipe.

Heat pipes

CPU

Figure 24.
Heat pipe heatsink to cool a CPU.

(@) (b)

Figure 25.
U bent vapor chamber with a fin stack. (a) Complete vapor chamber and (b) showing inside the chamber.
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4.3 Two-phase heat exchanger design
4.3.1 Design fundamentals
4.3.1.1 Carrying capacity

The performance of a two-phase heatsink is measured by its carrying capacity,
Q, defined below.

Definition

The carrying capacity, Q, of a two-phase heat exchanger is defined as the amount
of heat the device can move out per unit time.

From its definition, Q is an energy per unit time, which is a power which should be
expressed in Watts.

For a given two-phase heat exchanger, the value of Q depends on several
parameters: the size of the vessel, the latent heat of the transfer liquid used, the
thermal conductivity of the metal constituting the vapor chamber or the heat pipe,
convections (inside and outside the vessel), etc. However, we should note that, in
two-phase heat sinks, energy is essentially transferred through the vaporization-
condensation process, involving latent heat.

4.3.1.2 Two-phase thermal budget

Definition

The thermal budget, AT, of a two-phase heat exchanger is defined as the differ-
ence between the temperature of the electronic component (heat source), T, and
the temperature of the ambiance where the component will operate, T,:

AT =T, - T, (22)

The carrying capacity, Q, is proportional to the thermal budget AT (see Eq. (9)).
Thus for low thermal budgets, it will be difficult to achieve high values of Q. In
this case, two-phase heat sinks should be used, mainly when AT < 40°C.

4.3.1.3 Effective thermal conductivity

Heat exchange in two-phase sinks is actually complicated to model. It involves
several heat transfer mechanisms: conduction through the vapor chamber or the
heat pipe metal envelope, evaporation, condensation, convection inside and outside
the vessel, etc. The exact representations of these transfers are interesting on the
theoretical level of analysis. But, for sizing and design purposes, a more practical
approach has been adopted by manufacturers and system designers. This approach
is based on the thermal resistance model, in a way similar to that presented in
Subsection 2.1 for single-phase heat sinks.

Let us recall that in conduction and in convection, thermal resistance models
permit to express the power transferred Q in terms of Ry, and the thermal budget,
AT, as follows [2, 47]:

Q= ﬁ—z, where, Ry, is the thermal resistance, which is expressed differently for
conduction and convection:

* For a convection heat transfer:

= (3)
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Where % is the convective heat transfer coefficient and A the heat transfer area.
¢ For a conduction heat transfer:

L
Rcond _ = 24
th k A ( )
Where L is the material thickness, A the heat transfer area, and k is the thermal
conductivity.
Similarly, two-phase heat exchanger energy transfers are represented using an

effective thermal vesistance, R, such that the carrying capacity, Q, is given by:
=5 (25)

With Ry = ﬁ, where k.4 is the effective thermal conductivity of the two-phase

heat exchanger and A is its heat transfer avea of the heat sink.

Definition

The effective thermal conductivity, keg, of a two-phase heat exchanger is defined as
follows:

QL
ke = 2T (26)

Where Q is the carrying capacity, A is its heat transfer avea, AT is the thermal
budget (temperature difference between evaporator and condenser sections) and L
is the effective length of the vessel which is the distance from the midpoint of the
evaporator to the midpoint of the condenser.

It should be noted that, unlike the thermal conductivity of materials, the
two-phase heat exchanger thermal conductivity varies with length. It is not a physical
property of the material, but it is a modeling representation of heat transfer in
two-phase heat sinks.

This modeling—using effective thermal conductivity, ks—makes it possible to
represent two-phase heatsink energy transfers by a simple thermal vesistance model, just
the same way thermal resistance was used in single-phase heat sinks.

Effective thermal conductivities of two-phase heat exchangers range from 1500
to 50,000 W/m°C. For comparison, the thermal conductivities of the best energy
conductors are around 400 W/m°C. Effective thermal conductivities of two-phase
heat exchangers can reach 10-100 times the conductivity of the best thermal
conductors like copper.

4.3.2 Design steps

Generally, manufacturers of two-phase heat exchangers supply, among other
information on their product, the following parameters:

* Operating temperature limits: generally between 20 and 250°C.
* The heat exchanger carrying capacity.
* The heat exchanger thermal resistance.

The following five-step procedure is proposed to design two-phase heat
exchangers.
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STEP 1: The datasheet of the electronic component to be cooled gives the power
and operating temperature: Q (W) and T,, (°C).

STEP 2: Knowing ambient temperature, T,,, calculate the thermal budget AT as
follows:

AT =T, — T, (27)
STEP 3: Calculate the design thermal budget ATp as follows:
ATp = AT —5 (28)

STEP 4: Divide the design thermal budget, ATp, by the power, Q, of the electronic
equipment to be cooled. This division will give the maximal thermal resistance to be
assured by the two-phase heatsink: Ry,

STEP 5: Select the two-phase heatsink having a thermal resistance R < Ry,

Rules of thumb

1. Derate the thermal budget by 5°.

2.In the case of heat pipes, if bending is considered, derate the carrying power by
2.5% for every 45-degree bend.

3.When heat pipes are flattened to ensure a better contact with the base plate,
the flattening should be in the range of 30-65%.

4.Flattening implies a 15-30% reduction in the carrying capacity of the heatsink.

A. Appendix 1

Determination of heat transfer coefficients for electronic components and
circuit boards under natural convection

A.1 Electronic components under natural convection in air

(29)

T, — T\ °2
h=353( )

Where:
H is the height of the small electronic component, expressed in meters
T, and T, are, respectively, the wall temperature and the ambient temperature

A.2 Circuit boards under natural convection in air

(30)

T. _ T\ 02
h=244(-" 2
)

Where:
H is the height of the electronic board considered, expressed in meters
T, and T, are, respectively, the board and the ambient temperatures.
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Direct Contact Heat and Mass
Exchanger for Heating, Cooling,
Humidification, and
Dehumidification
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Abstract

A direct-contact heat and mass exchanger (DCHME) has many advantages over
a traditional surface-type heat exchanger, including a high heat transfer coefficient,
simplicity of design, and low OPEX and CAPEX. DCHME has a capability to
exchange of both heat and mass between the two fluids in the same process. Hence,
DCHMEs are widely used in numerous applications in various industries, including
the air conditioning industry for cooling and dehumidification and heating and
humidification. Based on their structure, DCHME can be categorized into two
groups; two fluids direct contact (TFDC) exchanger and two direct contacts with
one non-contact fluid (TDCONF) exchanger. This study developed a mathematical
model for these two types of exchangers by using a discretized volume with dis-
tributed lumped-parameters method instead of using the conventional log mean
enthalpy difference (LMHD) and NTU-effectiveness method. Thus, this model can
reflect both heat and mass transfer behavior in every spatially distributed physical
system. The objective of this study is to develop a mathematical model to be used as
a tool for designing DCHME and to be applied as a sub-function of the model
predictive control system to predict the effectiveness and dependent parameters of
DCHME under the different load conditions and its various input parameters.

Keywords: heat and mass exchanger, distributed lump model, humidification
and dehumidification

1. Introduction

For more than 100 years ago, direct contact heat and mass exchangers
(DCHME) have been widely used in various industries, including chemical process
plant, food, and beverage industry, geothermal heat recovery, seawater desalina-
tion, waste heat recovery, energy storage systems, production of steam generation
for the Rankine power cycle, air conditioning and refrigeration industries, and
many so forth. DCHME is a device in which the two process streams are flowing
and contacting each other to exchange heat and mass between these two streams,
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which can be gas-solid, gas-liquid, liquid-liquid, liquid-solid, or solid-solid streams.
The limitation of DCHME is the contamination of the streams depending on the
degree of miscibility. Although it has a limitation, there are many advantages such
as no corrode or foul or no degradation of heat transfer performance due to the lack
of surfaces, a larger heat transfer surface area, much lower flow resistance com-
pared with surface-type heat exchangers, and less capital and operational cost [1].
Thus, DCHME:s are widely used in air conditioning industry for cooling, heating
and humidification, cooling and dehumidification, and cooling and humidification,
such devices are swamp cooler or direct contact evaporative cooler, cooling tower,
air washer spray chamber, cooling coil of air handling unit (AHU), direct expansion
(DX) evaporator coil, indirect evaporative cooler, and M-cycle dew point evapora-
tive cooler. Before developing the numerical model of these devices, the process of
each device has required to analysis with the psychometric chart. There are total of
eight basic air conditioning processes, which are plotted on a psychometric chart as
shown in Figure 1. These processes are the air stream from the initial state O to the
state (1) for sensible cooling, (2) for cooling and humidification, (3) for humidifi-
cation only, (4) for heating and humidification, (5) for sensible heating, (6) for
heating and dehumidification, (7) for dehumidification only, and (8) for cooling
and dehumidification. In order to achieve the above eight processes, some processes
need to transfer heat (sensible heat) only but some need to exchange heat and mass
(sensible and latent heat) from the air stream. Process 1, cooling, and process 5,
heating, are pure heat transfer processes only, which means removing heat from the
air stream for cooling and adding heat to the air stream for heating without chang-
ing the moisture of the airflow. Process 3, humidification, and process 7, dehumid-
ification, are pure mass transfer processes without variation in air temperature. The
rest processes 2 (cooling and humidification), process 4 (heating and humidifica-
tion), process 6 (heating and dehumidification), and process 8 (cooling and dehu-
midification) are both heat and mass (sensible and latent heat) transfer process that
is adding or removing of heat and moisture to or from the air stream. For DCHME
has a capability to transfer both heat and mass in the same process, almost all the
processes except six can be accomplished by using DCHME in a single stage. The
typical five DCHMESs mentioned above extensively used in the air conditioning
industry are discussed with their basic air conditioning process.

(1) Swamp cooler or direct contact evaporative cooler, shown in Figure 2(a), is
a device in which the outside air flows through the medium of cooling pad or fill
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Figure 1.
Basic eight air conditioning processes plotted on the psychometric chart.
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Figure 2.
Two fluids divect contact (TFDC) heat exchanger: (a) divect evaporative cooler/swamp cooler, (b) cooling
tower, and (c) air washer chamber.

that is wetted with water by dripping or spraying. The air becomes cool and
humidified (process 2) after passing through the medium that results from the
absorption of heat from the air by the evaporation of water droplets or water film of
the cool pad. For it is a passive cooling device, it has a very efficient electrical energy
consumption, and so that, it is a very efficient space cooling in the hot and dry
region with the lowest initial cost and operation cost.

(2) Cooling tower, shown in Figure 2(b), is not an air conditioner device, but it
is used extensively as a heat sink or heat removal from the condenser of the
refrigeration circuit in the air conditioning industry. Likewise, in a swamp cooler,
the hot water, carrying the rejection heat from the condenser, can be cool down by
evaporating its water droplet or water film from the fill. In the cooling tower, the
hot water is cooling down as the air stream is heated up and humidified (process 2)
by transferring heat and mass between these two fluids.

(3) Air washer spray chamber, shown in Figure 2(c), is a typical DCHME,
which is widely used as an air conditioner and works in synergy with the heating or
cooling coil in the air handling unit (AHU). The air washer chamber has the capa-
bility to condition the inlet air into three desired outlet air state-points by control-
ling the spraying water temperature. Heating and humidification, like process 4,
can be achieved by spraying hot water into the chamber if its spray temperature is
higher than the inlet air dry-bulb temperature. Cooling and dehumidification, like
process 8, can be achieved by spraying chilled water which temperature is lower
than the dew point temperature of the inlet air of the chamber. The inlet air can also
be cooled as per process 2 line without changing the moisture content of air by
spraying the chilled water temperature, which is lower than the inlet air dry-bulb
temperature but higher than its dew point temperature.
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Different structures but similar to another type of DCHME are plate finned tube
heat exchanger used as a direct expansion (DX) evaporator coil, cooling coil oper-
ating with chilled water, or non-volatile refrigerant, shown in Figure 3(a). Indirect
evaporative cooler, shown in Figure 3(b), and M-cycle dew point evaporative
cooler, shown in Figure 3(c), is also another type of DCHME. These types of
exchangers have three fluid streams in which two streams directly contact each
other, and the last stream is separated by the copper tube wall or separator sheet,
shown in Figure 3.

(4) Plate finned tube heat exchangers are the most common type of heat
exchanger used extensively in the air conditioning industry using as a DX evapora-
tor coil and cooling coil operating with chilled water or ethylene/propylene glycol.
For this case, if the dew point temperature of inlet air is lower than the surface
temperature of the exchanger, the air stream’s water vapor starts turning into
condensate as a form of droplets or film on its surface. Therefore, depending on the
dew point and surface temperature, the exchanger, can be thoroughly wetted, fully
dry, or partially wetted. The fully dry or dry part of a partially wetted exchanger
cannot be presumed as a heat and mass exchanger but as a conventional heat
exchanger that can be calculated by its traditional LMDT or NTU-effectiveness

water Condensate layer
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Figure 3.

Two direct contact with one non-contact fluids (TDCONF) heat and mass exchanger: (a) plate finned-tube
heat exchanger operating with non-volatile or volatile working fluid, (b) indirect evaporative cooler,

(¢c) M-cycle dew point evaporative cooler.
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method. However, the fully wetted or wet part of the partially wetted exchanger is a
direct contact heat and mass exchanger because heat and mass are exchanged
between the two fluids of the air stream and the film of water condensate [2],
shown in Figure 3(a). The process rendering in the wet region of this exchanger is
cooling and dehumidification of the air stream as process 8.

(5) Indirect evaporative cooler and M-cycle dew point evaporative cooler,
shown in Figure 3(b) and (c), are a combination of a direct evaporative cooler and
air to the air heat exchanger. These coolers are composed of multiple duo wet and
dry channels separated by a thin film sheet. The working air flowing through the
wet channel is directly in contact with a thin water film of wick material or water
mist sprayed into the wet channel for the evaporation process. The required heat for
the evaporation is transferred from the product air flowing in the dry channel
through the separator sheet. Thus, the product air temperature is cooling down
along process 1 without changing the moisture content. For the indirect evaporative
cooler, the working air at the beginning of the wet channel will be cooled and
humidified like process 2 due to evaporation, but later part of the wet channel, the
product air is heated and humidified due to the heat that transfers from the product
air, like process 4. Likewise, indirect evaporative cooler, M-cycle dew point
evaporative cooler has a similar process, but there has a concise process 2 at the
beginning of the wet channel because the working air is partially taken from the
product air [3-5].

Based on the number of fluids flowing in the exchanger and their arrangement,
DCHME for air conditioning can be categorized into two main groups, which are
shown in Figure 4. In the first group, the two fluids streams, water, and air are
flowing in parallel or counter flow direction and directly contacting each other to
exchange heat and mass between these two fluids. This type of exchanger is noted
as Type-1 two fluids direct contact (TFDC) heat and mass exchanger. Examples of
these exchangers are: (1) air washer chamber, (2) cooling tower, and (3) swamp
cooler or direct contact evaporative cooler, shown in Figure 2. A single discretized
element of this type of TFDC exchanger is shown in Figure 5.

The second group of DCHME has three kinds of working fluids in which two
fluids, water, and air, are directly contacting each other to exchange heat and mass
between these two fluids. The third fluid is separated by a tube wall or a thin sheet

Type-1. TFDC (Two Fluids Direct Contact )
1. Air washer chamber,
2. Cooling tower,
3. Swamp cooler or direct contact evaporative cooler

TDCONF (Two Direct Contact with One Non-contact Fluids )
— Extended Surface TDCONF

Type-2.1.1. Non-volatile Working Fluid
Pt 1. Wet Fan Coil Unit
(Working Fluid: Chilled water, ethylene/propylene glycol)

Type-2.1.2. Volatile Working Fluid

S 1. Wet Direct Expansion Coil
(Working Fluid: Volatile Refrigerant , R134a, R410....)

L, Type-2.2. Non-extended Surface TDCONF

1. Indirect Evaporative Cooler,
2. M-Cycle dew point evaporative cooler

Figure 4.
Categorization of direct contact heat and mass exchangers that widely used in air-conditioning industry.
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Figure 5.
TFDC exchanger with nine discretized elements, j = 9 and n = 10, and water is spraying into a (a) parallel or
(b) counter flow with air flow direction.

layer to prevent mass transfer but only allow heat transfer. Examples of this type of
heat and mass exchanger are shown in Figure 3, and it can be noted as Type-2, two
direct contacts with one non-contact fluid (TDCONF) heat and mass exchanger.
This TDCONF exchanger can also be divided into two groups based on the separa-
tor type. The first group, Type-2.1 has a separator with an extended surface. An
example of an extended surface TDCONF exchanger is the wet region of the plate
finned-tube cooling coil unit. Based on the nature of the working fluid, Type-2.1 can
be sub-categorized into two groups. The first group, Type-2.1.1 of extended surface
TDCONTF exchanger, works with non-volatile refrigerants such as chilled water,
ethylene/propylene glycol, etc., so that the working fluid temperature is changing
continuously along with the coil rows depth. The second group, Type-2.1.2, works
with volatile refrigerants such as R134a, R410, etc. Due to the evaporation in the
working fluid flow, most of the exchanger has the same surface and fluid tempera-
ture profile. Although these two subgroups are the same exchanger, their mathe-
matical models are different due to their different working fluid temperature
profiles. Another group, Type-2.2 non-extended surface TDCONF exchangers, are
using a plain sheet or tube as a separator, and examples of this type of exchangers
are in the direct evaporative cooler and M-cycle dew point evaporative cooler. The
mathematical model of this exchanger is the same with Type-2.1.1 of extended
surface TDCONF exchanger except for the separator’s area calculation.

Kays and London [6] introduced the definitions of effectiveness and NTU
method to use in heat exchanger design in their 1955 publication. London et al. [7]
used this method to fit the experimental data of the cooling tower, but this method
is not generally consistent with all the other units [8]. The reason for the inconsis-
tency is that the method was based only on the sensible heat transfer process, yet
the mass exchanging process is excluded. Berman [9] introduced the log-mean
enthalpy method (LMED) to reflect both the heat and mass transfer process of
cooling tower design. Several studies used this method to analyze heat and mass
exchangers, such as cooling towers and spray chambers [9-11]. LMED method can
calculate the dependent parameters and effectiveness of the exchanger without
using iteration process, but this method has some limitations to calculate all the
parameters of the spatially distributed system. Thus, discretized volume with dis-
tributed lumped-parameters method is an alternative approach to develop the
exchanger model with element nodes. This method is widely used to study the
behavior of spatially distributed parameters of electrical systems [12], chemical
reaction systems [13], heat and mass transfer [14, 15], microwave [16, 17], acoustics
[18], and so many other systems. In this study, discretized volume with distributed
lumped-parameters model was developed for both types of exchangers, Type-1
TFDC and Type-2 TDCONF, based on the principle of the graphical method men-
tioned in ASHRAE Fundamentals Handbook [19] and Systems and Equipment
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Handbook [20]. The derivation of the model for Type-1 TFDC is explained in
Section 3, and for Type-2 TDCONF exchanger is described in Section 4. The relation
of convective heat transfer with mass transfer coefficients between air and water
film, which are related to both models, is explained in Section 2.

2. The relation between convective heat and mass transfer coefficient

All types of DCHME mentioned above can be assumed that each exchanger has
similar geometry and boundary conditions for heat and mass transfer process so
convective mass transfer is analogous to convective heat transfer, and that can be
applied for both laminar and turbulent flows [19]. Bird et al. [21] and Incropera and
DeWitt [22] defined the analogy Nusselt (Nu) and Sherwood (Sk) number for the
calculation of mass transfer coefficient %y, [m/s] from the heat transfer coefficient
a, [W/m?K]. Nusselt (Nu) number, related with a,, is a function of Reynold (Re)
and Pantanal (Pr) number, expressed in Eq. (1). Sherwood (Sk) number, related
with /iy, is a function of Reynold (Re) and Schmidt (Sc) number, stated in Eq. (2).

Nu :““kﬂza [Re]” [Pr] (1)
Sh :hMD—DHza [Re]” [Sc]” @)

where a and b are coefficient numbers, Dy [m] is characteristic length of
exchanger, k, [W/m.K] is thermal conductivity of air, and D, [m?/s] is mass diffu-
sivity. Division of Eq. (1) with Eq. (2) are called the Reynold analogy, and it gives
the relation of Lewis (Le) number which can be seen in Egs. (5) and (6).

a, Pv%ka
-l = )
aw [P Cpu pSc .
—_—=|= ———=Les3LepC 4
hm {SJ Pru R £ )
[22] 2
————=Le3x1 5
e )

where y [N s/m?] is dynamic viscosity, Cp,, [J/kg.K] is specific heat capacity of
moist air, and p [kg/m3 ] is density of air. For the humidity ratio is taken as a driving
force in mass transfer process, mass transfer coefficient should be defied with the term
Ky = hay p [kg/m?.s]. The Lewis relation equation Eq. (5) can be written as follows:

Ay 2
KnCp. Leix1 (6)
Similarly, Chilton and Colburn [23] proposed Chilton-Colburn j-factor analogy
using this similarity to relate Nusselt number to friction factor by the analogy. The
j-factor analogy has some limitation that is it can be only reliable when the surface
conditions are identical. Bedingfield and Drew [24] also proposed the relation
equation between heat and mass coefficients. Many others relation equations that
can be found in literatures to calculate mass transfer coefficient 4, from heat
transfer coefficient a,, but in this study, Lewis relation will use in this model
development due to its simplicity.
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3. Type-1: two fluids direct contact (TFDC) exchanger

TFDC heat exchangers, such as air washer chamber, cooling tower, and swamp
cooler or direct contact evaporative cooler, are the first type of DCHME shown in
Figure 2. TFDC has two water and air fluids flowing in parallel or counter, and
directly contacting each other to exchange heat and mass between them. Figure 6(a)
shows the basic one discretized element of air washer spray chamber and direct
contact evaporative cooler. The air stream is directly in contact with the saturated
layer of each water droplet or the fill/cool pad, and heat and mass are transferring
between them according to the mass transfer coefficient K, with mass transfer
area apy and heat transfer coefficient a, with heat transfer area ay. Figure 6(b) shows
the fundamental discretized element of the cooling tower and swamp cooler. Both
elements have the same concept of numbering node for three layers parameters; air
and its average, water and its average, and saturated layer parameters, shown in
Figure 6(c).

3.1 Energy balance between two fluids of Type-1 model (energy balance
line, EBL)

In TFDC exchanger, the water is sprayed into the chamber along the airflow
(parallel flow), shown in Figure 5(a), or against the airflow (counter flow), shown in
Figure 5(b). Due to the difficulty of area measurement, TFDC exchangers are
discretized in length along the fluids flowing, assuming it has same cross sectional
area. Figure 5 shows that the system is divided into nine differential volumes num-
bered by “/,” and the inlet and outlet of the differential volumes are noted by “n.”
Since each differential volumes has the same cross sectional area, the differential
volume can be changed with differential length “4dL.” and mass flowrates of water
and air are needed to be changed to mass flux or flow rate per unit cross-sectional
area of the exchanger, Acs [m?], for air G, [kg/ (s:m?)], and water Gy, [kg/ (sm?)].

According to the conservation of energy, the energy transferred from one fluid
is equal to the energy gain of the other fluid. Assuming that heat loss from the

K i Symmetrical
" Saturated layer Line

Water a,dy Aprors

(a)

Saturated Layer
FilllCooling ‘pad

parallel flow

Water - S
L, Lavgj I ymmetrical

Liss L"“‘"EJH #+2 | ine

Air

\ Saturated layer

x c
Water ( )
_Watér film

(b)

Figure 6.

(a) Single discretized element of the air washer spray chamber or direct contact evaporative cooler, and (b) of
cooling tower or swamp cooler, and (c) node numbering of the points for air stream, water flow, and saturated
layer of each element.
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system and the change of air or water flow rate due to evaporation or condensation
are comparatively small and negligible. Hence, the energy equation of two fluids
can be expressed as follows:

Gﬂdl’la = —GICpldT, (7)

where, dh, [kJ/kg] and dT; [°C] are the enthalpy and temperature difference
between outlet and inlet of one discretized element, and Eq. (7) can be rewritten
with element node number for the parallel and counter flow as follows:

Wt GiCp,

Tln+l _ ’I";‘l = Gﬂ (8)
Wt —h,  GCp ©)
T} -T Ga

The generalized energy balance line equation with node number for the counter
and parallel flow can be described as follows:

e =k _ |, GiCp,

T;’LH _ T7 - Ga (10)

A minus sign refers to parallel flow of air and water stream. A plus sign refers to
counter flow (water flow is in the opposite direction of airflow).

3.2 Heat and mass transfer between two fluids of Type-1 model (tie-line slope,
TLS)

According to the conservation of mass between the two fluids, change of water
amount in liquid stream, dG;, due to evaporation (if saturated humidity ratio, w;
[kg/kg], at the saturated layer is greater than humidity ratio, w,, of air stream) or
condensation (if w; < w,) is equal to the amount of humidification or dehumidifi-
cation of air stream, —G,d,,, in the spray chamber. The above statement can be
expressed by equation as follows:

Amass = dG; = —G,dw, (11)

The negative sign means that the increasing of mass in one fluid stream is
equal to the losing mass of other fluid stream. Similarly, the change of mass flow
rate, Amass from either stream is equal to the mass flux [kg/ m?], that is, mass
transfer from the air stream to the saturated liquid surface (or) vise visa per
contact surface area along the exchanger, Acr [m?]. It can be written in equation as
follows:

Amass = Kpay (w; — Waang )dL (12)

where, Ky [kg/ (s-m?)] is mass transfer coefficient, that is, mass transfer rate per
contact surface area along the exchanger, Acr [m?]. ap [m*/m?] is a mass transfer-
ring contact surface area between air and water per unit volume of spray chamber.
L [m] is the chamber length. The sensible heat transfer between air stream and
saturated liquid surface can be expressed as follows:

GaCpmdTs = aattrs (Ts — Taang)dL (13)
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where, a, [W/(m%K)] is convective heat transfer coefficient of air. ay [m%/m?]
is heat transfer contact surface area between air and water per unit volume of
spray chamber. C,,, [K]/(kgda-K)] is a specific heat of moist air at constant pressure.
T; [°C] is saturation temperature of water film. T, [°C] is the average air
temperature of two adjacent nodes, see in Figure 6(c). The total heat transfer
between air stream and saturated liquid surface is equal to the sum of sensible heat,
Cp,,dT,, and latent heat, hgdw. The total heat transfer can be calculated by
combining of mass transfer Eq. (12) multiplying with enthalpy of vaporization
hg, [KJ/kg] and the sensible heat transfer Eq. (13). The total heat transfer equation
can be expressed as follows:

G4 (Cp,, dT s + hpdw) = [Kyam (ws — Wave )y + 0aar (Ts — Tagyg)|dL  (14)

Since Cp,,dT, + hgdw is equal with enthalpy change of air dh,, and a small
change of water vaporization heat with the function of temperature is neglected,
the Eq. (14) can be rewritten as follows:

o,
Gudhy = Knrant | (0, — Wang gy + KM—a’; (Ts — Tuang) |dL (15)

The contact surface areas per system volume, 4y and ay for the heat and mass
transferring process in spray chambers are identical (ay = anm), however, this hypo-
thetical is not always correct, especially, if the systems are using the packing mate-
rials as an extension of contact surface area which are not fully wetted. Assuming
Lewis number with the power of 2/3 is similar with 1, see in Eq. (6), and neglecting of
a small variations in /g McElgin and Wiley [25] simplified Eq. (15) as follows:

Gudha = I(MﬂM (l’l; — h,,myg)dL (16)

The sensible heat transferring from saturated liquid surface to the working fluid
stream is equal to the heat gain of the working fluid, the energy balance equations
can be depicted as follows:

GleldTl = oay (T; - Tlavg)dL (17)

After substitution of Egs. (16) and (17) into Eq. (7), and rearranged, the Eq. (7)
can be written as follows:

—Qaq (TS — Tlm,g)dL = I(MﬂM (h_; — ham,g>dL (18)
hs — haaye __mam _ a Cp,, (19)
Ts — Tlavg Kypam 7]
According to the above Eq. (19), the value of, —% ip = is a slope or gradient line

of the rise, the enthalpy incensement in vertical over the run, temperature
incensement along the horizontal in T-h graph. In other words, the slope is a ratio of
the enthalpy difference between air and saturated surface to the temperature dif-
ference between working fluid and saturated surface. This slope, the relation of the
temperature and enthalpy, can be denoted as tie-line slope, TLS of the Type-1 TFDC
exchanger. The TLS, Eq. (19), can be solved by using graphical method, drawing in
water-air T-h graph which is proposed in [2, 19, 20, 26], but this method cannot be
applied in the numerical model. In order to solve TLS equation numerically, the two
unknown parameters, saturated temperature, T}, and saturated enthalpy, 4;, have to
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reduce one unknown parameter by substitution of their relation equation that can
be obtained by fitting of the saturation line on T-h graph, calculated from the
psychometric chart equations depicted in ASHRAE code [19], with the third order
polynomial regression equation, Eq. (20).

hy = coel.Tf + cer.Tf + c0e3.T; + coe4 (20)

Figure 7 shows the third order polynomial regression line with the saturation point,
in red circle legend, calculated by psychometric chart equations, and its four related
coefficients values, coel to coe4. The regression has a very high accuracy as its R-square
value 0.9993706, which covering the range of air temperature from 0 to 50°C.

By the substitution of polynomial regression equation Eq. (20) into Eq. (19), the
tie-line slope equation become one unknown parameter equation, and that can be
rewritten with node number # and j as follows:

) ) ) ' hn+l T Tn+1
coel(TS])3 + cer(TSJ)2 + (coe3 + TLS)T! + coe4 — <a+2ﬂ —TLS (l—;l)
=0
1)

Newton Raphson iteration method or any other relevant numerical method can

be applied to solve out the unknown root value T; of each node j of the equation,

Eq. (21), by using the known value of T; and %, of each node # (node numbering of
each element is shown in Figure 6).

3.3 Dry bulb temperature of each node for Type-1 model
The last unknown parameter of air temperature, T,, [°C], of each node n, can be
calculated from the ratio of sensible heat Eq. (13) to total heat and mass transfer

Eq. (16), and it gives as follows:

dT, _ 0,af (Ts - Taavg)

= (22)
dha  KmCpmam (Bs — haang)
300
y = 0.00030780x* + 0.05281010x2 + 1.17231178x + 10.57821976
250 R?=0,9993706

O Air water saturation point
— Regression line

Enthalpy [kJ/kg]

0 10 20 30 40 50 60
Temperature [ °C ]

Figure 7.
Third ovder polynomial regression equation of the enthalpy of the saturated air.
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KaCym
2/3 is approximately equal to 1, see in Eq. (6). For the TFDC exchanger, this study
assumes that the contact surface area per volume of heat transferring process, apy, is
identical with the one of mass transferring process, ap;. For numerical calculation,
the average parameters, T4, and /1,4y, are located between two adjacent n nodes,
and noted with j node, shown in Figure 6. After rearranging of the Eq. (22), it gives
with node number # and j as follows:

The value of

can be taken as 1 because the Lewis number with the power of

hn+17hn .
oy T
T — T, = : (23)

a a <1 + hZflihZ >
2(h{ ~hjug )

The outlet air temperature of each node, TZ“, can be calculated from the known
inlet temperature, T, air enthalpy, h,, average air enthalpy, /44, vapor saturated
air enthalpy, &, and vapor saturated air temperature, T by using Eq. (23).

3.4 Contact length calculation for Type-1 TFDEC exchanger model

Calculation of the contact length or depth of packing of the exchanger, L [m], is
a primary interest for the designing of the system to achieve a desired out let
condition of air or out let water temperature. The length can be calculated by the
integration of heat and mass transfer equation, Eq. (16).

L dh, (24)

G, JJ‘Nl 1

- I(MaM j=1 (hs - ham}g)

The integral equation, Eq. (24) can be solved by using Sampson’s rule or Trape-
zoidal integration method. The integral equation can be rearranged and rewritten
with node number # and j as follows:

G, X! 1

L= Koam — (h{—hf )

x (h2—h2) (25)

aavg

Change of the air mass flow rate, G,, due to the transfer of water vapor from the
water droplet or film to the air by evaporation or condensation is very minimal
compared with its mass flowrate, and it can be taken as negligible for all the
practical applications. The contact length or exchanger length L, can be calculated
from the known air enthalpy, /,, and saturated enthalpy, A, of each elements.

4. Type-2: two direct contact with one non-contact fluids (TDCONF)
exchanger

Section 1, discussed about the DCHME that widely used in air conditioning
industry, has categorized the exchangers into two groups. Mathematical model of
the first type TFDC heat exchanger has been discussed in Section 3. The develop-
ment of mathematical model for the second type of TDCONF exchanger will be
discussed in detail in this section. The examples of TDCONF exchangers are the wet
region of plate finned tube heat exchanger for the direct expansion (DX) evaporator
coil, cooling coil unit working with chilled water or non-volatile refrigerant,
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indirect evaporative cooler, and M-cycle dew point evaporative cooler, which are
shown in Figure 3.

A discretized volume with distributed lump parameters model of TDCONF,
shown in Figure 8, has three fluids, non-contact fluid, contact fluid, and wetted
wick layer or thin water film. The product air of indirect evaporative cooler and
volatile refrigerant or chilled water of the wetted plate finned tube cooling coil are
the examples of non-contact fluid. These fluids are separated by the separator sheet
or tube from thin water film and contact fluid air to prevent the transferring of
mass and only to allow the transferring of heat between non-contact fluid and thin
water film. Thermal resistance due to the conduction of separator sheet or metal
tube is R,,,,, and due to the convective heat transfer in the non-contact fluid is R;.
But, both heat and mass are transferring between the thin water film and contact
fluid air. Heat and mass transfer circuit between from the symmetrical line of
contact fluid air to the non-contact fluid with the coefficient of mass transfer, Ky,
and thermal resistances are shown in Figure 8(c). Each discretized volume of all
TDCONTF exchanger is composed with three node points locating in line on the four
layers of materials. The first node point, L,,,; is at the symmetrical line of non-
contact fluid, s; is at the surface of saturated water film, and a,,,; is at the symmet-
rical line of direct contact fluid air. This model assumed that the temperature
difference between outer surface of separator sheet or copper tube and saturated
surface of water film is negligible. TDCONF exchanger can be divided into three
types of different numerical models: (1) Type-2.1.1 extended surface TDCONF
exchanger working with non-volatile working fluid, (2) Type-2.1.2 extended
surface TDCONF exchanger working with volatile refrigerant, and (3) Type-2.2
non-extended surface TDCONF exchangers, shown in Figure 4.

4.1 Type-2.1: Extended surface TDCONF exchanger

In air conditioning process, plate finned tube heat exchange are widely used for
cooling and dehumidification process in fan coil unit (FCU) and air handling unit
(AHU). If there is no condensation on the outer surface of finned tube heat
exchanger, it is a normal heat exchanger and can be calculated by using conven-
tional heat exchanger equation, UA-LMTD or NTU-effectiveness method.

Separator sheet or tube
|- Non contact fluid Netted wick or thin water film
”-TM) diract contact fluids

Contact fluid air
Saturated surface

Symmetrical

Contact fluid air 2
Line

i- Non contact fluid

@)

Saturated surface

Separator sheet or tube ~~

Non contact fluid p

Symmetrical
Line

Figure 8.

A discretized volume with distributed lump parameters model of a typical (a) indirect evaporative cooler, (b)
wetted region of plate finned tube cooling coil, and (c) node numbering of non-contact fluid (product air,
volatile refrigerant, and chilled water), water saturated surface layer, separator (sheet or tube), and contact

fluid (air).
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However, if the surface temperature of heat exchanger is lower than the dew point
temperature of the direct contact fluid air, the condensation process will be taken
place and not only heat but also mass will be transferred between the air flow and
the water condensate film. Hence, wet region of cooling heat exchanger can be
assumed as a direct contact heat and mass exchanger.

4.2 Fin efficiency of extended surface TDCONF heat exchanger

In plate finned tube heat exchanger, fin efficiency is one of the critical parameters
for the development of exchanger model, and that can be calculated from the physical
dimensions of the heat exchanger. Equations (26)—(33) are the equations to calculate
the physical parameters of heat exchanger; number of fins Ny [—], coil face or frontal
area A, [m?], external exposed prime surface area A, [m?], external secondary
surface area A, [m?], internal surface area A; [m?], total external surface area A, [m?],
the ratio of external to internal surface area Br [—], and coil core surface parameters
F; [—] from its dimensions, width Ly [m], height Ly [m], depth Lp [m], fin gap
f ¢ [m], fin thickness f, [m], outside d, [m], inside diameter 4; [m] of tube, longitudinal
tube spacing S;, [m], and transverse tube spacing Sy [m]. This equations are based on
heat exchanger with the continuous plate fin and tubes in stagger arrangement. For the
other type of heat exchanger, their related equations are stated comprehensively in
AHRI standard 410 [27], and that can be applied in the fin efficiency calculation.

Ny = ij (26)
L 27)

A =Ny [ségégo - 663122%81 (28)
A= duLW}\;tlgﬁithNf 29)
= Stasas 60

A, = A+ A, (31)

Br— j_: (32)

F,— A‘?]"W (33)

Fins can increase heat transfer from a prime surface of heat exchanger. Fin
efficiency can be define with the ratio of the actual heat transferred from the fin
to the heat that would be transferred if the entire fin were at its root or base
temperature [20]. Fin efficiency equation can be written as follows:

_ Jau(Ty — Ta)dA

 [au(Tp — Ta)dA (34)

D

where @ is the fin efficiency, T, is the temperature of the surrounding envi-
ronment, and TF, is the temperature at the fin root. T's is the temperature along the
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fin. Fin efficiency decreases as the heat transfer coefficient increases because of the
increased heat flow. Total heat transfer from a finned tube heat exchanger is sum of
heat transfer from finned surface or secondary area A, and un-finned or prime area
A,. Tt can write in equation as follows:

Q = (mpAy + BraAs) (T — Ta) (35)

Assuming the heat transfer coefficients for the finned surface o; and prime
surface a, are equal and note as a, air side heat transfer coefficient, Eq. (35) can be
rearranged as follows:

AN\ A, + oA,
@Sz(l_@_@f)z}):% (36)

where A, is total surface area of (A, + A,). @ is fin effectiveness. Schmidt [28]
presents empirical equation of fin surface efficiency for circular, rectangular, and
hexagonal fins using an equivalent circular fin radius.

tanh (m,7,¢)

of = —— 27 (37)
MpTo P
2a,

My katf (38)

o] e

where 7, is the outside tube radius, 7, is the equivalent circular fin radius, s, is
the standard extended surface parameter, ¢ is dimensionless thermal resistance. a,
is convective heat transfer coefficient of air. k, is the thermal conductivity of the fin
and ts, is the fin thickness. Plate finned tube heat exchanger for stagger tube array
can be considered as the integration of hexagonal fins. For hexagonal fins:

S> $/2
(@) (b)

Figure 9.
Staggering arrangement of tube in plate finned tube heat exchanger (a) a half of transverse distance is lesser
than longitudinal distance and (b) longitudinal distance is lesser than half of transverse distance.
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e —127y\/p—03 (40)

7o

where ¥ and f are defined as; w = B/r, and = H/B, f must be greater than 1.
Depending on the ST (the transverse vertical tube spacing) and SL (the longitudinal
horizontal tube spacing), shown in Figure 9, B and H can be defined as follows:

If SL > ST/2, then B = ST/2. If SL < ST/2, then B = SL.

1 //S1\* .,
H= 3 (2) + St (41)
However, Schmidt’s empirical equation of fin surface efficiency is limited to the
situations of where § > 1.
When calculating the overall area of Type-2.1 extended surface TDCONF
exchanger, the fin effectiveness term, @;, can used to simplify the thermal resis-
tance equation of heat and mass transfer from air to working fluid.

4.3 Type-2.1.1 extended surface TDCONF exchanger operating with
non-volatile working fluid

Type-2.1.1 extended surface TDCONF exchanger is widely used as a cooling coil
of air conditioning unit that operating with non-volatile working fluid such as
chilled water or ethylene/propylene glycol. The air entering to the first part of the
cooling coil is start decreasing its temperature but without moisture removing, this
is called sensible heat removing part or dry coil region. When the air temperature is
decreasing and reaching the dew point temperature of the entering air, moisture in
the air stream start condensing on the surface of the coil called sensible and latent
heat removing part or wet coil region.

4.3.1 Resistance of heat and mass transfer and dry-wet boundary region

Depending upon the dew point temperature of inlet air and working fluid
temperature, the surface of the cooling coil can be fully dry, fully wet, or partially
wet. The driving force for heat transfer in dry region is the temperature difference
between air temperature T, and working fluid temperature T}, crossing the thermal
resistance R,4, R4, and R;. In the wet region, there are two types of heat and mass
transfer processes synergy in series from the air to the working fluid. The first
process is the exchange of heat and mass between the air and the saturated surface
of water condensate layer due to their potential difference between %, and 4. The
second process is transferring heat alone from the surface to the working fluid, and
their driving force is the temperature difference between T, and T;. Figure 10 shows
a typical plate finned tube heat exchanger with counter flow process and thermal
diagram of dry and wet region with their potential difference and resistances.

The capacity of the sensible heat Qp, that transferring in the dry region can be
calculated by using the following equation:

A,pAT,,

Qs = UpA,pAT,, = R
TD

(42)

where A,p [m?] is total surface area of dry region, Rrp [m2.K/W] is total thermal
resistance of dry region, and AT, is log mean temperature difference between air
dry bulb temperature and working fluid temperature. In wet region, total heat
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Figure 10.

(a) A typical single circuit with four rows deep coil plate finned tube heat exchanger with counter flow
arrangement between air and working fluid, (b) photo record of dry and wet region, and (c) thermal diagram
of dry and wet region of extended surface TDCONF exchanger and their potential difference of heat and mass
transfer process.

capacity, Qyy, sensible heat and latent heat, transferred from air to saturated surface
of condensate water can be calculated by using the following equation:
AywAh,y,

Qrp = UwA,wAh, = m (43)

where A,y [m?] is total surface area of wet region, R,w [m2.K/W] is thermal
resistance of air side in wet region, and A#,, is log mean enthalpy difference
between air and saturated wetted surface layer. For the calculation of heat transfer
from air to working fluid, total overall thermal resistance of finned tube heat
exchanger is required to calculate from the heat exchanger parameters and heat
transfer coefficient. Overall thermal resistance with clean non-fouled surfaces for
dry and wet cooling coils is a combination of three individual thermal resistances:
(1) R, [m>.K/W] convective thermal resistance between air and external surface of
the coil, (2) R,, [m*K/W] total conductance heat transfer of the metal fin, R > and
tube, R, and (3) R; [m?.K/W] convective thermal resistance between the internal
surface of the coil and the working fluid flowing inside the coil. Brown [29] derived
thermal resistance of dry region, R,,;, and wet region, R, based on the heat
transfer concept, proposed by Ware-Hacha [30], as follows:

- Br D; Ln (Do,

@s 2 kt (44)

Rya =Ry +Ri =
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(1 — @:) Cp BV Di Ln (Do/D,)
Ry — Rf +R; = Ry —Lm . 4
IR, m )T 2k, “5)

where m” is %’3 . The overall thermal resistance of dry Rr; and wet Ry, region can

be calculated as follows:

1 BrD;Ln(Pyp,) Br

Ry = Rys+ Ry + R = br. 46

14 = Rad + Rpa +Ri = ==+ 2k o (46)

1 1-9 1 C Br D; Ln(Dyp.)  Br
RTszaw+me+Rz:—+M(— pf")+ iLn(oyp) | Br.
aﬂw QS (xaw m Zkt (xl

(47)

where R,;, Ry [m2.K/WT] are thermal resistance for convective heat transfer
between air and external surface of the dry and wet coil, R, [m®K/W] is thermal
resistance of the metal tube, and R; [m?.K/W] is thermal resistance between the
internal surface of tube and the working fluid flowing inside the coil. Br [—] is the
ratio of total external surface area A, to internal surface area A;.

The ratio of wet and dry coil region is influenced by the characteristic of coil
such as coil arrangement, refrigerant distribution, coil depth, entering air dew point
and dry bulb temperatures, working fluid temperature, and their flowrates.
Another parameter, Y [kg °C/K]J], the ratio of fluid temperature rise to air enthalpy
drop, is also important parameter to calculate the boundary region. Y can be driven
from the ratio of the heat that gained by working fluid to the heat that lost from the
air stream. The equation is as follows:

dTl my

= =Y 48
dh,  mCp, (48)

The total heat transferring from the air to the saturated water surface in wet
region of TDCONF exchanger is similar with TFDC exchanger, Eq. (16). Mass
transfer coefficient KM is substituted with Eq. (6), and it can be written as follows:

(ha - hs) dAow

g, = Kuulha = h) ddoy == 200

(49)
Total heat transferred capacity dq,, in wet region also equals with the heat that

transfer from the saturated wet surface layer to the working fluid that flowing
inside the tube.

(Ts - Tl) dAow

quw = me +Rl (50)

After equating and rearranging of Egs. (49) and (50), the following equation will
be obtained, and can be denoted as the characteristic of the coil, C [2, 19, 20, 26].

_ Ry + Ry _ (Ts — Tl)
o Cp,,Raw o (ha — hy)

(51)

For the dry-wet boundary line, the coil characteristic C can be expressed as follows:

T gpai — Tip)

|
C = s =) (52)
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Enthalpy of air at dry-wet boundary line, %, [kJ/kg] can be derived from
Egs. (48) and (52) as follows:

o poai -T,+Y hai +C hsb

hab = C+Yy (53)

The exchanger coil can be determined whether it is fully wetted, fully dry, or
partially wetted by comparing the values of &,;, with k,;, and h,,. If the value A, is
higher than %,;, all the surface of exchanger is fully wetted. If the value of %,, is
higher than %,, but less than /,;, the surface of exchanger is partially wetted. If the
value of &, is less than k,,, then the surface of exchanger is completely dry. The
temperature of air at dry-wet boundary point, T,,;, [°C], can be calculated from the
heat energy equation of the air stream that flowing in dry region.

Ta =Tu —
b Cp

(54)

m

The working fluid temperature at dry-wet boundary line, T, [°C], cab be calcu-
lated from the energy balance equations between the air stream and working fluid
in the dry region.

Ty =Ty, —Y Cp,,(Tai — Tap) (55)

Air temperature, air enthalpy, and working fluid temperature of dry region can
be calculated by using traditional heat exchanger equations. But for the wet region,
a discretized volume with distributed lump parameters method, like TFDC model
that explained detail in Section 3, can calculate the parameters of air stream,
saturated surface, and working fluid.

4.3.2 Energy balance between two fluids of Type-2.1.1 exchanger (energy balance
line, EBL)

Energy balance line for the wet region of Type-2.1.1 exchanger can be derived by
equating the energy lost from the air stream and the energy gained by the working
fluid. EBL equation for each element with the numbering, #, of each node can be
expressed as follows:

madh, = —m; Cp,dT; (56)
hn+1 _ hn mlcpl

4 4 — + = EBL 57

'T;H-l _ rIv;'L m, ( )

A minus sign refers to a parallel flow between air stream and working fluid flow.
A plus sign refers to a counter flow that working fluid is flowing in the opposite
direction of airflow.

4.3.3 Heat and mass transfer between two fluids of Type-2.1.1 model (tie-line slope)

Tie-line slope is the ratio of enthalpy difference between air and saturated
surface to the temperature difference between working fluid and saturated surface.
Tie-line slope, Eq. (59) can be derived from the equating of the sensible heat,
transferring from the working fluid to saturated surface, with the total sensible and
latent heat that transferring from the saturated surface to the air stream, see in
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Figure 10. Tie-line slope of Type-2.1.1 extended surface TDCONF exchanger is
similar with the one of TFDC exchanger, Eq. (19), but the difference is an addition
of thermal resistances of the metal wall and fins in the wet region, Rmw. Hence,
Tie-line slope for Type-2.1.1 extended surface TDCONF exchanger can be
expressed with the characteristic of coil, C, as follows:

I<M (hs - haavg)dA = le (Tlavg - Ts)dA (58)

b Doy Ut GpuRe 1 _ gy &)
Ts — Tiag Km Ry + Ry c

The total heat which is transferring from the saturated surface node j, T/ to the

average temperature of air stream, T avg

temperature T} and similarly from the saturated surface to the air stream are shown
in Figure 11. TLS equation, Eq. (59), has two unknown parameters, saturated
temperature, Ty, and saturated enthalpy, %,. The third order polynomial regression
equation, which is fitted with the saturation 100% RH line, shown in Figure 7, can
be used as their relation equation Eq. (20) to the TLS equation Eq. (59), and
rearranged with node number as follows:

which is the average of two adjacent nodes

) ) ) n n+1 Tn Tn+1
coel( TS])3 + coe2 TS])2 + (coe3 + TLS) T! + coe4 — (%) _ TLS(H_—I) =0

2
(60)
This third order polynomial TLS equation can be solved by using Newton

Raphson iteration methods to finds its unknown root parameter, T, from the known
parameters of tie line slope, enthalpy of air, and working fluid temperature.

T0.5%S;

(a)

Figure 11.
Typical plate finned tube heat exchange with (a) a three circuit tube with four rows deep and staggered
arrangement and, (b) its 3D view with dimensions’ notation.
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4.3.4 Dry bulb temperature of each node for Type-2.1.1 model

Likewise the derivation of air temperature in Section 3.3, the air temperature of
each node of TDCONF exchanger can be driven from the ratio of sensible heat that
transfer from air to saturated surface to the total heat and mass transfer from the air
to saturated surface. The ratio is as follows:

MaComdTs @y (Ts — Taayg)dA
madhs  Kpr(hs — haag )dA

(61)

The value of Kﬂ‘fgm can be assumed 1 for the Lewis number to the power of 2/3 is

similar with 1, see the derivation in Section 3.2. For numerical calculation, the air
temperature of each node, Eq. (61) is needed to be rearranged and rewritten with
node number n and j as follows:

hw+ 7hn . "
(h/ iy ) (TSJ - Tﬂ)
™ T = = (62)

a a
L
(1 + Z(hf—h,{vg)>

From the above equation outlet air temperature of each node T”*! can be
calculated from the known parameters of air inlet temperature, air enthalpy, and
saturated air enthalpy of each node.

4.3.5 Exchanger avea calculation of Type-2.1.1

The area of wet region, A,, can be calculated by integration of the energy
balance equation which is the total heat losing from the air stream is equal to the
total heat and mass transferring from the air stream to the vapor saturated surface
layer.

JMMM:JMMM—MWMA (63)

Mass transfer coefficient, K, can be substituted with the parameters g;” as the
Lewis number to the power of 2/3 is similar with 1, see in Eq. (6). The integral
equation Eq. (63) can be solved out with Sampson’s rule or Trapezoidal method, and

it can rewrite with node number z and j as follows:

My CPm ]Zl (

Ay = x (W —hl) (64)

hhf)

aavg

The wet surface area of TDCONF exchanger can be calculated from the known
parameters, air enthalpy %, and vapor saturated enthalpy %, of each element.

4.4 Type-2.1.2 extended surface TDCONF exchanger operating with volatile
working fluid

The exchanger’s geometrical structure of Type-2.1.2 is the same with the one of

Type-2.1.1, for both are using plate finned tube heat exchanger having a similar
thermal resistance for heat and mass transferring from air to working fluid. But the
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difference between them is that Type-2.1.1 exchanger is working with non-volatile
fluid so that its fluid temperature T, is increasing along the area axis from Tp;, to
T'Lous> shown in Figure 10, and Type-2.1.2 exchanger is operating with volatile
refrigerant so that its working fluid temperature is constant along the coil depth,
dTy, is 0. As a result, the parameter Y become infinity. For coil characteristic C for
Type-2.1.2 is similar with Type-2.1.1, the margin point, 4, of dry and wet region of
Type-2.1.2 exchanger can be calculated from the coil characteristic equation

Eq. (65). At boundary point, water saturated surface temperature of dry and wet
region is same as dew point temperature of inlet air, Ts = Tp,;. The enthalpy of air
at boundary, %,;, can be expressed as follows:

(Tapai — T1)

hay = hgy + C

(65)

Similarly with Type-2.1.1, temperature of air at dry-wet boundary point can be
calculated from the equation, Eq. (65). As the working fluid temperature is constant
in all coil depth, fluid temperature at boundary point T}, is same as with Ty. Energy
balance line for Type-2.1.2 is vertical for its refrigerant temperature is constant
along the coil depth, dT7, is 0. As a result, the refrigerant temperature of each node
is constant, and the enthalpy of air outlet /,, can be calculated from the energy

balance equation between the total heat lost from the air stream and the vaporiza-
tion heat of the refrigerant, and the equation is as follows:

Wludha = —Wllhﬁg(n) (66)
h

By = hy — P (T,) (67)
My

The equations of tie-line slope, dry bulb air temperature, and contact area for
Type-2.1.2 are the same with Egs. (60), (62), and (64).

4.5 Type-2.2: non-extended surface TDCONF heat exchanger

Indirect evaporative cooler and M-cycle dew point evaporative cooler, Type-2.2
exchangers, are passive coolers and very efficient cooler for dry and hot region. The two
fluids, a thin water film and working air, are directly contacting each other, and they do
not contact with the third fluid, product air, by separating with aluminum or plastic film
to prevent the moisture transferring and make sure allowing only heat transfer.

The phenomena of heat and mass transfer and its mathematical model is the
same with a wet region of Type-2.1.1 exchanger, except the calculation of separator
area. Tube is used as separator in Type-2.1.1 exchanger and flat sheet is used in
Type-2.2 exchanger. Thus, total thermal resistance, RT, of non-extended surface
TDCONF exchanger can be written with convective heat transfer coefficient of
working air, a,, and of product air, agy. ks, is the thermal conductivity of the
separator and Z, is the separator thickness. The total resistance equation can be
expressed as follows:

1 1 C L 1
RT:Raw+me+Rap:a—+< ﬁ)-F sep+_ (68)

aw Qg M kxep Qap

The rest equations of energy balance line (EBL), tie-line slope (TLS), dry bulb
air temperature T,, and contact area for Type-2.2 exchanger are the same with
Egs. (57), (60), (62), and (64).
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5. Effectiveness of heat and mass exchanger

The effectiveness of heat and mass exchanger are defined in many different
ways in many studies. The effectiveness of cooling tower, and direct evaporative
cooler based on the temperature is the ratio of the range, the change of water
temperature between the inlet, Ty;,, and the outlet, T, to the sum of the range
and the approach which is the difference between water outlet temperature and the
inlet air wet-bulb temperature, Twgain [31], expressed as follows:

copm —— Range  Tip = Tipw (69)
CoolingTower Rﬂmge + AppVOﬂlCh T1Lin — TWBain

Although Jaber and Webb [8] proposed a modified definition of cooling tower
effectiveness with enthalpy, temperature based effectiveness, Eq. (69), is widely
used in the cooling tower industry and this study also. Saturation effectiveness is a
key factor in the determination of direct and indirect evaporative cooler perfor-
mance. The saturation effectiveness of direct evaporative cooler is the ratio of the
dry bulb temperature difference between inlet air, Tpp,in, and outlet air T'ppgus, to
the difference between inlet air dry bulb temperature and its wet bulb temperature,
Twaain [2], expressed as follows:

TpBain — T DBaous (70)

€DirectEvapCooler =
rectbvap Cooler TDBam _ TWBum
The saturation effectiveness of indirect evaporative cooler, wet-bulb depression
efficiency, is the ratio of the dry bulb temperature difference between the product
air inlet, Tppyain, and outlet, Tppyaous, to the difference between the product air inlet
and inlet wet bulb temperature of working air, T'wgwain [2], expressed as follows:

TDBpain - TDBpaout

(71)

EmdirectEvapCooler =
TDBpuin — TwBwain

The effectiveness of air washer chamber and wet part of cooling coil are based
on the enthalpy, and can be defined as the ratio of enthalpy difference between air
inlet and out let to the difference between inlet air enthalpy and saturation enthalpy
associated with working fluid inlet temperature [8, 32], expressed as follows:

hain - haout

hm’n - hsWFin (72)

€Coil | Airwasher =

6. Results and discussion

This study has developed four types of numerical models for DCHME widely
used in the air-conditioning industry. The first model explained in Section 3 is for
Type-1 TFDC exchanger: air washer chamber, cooling tower, swamp cooler, or
direct contact evaporative cooler, shown in Figures 2, 5, and 6. The second model
derived in Section 5.2 is for Type-2.1.1 extended surface TDCONF exchanger work-
ing with non-volatile refrigerant (2.1.1. Extended Surface-Non Vol). An example of
these exchanges is the wet region of plate finned tube heat exchanger used for
cooling and dehumidification working with chilled water or ethylene/propylene
glycol, shown in Figures 3(a), 8(b) and (c), and 10. The third model derived in
Section 5.3 is for Type-2.1.2 extended surface TDCONF exchanger working with
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volatile refrigerant (2.1.2. Extended Surface-Vol). Examples of these exchangers are
the wet region of DX-coil for cooling and dehumidification working with R134a,
R410, etc., shown in Figures 3(a) and 8(b) and (c). Finally, the fourth model,
derived detail in Section 6, is for Type-2.2 non-extended surface TDCONF
exchanger (2.2. Non-Extended Surface), which are indirect evaporative cooler and
M-cycle dew point evaporative cooler, shown in Figures 3(b), 8(a) and (c), and 12.

There are two types of problems with known (given) parameters and parame-
ters to calculate for DCHME, which are listed in Table 1. The first type of problem,
Case 1a, and 1b, is the case for designing DCHME to solve the length or area of the
exchanger to achieve the desired fluid outlet temp or air outlet condition. The
second type of problem, Case 2, is the case for the model predictive control system
to predict the effectiveness and output parameter of a given DCHME under the
load’s variation and different operational parameters. Model 1. TFDC and 2.1.1.
Extended Surface-Non Volatile working fluids have three problem cases, but model
2.1.2. Extended Surface-Vol has only two problems excluded Case 1b because there
is no temperature difference between the inlet and outlet of the volatile working
fluid. Similarly, model Type-2.2. Non-Extended Surface has no Case 1a because the
product air operating as a working fluid is the only parameter needed to design and
develop the control model of the exchanger. The models with different types of
problem cases are shown in Figure 13.

Figure 14 shows the simulation result of temperature and enthalpy of the air,
water, and saturated layer of each element of Type-1 TFDC exchanger, which are
cooling tower or air washer chamber with Case 1 problem, calculation of exchanger

Symmetrical Line Bys T

Working Air R
Contact Fluid

Symmetrical Line ||, Non:contact Fiuid
A B conmis 1y

Temperature, T [°C] and Air Enthalpy, ha [ kd/kg ]

Area

(b)

Figure 12.

(a) A typical one unit cell of non-extended TDCONF exchanger with counter flow process between product air
and working air, and (b) thermal diagram of non-extended surface TDCONF exchanger and their potential
difference for heat and mass transfer process.

118



Direct Contact Heat and Mass Exchanger for Heating, Cooling, Humidification...
DOI: http://dx.doi.org/10.5772/intechopen.102353

Problem types Known parameters Parameters to calculate
Case 1a 1. Both inlets [T,;, w;| T1:] 1. Air outlet condition
[Parallel/Counter] 2. Both flowrates [G,, G ] [T, w,]

Calculation of length or area of exchanger

to get the desired working fluid outlet temp.

TFDC

[m,, m;] TDCONF

3. Working fluid outlet [Tp,]
4. Heat transfer coef. [a, ag,
ar, ay) TFDC

[a,, a;] TDCONF

2. Saturate line [T5, A,]
3. Length [L] or area [A,,]

Case 1b

[Parallel/Counter]

Calculation of length or area of exchanger
to get the desived air outlet condition.

1. Both inlets [T,;,w; | Ty]
2. Both flowrates [G,, G;]
3. Air outlet condition [T,,,
W, hy)

4. AW heat transfer coef.
oo, hiH]

PFTHEX thermal resistance

1. Working fluid outlet [T},]
2. Saturate line [Ty, /]
3. Length [L] or area [A,,]

Case 2

[Parallel/Counter]

Prediction of the effectiveness and the
working fluid outlet temp or air outlet
condition of exchanger with known length
or area.

1. Both inlets [T,;, w; | T};]
2. Both flowrates [G,, G|]

3. Length [L]

4. AW heat transfer coef.
[hattrr, Miar]

PFTHEX thermal resistance

1. Both outlets [T, w, | Tj,]
2. Saturate line [T, /]

Table 1.
List of problem types with known and calculation parameters for DCHME.

. | 1TFDC-Casela
Pl g —— — [~ TrrocCesets
e 1TFDC-Cage2

_a  Z11TDCONF_Ext_NonViol_Caseta J

+| 211TDCONF_Ext_Nonvol_Casets |

Z11TDGONF_Ext_NonVol_Case2 —!

-+ 212TDCONF_Ed_NonVol_Caseta |

21ZTDCONF_Ext_NanVol_Case2 |

== s 22TDCONF_Caselb
T T 2TDCONF Case2

Figure 13.
Four models with three different problem types of air conditioning exchanger.

length or area. The numbering of nodes i and j for exchanger is shown in Figure 5,
in which water is spraying into an (a) parallel or counter flow with airflow direc-
tion. The process is heating and humidifying airflow in the air washer chamber or
cooling the water in the cooling tower. Figure 14(a) shows the result of parallel
flow exchanger where the energy balance line is inclined to the left side due to its
negative slope per Eq. (10), and similarly, the positive slope for counter flow, thus
the line inclined to the right side as shown in Figure 14(b). Both counter and
parallel flow have the same negative tie line slope value, see Eq. (19), both tie lines
are inclined into the left side. The outlet air temperature, green circle, of counter
flow is 1.5°C higher than parallel flow under all the same condition. Thus, the
counter flow has higher efficiency than the parallel flow.

Figure 15 shows the simulation result of temperature and enthalpy of the air,
water, and saturated layer of each element of Type-1 TFDC exchanger, air washer
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Figure 14.

Temperature and enthalpy of air, water and saturated layer of each element of Type-1 TFDC exchanger with
Case 1 problem for the process of air heating and humidification in air washer chamber or cooling the water in
cooling tower (a) parallel flow, and (b) counter flow.
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Figure 15.

Temperature and enthalpy of air, water and saturated layer of each element of Type-1 TFDC and Type-2.1.1
exchanger with Case 1 problem for the process of air cooling and dehumidification in air washer chamber and
cooling coil operating with non-volatile working fluid in a (a) parallel flow, and (b) counter flow.

chamber, Type-2.1.1 exchanger, wet region of cooling coil working with non-
volatile fluid, for the process of air cooling and dehumidification. The behavior of
the energy balance line and tie line is the same as the heating and humidification
process, but the waterline, blue circle, is left side of the saturation line because the
working fluid temperature is lower than the saturation temperature, red circle, at
each node. At the same time, the water line is on the right side of the saturation line
because the working fluid temperature is higher than the saturation temperature in
the air heating and humidification process, see Figure 14.

Figure 16 shows the effectiveness of the exchanger based on the water stream,
Eq. (69), and based on the airflow stream Eq. (72) for cooling tower and air washer
chamber under the same giving length with different liquid air ratio and inlet air
enthalpy. At a low liquid-air flow ratio, the effectiveness of cooling tower based on
water temperature stream is higher because the range, the temperature difference
between water inlet and outlet, is higher due to the low water flow rate. However,
for the air washer based on air stream, the effectiveness, Eq. (72), is lower than the
higher liquid-air flow ratio because the temperature difference between the air inlet
and outlet temperature is higher due to the high airflow rate. Therefore, this Type-1
exchanger with the Case 2 problem model can predict the effectiveness and outlet
condition of water or air stream under the several of liquid-air flow ratio and inlet
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Figure 16.
Effectiveness of Type-1. TFDC exchanger based on the water stream for cooling tower and based on the air
stream for air washer chamber: Type-1 exchanger with Case 2 problem model.
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Figure 17.

Temperature and enthalpy of each element’s (a) air, non-volatile working fluid and saturated layer of Type-
2.1.1 exchanger (b) air, volatile working fluid and saturated layer of Type-2.1.2 exchanger with counter flow
for the process of cooling and dehumidification.

air condition. Thus this model can be applied as a sub-function of the model
predictive control system.

Figure 17 shows the simulation result of the temperature and enthalpy of each
element. Figure 17(a) depicts the result of the model, Type-2.1.1 extended surface
working with the non-volatile working fluid, and Figure 17(b) shows the result of
the model, Type-2.1.2 extended surface working with volatile refrigerant for the
process of cooling and dehumidification. Both models run at 6°C of working fluid
temperature with the exact dimension of the plane finned tube heat exchanger and
the same flow rate, flow rate ratio, and condition of the inlet air. Depending on the
nature of the volatilization of the working fluid, the temperature of the non-volatile
working fluid changes from inlet 6°C to outlet 10°C. The outlet air temperature is
dropped from 31 to 24.1°C, as shown in Figure 17(a), whereas, in the model of
Type-2.1.2, the refrigerant temperature is constant at 6°C, but the outlet air tem-
perature is dropped from 31 to 17°C, as shown in Figure 17(b). Thus, the Type-2.1.2
exchanger has a better performance than the Type-2.1.1 exchanger.
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Figure 18.
Cooling and dehumidification process of Type-2.1.1 exchanger with same inlet air temperature but different
humidity ratio.

Figure 18 shows the simulation result of model Type-2.1.1 exchanger running
with the same plate finned tube heat exchanger and operating with the same volatile
refrigerant at 5°C with the same refrigerant-air flow ratio. The result clearly shows
that the model can estimate the dry and wet area and predict the outlet air temper-
ature and moisture removing rate under different air inlet conditions (same inlet
temperature but different humidity ratio). Thus, these models are suitable for use as
a sub-function of the model predictive control system.

7. Conclusion

This study has developed a mathematical model based on a discretized volume
with distributed lumped-parameters method for two fluid direct contact (TFDC)
exchangers and two direct contacts with one non-contact fluid (TDCONF)
exchanger. Based on the flow system and structure, this study has developed four
models; Type-1 TFDC exchanger model (air washer chamber, cooling tower, and
swamp cooler or direct contact evaporative cooler), Type-2.1.1 extended surface
TDCONTF exchanger model working with non-volatile refrigerant (wet region of
plate finned tube heat exchanger cooling coil working with chilled water or ethyl-
ene/propylene glycol), Type-2.1.2 extended surface TDCONF exchanger working
with volatile refrigerant (wet region of plate finned tube DX-coil), and Type-2.2
non-extended surface TDCONF exchanger (indirect evaporative cooler and M-
cycle dew point evaporative cooler). From the simulation result, these models can
reflect both heat and mass transfer behavior in every spatially distributed physical
system. Moreover, they can predict well the effectiveness and dependent parame-
ters of DCHME under the different load conditions and its various input parame-
ters. Hence, these models can be a valuable tool for designing the exchangers
mentioned above and can be applied as a sub-function of the model predictive
control system.
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Chapter 6

Assessment of Augmentation
Techniques to Intensify Heat
Transmission Power

Prashant B. Dehankar

Abstract

The heat exchanger detects heat between two processes of liquids in the
chemical, petrochemical, food, beverage, and hot metals, and so on. Although the
required heat transfer calculations and pressure reductions are achieved with a two-
pipeline temperature switch (DPHE), the optimization of the heat transfer param-
eter is used to measure laboratory test settings. This will allow you to build a DPHE
model with twisted tapes and mimic the ASPEN PLUS and work it out by trying to
scale the lab that has already been produced and standardized for DPHE. Parameter
values for this study range from 0.02 kg / sec —0.033 kg / sec as suspension,
pressure reduction, and Reynolds numbers. Also to study the mechanism of
increased heat transfer by the use of twisted tape with Y1 = 4.3 and Y2 = 7.7
deviations. They are trying to compare the results of a mathematical model with
simulation. This mode of inactivity has the effect of equilibrium heat transfer,
pressure drop, the collision factor, and the number Reynolds. We tested the model-
ing and simulation effects and tried to measure the 4 input parameters of the two
output parameters: cold flow rate, hot flow rate, cold and cold temperatures. DPHE,
therefore, confirmed the flow rates of weight between 0.02-0.07 kg/s with experi-
ments and simulations performed by Aspen Plus.

Keywords: modeling, simulation, DPHE, twist tape, ASPEN PLUS

1. Introduction

Heat exchangers have many applications in industry and engineering. The pro-
cess of building a heat exchanger is somewhat difficult because, apart from prob-
lems such as long-term operation and the economic side of the equipment, careful
study of the rate of heat transfer and pressure drop pressure is required. The biggest
problem in building a heat exchanger is to make the equipment compact [1], with
less pumping power reaching a higher transmission rate. In a variety of technolog-
ical applications, Figure 1, heat transfer techniques are compatible. The high cost of
energy and materials in recent years has led to a concerted effort to produce more
efficient heat exchange equipment. In addition, for special applications such as
space use, a reduction in temperature is sometimes required by increasing the heat
transfer. While changes in fluid flow (viscosity breakage and thermal boundary
layers) can increase the heat transfer rate, the pumping capacity in this process can
increase significantly and ultimately the cost of pumping. Therefore, many
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Figure 1.
The idea of a model.

techniques have been developed to obtain the required amount of heat transfer to
an existing heat exchanger with low-cost pumping power. A process model is a set
of statistics that allows us to predict the performance of a chemical process system.

Increasing heat transfer, which leads to energy and cost savings, is of paramount
importance to academics. In the field of processes and engineering, there are many
devices used to transfer heat to stations. With many additional strategies, conven-
tional exchanges are developed with an emphasis on various types of site improve-
ment [2, 3]. Extra fixtures can help to increase the heat transfer rate and the
unwanted increase in conflicts with one or more of the following:

* Disruption and disruption of energy levels.

¢ The heat transfer area is increased.

* Generate rotating/rotating/secondary flow.

2. Objectives

1.Developing a DPHE model.

2.To conduct a DPHE test to validate the model.

3.The use of the results comparison software.

Enhanced surfaces can generally be used for three purposes,

a. The pumping power required for the heat transfer process should be reduced.
b. Increase the heat exchanger’s total UA value.

c. Creating model equations for hot and cold fluid output temperature.

In any case, a greater UA value can be used,
* To achieve a greater heat change at the fixed temperature of the fluid inflow, or
* Reduces the mean heat exchange temperature differential by increasing

thermodynamic process efficiency that might lead to operational costs
being saved.

3. Motivation
For many years efforts have been made to create more heat exchangers using

various methods to improve heat transfer. Due to the increasing demand for the
industry in terms of heat exchange devices, however, they are lower in design and
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1. [ | 2.
Active [ Passive
techniques 1] techniques

Figure 2.
Types of augmentation techniques.

operation than conventional heat exchange devices; advanced heat transfer studies
Figure 2 have become more effective in recent years. Energy-saving and energy
consumption also provide a significant incentive for new development processes. It is
important that heat exchangers are cohesive and lightweight when building cooling
systems for cars and spacecraft. Additional devices are also required for high-
temperature power switches (i.e. air-cooled condensers, nuclear fuel rods). This and
many other uses have led to the production of various improved heat exchangers.

More heat transfer is greatly increased by retransmission or redistribution of
flow to improve efficiency,

* Axial Reynolds number
* Shortcut flow area
* It means speed

* Temperature gradient near the wall of the tube

4. Methodology

Existing enhancement techniques can be broadly classified into three different
categories:

1. Active Techniques: some external power to improve the heat transfer rate in
the heat exchanger is appropriate for that process. This method is no more
complicated than the synthetic and complex method, for example, machinery,
surface vibration, liquid vibration, etc.

2.Passive Techniques: The flux pattern changes in this method only with
systemic power available without external power. This change causes the layer
of temperature disturbances and pressure to decrease to improve the heat
transfer rate of the heat exchangers e.g. heavy face, swirl flow, etc.

3.Compound Techniques: An effective and practical process is used in this

approach. Complex technology is a complex that raises the pressure and
decreases, for example, an empty tube with twisted tape, a water tube, and so on.

5. Observations from literature review
Twisted tape installation mixes the flow of quantities well and is thus superior to

any other installation in laminar flux, as heat resistance is not restricted from
laminar flow [4] to a small area near the wall. But the performance of twisted tape
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Figure 3.

Experimental DPHE setup with twisted tape.

depends on the fluid parameters such as Prandtl number. Due to its flexible volume,
the length of a twisted band Figure 3(a) and (b) is better than the length of a full
band. Twisted tape can be used effectively to increase heat transfer when designing
small heat exchanges Figure 3 for laminar flow.

Turbulent flow [5] twist tape works well up to a certain level of Reynolds but not
beyond the wide range of Reynolds. The twisted tape does not work in a turbulent
flow compared to a wind turbine due to the drop in pressure drop. So the perfor-
mance of hot rolled tape is not very good compared to the turbulent flow wire coil.
It can therefore be proved that in a turbulent environment a wire spool is a good
choice. However, short twisted tapestry offers better hydrothermal performance
compared to long and twisted tapestry.

6. Selection and choice of process

The selected process consists of a liquid flow, e.g. water through a double body
temperature. The heat exchanger has a lot of industrial and engineering perfor-
mance. An accurate study of heat transfer rate and pressure reduction and perfor-
mance and economic aspect of heat exchange equipment is required in the
development of a heat exchange process [6-8]. The pressure drop increases when
the input is used to increase the heat transfer and the heat transfer rate. As the
pressure decreases, pumping costs are high [9-12]. It is also very important that the
pressure drop does not exceed a certain amount when using the insert to install a
heat transfer system.

7. Mathematical modeling
7.1 Hypothesis

To expand the mathematical model, we look at this simple idea to do the
following:
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* Merchant performance in a consistent state government.

* Transmission of heat to the environment is ignored.

* HE is considered to be a system with illuminated parameters.

* Two flows in the liquid phase and does not change the phase.
7.2 Modeling equations

By taking heat balance of hot & cold fluid, we get,

thph (Tl - TZ) = QCCPC (T4 — T3) (1)
thph (Tl - TZ) = UAATlm (2)
Q,Cp, (T1—T,) = AL (T 1;7;”%3;45712 - T3)} 3)

(T>—T3)

The heat exchanger’s mathematical model has been constructed, and it includes
a heat balance equation for the two material fluxes Qh and Qc, as well as an
expression for transferred heat flow Table 1. The overall heat exchange coefficient,
U, has a standard expression as the overall HTC, which may be given by Eq. (4), for
the heat flow transported in the heat exchanger.

= (4)
ERCIORTTIRG) “
7.3 Solving of the mathematical model

Eq. (1) represents a system of two non-linear equations with two variables
having the form,

f1(T2,T4) =0, f,(T2,T4) =0 (5)
f1=QCp, (T1 = T2) —Q.Cp, (T4~ T;) (6)
UA{(T{1—T4)— (T, —-T
fr={QCp, (T1 -T2} - th ln (4T)1—T4() S @)
(T,—T3)

The equation’s unknown variables (4), the hot fluid’s T2 outlet temperature, and
the cold fluid’s T4 outlet temperature, are also the heat exchanger’s output variables.
The expressions of the functions f1 and 2 of the Eq. (5) are defined by the relations
(6) and (7).

T1°C T2° C T3°C T4° C Nre UW/m?2K

70 49.25 29 38 11936.60 169.37

60 47.48 29 37 13433.33 171.65

55 45.1 29 35 13602.49 172.51
Table 1.

Experimental parameters.
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We can get solutions from two methods,

¢ Jacobean matrix
* Newton-Raphson method

The Jacobean matrix associated with the linear Eq. (5) is given by,

JX) = ij iz N
oT, 0T,
Z—Jflii s 9)
;iTi S (10)
3_172=—thph_ [UA{(T1—Ts)— (Ts—Ts) }] {%r N

2
T.:-T.
In [ETﬁ—Tﬁﬂ

7.4 Example a certain amount when using the insert to install a heat transfer
system

Assuming, Temperature T1 = 70°C and T3 = 29°C; pat 70 C = 0.0004101 Pa ses;
k = 0.62136 W/m K; de = 0.0280 m; di = 0.013 m;

Cp = 4186 J/kg K.

Apply Eq. (5)

-H
itk
hi_d c, )%
1( p k)
-H
itk
b= C )P
e(p k)
Nre:divp
p
=g
A

By using Egs. (1), (2) and (3) and substituting all above calculated values we get,
m Cp ATt = Cp ATeolq

T2 =190.35-4.15 T4
m C, (T; —T;) = UAAT,

By substituting value of T2 from Eq. (1)

(70 — T4) — (161.35 — 4.15 T,)
In (70 — T4) — In (16135 — 415 T,)

£(Ts) — — 66.15 T, + 1918.07
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From trial and error method,

T4 =38 C.
From Eq. (1), substituting T4.
T2 = 49.25 C.

8. Results of mathematical model
8.1 About the inserts

Mild steel twisted tapes were utilized as inserts in the experiment Table 2. The
purpose of this study is to determine the friction factor and heat transfer coefficient
for twisted tape with a twist ratio of (Y1 = 4.3, Y2 = 7.7) and compare them to those
of a smooth tube.

Twist ratio 1 = 4.3.

Twist ratio 2 = 7.7.

Twisted tape thickness = 0.002 m.

Twisted tape length = 0.90 m.

Twist width = 0.012 m.

8.2 Simulation

Simulation means the equation through the use of software mathematical tools.
Chemical engineering requires a process simulation to solve difficulties associated
with process design, process analysis control, and much more, in the actual world a
chemical process is defined in a process fluid sheet.

What is Process Simulation/Analysis?

The analysis/simulation is designed to model and predict how the process is
performed. In any performance test, the process must be broken down into
fragments (e.g. units). Process factors are predicted by analytical strategies
(e.g. flow rates, tracks, temperatures, pressures, features, equipment size, etc.)
Mathematical models, dynamic correlations, and process simulation tools
include these strategies (e.g. ASPEN Plus). In order to predict and validate
performance, process analysis may include the use of test methods. As a result, we
obtain the installation process and the flow process during the process simulation
and are required to predict the results of the process Figure 4. ASPEN Plus is the
focus of the lab. It is computer-assisted software that predicts process performance
(e.g., broadcast parameters, operating conditions, and machine sizes, and uses basic

Inner pipe ID 0.013m
Inner pipe OD 0.015m
Outer pipe ID 0.023 m
Outer pipe OD 0.025m
MOC of tube Cu
MOC outer pipe PVC
Heat transfer length 0.90 m
Outer pipe length 0.76 m
Table 2.

Specification of experiment setup.
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Figure 4.
DPHE with inlet and outlet streams.

physical coordinates (e.g., material and power balances, thermodynamic
equilibrium, and measurement).
Computer-assisted simulation has various benefits:

* Allows designers to easily evaluate and provide information on integrated
water systems integration.

* It can be integrated to achieve a complete integrated design and integration
process.

* Reduces testing and expansion efforts.

* Flexibility and awareness of the process are assessed by answering the
questions of “what if?”

* Modeling process and understanding process performance in bulk.

9. Result and discussion
9.1 Final result

At DPHE, the set results were confirmed by experimental work on mathematical
models Tables 3 and 4. Figures 5 and 6 shows that, in comparison with the test
values for the full total result, a larger 4°C rating was obtained for the mathematical
model due to a few manual errors.

Mathematical model analysis and test function are shown in Figures 7 and 8.
The test consists of a smooth tube with a torsioned tube Y1 = 4.3 and Y2 = 7.7
without installation and installation. Recovery of heat from hot and cold liquids
increases as Table 5 temperature differences increase. Extreme heat transfer from
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TZ C T4 C UW/m*K
49.25 38 169.37
47.48 37 171.65
45.1 35 172.51
Table 3.
Theoretical values for temperatures and heat transfer coefficient.
Smooth tube Y;:=43 Y,=77
T2 T4 U T2 T4 U T2 T4 U
55 35 1849.002 56 39 2941.53 55 39 2456.17
51 34 2505.59 48 34 3762.55 50 33 2859.64
Table 4.
Experimental values of heat transfer coefficient for smooth and twist tape.
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Figure 5.

Thermal vesults in plane tube simulation.

hot and cold liquids is used in the form of heat transfer. It was noted that the 6°C of
the twist ration Y1 = 4.3 and the 4°C of the twist ratio Y2 = 7.7 as the comparable
smooth tube was increased using twist-tape.

Figure 9 translates that, the conflict decreased as the snumber of Reynolds
increased. Therefore, when twisted tapes with different twist ratios are shown in
4.3 and 7.7 a device that is more important than a smooth tab is used. The heat
transfer coefficient with a twist ratio of 4.3 rather than a 7.7 twist ratio. Therefore,
the ratio of the contraction of the pulsating tap and the sugar is very smooth to 4.3
twist ratio and then 7.7.
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Comparison between mathematical model and experimental work for smooth tube, twisted tape having twist
ration (Y1 = 4.3 ¢ Y2 = 7.7).
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Flow rate Model Smooth tube Y, =43 Y,=77

T1 T2 AT T1 T2 At TT T2 AT Ti1 T2 AT

0.00002 70 49.25 20.75 74 58 16 71 49 22 70 495 205

0.00005 60 4748 1252 65 55 10 63 45 18 62 47 15

0.000071 55 45.1 9.9 56 51 5 59 48 11 60 52 8

Table 5.
Comparison of temperature difference.

£/t

smooth
0.94 _ A Y2=77

0.9 T T T 1
0 2000 4000 6000 8000 10000 12000 14000

Nre

Figure 9.
Friction factor ratios vs. Nre for theoretical and experimental values.

10. Conclusion

In this experiment, we find that with the introduction of a torn tape, the heat
transfer rate increases. When the installation is installed in a flow-through station,
the rate of heat transfer and pressure drop leads to a higher level of turbulence. By
comparing experiments using open source tools, we get results similar to Aspen
Plus.

The statistical model is validated by comparing the test values under the same
operating conditions of the two output flow temperatures associated with the
model. In the analysis of industrial vendors in the cleaning areas, a mathematical
model and algorithm of its solution will be used.

Scope for Future Work

1.DPHE manufactured to compute temperature-related viscosity; for energy
saving.

2. As a process of intensification approaching the green technology principle in
the chemical industry.

Nomenclature

Ai Inside heat transfer surface area, m>
Ac Cross-sectional area, m?

Cp Specific heat of fluid, J/kg K

Di Inside diameter of the tube, m
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fa
f
Gz
h
hi
ho
H
k
Lw
Lh
ATIm
m
Nu
Pr
AP
Q
Re
T
Ui

Fanning friction factor, dimensionless
Theoretical Fanning friction for smooth tube, dimensionless
Greatz number, dimensionless

Difference in level of CCl4 in the manometer, m
Inside HTC, W/m? K

Outside HTC, W/m* K

Linear distance of the tape for 180" rotation
Thermal conductivity of the fluid, W/m K
Heat transfer length, m

Pressure taping to pressure taping length, m
Log mean temperature difference

Mass flow rate, kg/s

Nusselt number

Prandtl number

Pressure drop

Heat transfer rate, W

Reynolds number

Temperature in” C

Overall heat transfer coefficient, W/m2 K
Velocity of water, m/s

Width of the twisted tape

Weight of the water taken, kg

Twist ratio, dimensionless, H/d

Greek letters

Density of fluid, kg/m?
Dynamic viscosity of the fluid, Pa sec
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Chapter 7

Heat Exchanger Design and
Optimization
Shahin Kharaji

Abstract

A heat exchanger is a unit operation used to transfer heat between two or more
fluids at different temperatures. There are many different types of heat exchangers
that are categorized based on different criteria, such as construction, flow arrange-
ment, heat transfer mechanism, etc. Heat exchangers are optimized based on their
applications. The most common criteria for optimization of heat exchangers are the
minimum initial cost, minimum operation cost, maximum effectiveness, minimum
pressure drop, minimum heat transfer area, minimum weight, or material. Using
the data modeling, the optimization of a heat exchanger can be transformed into a
constrained optimization problem and then solved by modern optimization algo-
rithms. In this chapter, the thermal design and optimization of shell and tube heat
exchangers are presented.

Keywords: log-mean temperature difference (LMTD), effectiveness-number of
transfer units (e-NTU), genetic algorithm (GA), particle swarm optimization
(PSO)

1. Introduction

Heat exchangers are systems used to transfer heat between fluids with different
temperatures. These devices have vast applications in many areas, such as refriger-
ation, heating, and air conditioning systems, power plants, chemical processes, food
industry, automobile radiators, and waste heat recovery units. Heat exchangers can
be classified according to different criteria such as construction, flow arrangement,
heat transfer mechanism, etc [1]. The heat exchanger design can be divided into
two main categories, thermal and hydraulic design and mechanical design. In ther-
mal and hydraulic design, the focus is on calculating an adequate surface area
transfer a certain amount of heat, pressure dope, pumping power work, etc. The
goal of the mechanical design is to design the mechanical integrity of the exchanger,
as well as designing various pressure and non-pressure components. In this chapter,
the thermal and hydraulic design of heat exchangers is presented. To achieve better
performance of heat exchangers, they optimize based on their application. Heat
exchanger optimization can be performed using different optimization algorithms.
Since most heat exchanger optimization problems are nonlinear, using traditional
methods such as linear and dynamic programming and steepest descent may not
lead to the desired solution and may even fail. Also, most traditional methods need
gradient information to solve an optimization problem. On the other hand,
advanced optimization algorithms are developed, which are gradient-free. Several
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advanced optimization methods, such as genetic algorithm, non-nominated sorting
genetic algorithm, bio-geography-based optimization, particle swarm optimization,
Jaya algorithm, and teaching-learning-based optimization, can be more efficient in
solving an optimization problem. However, each of these methods has its advan-
tages and disadvantages, which are discussed in the optimization section. In this
chapter, genetic algorithm and particle swarm optimization are discussed in detail
due to the vast applications that arise from their acceptable accuracy, as well as
short computational time [2].

2. Basic equation of heat transfer

In most heat transfer problems, hot and cold fluids are divided by a solid wall. In
this case, the mechanism of heat transfer from hot fluid to the cold fluid can be
categorized into three steps:

* Heat transfer from the hot fluid to the wall by convection.
* Heat transfer through the wall by conduction.
* Heat transfer from the wall to the cold fluid by convection.

Figure 1 shows a schematic of heat transfer between two fluids. As it can be
seen, thermal resistance (R) is present at each stage of the transfer. Thermal resis-
tance is a thermal (physical) property that indicates the resistance of each material
to heat transfer due to temperature differences that can be calculated from [3]:

L
R = XA for conduction W

R , for convection

T hA
Where L is the thickness of the wall, A is the cross-sectional area in which heat
transfer occurs, and K and % are conduction and convection heat transfer coeffi-
cient, respectively.
Heat transfer in each stage can be calculated as follows [4]:

o Ti-Ts Ta-Ts Ts—Ti Ti-Ts Ts—Ts )
RCH Rf,H Rw Rf,C RCC

> >

Where:
R, ;7 = thermal resistance for convection in the hot side.

.

resistance

Figure 1.
A schematic of heat transfer in heat exchangers.
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Rgp = fouling resistance of hot side.

R,, = wall resistance.

Ry,c = fouling resistance of cold side.
R, ¢ = thermal resistance for convection in cold side.

Table 1 shows the fouling resistance of the most common fluids used in heat
exchangers. The overall heat transfer coefficient can be obtained from Eq. (2) as

follows [4]:

B T1—Te 3

_Rc,H+Rf,H+Rw+Rf,C+Rc,C 3
or:

o Ty — Té @

L
HAH H H c cAc

Gas and vapors Fouling Liquids Fouling

Factor Factor
Industrial Industrial liquids
Manufactured Gas 0.01 Industrial organic heat transfer media 0.001
Engine Exhaust Gas 0.01 Refrigerating liquids 0.001
Steam (non-oil bearing) 0.0005 Molten heat transfer salts 0.0005
Exhaust Steam (oil 0.001 Hydraulic fluid 0.001
bearing)
Refrigerant Vapors (oil 0.002 Industrial oils
bearing)
Compressed Air 0.002 Fuel oil 0.005
Industrial Organic Heat 0.001 Engine lube oil 0.001
Transfer Media
Chemical Processing Transformer oil 0.001
Acid Gas 0.001 Quench oil 0.004
Solvent Vapors 0.001 Vegetable oils 0.003
Stable Overhead Product 0.001 water
Petroleum Processing Temperature of 240°F< 240-400°F

heating medium

Atmospheric Tower 0.001  Temperature of water 125°F< 125°F>
Overhead Vapors
Light Naphthas 0.001 velocity 3ft< 3ft> 3ft.<  3ft>
Vacuum Overhead Vapors 0.002 Seawater 0.0005 0.0005 0.001 0.001
Natural Gas 0.001 Brackish water 0.002 0.001 0.003 0.002
Overhead Products 0.001 Distilled water 0.0005 0.0005 0.0005 0.0005
Coke Unit Overhead 0.002 Boiler blowdown 0.002 0.002 0.002 0.002

Vapors

Table 1.
Fouling factors for different types of fluid [5, 6].
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Where:

hy and ke = convection heat transfer coefficient of the hot and cold sides,
respectively.

Ay and A¢ = and surface area of wall in the hot and cold side, respectively.

The 7,, can be calculated for flat wall and cylindrical walls using Egs. (5) and (6),
respectively.

dy

T = XA’ , for flat wall (5)
1n( )

T = K , for cylindrical wall (6)

Where d,, is the thickness of the wall, and », and r; are the outside and inside
diameter of the wall, respectively.
Total thermal resistance can be expressed as [7]:

R = thH +Z—’5 ot Vfc +h;4c @)
The rate of heat transfer (Q) can be determined from
Q = UAAT (8)
Where U is the overall heat transfer coefficient.
V- +’f”+1 FHE )
nite e R S LS

Where A, is a reference area. If the heat transfer is carried out over a pipe, the
inside and outside surface areas of the pipe are not equal. Hence, the A, must be
determined (The outer surface of the pipes is usually selected).

3. Thermal design of heat exchangers

The thermal design of heat exchangers can be performed by several methods.
The most commonly used methods are log-mean temperature difference (LMTD)
and effectiveness-number of transfer units (e-NTU) [8]. The LMTD was used to
calculate heat transfer when the inlet and outlet temperatures of fluids are specified.
When more than one inlet and/or outlet temperature of the heat exchanger is
unknown, LMTD may be calculated by trial and errors solution. In this case, the e-
NTU method is commonly used [3].

3.1 The log-mean temperature difference (LMTD) method

As mentioned earlier, by determining the temperature difference between hot
and cold fluids, the amount of heat transfer can be calculated from Eq. (3). Figure 2
shows temperature changes of hot and cold fluids along with a heat exchanger with
different types of flow configuration. As it can be seen the temperature difference
between hot and cold fluids can vary along with the heat exchanger. Terminal
temperatures of hot and cold fluids (Ty, .. anf T ,.) are very effective factors in a
heat exchanger design. If T, is lower than Ty, ,,, for countercurrent flow,
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Figure 2.
Temperature changes of hot and cold fluids along with a heat exchanger with different types of flow
configuration.

temperature approach occurs. In contrast, if T, is higher than the Ty, for
countercurrent flow, temperature cross happens [9]. But if T¢ ,, is equal to T 55
temperature meet takes place. Based on the second law of thermodynamics, tem-
perature cross can never take place for heat exchangers with co-current flow con-
figuration [10]. In 1981, Wales [11] proposed a parameter G, which can be used to
determine the temperature conditions in the heat exchangers. Eq. (10) defines the
G parameters that can be between —1 and 1.

_ TH,out - TC,out
Trin — Tcin
G>0 — temperature approach (10)

G

G = 0 — temperature meet

G <0 — temperature cross

Since the temperature difference between hot and cold streams varies along with
the heat exchanger, the basic question is which temperature difference should be
considered to calculate the heat transfer rate. To answer this question, consider
Figure 3 which shows heat transfer between two parallel and co-current fluids.
Based on Figure 3, the heat transfer for the specified heat transfer area can be
written in the form:

dQ = U AT dA 11)

T,

hot fluid T
— ok

cold Nuid

Figure 3.
Heat transfer between two parallel and co-cuvrent fluids [3].
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It can be said that the amount of heat transferred is reduced from the hot fluid
and added to the cold fluid. Therefore [3]:

dQ = —Cpy dTy (12)
dQ = C,¢ dTc (13)

Where C,,  and C,, ¢ are specific heat capacities of hot and cold fluids, respec-
tively. The temperature difference can be written as below:

d(AT) = dTy — dT¢ (14)

By the combination of Egs. (12) and (13) with Eq. (14):

4Q  dQ
d(AT) = - 2% _ %< 15
a1) - - £L 22 15
By defining 1; = & + Tl,a’ Eq. (15) can be written as follow:
dQ = M d(AT) (16)

Assuming the M is constant along with the heat exchanger:

Q AT pur
JdQ =-M J d(AT) — Q = —M(ATour — AT;n) (17)
0

AT;,
On the other hand, by placing Eq. (16) in Eq. (11):

d(AT) UdA

Tuda Y aa) AT
=— - =— —_out
A JT =-M J AT Un,A M In (ATm ) (19)
ATy,

Where U,, is the mean overall heat transfer coefficient which can be defined as
below:

A
U dA
U, = JT (20)
0
The heat transfer rate can be written as flow:
Q = U, AATmTD (21)

Where AT yrp is the logarithmic mean temperature difference (LMTD) which
can be defined as below:

ATout - ATm

ATimD = ———F -~ (22)
o )
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The simplicity of the LMTD method has led to its use in the design of many heat
exchangers by introducing a correction factor, F, according to Eq. (23) [12]. The F is
generally expressed in terms of two non-dimensional parameters, thermal effec-
tiveness (P), and heat capacity ratio (R). The P and R are defined as Eqgs. (24) and
(25), respectively [13]. Figure 4 shows the correction factor for common shell and
tube heat exchangers.

Q = UAFAT D , O0<F<1 (23)
TC out — TC in

p =Gt = " Cin (24)
Thin — Tcin

o TH,in - TH,out

Rer (25)

B TC,out - TC,in
3.2 Effectiveness-number of transfer units (e-NTU)

When more than one of the inlet and outlet temperatures of the heat exchanger
is unknown, LMTD may be calculated by trial and errors solution. Another
approach to calculating the rate of heat transfer is the effectiveness number of
transfer units (e-NTU) method. The e-NTU can be expressed according to Eq. (26)
where Cp,,;, is the minimum value between the heat capacity of cold fluid (Cp,c)
and hot fluid (Cp, ). The effectiveness (¢) can be defined as the ratio of the actual
heat transfer rate (¢) and the maximum possible heat transfer rate (¢,,,.) according
to Eq. (27).

UA,,

NTU = (26)
Cp min
e=-1 27)
qmax
1 ”“*‘*ﬁ =] 1 [T
s [ |] NN, AL T ] b, N b
VX RISNE NN v ML SR N

0% \ AN 0.8 l A N ‘\ Iy b

— R=40 3.0 —ge;_ s odo -‘ul-—-’-‘ul—n—-i‘l.'———‘ R4 ] 30 20 L3 10 |08 06104 02
i I (KT \ i | S \ N AN

1;.‘ y 1 7 i “ " h

[ [ [ rl'* X t 06 |1 i It N \
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Figure 4.

Correction factor for common shell and tube heat exchangers [3]. (a) One-shell pass and 2, 4, 6, etc. (any
multiple of 2), tube pass. (b) Two-shell pass and 4, 8, 12, etc. (any multiple of 4), tube pass. (c) Single-
pass cross-flow with both fluids unmixed. (d) Single-pass cross-flow with one fluid unmixed and other
unmixed.
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Where:

q = CP,H(TH,in - TH,out) = Cp)c(TC,out - TC,in)

qmax

=G,

min (Tr,in — Tc,in)

The heat transfer rate using the e-NTU method can express as [14]:

Tables 2 and 3 show the effectiveness and NTU relations for heat exchangers,

Q = €Cpmin (TH,in — Tc,in)

(28)

(2

(30)

respectively. It should be noted that C, is the capacity and it can be defined as

9)

follows:
Cpmi
C, min ( 31)
C'P max
Heat exchanger type Effectiveness relation
Double pipe: e = Lexp[ENTUHG,)]

¢ Parallel-flow
¢ Counter flow with C, < 1
¢ Counter flow with C, = 1

HC,

_ 1-exp[-NTU(1-C,)]
€ = 1C,exp -NTU(1-C,)]
&= NTU

= 1+NTU

Sell and tube:
¢ On-passand 2, 4, ... tube

-1
o 1+ exp [-NTUVIFC|
€= 2{1 TG +VI+G T-exp [ NTUVITG)

Cross flow (single-pass):

¢ Cpax and Cyy, unmixed

¢ Cpax mixed and C,;, unmixed
max unmixed and C,,;, mixed

C
C

&= Clr {1 — exp [_Cy(l — exp [NTU])]}

e=1— exp {_clr(l — exp [—CVNTU])}

e=1— exp [Cir (NTU)O'ZZ{ exp {—CV(NTU)WS] — 1}}

All heat exchangers with C, = 0

e =1— exp(—NTU)

Table 2.
Effectiveness relation for heat exchangers [15].

Heat exchanger type

NTU relation

Double pipe:

¢ Parallel-flow

¢ Counter flow with C, < 1
¢ Counter flow with C, = 1

NTU — _ Inli=e(14Cy)]

1+C,

NTU = g1 In (i7%)

Sell and tube:
¢ On-passand 2, 4, ... tube

NTU ==
NTU = — —1_ In |i1=GoV 14 C
Vic? 211GV

|

Cross flow (single-pass):
¢ Cp.x mixed and C,,;, unmixed
¢ Cpax unmixed and C,;, mixed

NTU = ~In [1 4 20;<C)

NTU =

C

_ In[C In(1-¢)+1]

[e2

}

All heat exchangers with C, = 0

NTU = —In[1—¢]

Table 3.
NTU relation for heat exchangers [15].
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4. Thermal and hydraulic design of shell and tube heat exchanger

Heat exchangers can be classified according to different criteria such as con-
struction, flow arrangement, heat transfer mechanism, etc [1]. Shell and tube heat
exchangers are some of the most convenient heat exchangers due to their versatil-
ity, wide operating range, and simplicity [16]. Hence, this chapter focuses on the
design of this type of heat exchanger. In the design of shell and tube heat
exchangers, a lot of consideration including the number of shells and tubes, tube
pitch and layout, tube passes, baffles, etc., should be taken into account. In this
case, there are some methods such as Kern and Bell-Delaware to design a heat shell
and tube exchanger design. Since Kern’s method offers the simplest route, this
chapter is focused on this method.

4.1 Kern’s method

Kern’s method is based on experimental data for typical heat exchangers. In this
method, it is assumed the shell flow is ideal, and leakage and bypass are negligible.
Based on this flow model, only a single stream flows in the shell that is driven by
baffles. This can lead to a very simple and rapid calculation of shell-side coefficients
as well as pressure drop [17]. Figure 5 shows a schematic of a shell and tube heat
exchanger.

4.2 Number of tubes
The number of tubes (IV;) can be calculated as follows:
4 m;

N =
' pvid:

(32)

Where 71, is the flow rate of fluid inside the tube, p, is the density of the fluid
inside the tube, 1, is the velocity of the fluid inside the tube, A, is the cross-sectional
area of the tube, and d; is the tube inside diameter.

1. Shell

2. Shell cover

3. Shell lange (channel end)
4. Shell flange (cover end)

5. Shell nozzle or branch

6. Floating tube sheet

7. Floating head cover

8. Floating head flange

9. Floating head gland

10. Floating head backing ring
11. Stationary tube sheet

12. Channel or stationary head
13. Channel cover

14. Channel nozzle or branch
15, Tube (straight)

16. Tubes (U-type)

17. Tie rods and spacers

18. Transverse (or cross) baffles or support
plates

19. Longitudinal baffles

20. Impingement baffles

21, Floating head support

22, Pass partition

Figure 5.
Schematic of a shell and tube heat exchanger a) fixed-tube b) floating-head c) removable U-tube [18].
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4.3 Tube-side heat transfer coefficient

The heat transfer coefficient for the tube side (%,) is calculated as follows:

ke

ht == Nut di

(33)

Where Nu, is the Nusselt number for the tube-side fluid and %, is the thermal
conductivity of the tube-side fluid. The Nu, is a function of Reynolds number (Re)
and Prandtl number (Pr). Re and Pr can be obtained by the following:

Re, :/’f:tdf (34)
t
C
Pr, — f{”t (35)

Where g, is the dynamic viscosity of the tube-side fluid, K is the heat conduc-
tivity coefficient, and C, is the heat capacity of the tube-side fluid. The Nu, can be
calculated according to the type of flow as follows:

Nu, — (f./2) Re,Pr,

P = ;for : 10* < Re <5 x 10°& 0.5<Pr<200
107 +127( £,/2) (P - 1)

(36)

Nutzl_%(w)”  for (m '

3
7 7 ) >2 & 0.48<Pr<16700 (37)

Where L is the length of the tube andf; is the friction factor of the tube side,
which can be calculated from

f, = (158In Re, —3.28)" (38)

The convection heat transfer coefficient in the tube is obtained based on the
value of the Re, from [19]:

0.0677(Re Pr, %)™
1+ 0.1Pr, (Re, + %)

_k

hy )

3.657 +

; for Re;<2300 (39)

k, | %(Re,—1000)P d\ %
h, :Zt s (Re; )Pr; <1+ () ; for 2300 < Re;<10000
|1+ 127, (P2 - 1) L
(40)
k ; r 0.14
ht:jo,027Re?'8Pr§ <—t> ; for Re,>10000 (41)
i w,t

Where p,,,, is the dynamic viscosity of the tube-side fluid at the wall temperature
and A is the Darcy friction coefficient which can be defined as [19]:

A= (1.82log, log ;o Re, — 1.64)2 (42)
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The tube-side pressure drop is calculated by the following:

LN 2
AP, = <4ffd—,-p n 4Np> ’% (43)

Where N, is the tube passes.

4.4 Shell diameter

Inside sell diameter (D,) is calculated as follows:

| 4AN,
D=\ ety (44)

Where A is the projected area of the tube layout expressed as an area
corresponding to one tube and can be obtained from Eq. (45). Also, P, is tube pitch
and CL is the tube layout constant. Figure 6 depicts two common tube layouts,
square pitch and triangular pitch. The CTP is the tube count calculation constant
that accounts for the incomplete coverage of the shell diameter by the tubes, due to
necessary clearances between the shell and the outer tube circle and tube omissions
due to tube pass lanes for multitude pass design [15]. Eq. (46) shows the CTP for
different tube passes.

A =PCL)
CL =1 — for square — pitch layout (45)
CL = 0.866 — for triangular — pitch layout

CTP = 0.93 — for one —tube pass
CTP = 0.9 — for two — tube pass (46)
CTP = 0.85 — for three —tube pass

Combining Eq. (44) with Eq. (45) as well as defining tube pitch ratio as P,,
one gets:

4(P,d,)*(CL)N,

De=\""crP)=

(47)

()

Figure 6.
(a) Square-pitch (b) triangular-pitch layout [20].
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Where d, is tube outside the diameter. Eq. (47) can be written as follows:

4(P?)(CL)A,d,

(CTP)7L (49)

D, =

Where A, is the outside heat transfer surface area based on the outside diameter
of the tube and can be calculated from:

A, = nd,N,L (50)

The shell side flow direction is partially along the tube length and partially across
to tube length or heat exchanger axis. The inside shell diameter can be obtained
based on the cross-flow direction and the equivalent diameter (D,) is calculated
along the long axes of the shell. The equivalent diameter is given as follows:

4 x -
D, — free ﬂow area (51)
wetted perimeter

From Figure 6 the equivalent diameter for the square pitch and triangular pitch
layouts are as below:

nd?
4 (P,2 - Tﬂ)
nd,
i)

D, = ; for square — pitch tube (52)

4 8

D, = — for triangular — pitch tube (53)

2

Reynolds number for the shell-side (Re;) can be obtained as follows:

ms\ D,
s=\ 7| 4
Re (As) Hs 54

Where 7, is the flow rate of shell-side fluid, y; is the viscosity of the shell-side

fluid, and A, is the cross-flow area at the shell diameter which can be obtained as
below:

D,
A =—(BxC) (55)
Py

Where B is the baffle spacing and C, is the clearance between adjacent tubes.
According to Figure 6 C, is expressed as follows:

Ct:Pt_do (56)

The shell-side mass flow rate (G;) is found with:

Gy =— (57)
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In Kern’s method, the heat transfer coefficient for the shell-side (%,) is estimated
from the following:

hs 0. 36k Re 055P 1/3
Do (58)

GSDE
for 2x10°< Re, = <1x10°

Hs

Where k; is the thermal conductivity of the shell-side fluid. The tube-side pres-
sure drop is calculated by the following:

f.GX(Ny, + 1)D;

0.14
2p;D. (ﬁj)

Where N, is the number of baffles, p; is the density of the shell-side fluid, y,, is
the viscosity of the shell-side fluid at bulk temperature, and y,, , is the viscosity of
the tube-side fluid at wall temperature. The f; is the friction factor for the shell and
can be obtained as follows:

AP = (59)

f. = exp[0.576 — 0.191n (Re,)] ; for 400, Re,<1 x 10° (60)

The wall temperature can be calculated as follows:

(61)

1 TH in T TH out TC in + TC out
T, = (-2 : ’ :
Y 2( 2 + 2

According to Eq. (21), the heat transfer surface area (A) of the shell and tube
heat exchanger is obtained by the following:

Q
A=—— 2
U FAT LMD (62)

The required length of the heat exchanger can be calculated based on the heat
transfer surface area as follows:

A
ﬂdoNt

L= (63)

5. Optimization of heat exchangers

The applications of heat exchangers are very different. Therefore, they are
optimized based on their application. The most common criteria for optimizing
heat exchangers are the minimum initial cost, minimum operating cost, maximum
effectiveness, minimum pressure drop, minimum heat transfer area, minimum
weight or material, etc. These criteria can be optimized individually or in combi-
nation. It is clear from the above that the optimal design of heat exchangers is
based on many geometrical and operational parameters with high complexity. So
it is difficult to design a cheap and effective heat exchanger. The optimization
techniques are usually applied to ensure the best performance as well as lower the
cost of the heat exchanger. The optimization is carried out using different tech-
niques. Traditional techniques such as linear and dynamic programming as well as
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steepest descent usually fail to solve nonlinear large-scale problems. The need for
gradient information is another drawback of traditional techniques. Therefore, it
is not possible to solve non-differentiable functions using these methods. To
overcome these difficulties, advanced optimization algorithms are developed
which are gradient-free. Several advanced optimization methods, such as genetic
algorithm (GA) [21], non-nominated sorting GA (NSGA-II) [22], bio-geography-
based optimization (BBO) [23], particle swarm optimization (PSO) [24], Jaya
algorithm, and teaching-learning-based optimization (TLBO) [25], had been used
for the optimization of heat exchangers by many researchers each of which has its
advantages and disadvantages. Using GA, it is possible to solve all optimization
problems, which can be described with the chromosome encoding and solves
problems with multiple solutions. But in order to use GA, it is necessary to set a
number of specific algorithmic parameters such as jump probability, selection
operator, cross probability. NSGA-II has an explicit diversity preservation mech-
anism and elitism prevents an already found Pareto optimal solution from being
removed, but crowded comparison can limit the convergence and it needs the
tuning of algorithmic-specific parameters including mutation probability, cross-
over probability, etc. The optimization using BBO is also effective and it inhibits
the degradation of the solutions, but poor exploiting the solutions is the main
drawback of this method. The PSO is a heuristic and derivative-free technique
that has the character of memory but it needs the tuning of algorithmic specific
parameters and plurality of the population is not enough to achieve the global
optimal solution. Similarly, TLBO and Jaya need the tuning of their own
algorithmic-specific parameters [26].

Generally, an optimization design starts by selecting criteria (quantitatively)
to minimize or maximize, which is called an objective function. In an optimization
design, the requirements of a particular design such as required heat transfer,
allowable pressure drop, limitations on height, width and/or length of the
exchanger are called constraints. Several design variables such as operating mass
flow rates and operating temperatures can also participate in an optimization design
[15]. The single target optimization can be expressed as [27]:

min f(x)
gx)>0, j=1, 2, .., ] (64)
ho(x)>0, k=1, 2, .., K

Where f(x) is the objective function, g;(x) > 0 is the inequality constraint, and
hi(x) > 0 is the equality constraint. Multi-objective combination optimization can
be indicated as [27]:

min f(x) = (f1(x), f5x), s f,,(x))
gx)=0, =12, .., ] (65)
Me(x)20, k=1, 2, .., K

Using the data modeling, the optimization of a heat exchanger can be
transformed into a constrained optimization problem and then solved by modern
optimization algorithms. In this chapter, the focus is on GA and PSO because
many researchers mentioned that these algorithms lead to remarkable savings in
computational time and have an advantage over other methods in obtaining
multiple solutions of the same quality. So it gives more flexibility to the
designer [2].
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5.1 Genetic algorithm

GA is a search heuristic that is inspired by Charles Darwin’s theory of survival of
the fittest, which explains inferior creatures pass away and superior creatures
remain [28]. In GA, sets of design variables are codified by sequences with fixed or
variable lengths, similar to chromosomes or individuals in biological systems. Each
chromosome is formed of several design variables, which are known as genes. In
repetitive processes such as GA, each repetitive stage is a generation and a collection
of solutions associated with each generation is a population. Generally, the initial
population is generated randomly [29]. In GA statistical methods are used to
achieve optimum points. In the process of natural selection, populations are selected
based on their fitness. A new population is formed using genetic operations
containing selection, crossover, mutation, etc. This cycle continues until a certain
result is achieved or the stop criterion is satisfied [30]. Figure 7 shows the flowchart
of GA and the steps of binary GA are discussed below [32].

Step 1: Initialization of population

The initial population of GA includes binary numbers generated randomly
which are chromosomes or GA strings, consisting of bits called genes. Actually, the
initial population is the probable solution to the optimization problem. The number
of gens (n,) assigned to represent a variable in the chromosome depends on the
precision € and the range of the variable [x,,;s, %,4x], and is given by

(66)

-1 Xmin — Xmax
ng, = log, 46

Step 2: Fitness evaluation

The fitness value of each GA string is examined by first determining the decoded
values of the variables D, and next the corresponding real values are obtained as
follows:

Xmax — Xmin
I ©n

X = Xmin +

Figure 7.
Flow chart of GA [31].
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The fitness function values are then computed knowing the real values of design
variables.

Step 3: Reproduction/selection

In this step, chromosomes with better fitness values to participate in the cross-
over are selected. Several selection modes such as roulette wheel selection or pro-
portionate selection, rank-based selection, and tournament selection can be used in
this step [33]. In proportionate selection, the probability of a chromosome to be
selected is directly proportional to its fitness value. Hence, the chromosome having
a better fitness value has a higher chance of selection for reproduction. This may
result in premature convergence of the solution because there is a chance of losing
diversity. The tournament selection is faster compared with the other two selection
methods. In this method, # chromosomes are randomly picked from the population
of solutions, where n represents the tournament size. The chromosome having the
best fitness value is copied to the mating pool and all the n GA strings are returned
to the population. This process is repeated for obtaining all the individuals of the
mating pool.

Step 4: Crossover

The genes are exchanged between two-parent chromosomes in the crossover
step, which leads to a new set of solutions, called children. The crossover operation
represents the selection pressure or exploitation of fit chromosomes for even better
solutions. The crossover probability (P.) specifies the number of individuals taking
part in the crossover operation, and this control parameter value is optimally chosen
as nearly equal to 1.0. Several schemes of crossover such as single-point crossover,
two-point crossover, multipoint crossover, and uniform crossover can be used in
this step. A comparison of these methods is given in the literature [34].

Step 5: Mutation

Mutation means the change of a bit from 0 to 1 and from 1 to 0 in the solution
chromosome, which is used for the exploration of new solutions. It helps to come
out of the local basin and search for a global solution. The mutation probability P,,
specifies the number of mutations and is commonly kept very low. Because if its
value is high, the qualified solutions may be lost. The range of P,, is given as

<pP,<

0.1
7 (68)

— R

Where [ represents the length of the GA string. Steps 2, 3, 4, and 5 are repeated
until the termination criterion (maximum number of generations or desired preci-
sion of solution) is met.

5.2 Particle swarm optimization

The PSO is inspired by the way fish and birds swarm search for food [35]. In this
method, each particle represents one solution to a problem and they aim to find
optimum points in a search space. This method is also based on the behavior of birds
that they use to find their orientation. Based on this direction, the collective location
of the swarm and the best individual location of particles per time are calculated and
a new search orientation is composed of these two orientations and the previous
orientation. In a search space of the D dimension, the best individual location of a
particle and the best location of the overall particle are defined as Egs. (69) and
(70), respectively.

—

131:(71(131‘1, Pi, ., ﬁiD) (69)
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§1:C1(§1, £ - ED) (70)
The best location in the vicinity of each particle is given as below:

i = (s Ty s i) 71
Displacement of particles after determination their velocity is as follows:

x(t)=x@t—1)+ () (72)
Te)=vt-1)+Ft-1) (73)

The best individual location of the particle and the best collective location of
particles as two springs connected to the particle are used to model the force
entered in the particle. The first spring is directed to the best individual experience
and the second spring is directed to the best swarm experience. Eq. (74) shows the
force entered in the particle.

—

Fi1=0C (R’A - z1'71) +C ((?i_l - 51'71) (74)

Where C; and C; are acceleration coefficients. The particle velocity at dimension
d (v;z) and the next repetition can be obtained as follows [35]:

I./id(t) = a)yid(t — 1) + Clmndl(Pid(t — 1) — xid(t — 1))

75
+Cyrand,(niy(t — 1) — x;4(t — 1)) (75)
This shows the velocity of particle i at the star topology or global best. The rand;
and rand, are random numbers that have a constant distribution in the range 0-1.
Figure 8 shows the flowchart of PSO and the steps of PSO are discussed below [32].

Thefine Testing Function
and population sice

Lnitialize X. V', local und global
best pasition

Updute Position

— No, lteration=May, No,
Iteration

Figure 8.
Flow chart of PSO [31].
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Step 1: Initialization

The swarm of potential solutions is generated with random positions and veloc-
ities. The ith particle in D-dimensional space may be denoted as X; = (x5, X;2,...., Xiz)
andi =1, 2,..., N, where N denotes the size of the swarm.

Step 2: Fitness evaluation

The corresponding fitness values of the particles are evaluated.

Step 3: Determination of personal and global best

The best individual location of a particle (ﬁl) is sorted, the particle having
the best fitness value is determined for the current generation, and the best location
(g,) is updated.

Step 4: Velocity and position update

The velocity and position of the ith particle are updated based on Eq. (75).

Here, an example of the design and optimization of a shell and tube heat
exchanger is presented. This example was used by Karimi et al. (2021) [36]. Their
aim was to minimize the total annual cost (C,,) for a shell and tube heat exchanger
based on optimization algorithms. The total annual cost is the sum of the initial cost
for the construction (C;) of the heat exchanger and the cost of power consumption
in the shell and tube heat exchanger (C,;). Hence, the total annual cost was consid-
ered as an objective function that should be minimized using GA and PSO. Process
input data and physical properties for this case study are presented in Table 4. Also,
bounds for design parameters are listed in Table 5. The objective function can be
written as follows:

Cior = Ci + Cpa (76)

The results show that the use of PSO has been led to lower Ctot, which
means that the minimization of cost function was performed better using this
algorithm. Also, the use of PSO resulted in lower Ap and A as well as higher U
(Table 6).

m Tin Tou Y4 Cp Y4 k Rf Ky
k) (c) (o) (k&) (J) (Pas) <L"> mK\  (Pas)
s m3 fg m.K w

Shell side: 278 95 40 750 2840 0.00034 0.19  0.00033 0.00038

methanol

Tube side: sea 689 25 40 995 4200 0.0008 059  0.0002 0.00052

water

Table 4.

Process input data and physical properties for three case studies [36].

Parameters Lower value Upper value

Tubes outside diameters(m) 0.015 0.051

Shell diameters(m) 0.1 1.5

Central baffle spacing(m) 0.05 0.5
Table 5.

Bounds for design parameters [36].
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PSO GA
L (m) 2.6871 3.9089
d, (m) 0.015063 0.015
B (m) 0.49967 0.49989
D, (m) 0.81143 0.74105
N, (m) 1238 1365.5
v, (m/s) 0.83349 0.893
Re, 27,909 13,386
Pr, 5.69 5.69
h, (W/m’K) 3740.8 4639.7
f: 0.0212 0.0073
AP, (Pa) 4730 5191.3
D, (m) 0.0141 0.0106
v, (m/s) 0.498 0.499
Re, 15,489 11,716
Pr, 5.1 5.1
he (W/m’K) 9075.7 1648.9
f: 0.313 0.353
AP, (Pa) 21,355 18,033
U (W/m’K) 900.98 686.71
A (m?) 198.78 252.58
C: (%) 44,116 50,737
Co (3) 2561.5 1085.2
Coa (3) 2340 6685
Cror (8) 46,456 57422.51

Table 6.

Optimal parameter of heat exchanger using GA and PSO algorithms [36].

6. Conclusion

This chapter has discussed the thermal design and optimization of shell and tube
heat exchangers. The basic equations of heat transfer were investigated and log-mean
temperature difference (LMTD) and effectiveness-number of transfer units (¢-NTU)
were presented. The thermal design was focused on Kern’s method. In this method, it
is assumed the shell flow is ideal, and leakage and bypass are negligible. Based on this
flow model, only a single stream flows in the shell that is driven by baffles. This can
lead to a very simple and rapid calculation of shell-side coefficients and pressure drop.
The optimization of heat exchangers is presented based on the genetic algorithm (GA)
and particle swarm optimization (PSO) due to the recommendation of these methods
by man researchers because of quick convergence and obtaining multiple solutions.

Conflict of interest

The authors declare no conflict of interest.

161



Heat Exchangers

Nomenclature

A Total heat transfer area

A, Cross-flow avea at the shell diameter
B Baffle spacing

Cp Heat capacity

C; Capital investment cost

C, Total operating cost

Cou Total discounted operating cost

C, Capacity ratio

C; Clearance between adjacent tubes
Cior Total annual cost

CL Tube layout constant

CTP Tube count calculation constant
d, Wall thickness

D, Shell diameter

F; Friction factor for shell

G, Mass flow rate of shell-side fluid

h Convection heat transfer coefficient
k Thermal conductivity

K Heat conductivity coefficient

L Tube length

LMTD Logarithmic mean temperature difference
1 Flow rate of shell-side fluid

N, Number of tubes

NTU Number of heat transfer unit

P Thermal effectiveness

P, Tube pitch ratio

P, Tube pitch constant

Pr Prandtl number

q Actual heat transfer rate

Gmax Maximum possible heat transfer rate
Q Heat transfer rate

7; Inside diameter

7 Outside diameter

R Thermal resistance

Re Reynolds number

T Temperature

U Overall heat transfer coefficient
U, Mean overall heat transfer coefficient
Greek symbols

A Difference

€ Effectiveness

P Density

U Dynamic viscosity

v Velocity

Subscripts

b Bulk

C Cold
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c Convection

H Cold

i Inside

max Maximum

min Minimum

0 Outside
Shell side
Tube side
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Chapter 8

A Review on Convective Boiling
Heat Transfer of Refrigerants in
Horizontal Microfin-Tubes: A
Typical Example

Thanh Nhan Phan and Van Hung Tran

Abstract

Understanding the Heat transfer performance of refrigerant for convective
boiling in horizontal microfin tube and smooth tube is place an importance role on
the designing of evaporator, the main equipment on refrigeration system.
Reviewing the general concept especially the theory of boiling in the tube, the
formation of the flow pattern map, the calculating procedure for heat transfer
coefficient and pressure drop during boiling process of refrigerant in microfin tube.
Besides, a typical example will be presented more detail in step by step to define the
heat transfer coefficient and pressure drop for one working condition to estimate
the data results without doing experiments.

Keywords: convective boiling, microfin tube, flow pattern, heat transfer
coefficient, pressure drop

1. Introduction

The boiling process of Refrigerant is very important on the designing of evapo-
rator on the refrigeration system. The optimization of heat exchanger about the
size, weight and heat transfer performance is the main problem. In order to solve
this problem, microfin tube is the ones should pay attention.

To understand the boiling process, the pattern of flow should be known during
the boiling of refrigerant. With the type of flow patterns and the general map of
flow pattern for boiling in smooth tube is very clear it is concluded fully stratified,
slug flow, stratified wavy flow, intermittent flow, annular flow, dryout and mist
flow. While for microfin is still unclear especially for the newest refrigerant. With
the method of Rollmann et al. [1], the pattern of boiling in microfin tube could be
classify in such fully stratified flow, stratified wavy flow, the combination of slug
and stratified wavy flow, helix flow, annular flow. In order to build this method,
Rollmann et al. was updated the method of Wojtan et al. [2] which was introduced
for smooth tube. Those method based on the mathematical model of two phase
stratified the geometries of flow from [3] to determine the geometries of flow.
Besides that, in recent years some new method to build the map for flow pattern are
still updated from Zhuang et al. [4] and Yang et al. [5].
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In case of internal flow, the main difficulty, concerning to the evaluation of the
heat transfer coefficient and friction factor, is related to the flow regimes (distribu-
tion of liquid and vapor in a cross-section). As it is easily understood, the main heat
transfer mechanism changes if, at the wall, there is liquid, vapor, both of them,
droplet impingement, bubble formation and so on. Every flow regime requires a
specific analytical description and appropriate criteria to state if it occurs or not. As
quality, liquid mass flux and vapor mass flux change along a duct, several flow
regime onsets along a duct in the presence of heat transfer. The criteria are usually
represented in two-dimensional diagrams called flow pattern maps. The internal
geometry of the enhanced tubes and the thermal properties of the fluid affect the
distribution of the phases in the cross section.

It is obviously that the outstanding performance of heat transfer in microfin
tubes for boiling is valuable to consider without introducing excessive penalization
in the pressure drop. Those have been proven in so many experimental researches
which are published in recent years and also presented in the paper of Phan et al.
[6]. Besides, with the correlations for heat transfer of evaporation process on
microfin tube are published would be introduced in this chapter are come from
Thome et al. [7], Cavallini et al. [8], Yu et al. [9], Yun et al. [10], Chamra et al. [11],
Wu et al. [12], Rollmann and Spindle [13].

Also for the pressure drop of two phase flow, some correlations were built for
both evaporation and condensation Choi et al. [14], Goto et al. [15], the others used
for separated purposed. Some particular pressure drop correlations could be men-
tioned for evaporation Rollmann and Spindler [13], Wongsa-Ngam et al. [16] and
Kuo et al. [17].

About this problem, Phan Thanh Nhan [18] focused on the experimental
test to determine flow pattern, heat transfer and pressure drop for both
boiling and condensation in microfin tube for two kind of Refrigerants R134a and
R1234ze.

This chapter is demonstrated in convective boiling of refrigerant in
horizontal microfin tube. Flow pattern map, heat transfer coefficient and
pressure drop during boiling process would be presented with the published
correlations and taken on working condition for boiling as an example to calculate

step by step.

2. Flow pattern map

In order to draw a map of flow mechanism, there needs to be a classification of
different regimes of flow in microfin tube, which relies on flow patterns such as
slug, fully stratified, stratified wavy, helix, annular and some regimes are the
combination of two or three flow pattern simultaneously happened. To build the
map, many parameters have been cleared about geometries of tube, heat flux, mass
flux, thermo-physical and thermodynamics properties of fluid, local quality, quality
change of boiling processes and define the void fraction, Martineli parameter or also
estimate the shape of flow (about the liquid part and vapor part consisted on the
position of tube).

Even many different group researches, they also classified the map into some
main regimes: bubbly flow, plug flow, slug flow, intermittent flow, stratified flow,
stratified wavy flow, annular flow, dry-out regime, mist flow or transition regime,
other differences just only the difference name they called for the same regime.
Flow patterns in horizontal flows are illustrated in Figure 1. Depend on every single
group they have every different name for their classification regimes. Every regime
can be described as below:
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* Bubbly flow: due to buoyancy force, gas bubbles focus on the upper part of
tube, and normally take place at the high mass flow rate.

* Plug flow: the individual small bubbles have coalesced to create long bubble,
can call the name elongated bubble flow.

* Slug flow: at high velocity, the wave amplitude is so large which increasing and
touching to the top of the tube

* Intermittent flow: could be defined instead of plug and slug flow

* Fully stratified flow: at low velocity, liquid and vapor are completely separated,
interface between them is smooth

* Stratified wavy flow: the formation of wave in the interface between liquid and
vapor of stratified flow when the velocity of gas rises up

* Annular flow: when the liquid forms around perimeter of the tube, vapor flows
in the core separate and make the annular shape of liquid flow.

* Dry-out regime: at higher quality of vapor, thinner of annular liquid flow will
be disappeared, at the top of tube becomes dry first, then gradually spread
around tube to bottom

* Mist flow: liquid will be entrained to the core of gas phase as small droplets

* Transition regime: on the changing pattern regimes, it is not clear to define
which pattern they are, so that the name transition regime is used.

For micro-fin tube, those the last few years, some other detailed regimes are
called for flow patterns:

* Helix flow: the formation of helix flow due to the helical structure of microfin
where the liquid flow helically through out

* Slug + helix flow: on the regime, slug and helix flow are spontaneously
occurred

i L3
Intermittently dry Tube wall dry
|
b 3;13:' Annutar flow
Ilqued
X : 0 x=1
Figure 1.

Flow vegime for boiling from Collier and Thome 1994 [7].
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2.1 The flow pattern map of Rollmann and Spindler

Rollmann and Spindler [1] modified the procedure from Wojtan et al. [2] and
introduced their method to build the flow pattern map for boiling in microfin tube
as given in below (Figure 2):

Void fraction e: Rouhani-Axelsson correlation

e = % <[1 +0.12(1 — x)] K%) n (1 p—:c)] N 1.18(1 — X)C[ii(o?; _ Pv)]“s) -1

1)

Stratified angle Ostrat: Biberg correlation [19]

e

1
— 8§j|

Ogtrat = 27 — 2{7:(1 —e)+ <32—“> " {1 —21—€)+(1—¢)

(2)
1

~5og(1— el -2 —o)][1+4((1—e) +¢)] }

Geometrical parameters for two phase flow in a circular tube are showed in

Figure 3.

A A(l—¢
=T =2 ®

A Ae
A== “)

350
annular
i slug/helix

300

250 —
G200 -
‘&b
v
g
Z 150 -
é slug

100 —

and SW/slug
50
stratified
0 T I' T 'I T I Ll 'I LE '[ L [ T l T r T 'I ¥
0.0 0.1 02 0.3 0.4 0.5 0.6 0.7 0.8 0.9 1.0
vapor quality
Figure 2.

Flow pattern map of Rollmann and Spindle [1].

170



A Review on Convective Boiling Heat Transfer of Refrigerants in Horigontal Microfin-Tubes...
DOI: http://dx.doi.org/10.5772/intechopen.100024

Figure 3.
Geometrical parameters of stratified flow in circular tube.

hip =0.5 (1 — cos (hTemn>) (5)

P;p = sin <—27r, zesmt) (6)

Transition between stratified flow and stratified wavy flow:

4HLg(PL — py)pve(l —€) V3 2
Ggtrat = $2(1—x) +Cs; S, = 0.02844; C5 = 22.9 kg/sm”. (7)

Transition between slug flow and stratified wavy flow:
16A3gDprpy 5
Gslug = C

05
4n? (Fr) } Fr c
6 — |wz). 1 +Cril ) = ;S1
— 2 W W 2
x2n24/1— (2Hp, — 1) $1°Hy, /L ¢/L gb%L

= 5.889; Cg = 1.015; C; = —53.35kg/sm>, (8)

where HL is liquid height, If{vL = Hy/D and AV is gas phase area, AT/ = Ay/D.
Transition between stratified wavy flow and helix flow:

0.5
16A3gDp, py

Gsw = = Ce’ p +Cy,forx>0.3;Cs = 0.8441;C;
%224 /1 — (21?11 — 1)

= 0 kg/sm”. )
For x > 0.3 the transition curve in Eq. (3) was applied. With x < 0.3 the linear

equation With the lope of transition curve from x > 0.3.
Transition between slug/helix flow and helix flow:

0.5
16A3gDpypy

Gslug—helix = Cé + C7;Ce = 1.754; C7

—_ 2
X224y /1 — (2HL — 1)
= —84.79 kg/sm2. (10)
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Transition between helix flow and annular flow:

0.5
Guug = 16A%gDpLPv C.2 47/512 <Fr) + 1] + Cy;$; = 57.71; Cg
2.2 0, 2 si2H, \We/u
a1 (26, - 1)
= 1.772;C; = —25.39 kg/sm?.

(11)
The classification of the regimes on the map:
Conditions Regime
G < Ggpat Stratified flow
G > Ggygand G < Gy Stratified wavy flow
G < Gyugand G < Gy Stratified wavy/slug flow or slug flow
G < Galug-helix Slug/helix flow
G < Ghelix Helix flow
G > Gpelix Annular flow

2.2 The flow pattern map of Zhuang et al.

The flow pattern map of Zhuang et al. [4] in Figure 4 was form from the model
of Kim et al. combine with their experimental data for R170 with working range of
saturation pressures from 1.5 MPa to 2.5 MPa on mass flux from 100 kg/m”s to
250 kg/m’s. The map was built in the terms of dimensionless weber number We and
Mattinelli parameter Xy.

= Plug ® Slug 4 Transition
100 v Wavy-Annular < Smoth-Annular
Smooth-Annular Wvay-Annular

We*

0.45

We*=4.38X'

1 L L PP | " ia s aaal N s a a1 aaal
0.01 0.1 1 10

Figure 4.
Flow pattern map of Zhuang et al. [4].
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Four transition curves were presented to draw the transition line to separate five
different zones, each zone is named as smooth annular, wavy annular, transition,

slug, plug.
Marttinelli number: X,

0.9 05 0.1
= () () () @)
X PL Hc

Determine Weber number (We) based on the Reynold range of liquid flow:

G(1-x)D
HL

Rep = (13)

With Re <1250

0.64
Re g

Sud?(1+ 1.09X5%%

We* = 2.45

o7 (14)

With Rej, > 1250

0.084
R 0.79~70.157 2
We* = 0.85 €6 A (”—G> (ﬂ (15)

Sud?(1+1.09%%0)%* | \m/ \pg
Sug = P G‘;D (16)
e

The transition line between patterns:
Smooth-annular to wavy-annular flow:

We* = 29.25X5% (17)
Wavy-annular to transition flow:

We* = 18.91X03 (18)
Transition to slug flow:

We* =9.62X%% (19)
Slug to plug flow:

We* = 4.38X%% (20)

2.3 The flow pattern map of Yang et al.

The map of Yang et al. [5] introduced two maps in Figure 5, one map is
presented for plug flow, slug flow, other is separate between slug flow and annular
flow. Two transitions line on two difference maps as a function of Martinelli
parameter Xy, the transition lines based on three dimensionless numbers Kj, K, Kj
which depended on the inertia force, surface tension force, shear force, gravity
force and evaporation momentum force.
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Figure 5.

Flow pattern map of Yang et al. [5].

Dimensionless number K1 is a ratio of evaporation momentum force with inertia
force:

2
q 1
evaporation momentum force . (E) by . < q )2 P1 (21)
B hlv Py

Ky = - - =
! inertia force ¢ Py

Dimensionless number K2 is a ratio of evaporation momentum force with
surface tension force:

. q) 1 2
evaporation momentum force b/ by q D
K, = : = = (1) = (22)
surface tension force 5 hy,/ op,
Dimensionless number K3 is a ratio of shear force with gravity force:
m G
K = shear force o D B wmG (23)

- gravity force  (p, —p,)gD  (p; — p,)pigD’

The transition line from plug to slug and slug to annular based on function
of Xtt:
Plug to slug:

K= I<P—S — I<170'83851<%‘1388I<;0'3993 _ 14.87th.269 (24)
Slug to annular:

K= I<SfA — I<1—0.2963I<(2)A3620I<g.1941 _ 0.3044Xg.5671 (25)

3. Two phases heat transfer coefficient in boiling

Due to the changing phase during the convective boiling, the proportion of
liquid and vapor is also changed, which affected the mechanism of boiling. In order
to indicate the boiling heat transfer coefficient, the nucleate boiling and convective
boiling are considered. More detailed about the methodology, the boiling number
and some other factors are presented in the method of each group authors as below:
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3.1 The correlation of Han et al.

Base on the basic form of boiling heat transfer coefficient, Han et al. [20] was
established their correlation from the updating their experimental result. The
experimental data results were done on the working range of mass flux G = [100;
250] kg/rnzs, heat flux q = [11.76; 52.94] kW/m?, temperature T = [5, 8]°C with
fluid R161 for microfin tube with 6.34 mm average inside diameter, 15° helix angle,
30° fin angle, 0.1 mm fin height, 65 number of fins.

Heat transfer coefficient of two-phase flow:

hr,tp = Fhr,l + Shr,nb (26)

Convective heat transfer with convective fin factor:

h;) = Ershy (27)
h; = 0.023 Re{*Fr)* (?) (28)
o) 0212 D ~021 /g N 029 7Y
Epg = {1+ 2.64(Re1)°-°3"<g> (E) (900) (PrL)_O‘OM] (29)
Reﬂ@ (30)
1

Heat transfer of nuclear boiling
hy o = 55PY (= log,,Pr) *0-55M—0A5q0A67 (31)

The new function of F and S

1 0.86
F=1+aBo" +b (X—> (32)
tt
1
" 14 cFiRe]” =

In which a = 7196.741; b = 1.5135; c = 2.703; d = 1.94,
where e: microfin height; p: axial pitch from fin to fin; p: helix angle; N: number
of fin; Pr: reduced pressure.

3.2 The correlation of Rollmann and Spindler

The model of Rollmann and Spindler [13] for heat transfer coefficient was
derived with total 1614 data points experiment for refrigerant R407C on microfin
tube at 8.95 mm fin root diameter, 0.24 mm fin height, 15° Helix angle, 25° Apex
angle and 55 fins. Heat flux q = [1000; 20000] W/m?, mass flux G = [25; 300]
kg/mzs, saturation temperature Tsat = [—30; 10]°C,

The model defined by Nuselt number:

Nu(x, Bo, Re, Pr) = Cy4 (% + c2> Re ?3[In (Bo) + cg]x(%ﬁcz) (34)
T
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where

C1 = —3.7; C2 = 071, C3 = 12.17; C4 =12
) _ GDm. Py _ MCpr, __hD

Bo = %hv’ Re = TFR, Pr = —L}LLPL, Nu =2

DFR: diameter at fin root

Working range: Bo >5.1837.10—6; Pr > 2.2828

3.3 Correlation for boiling model of Chamra and Mago

The semi empirical model of Chamra and Mago [11] was derived based on 380
collected data points from available literature.

Working range of collected database The range of microfin tube on database

Fluid: R134A, R12, R22, R123, d; = [7.92; 15.88] mm (inner tube diameter)

Ts = [0.6; 15]°C n¢ = [21; 100] number of microfin per unit length
q = [0; 64.3] kW/m? e = [0.12; 0.38] mm (fin height)

x = [0.05; 1] p = [10; 90]° (apex angle)

G = [25; 410] kg/mzs ¥ = [3; 30]° (helix angle)

L = [0.3-4.88] m
ty, = [0.28-0.51] mm (tube wall thickness)

Developed on the basic of Cavallini model

htp — hpb1.5160(Xtt)1A1610F1—1.7640 =+ h]q)RXZ'&ZO(BOnwFrv)_0‘2158Fg‘5927Fg'0582

(35)
hpb — SSPglz(— 10g 1OPR)—0455M—045q0467 (36)
q = G.igg.Ax (37)
N 09 05 01
Xy = (1 X) (p—V> (ﬂ> If X >1 then X, = 1 (38)
X P1 Hy
F; = 0.01d;" (39)
h = 0.0232% Re {8pr* (40)
1708
o= [(1 —x) +2.63x (pl> 1 (41)
_ [2eng(1— sin(B/2)) 1
Rx = { nd; cos (B/2) +1 cos (y) (42)
Bon% = gpuend; (43)
8ong
G2
FrV = @ (4—4)
F, = 0.01d; " (45)
F; = 100G ! (46)

3.4 The correlation of Yun et al.

Using the database with 749 data points of five different refrigerants to create a
generalized correlation for boiling heat transfer in horizontal microfin tubes.
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Heat transfer coefficient of two-phase flow:

Pyed;) @ 1\ (G| o o (8\®
hy, /by = |CyBo® [ 2= Cilo) (— Re7Pr* - 4
tp/l llo (G) +4Xtt ul el I‘l f (7)
q
Bo — 48
°~ Ghy (48)
I
h; = 0.023 Re "8Fr* (;‘) (49)
i
G(1 - x)d;
Re, — SA=X)di (50)
H
d,(1—¢)
6= 51
- (51)
x x 1-x\ 118(1- x)go(p, — p)°®]
8:——(1+0HO—XDC—+ >+' 0; G (52)
PG Pc PL Gpr,
1— 0.9 0.5 0.1
= (57 G) () =
X P1 Hy
Coefficients of correlation The range of database
C; = 0.009622 d = [8.82; 14.66] mm (inner diameter)
C, = 0.1106 f = [0.12; 0.381] mm (fin height)
C3=0.3814 spiral angle = [16; 30]°
C, = 7.6850 G = [50; 637] kg/m’s
Cs = 0.5100 q = [5; 39.5] kW/m?
Ce = —0.7360 Ts = [~15; 70]°C
C, = 0.2045 R22, R113, R123, R134A, R410A
Cg = 0.7452
Co = —0.1302

d;: maximum inside diameter of a microfin tube
d,: diameter of a microfin tube at fin root

3.5 The correlation of Cavallini et al.

The correlation of Cavallini et al. [8] produced for not only microfin tube
but also for cross groves tubes with 643 data points collected from available

literatures.
Heat transfer coefficient of two phase flow:

o = Opp + Oley

Nucleate boiling component:

G = GeooperS.F1(d;) = [SSPR2(~ log 14Pr) M 03¢ |S.Fy ()

X IEL IG

F1(d;): function of fin tip tube diameter

S=AXE=A If X >1then X =1
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d C
ZORIEY (57)
d;
Convective term:
M s T
ey = 3 Ntlev,cmooth rube RX .(Bo.Fr) " .F,(d;).F3(G) (58)
1
0.8
Gd.\ 08 1/2
Ny, smooth tube = NuLo® = |0.023 (—1) Pri/ 3 (1—x)+2.63x (&)
HL Pc
(59)
2hn, (1 — sin(y/2 1
Ry — [ 2m @/2) 4 (60)
nd; cos (y/2) cos (B)
hrd;
Bo — &P (61)
8ong
2
Fr — =20 (62)
gdi
d V
Fyo(di) = (f) (63)
Go\”
F3(G)=|—= 64
(6= () (64)
ugo: velocity of gas phase with total flow rate
A B C S T A\ VA do Go
G < 500 kg/m25 1.36 0.36 0.38 2.14 -0.15 0.59 0.36 0.01 100
G > 500 kg/m’s 136 036 038 214 -021 059 036  0.01 100
Working range:
Geometry of tubes: Experimental Data bank: 643
d; = [3; 14.3] mm (minimum inside tube diameter) Fluid: R134A, R12, R22, R123, R125, R32
ng = [30; 112] (number of grooves) Ts = [-6.6; 48]°C
h = [0.1; 0.35] mm (fin height) q = [3; 82] kW/m?
vy = [20; 120]° (apex angle) x = [0.05; 0.9]
B = [4; 30]° (spiral angle) G = [90; 600] kg/mzs
L=[0.23.67]m

3.6 The correlation of Thome et al.
The model was derived to predict the microfin with the test data for R134a,

R123, mass flux G = [100; 500] kg/mzs, quality x = [0.15; 0.85] and heat flux
q = [2; 47] kW/m?

h = Emf |:(hnb)3 + (ERthv)le 1/3 (65)

hab = 55P312(~ log 1o Pr) M 09" (66)
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hey = 0.0133 Re 9Pr4) /8 (67)
4G(1-x)d
Regm =—7——— (68)
Retam = ey,
8 =d(1—¢)/4 (69)
e = x (14 0.12(1 — x)) (i + 1- X) + 1.18(1 — x)[go(py — PG)]O'ZS N (70)
Pc ' PG PL GPE‘S
G\° G
e 0212 p —0.21 B 0.29 Y
Egp = { 1+ [2.64(Rep)” %% (dr> ( dr> ( 900> (PrL)O'OZ‘t}
(72)
Rep = M (73)
H
nd, /N
~ tanf 74)
Grer = 500kg/m?s (75)

where e: microfin height; p: axial pitch from fin to fin; f: helix angle; N: number
of fins; dr: root diameter

4. Pressure drop
4.1 The correlation of Choi et al.

The model form of Choi et al. [14] was carryout from Pierre 1964 model with
831 data pointed collected from NIST database with 626 data point for boiling and
205 data points for condensation for some different fluids R134a, R22, R125, R32,
R407C, R410A and R32/R134a. Those data points derived with test section has
8.92 mm root diameter, 9.52 mm outside diameter, 18° helix angle.

Total pressure drop:

Ap _ Apg + App, —qf (Vip,out + Vepin) 4 (Vep.out — Vep,in)

L L L dy L (76)
Two phase friction factor:
f = 0.00506 Re ;707 K> (77)
Renro = Gdn/py (78)
Hydraulic diameter:
dp = 4Accosp/(n.Sp) (79)
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Two phase number:

AX.h]V

Ke =
f oL

(80)

“Specific volumes of the two-phase fluid, v, oue and Vip i, are quality-weighted
sums of the vapor and liquid specific volumes at either the outlet or inlet of the tube”

4.2 The correlation of Goto et al.

Model of Goto et al. [15] derived from experiment of R41A and R22 for both
boiling and condensation at mass flux G = [200; 340] kg/m’s inside spiral groove
tube 7.3 mm mean inside diameter and herring-born groove tube 7.24 mm mean

inside diameter.
Frictional pressure gradient:

(—) - @5( ) = O22f, oG/ (pude) (81)
1+ 1.64X%7 (82)

Or could be compute based on the liquid phase form

(j—i) = (ji)l = B{2f110(G(1 - %))/ (pide) (83)
o =1+ 7.61X;" (84)

Re,, = Gxd,/u, Diameter of inner tube de (85)

Xtt _ (1 ; X) 0.9 (%‘1,> 0.5 (5_‘1) 0.1 (86)
Re.y<2000; = >fey o =16/ Re.y (87)

2000 < Re .y <2600; = >fe 6o = 0.000147 Re 02° (88)
2600 < Re ¢y <6500; = >feyGo = 0.046Re o (89)
6500 < Re, <12700; = >fy co = 0.00123Re 0! (90)
12700 < Re e y; = > fey,go = 0.0092 (91)

4.3 The correlation of Wongsa et al.

The correlation for boiling with high mass flux was proposed by Wongsa et al.
[16]. Derived from their experimental results for R134a on microfin tube with
8.92 mm inner diameter, saturation temperature Tsat = [10; 20]°C, mass flux
G = [400; 800] kg/m?s.

Two phase friction pressure drop

dp dp
(5> - Vo <E> h,VO = ®302f,v0G*/(pydn) (92)
1.325

2
Rx 5.74
(45|

(93)

4fyvo =
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Gd
Re h,vO = 7}! (94)
~ 0.3(e/dy)
Rxp = (0.1 + cosp) (43)
%G 0.0802
2, = 23263 — 1.8043{ = o 5} (96)
[gdhpv(pl - pv)} '

4.4 The correlation of Kou and Wang

The correlation of Kou and Wang 1996 [17] was analyzed from their own
experimental data results for boiling of R22 and R407C in a 9.52 mm diameter
micro-fin tube and a smooth tube at two different evaporation temperatures (6°C
and 10°C). The mass flux was between 100 and 300 kg/m’s and the heat fluxes 6
and 14 kW/m?.

(dP) _ 0.0254G*[xvy + (1 — x)v]] 97)
f

a dfr

5. Example

Determine the heat transfer coefficient and pressure drop of refrigerant R1234ze
during boiling process inside horizontal microfin tube at 5°C and heat flux
8,62 kW/m?, mass flux 222 kg/m”’s. The geometry of microfin tube is 60 number of
fins, the inner surface diameter is 8.96 mm, fin height is 0.2 mm, the helix angle and
apex angle are 18° and 40°, respectively.

Solve:

At saturation temperature tg,, = 5°C of refrigerant R1234ze, thermal properties
could be taken in Table 1.

Refrigerant: R1234ze, molar mass: M = 114 g/mol, peyitica = 3.64 MPa

Reduce pressure: p; = psat/Peritical = 0.2593/3.64 = 0.07124

Heat flux: q = 8.62 kW/m”

Mass flux: G = 222 kg/m’s

Microfin tube: N = 60 number of fins, dr = 8.96 mm, e = 0.2 mm, p = 180; y = 40°

Property Unit Value Property Unit Value
Taae [°C] 5 Poac [MPa] 0.2593
pL [kg/m?] 1225.5 M [W/m-K] 8.14E-02
pv [kg/m’] 13.9 M [W/m-K] 1.20E-02
u, [m*/kg] 8.16E-04 ML [Pa-s] 2.53E-04
Vo [m*/kg] 7.18E-02 py [Pa-s] 1.14E-05
hLy [kJ/kg] 181 Pry, [-] 4.102
CpL [kJ/kg-K] 1.319 Pry [-] 0.86
Cpv [k]/kg-K] 0.898 c [N/m] 1.15E-02
Table 1.

Properties of R1234ze.
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5.1 Flow pattern map

Apply the flow pattern map of Rollmann and Spindler [1] to present in here. At
first, calculate the transition lines between one regime to another as a function of
quality x and use the classification of the regimes on the map:

Conditions

Regime

G< Gstrat

Stratified flow

G > Ggugand G < Gy

Stratified wavy flow

G < Gyugand G < Gy

Stratified wavy/slug flow or slug flow

G < Glug-helix Slug/helix flow
G < Ghelix Helix flow
G > Gpelix Annular flow

In this case, the flow pattern map for boiling of R1234ze in microfin tube was
built at 5 °C saturation temperature, heat flux q = 8.62 kW/ m?, with the fixed mass
flux G = 222 kg/m’s.

The result map shown in Figure 6, when the mass flux lower than 50 kg/ m?s, the
flow boiling during the changing phase just only occur at the fully stratified flow.
But if working condition at mass flux 200 kg/m’s, at the beginning of boiling
process, the quality is still low, the boiling occur at slug/helix flow until the quality
reach to 0.15, the helix flow happen, and keep boiling with the helix flow until
quality is 0.25, it moves to the annular flow boiling to the rest of changing phase.

FLOW PATTERN - BOILING - MICROFIN TUBE
R1234ze - t = 5[°C] - q = 8,62[kW/m?]

350

300

250
NT
E
o E:
=, 200 annular
L? slug/helix
x
= 150
@
w
T
E

100

50

stratified
0 0.1 0.2 0.3 0.4 0.5 0.6 0.7 0.8 0.9 i

quality - x [-]

Figure 6.
Flow pattern map on microfin tube.
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5.2 Heat transfer coefficients
Could take quality x = 0.5 as an example to present the procedure to calculate
heat transfer coefficient and pressure drop of boiling refrigerant inside horizontal

microfin tube, with the data point of quality x from 0 to 1 can be determined with
the same method.

5.2.1 Applied the correlation of Thome et al.

Apply equation from (65) to (75) to calculate heat transfer coefficients as below:
Void fraction

B _ 02577t
e=—|(1+0.12(1-x)) (i e X) 1180 %) [g"(f‘} )
PG Pc PL Gpr
-1
05 05 1-05\ 118(1— 0.5)[9.81x0.0115(1225.5 — 13.9)]°%*
€=139|(1+0121-05) (ﬁ * 1225.5) + 2221225595
e = 0.9266
_ -3(1 _
5_dl-¢) 89610°(1-09266) . 0.
4 4
Re, _ 4G(1=%)5 _ 4222x(1 - 0.5)x0.00016 _ .

(1-e)p  (1—0.9266)x0.000253

_ 0.0133Re®Pr)*)y  0.0133(3931.067°%) (4.102°*)0.0814
- 5 - 0.00016
—0.55, r—
hy, = 55Pg'12(— log 10PR) M 0-5q0.67
= 55x0.07124%12(— log ,,0.07124) "

hCV

= 3497.97

1147958620°%7 = 1507.309

Grer = SOOkg/mzs

2 2
Enf = 1.89( G ) - 3.7( G ) +3.02=1.89 <g> - 3.7(g) 1+3.02=175

Gref Gref 500 500
G1-x)d; 222(1- 0.5)0.00896
€D M 0.000253 3931.07
_ nd, /N _ 1x0.00896/60 — 0.001444
tanf} tan (18°)

Epp = {1+
Erg = {1+

1/3 1/3
h = B [(hus)® + (Ensher)?| = 175[(1507.309)° + (1.43x3497.97)°

w
= 8831.04( ——
8831.0 ( 21<)

e 0212 —021 B 0.29 7\ Y7
2.64(ReD)°'°36<d—> (dﬁ) (900> (PrL)O'OM] =143

2y 1/7
0.0002 \ “#2 /0.001444\ ~%2! 1180\ 0¥
2.64(3931.07)0‘036< ) ( ) ( ) (4.102)7 0%

0.00896 0.00896 90°

Egg = 1.43
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5.3 Pressure drop
5.3.1 The correlation of Goto et al.

Apply equation from (81) to (91) to calculate pressure drop as below:
Frictional pressure gradient:

dp dp
. = (Dz . = (Dz e,v,Go 2 e
(%) =% (5). = ®2fenca(Gx?/ (00
< _ 1-x 0.9 p_v 0.5 ﬁ 0.1 B 1-05 0.9 13.9 0.5 0.000253 0.1
T x ol /) \ 05 1225.5 0.0000114
= 0.1452
O, =1+ 164X =1+ 1.640x1452°7 = 1.3571

G.x.d, 222x0.5x0.00896
~0.0000114

Re,, = = 8724211

Hy

Compare Re.y to get feyGo
Reey <2000; = >feyGo =16/ Recy
2000 < Rey £2600; = >f.yGo = 0.000147 Re 2’.33

x [-] h [W/m2s] dP/dz. [Pa/m]
0.01 2807.2 78.0
0.05 3640.1 248.5
0.10 4712.6 532.1
0.15 5561.5 811.6
0.20 6234.6 1115.3
0.25 6789.2 14417
0.30 7265.0 1789.0
0.35 7689.4 2155.5
0.40 8082.1 2539.5
0.45 8458.3 2939.1
0.50 8831.0 3352.5
0.55 9212.8 3777.6
0.60 9617.1 4212.3
0.65 10060.3 4653.8
0.70 10564.8 5099.2
0.75 11164.6 5544.6
0.80 11917.8 5984.8
0.85 12938.2 6412.2
0.90 14500.7 6814.0
0.95 17596.5 7162.5
0.99 27601.3 7331.9
Table 2.

Heat transfer coefficient and pressure drop during the boiling process.
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2600 < Re .y <6500; = >feyGo = 0.046Re 0
6500 < Re ey <12700; = >fey go = 0.00123Re 0!
12700 < Reoy; = >feyGo = 0.0092
With 12700 < Re, = 87242.11; = >f., g, = 0.0092

dP\  ,(dP\  ®22f.yco(Gx)®  (1.3571)*x2x(0.0092)(222x0.5)*
dz dz/, (pyde) N (13.9x0.00896)

= 3352.52 <P_a>
m

- Tv
f

Apply the same procedure at each data point of quality x of refrigerant from 0.1
to 0.99 to determine heat transfer and pressure drop during the convective boiling.
Data results are obtained in Table 2.

6. Conclusions

This chapter is presented the boiling process of refrigerant in horizontal microfin
tube. Those are related to the understanding of flow patterns and the procedure to
build some flow pattern maps. Some of new correlations to calculate heat transfer
coefficient and pressure drop of refrigerant during boiling process have been
presented. Detailed step by step to calculate heat transfer performance for typical
example is also introduced. However, this is still not enough for this topic, with the
new structure of microfin tubes, new refrigerants, this just only the general method
to estimate the value, it should be confirmed by experimental method and create the
new correlation to extend the wide range of application working conditions.
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Chapter 9

Design, Performance, and
Optimization of the Wire and
Tube Heat Exchanger

I Made Arsana and Ruri Agung Wahyuono

Abstract

The wire and tube heat exchanger has been mostly utilized as a condenser
unit in various refrigeration systems. As a class of extended surface-based heat
exchanger, not only the operating condition but also the geometry of the wire and
tube heat exchanger plays a critical role in determining the overall performance of
the heat exchanger. Despite the fact that the current designs that include the inline,
single-staggered, and woven matrix-based wire and tube heat exchangers already
exhibits positive performance, future design and optimization remain challenging
from the thermal and fluids engineering point of view. To guide the optimization
strategy in the heat exchanger design, this chapter provides an insight into how the
geometrical design impacts the performance of various wire and tube heat
exchangers, which can be deduced from either the heat exchanger capacity or
efficiency.

Keywords: heat transfer, extended surface, operating condition, heat exchanger
capacity

1. Introduction

The world is recently demanding the energy-efficient technology and process
including in industry, building, and urban housing. Among various vital technolo-
gies, particularly in building and housing, the heat exchanger is one of the common
technologies applied in, for example, air conditioners and refrigeration system. For
these applications, it is common that the finned tube heat exchangers have been
used [1, 2]. Particularly for the refrigeration system, the wire-based fin has been
employed in the so-called wire and tube heat exchanger (or wire-on-tube heat
exchanger). This wire and tube heat exchanger consists of a tube coil with certain
spacing attached with small diameter wires acting as its extended surface [1-3]. The
working fluid, for example, refrigerant, nanofluids, or thermal oil, flows inside the
tubes, while the ambient air is exposed across the outside surface of the wire-
attached tube coils, which allows for either natural or forced convection to dissipate
the heat from the surface [1-5].

There have been many literatures reporting the thermal performances of wire
and tube heat exchanger. The seminal work has been reported by Witzell and
Fontaine [6, 7] who have investigated the thermal characteristic and the design
procedure of wire and tube heat exchanger. Later, heat transfer modes of radiation
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and natural convection from wire-on-tube heat exchanger have been studied in
which the radiation considers all interactions between the surface and the sur-
rounding environment [8]. Following this experimental study, some refrigeration
research aiming at formulating the correlation on the air-side heat transfer coeffi-
cient in natural convection-based wire and tube heat exchanger has developed,
including for a single-layer and a multiple-layer wire and tube [9-12], oscillating
heat tubes [13], and wire-woven heat exchanger [14].

Recently, optimizing the wire and tube heat exchanger design into more com-
pact geometry that exhibits high-heat exchanger efficiency and enables reduction
the manufacturing cost. As it has been largely used as a condenser in the refrigera-
tion system, reducing the size and material mass while showing high-specific
cooling capacity is desirable for optimization. To do so, various numerical thermal
models of wire and tube heat exchanger, which are mainly simulated using the
finite element methods, have emerged in the last two decades allowing for a com-
prehensive analysis of the heat transfer process in the heat exchanger [15-19].

The emergence of these numerical studies is indicative of the current research
direction on the development of wire and tube heat exchanges. Furthermore,
numerical studies will serve as a versatile tool to analyze the performance of the
wire and tube-based condenser for various geometrical design parameters, such as
wire and tube spacing (pitch), wire and tube diameter, and operating conditions,
such as mass flow rate and inlet temperature. It is also important to note that
numerical studies will help to reduce the cost of testing and prototyping of modified
wire and tube heat exchanger architecture.

In general, in spite of the currently available wire and tube heat exchanger
working efficient and reliable, there is always a room for improvement toward
optimum heat exchanger design, which is more efficient in terms of thermal effi-
ciency, material mass, and manufacturing cost [16, 17]. It is prevalent that the
design optimization using experimental approaches provides an actual figure of the
heat exchanger performance. Nonetheless, as mentioned earlier, fabricating
geometry-modified wire and tube heat exchanger will cost a considerable amount of
money. Therefore, this chapter discusses how the design optimization can be car-
ried out by minimizing effort in the experimental approach and maximizing the use
of the experimentally validated numerical model. In this chapter, a custom-built
heat exchanger testing apparatus will be presented and used to evaluate the thermal
performance of wire and tube heat exchanger. Finite element methods using
MATLAB programming and computational fluid dynamics (CFD) approach will be
used for the optimization of the geometrical design as well as the operating condi-
tion and for understanding the physical phenomena underlying the heat transfer
process in the heat exchanger, respectively.

2. Experimental approach

To explore the effect of geometrical design on the wire-tube configuration, three
different configurations including inline, single-staggered, and woven matrix wire
and tube heat exchanger were fabricated [20]. The design of wire and tube heat
exchanger considered various geometrical aspects that include the width (W) of the
wire cross, the wire length (Lw), the wire pitch (pw), the wire diameter (Dw), the
tube pitch (pt) or tube spacing (s,), and the tube diameter (Dt). The wire pitch then
defined the number of wires used in a certain width of tube coil width (W).

As shown in Figure 1 (top and side view), the wire-tube connections were different
among these three configurations and this difference was expected to affect the heat
exchanger performance.
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Figure 1.
The wire and tube heat exchanger fabricated and tested in this study with (a) inline, (b) single-staggered, and
(¢) woven matrix wire-tube configuration. Figure was adapted from Ref. [20] with permission.

The evaluation of heat exchanger capacity and efficiency employed the
custom-built heat exchanger testing apparatus as shown in Figure 2a [20, 21].
Hot fluid was pumped through the wire and tube heat exchanger, on which the
surface temperature was monitored at nine different selected positions. The mass
flow rate, pressure, and temperature before and after passing through heat
exchangers were monitored as well. Details on the components of the heat
exchanger testing apparatus are described in Figure 2b, and the specification is
summarized in Table 1.

2.1 Experimental test for evaluating the wire and tube heat exchanger
performance

Running the experiment was started by soaking the working fluid, that is, oil
Thermo 22, into the thermostatic vessel. It is worth noting that the apparatus was
placed at constant room temperature (T,,). Afterward, the pump was turned on
allowing for the cold fluid to flow in the piping and tubing system. At this juncture,
if there was no leakage, the pump was then turned back off. To manipulate the inlet
fluid temperature, the working fluid was heated by the installed electric heater
inside the vessel, and the temperature was controlled at the desired value. The
pump again was turned on to circulate the heated working fluid. In addition, the
inlet mass flow could be tuned by adjusting the opening of valves in the apparatus
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Figure 2.

(a) The visual appearance of the heat exchanger testing apparatus, and (b) schematic of heat exchanger
apparatus, which consists of thermostatic vessel embedded with electric heater, pump, pressure gauge,
instrumentation box, flow meter, valves, and thermometer. Figure was adapted from Refs. [20,21] with
permission.

No. Component Specification and operating condition
1 Hot fluid vessel Atmospheric vessel (1 atm)

2 Hot fluid pump Trochoid pump (Lamborghini, Italy)

3 Heating System Thermo-controller:

* PXR-9 (Fuji, Japan)
* Range: 0-1000°C
Thermocouple:

¢ Fluks

* Range: 0-200°C
Heating element:

* Lasco (Germany)

* Power: 500 W

4 Flow meter * Working fluid: oil
* Accuracy: 0.1kg cm 3
* Range: 30-100 Ipm

5 Pressure gauge * Zenit & Imperial
e Accuracy: 0.2 kg cm ™2
* Range: 0-5 kg cm 2

Table 1.
The specification and operating conditions of each component in the home-built heat exchanger testing
apparatus [20-24].

and checked at the flow meter, which has an accuracy of 0.1 kg cm . During
the experiment, wire-tube temperatures at nine different points (Ty,; — Two
shown in Figure 2b), the inlet (T;,), and outlet (Toy,) fluid temperature were
recorded [22, 23].
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2.2 Equations of convection

To evaluate the resulting experimental data, the air properties including density
(p), kinematic viscosity (v), Prandtl number (Pr), conduction coefficient (k), ther-
mal diffusivity (o) were interpolated for every T, These properties were then
used to determine the Grashof number (Gr), Rayleigh number (Ra), and Nusselt
number (Nu) using the following equation:

BT, —T.) L3
Gr &P (T —Tw) L

- M
.B. _ .13
va
4 /GA\ OB
0.75v/Pr
f(Pr) = 0.25 (4)
(0.609 + 1.221v/Pr + 1.238Pr)
The heat transfer coefficient was then calculated as follows:
Nu -k

h = T 5)

The heat exchanger capacity (Q) was then calculated based on the heat transfer
coefficient in Eq. (5) using the following formula:

Q=h-A-(T; - T) (6)

where A is the total effective area of the wire and tube heat exchanger.

3. Numerical model to evaluate and to optimize the wire and tube heat
exchanger performance

Numerical model in this chapter will be discussed based on the two approaches,
that is, the finite element method (FEM) whose program was developed and run
using a MATLAB program [24, 25] and the FEM using ANSYS Fluent for the
computational fluid dynamics (CFD) approach [25-27]. For the FEM developed in
MATLAB, the finite element was modeled as wire-tube element which is shown in
Figure 3. Each modeled element is comprised of a tube whose length is equal to the
wire pitch (pw) and the wire, which acts as a fin was set to have a length as long as
the tube spacing or pitch (pt). The thermophysical properties of the fluid, which
includes mass flow, temperature, enthalpy, and heat, were spatially calculated at
the position of x and x + dx for each element, where dx = pw.

The heat transfer in each element from the working fluid inside the tube to the
surrounding air followed:

Qa = UAu(Ty - To),, )

where the conductance variable UA of each element was equal to ﬁl =
R; + R; + R,, and the thermal resistance of each wire-tube element could be expressed:

(1 Im(r/r) 1
RW&T a (hiAi + 2nkAz +h0A0>e1 (8)
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Figure 3.
The schematic of the wire-tube element to build finite element model for wire and tube heat exchanger.

The thermal resistance formula was used as a basis to calculate the convective
heat transfer from the fluid to the tube wall, conduction inside the tube wall, and
convection from the tube surface to the surrounding air. The area of each element
was then determined as A, = A; + Ay = n.dsop,, + 2.7.dy.p,. As each element of
the heat exchanger was extended by a wire-based fin, the wire efficiency could be
calculated as follows:

[tanh ("52)]
N (2

in which it required convection and conduction heat transfer coefficient data to

9)

determine m =

k%“ . For initial calculation of the wire heat transfer coefficient, h,,

was set to obtain 7,, = 0.9. Assuming that the heat transfer coefficient is constant
along with the wire element and the difference between the fluid temperature and
the tube temperature is 0.5°C, the wire temperature was determined as follows:

Tu) = nw(Tt,o - Too) + Too (10)

The average external (outer surface) temperature of each element could then be
calculated as follows:

(Tso + GP.y(Tsp — Too) + GP.T.)

Tex =
€ (1+GP)

(11)

where GP is the geometrical parameter, GP = 2(‘%) (Z—w). The heat transfer

coefficient from the outer surface of the wire-tube element was determined from
both free convection and radiation %, = k. + h, where the radiative heat transfer
coefficient was defined as follows:

(12)

To obtain the convective heat transfer coefficient 4, = N‘gk, some dimensionless

parameters, for example, Nusselt number (Nu) and Rayleigh number (Ra) have to

be calculated:
ex <_5w> (13)
P\

Ra.H\ °5 diy 0.25
Nu = 0.66( i ) {1 [1 — 0.45(H)
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Ra = <ﬂ’;%) ag(Tm - T.).H? (14)
o = P =) dw‘dw) (17)

Once the h, was obtained, the ho was compared to hy,. If the difference between
h, and hy, > 0.1 W m 2K, the ho was set equal to h, and the calculation of h;, h,,
and Q. was run until the convergence criteria were satisfied. At the steady-state
condition, the heat transfer from the fluid to the surrounding air was equal to the
heat transfer from the fluid to the outer surface of the tube. Thus, the outer surface
temperature of the tube, T ,, was determined as follows:

B 1 In (v, /1)
Tio=Tf—Qa (m + W) 3 (18)

The calculated T, , was then compared to the initial T, ,. If the error was more
than 0.05°C, new T, , was substituted into Eq. (11) and the program was run to
satisfy the convergence criteria. The calculation resulted in the Q .. For each ele-
ment, the outlet fluid temperature was determined as follows:

Tout = .61 + Tin (19)
m

where 72 is the mass flow rate of the working fluid. The output of the i-th
element will be used for the calculation for the (i + 1)-th element until the last
element of the wire and tube heat exchanger. The summation of all elements
yielded Q (o and the heat exchanger capacity was calculated using the following:

¢ = Qeor (20)
m

The heat exchanger efficiency was determined from the ratio between the actual
heat transfer rate to the heat transfer rate if all wire temperature = tube tempera-
ture. For heat exchanger temperature equal to the tube temperature, the heat
exchanger efficiency followed:

_ (nwAw + At)
Mtor = A,

1)
For detailed simulation, the heat transfer process that was coupled with the fluid
dynamics was modeled and solved using CFD Software package of ANSYS Fluent.
Details of the step-by-step procedure of CFD can be found elsewhere [26, 27]. In
this simulation, preprocessing, solving, and post-processing steps were respectively
executed. The geometry of the wire and tube heat exchanger was modeled in a 1:1
geometric scale and meshed to crease finite elements. Then, the boundary type and
boundary condition of modeled geometry were defined. To solve the governing
equations (the conservation of energy, mass conservation, and momentum), the
initial condition of each boundary condition was inputted. The turbulence model
used was Reynold-Average Navier-Stokes (RANS) k-w SST (shear-stress transport).
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This k-0 SST was used since it has a high stability in numerical calculation and could
predict accurately the flow on adverse pressure gradient in boundary layer area [25].

4. Performance evaluation of the wire and tube heat exchanger with
varying wire-tube configuration

Heat transfer process and its efficiency in the wire and tube heat exchanger are
strongly dependent on the geometrical architecture between the wire and tube. In
this section, the effect of wire-tube configuration, including inline, staggered, and
woven matrix wire and tube, and the operating condition will be discussed based on
the experimental investigation and numerical modeling using computational
fluiddynamics (CFD).

4.1 The empirical efficiency formulation of the inline wire and tube
heat exchanger

To have a starting point for further geometrical optimization, here the simple
inline wire and tube heat exchanger is discussed. An experimental investigation
using different wire geometries, that is, wire pitch to wire length ratio (pw/Lw),
under different operating conditions, that is, inlet fluid temperature of 40-80°C
with 10°C intervals, has been carried out [28]. As the heat exchanger has been
tested in an isolated and air-conditioned room, the heat exchanger can be assessed
employing the relevant parameters and the dimensional analysis to generate a
dimensionless equation following the n-Buckingham theory. Thus, the heat
exchanger efficiency follows:

g, hsw(Tw —Teo) +hse (T — Teo)
qmox h'stot(Tt — Too)

q, :f[qmax,g,ﬂ, a, v,AT,pw,dw,Lw,pt,dt] (23)

N, = (22)

The above function can be grouped into several dimensionless parameters: 7, =

[/ -

Qe

number parameters, 74 = ¢ is the reciprocal of Prandtl number, 75 = IZ—'” is the

. . . 3
7, is the heat exchanger efficiency, 7, =£ Il;:” and n3 = AT f are the Grashof
dimensionless wire pitch, g = % is the dimensionless wire diameter, 77 = £- is the
P L L
dimensionless tube pitch, and 7g = f—‘ is the dimensionless tube diameter. The
equation can then be reformulated as follows:

.7t3
1 = |: 7 5, 65 175 7778:| (24)
4

Considering that the wire diameter (dw), the tube diameter (dt), and the tube
pitch (pt) are constant, the general mathematical expression of the heat exchanger
efficiency can be written:

- w M} (25)

v-a " Lw
The above function suggests that the heat exchanger efficiency is a function of

Rayleigh number (R,) and the dimensionless wire pitch (or the wire pitch to wire
length ratio (pw/Lw)).
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Figure 4.
Contour plot of the heat exchanger efficiency (log y) as a function of Rayleigh number (log x,) and wire
geometry (log x,, where x, = pw/Lw). Figures from Ref. [28] used with permission.

Figure 4 shows the contour plot of the heat exchanger efficiency (y) as function
of R, (x1) and the wire pitch to wire length ratio (pw/Lw) (x,). Fitting the experi-
mental data using multivariable logarithmic regression results in the best fitting
parameter (R = 0.897) with the resulting function as follows:

logn, = —8.650 + 2.161log R, + 0.259 log (%) — 0.041(logR,)?

- O.146(log (%))2 - 0.084<logRa x log (%)) (26)

The above empirical formulation is considered a helpful finding to assist the heat
exchanger optimization by taking into account both geometrical aspects of the wire-
tube configuration and the operating condition, which is limited by the optimum
Ra value (logfl(xl) at which the log y is maximum).

As above discussed quantitatively, the Ra is dependent on the Prandtl number
and Grashof number, and hence, the inlet mass flow inlet as well as the inlet fluid
temperature plays role in determining the heat exchange efficiency. To gain its
qualitative and quantitative correlation between these operating conditions to the
wire and tube heat exchanger efficiency, Table 2 summarizes the heat exchanger
capacity (Q) and heat exchanger efficiency (n) upon varying the inlet mass flow
and temperature [22, 23]. In this investigation, the wire and tube heat exchanger
possess the following specifications: wire length of 445 mm, wire pitch of 7 mm,
wire diameter of 1.2 mm, tube diameter of 5 mm, tube pitch of 476 mm, and tube
turn of 12.

At a constant inlet mass flow of 5 x 10> kg s, the heat exchanger performance
improves with increasing inlet fluid temperature. As the temperature increases, the
outer surface temperature of wire and tube heat exchanger increases, and hence,
the overall heat transfer rate is enhanced, that is, the internal forced convection and
conduction from the fluid to the wire-tube elements, and the external radiation
from the surface to surrounding and the free convection. Meanwhile, at the same
fluid inlet temperature of 70°C increasing the mass flow from 4 x 10> kg s~ ' to
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Wire and tube Controlled parameter Varied operating condition QW) n
In line Mi,=5x 102 kgs ™’ T, 50°C 9 0.47
(pw =7 mm) Tin 60°C 19 0.65
Ty, 70°C 24 0.66
In line Tin 70°C my, =4 x 10 3 kgs™* 33.27 0.67
(pw =7 mm) M =5 x 10 kg s~ 3762 0.46
my, =6 x 10 > kgs ™’ 41.17 0.73

Table 2.

Heat transfer capacity and heat exchanger efficiency for the inline wire and tube heat exchanger. Data are
summariged from Refs. [22,23] upon permission.

6 x 102 kg s " enhances the heat exchanger capacity by 24% and the efficiency
also increases from 0.67 to 0.73. This increasing heat exchanger capacity is due to
the higher mass flow in the tubes the higher the heat transfer rate to the surround-
ing colder air (at room temperature). This is simply reflected by the increasing inlet
to outlet temperature difference AT, (Tj, — Tou) Which stems from the higher
internal forced convection and external free convection as the mass flow increases.

4.2 Inline vs. staggered vs. woven matrix configuration

It is already mentioned that the wire is designed as an extended surface (fin)
that is capable to enlarge the heat transfer area in the wire and tube heat exchanger.
In this section, this wire-tube configuration will be the focus of the discussion. It is
already known that inline and staggered wire and tube heat exchanger have been
utilized quite extensively. Nonetheless, some experimentations on the development
of woven matrix wire-tube configuration have emerged as it likely combines both
the inline and staggered wire-tube configuration.

To compare the heat exchanger capacity among these wire-tube configuration,
inline, single-staggered, and woven matrix wire and tube heat exchanger have been
fabricated with a variation of wire pitch, that is, 7, 14, and 21 mm [21]. To gain
deeper insight, the inlet fluid temperature also varied from 50 to 80°C with 10°C
intervals. The heat exchanger apparatus was run at 2 x 10> kg s " inlet mass flow
and the apparatus was placed in an air-conditioned room at 32°C. Figure 5 displays
the heat exchanger capacity of the wire and tube heat exchanger, which is affected
by inlet fluid temperature, wire pitch, and the wire-tube configuration. In general,
irrespective of the wire-tube configuration the heat exchanger capacity tends to
increase with increasing inlet fluid temperature, whereas the heat exchanger capac-
ity tends to decrease by enlarging the wire pitch irrespective of the wire-tube
configuration. For 7 mm wire pitch (Figure 5a), inline configuration outperforms
other configurations, which is plausible since for inline wire-tube configuration the
number of wires used is larger than other configurations. This implies that the
extended surface by the surface is enlarged, and thus, the heat transfer rate
becomes more efficient.

It is interesting to note that the larger the wire pitch (see Figure 5b and c) the
smaller the difference in heat exchanger capacity among three different wire-tube
configurations. Particularly for 21 mm wire pitch, the heat exchanger capacity of a
single-staggered configuration is on par with the inline configuration, in which the
maximum heat exchanger capacity of 425 W is obtained at 80°C. The heat
exchanger efficiency particularly for woven matrix wire and tube heat exchanger
is shown in Figure 5d. An average of 69% heat exchanger efficiency is obtained
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Figure 5.

Different heat exchanger capacity of inline, single-staggered, and woven matrix wire and tube heat exchanger
bearing pitch wire of (a) 7 mm, (b) 14 mm, and (c) 21 mm. (d) The efficiency of woven matrix wire and tube
heat exchanger using diffevent wire pitches and operated under varying inlet fluid temperature.

for 7 mm wire pitch, while the efficiency drops 10% down by changing the wire
pitch to either 14 or 21 mm. This reflects that there is a room for optimization by
varying the wire pitch between 7 mm and 14 mm.

Digging into the heat transfer process inside the wire and tube heat exchanger
the change in the heat transfer coefficient is shown in Figure 6 for the utilization of
heat exchanger with 7 mm and 14 mm wire pitch. Irrespective of the wire pitch, it is
clear that the convection heat transfer coefficient tends to decrease with increasing
inlet fluid temperature. While larger wire pitch results in a larger heat transfer
coefficient, the inline wire-tube configuration consistently yields the lowest heat
transfer coefficient compared to a single-staggered and woven matrix wire-tube
configuration. As the convection drops down while the heat exchanger increases at
higher inlet fluid temperature, this implies that the conduction from the inner wall
to the outer surface of the tube as well as wire tube and the radiation from the
surface of the tube to the surrounding dominates the heat transfer process at a
higher temperature.

5. Numerical model for heat exchanger performance prediction and
optimization
As previously motivated in the introduction, a numerical model of the heat

exchanger in general is developed to guide the future optimized design of the heat
exchanger. Here, an example of a finite element model has been developed for a
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An exemplified of heat transfer coefficient h for the inline, single-staggered, and woven matrix wire and tube
heat exchanger bearing pitch wive of (a) 7 mm and (b) 14 mm.

single-staggered wire and tube heat exchanger [24, 25]. In this case, the model was
developed to aid the optimum design, which is limited by two variables including
wire pitch (pw) and wire diameter (Dw). Experimental validation was carried out
for the heat exchanger with wire pitch of 7 mm and 14 mm to assess the accuracy of
the finite element model.

Figure 7 highlights the results of the finite element model on the single-
staggered wire and tube heat exchanger using a wire pitch of 7 mm. The data
verification reveals that the average error of modeling data compared to the mea-
surement data is lower than 5%. In comparison, the earlier finding of the numerical
simulation reported by Basal and Chin [16] that employed the heat load validation
method yields an average error of up to 10%. This indicates that the simple finite
element model developed in this work is considered reliable and accurate.

As the model is experimentally validated and reliable, this model was used to
assess the heat exchanger capacity of the wire-tube configuration with the wire
pitch spanning from 5 to 12 mm and the wire diameter spanning from 0.8 to
1.5 mm. The contour plot in Figure 7b displays the dependency of the heat
exchanger capacity (Q () to the wire pitch and diameter. For optimization proce-
dure, an optimization factor (f) was defined:

_Qw

= Qy/Wo @7

f

where Q is the capacity of the optimized heat exchanger, W is the mass of the
heat exchanger, and Qg and Wy, are the capacity and mass of the basis designed heat
exchanger, respectively.

In this case, the basis designed heat exchanger possess the following specifica-
tions: exchanger height of 445 mm; width of heat exchanger (wire) of 431 mm;
width of heat exchanger (tube) of 476 mm; the tube length of 6416 mm; the outside
tube diameter of 4.8 mm,; the inside tube diameter of 3.2 mm; and the wire diameter
of 1.2 mm. Using this consideration, the optimum condition is obtained if the
optimization factor is maximum. In this regard, the optimum condition is obtained
for Q ot of 119.9214 W using a wire pitch of 11 mm and wire diameter of 0.9 mm.
The contour plot in Figure 7b indicates that the smaller the wire pitch the bigger
Q tor- In addition, increasing the wire diameter tends to enhance the Q ;. Nonethe-
less, if pw < dw, the system will merely be considered as tube, where the fins form
of plate structure, and this condition yields lower Q (.
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Figure 7.

(a) Temperature validation of each element for heat exchanger with wire pitch of 7 mm representing the wire
temperatuve measured at nine measurement points. (b) Contour plot of the total heat exchanger capacity as a
Sfunction of wire diameter and wire pitch. Figures from Ref. [24] used with permission.

Having optimized for the design of single-staggered wire and tube heat
exchanger, the performance of inline and single-staggered wire-tube configuration
is compared experimentally. The experimental data indicate that the inline config-
uration allows for 110 W heat release, while the single-staggered wire and tube heat
exchanger exhibits a heat exchanger capacity of 107.3 W [24]. The difference is not
that significant, and this result shows that changing the wire-tube geometry from
inline to single-staggered already provides more efficient conditions. It is consid-
ered efficient as the single-staggered design reduces the number of wires used for
manufacturing, and hence, it cuts the mass of construction materials and costs.
Reducing the number of wires also leads to higher convective airflow since the flow
is not blocked by the wall geometry as indicated from the velocity contour plot in
Figure 8.

Figure 9a and b displays that air velocity distribution on the array of wire
between inline and staggered heat exchanger. The results clearly indicate that the
average velocity amplitude of the airflow around the wire tube is higher for a
single-staggered one than that of the inline configuration. With velocity amplitude
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Figure 8.
(Left) Velocity and (vight) temperatuve contour of (a) inline and (b) single-staggered wire and tube heat
exchanger bearing wire pitch of 7 mm. Figures from Ref. [24] used with permission.

of ~4 times higher and more homogeneously distributed, the single-staggered wire-
tube heat exchanger also shows a slightly larger temperature difference between the
outer surface of the wire-tube and the near-surface air. The more distributed air-
flow in the vicinity of the staggered wire-tube configuration supports the argument
that this configuration minimizes the airflow blocking by geometry wall. As the
convective heat transfer coefficient is proportional to the air velocity, this leads to a
higher rate of heat release by convection from the surface to the surrounding air.

It is already discussed that the numerical model is helpful to assist the optimiza-
tion of a single-staggered wire and tube heat exchanger. Here, we further present
the numerical study using CFD of single-staggered wire and tube heat exchanger
with varying wire pitch (7, 9, and 11 mm) and inlet fluid temperature (40, 60, and
80°C) [26]. In this case, the inlet mass flow was set to 2 x 10> kg s L. The
simulation results show that the temperature difference AT (T, — Tou) is excep-
tionally low and almost similar for the heat exchanger operated in the lowest inlet
fluid temperature (Figure 9a—c). Thus, the inlet temperature of 40°C yields very
low heat exchanger capacity irrespective of the wire pitch. Figure 9d—f exhibits
quite significant AT upon increasing the inlet temperature to 60°C. For wire pitch
of 7mm, a AT = 26°C is reached, while wire pitch of 9 and 11 mm shows AT of 24
and 22°C, respectively. This simulation is consistent with the experimental results
that single-staggered wire and tube heat exchanger bearing 7 mm wire pitch shows
AT = 26°C [25, 26].

As we have noted previously that heat exchanger capacity tends to increase with
increasing inlet fluid temperature, it is also obvious that at 80°C inlet temperature
the AT becomes significantly higher. The AT magnitude for wire pitch of 7, 9, and
11 mm in heat exchanger operated at 80°C inlets are 30, 27, and 25°C, respectively.
In brief, the CFD simulation allows for the prediction of the resulting AT and the
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Figure 9.

Temperature profile of the single-staggered wire and tube heat exchanger bearing wire pitch (pw) of (a,d,g)
7 mm, (b,e,h) 9 mm, and (c,f,i) 11 mm operated using inlet fluid temperature of (top) 313 K (40°C),
(middle) 333 K (60°C), and (bottom) 353 K (80°C). Figures from Ref. [26] used with permission.

average surface temperature of wire tube that can be used to evaluate heat
exchanger capacity, wire efficiency as well as the heat exchanger efficiency.

Another set of examples benefitting the CFD approach for woven matrix wire
and tube heat exchanger is shown in Figure 10. Previously, it is required for further
optimization of woven matrix configuration with wire pitch below 14 mm. Thus,
herein we discuss the performance of woven matrix wire and tube heat exchanger
bearing wire pitch of 5, 7, and 9 mm and operated at different inlet mass flow,
which was simulated using CFD [27]. In this case, the inlet temperature was set to
80°C. The general results show that lowering the mass flow rate from 1.10 x 10> to
0.55 x 10> kg s~ " increases the AT. For 5-mm wire pitch, a lower mass flow rate
leads to outlet temperature as low as the ambient temperature (29.85°C). Similar
results are obtained for heat exchanger bearing 7-mm wire pitch that can yield
AT = 49.78°C and outlet temperature of 30.4°C under the operating condition of
0.55 x 10> kg s~ ' mass flow rate. Enlarging the wire pitch to 9 mm results in a
lower heat transfer capacity as indicated by the higher outlet temperature even
though the mass flow rate is set to the lowest. Considering that woven matrix wire
and tube heat exchanger bearing wire pitch of 5 and 7 mm have no significant
thermal performances, it can be deduced that 7-mm wire pitch is the optimum
condition again from both practical and economical aspects.

Using the simulation results in Figure 10, the wire efficiency can also be calcu-
lated. Overall, increasing the inlet mass flow also improves the wire efficiency.
Nonetheless, the maximum efficiency is reached for the inlet mass flow of
0.57 x 10 > kg s ' irrespective of the wire pitch. The wire pitch in woven matrix
configuration affects the wire efficiency, and it is found that 7-mm wire pitch yields
the highest efficiency of 73% at the inlet mass flow of 0.57 x 10 > kg s~ which is
consistent with the above discussion.
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Figure 10.

Temperature profile of single woven matrix wire and tube heat exchanger bearing pitch wire of (a—c) 5 mm,
(d—f) 7 mm, and (g—i) 9 mm operated using the inlet mass flow of (top) 1.10 x 1072 kgs™*, (middle)
0.57 x 10 2 kgs™*, and (bottom) 0.55 x 10> kg s . Figures from Ref. [27] used with permission.

6. Conclusion

In this chapter, we have discussed that geometrical design along with optimum
operating condition substantially control the overall performance of wire and tube
heat exchanger. It has been demonstrated that for the commonly used inline wire
and tube heat exchanger the efficiency can be predicted using the empirical formula
(logarithmic function), which depends merely on the geometrical aspect (wire
pitch to wire length ratio) and the Rayleigh number. Consistent with the heat
transfer theory in a practical heat exchanger increasing the inlet fluid temperature
and slowing down the mass flow rate typically yield higher-heat exchanger capacity
and efficiency irrespective of the wire-tube configuration, including the inline,
single-staggered, and woven matrix. Nonetheless, among the three investigated
wire-tube configurations the single-staggered wire and tube heat exchanger is
promising as the most efficient heat exchanger by taking into account the overall
thermal performance, material mass, and cost for manufacturing.

This chapter also presents a numerical model based on the finite element method
(FEM) that has been developed to evaluate and optimize the geometrical design of a
single-staggered wire and tube heat exchanger with the optimization constraints of
wire pitch and wire diameter. The FEM has successfully modeled the thermal
behavior of the heat exchanger, which is validated by the experimental data show-
ing an average numerical error of less than 5%. To understand the underlying
phenomena in the heat transfer process, computational fluid dynamics (CFD) anal-
ysis enables the discussion of the local and near-surface airflow affecting the natural
convection mechanism, and the heat flux on the outer wire-tube surfaces, which is
responsible for the radiation from the surface to the surrounding environment. In
addition, CFD analysis alone also allows for a comprehensive analysis of wire and
tube heat exchanger running at certain operating conditions, and eventually, the
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heat exchanger capacity as well as the heat exchanger efficiency can be calculated
based on the simulation results.
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Nomenclature

A area (m?)

Cp specific heat of hot and cold fluid (J/kg K)
C heat exchanger capacity (W/kg)

D diameter (m)

f optimization factor

g acceleration of gravity (9.8 m/s?)

GP geometrical parameter

Gr Grashof number

h heat transfer coefficient (W/m?” K)

H height of heat exchanger (m)

k conduction heat transfer coefficient (W/m K)
L length (m)

m mass flow rate, (kg/s)

Nu Nusselt number

P pitch distance (m)

Pr Prandt]l number

Q heat transfer rate (W)

r radius (m)

R heat resistance (K/W)

Ra Rayleigh number

s spacing (m)

T temperature, °C or K

A\ heat exchanger width (m)

€ heat exchanger effectiveness, n.d
Subscripts

el refers to element of finite element model
f refers to fluid

i,o refers to inner and outer surface

in, out refers to inlet flows and outlet flows
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max refers to maximum condition

s refers to surface of the wire tube
t refers to tube

w refers to wire

X refers to position at x direction

o refers to ambient/surrounding air

Greek symbols

o thermal diffusivity (m?%/s)

p thermal expansion coefficient (K™?)

0 polar or cone angle measured from normal of surface, rad.
ps  density of a fluid (kg/m?)

c Stefan-Boltzmann constant

) kinetic viscosity (m?/s)
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Chapter 10

Multiscale Micro/Nanostructured
Heat Spreaders for Thermal
Management of Power Electronics

Huihe Qiu and Yinchuang Yang

Abstract

In this chapter, we describe surface modification techniques for enhancing
heat/mass transfer and evaporation on heated surfaces. The effect of asymmetri-
cal structure in designing a vapor chamber, patterned with multiscale micro/
nanostructured surfaces will be introduced. The wettability patterned surface and
its mechanism for improving the evaporation rate of a droplet and the thermal
performance of nucleate boiling are discussed. An ultrathin vapor chamber based
on a wettability patterned evaporator is introduced as a case for the application
of the wettability pattern. Besides, modifying the surface with nanostructure to
form a multiscale micro/nanostructured surface or superhydrophobic surface also
enhances the phase change. Several types of heat spreaders are proposed to inves-
tigate the effects of multiscale micro/nanostructured surface and nanostructured
superhydrophobic condenser on the thermal performance of the heat spreaders,
respectively. The effects of multiscale micro/nanostructured evaporator surfaces
with wettability patterns will be analyzed and experimental data will be presented.

Keywords: heat spreader, ultrathin vapor chamber, droplet evaporation,
thin-film evaporation, multiscale wick, micro/nanostructure, wettability,
wettability pattern, enhance heat transfer

1. Introduction

Two-phase heat spreaders, such as heat pipes, thermal ground planes, and vapor
chambers, have been widely used in various areas owing to their high heat transfer
efficiency. Improving the thermal performance of the heat spreaders becomes criti-
cal for the increasing demand for cooling requirements. Here, we introduce several
surface modification techniques for enhancing the heat/mass transfer on heated
surfaces and its application on the heat spreaders.

As shown in Figure 1, a type of two-phase spreaders, vapor chamber, is com-
posed of wick structure, casing materials, working fluid and vapor core for vapor
flow spreading. The evaporator is defined as the casing material and wick structure
close to the heat source, while the condenser is defined as the casing material
and wick structure close to the heat sink. The heated liquid working fluid in the
evaporator vaporizes, spreading to the whole space of the vapor core. The vapor
of the working fluid releases heat on the condenser side and condenses into liquid.
Then it returns to the evaporator by capillary pressure through wick structure,
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Figure 1.
Schematic of a vapor chamber structure and its working mechanism.

compensating the liquid working fluid of the evaporator. The heat pipe works simi-
larly with the vapor chamber, but it only transfers heat in a one-dimensional way,
while the vapor chamber transfers heat both in the horizontal and vertical directions.

Recently, lots of research has been conducted on the fabrication and thermal
performance enhancement of the two-phase ultrathin heat spreader. Different
casing materials, such as titanium [1], polymer [2, 3], and aluminum [4, 5], were
used to develop the thin and light thermal ground plane. However, copper is still the
most popular type of casing material for heat spreaders owing to its low cost, high
thermal conductivity, and stable chemical characteristics. Thus, most investigations
of different wick structures were conducted on the copper-based two-phase heat
spreaders. Several types of wick structures were proposed to enhance the thermal
performance of thin and ultrathin two-phase heat spreaders, including single
arch-shaped sintered-grooved wick [6], bilateral arch-shaped sintered wick [7],
mesh-grooved wick [6], pillar-mesh composite wick [8, 9], spiral woven mesh [10],
copper fiber [11] and so on.

While many researchers focused on developing a new wick structure or modify
wick structure in microscale to enhance the thermal performance of the two-phase
ultrathin heat spreader, we tried to use some surface modification methods on the
existing evaporator and the wick structure of the evaporator to change its wettabil-
ity and structure in nanoscale for enhancing the thermal performance. The outline
of the chapter is as follows. First, the mechanism of the wettability patterned
surface on the nucleate boiling and the droplet evaporation are introduced, respec-
tively. Then, an ultrathin vapor chamber with a wettability patterned evaporator is
illustrated as an application case for the wettability patterned surface. After that,
the fabrication of a micro/nanostructured surface is introduced and its effect on the
wick structure and condenser surface is discussed. The experimental data of several
types of heat spreaders with micro/nanostructured surfaces are analyzed.

2. The evaporation enhancement of a multicomponent droplet
introduced by chemically wettability patterned surfaces

A molecular dynamic (MD) simulation study proved that the nanoscale wet-
tability patterned surface can enhance the evaporation rate of water [12]. Here, the
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authors presented an experimental study to prove the enhancement of the evapora-
tion of a multicomponent droplet also can be provided by a microscale wettability
patterned surface.

2.1 Fabrication of the chemically wettability patterned surface

Chemically wettability patterned surface is composed of areas with different
wettability. The authors used the method described below to fabricate the chemi-
cally wettability patterned surfaces.

A2 cm x 2 cm prism transparent glass coated with a 100 nm thick Indium tin
oxide (ITO) layer is selected as the substrate. ITO layer functions as a resistive
heater and its two edges are deposited with 100 nm thick gold electrodes, which
are used for wire bonding with a printed circuit board. After the deposition of
gold electrodes, the sample is deposited with a 500 nm thick silicon dioxide as
a passivation layer. Then a layer of Teflon, which is commonly used as a hydro-
phobic layer, is spun coated on the top of the silicon dioxide layer, and stabilized
following the procedures suggested by DuPont™"

1. A layer of fluorosilane (1H, 1H, 2H, 2H-Perfluorodecyltriethoxysilane, Sigma-
Aldrich Co. LLC.) is coated on the silicon dioxide layer to enhance the adhesion
between Teflon and silicon dioxide layer. The sample is immersed in a 0.5%
volume fraction of fluorosilane solution which used n-hexane as the solvent at
least for 1 h. Then the sample is dried and stabilized in a 120°C oven for 1 h to
finish the fluorosilane coating;

2.Then, the Teflon (DuPont AF 2401) is coated on the sample by spin-coating at
21,000 rpm for 1 min;

3. After the spin coating process, the sample is dry in an oven with 40°C for
10 min to remove most of the solvent, 175°C for 10 min to remove 99% of the
solvent remains, 250°C (above 5°C glass transition temperature) for 5 min
to remove the last trace of the solvent and 330°C for 10 min to reach the
maximum uniformity of coating thickness and to enhance the adhesion.

The Teflon layer was patterned to form a chemical wettability patterned surface
with the following procedures as shown in Figure 2:

1. As the positive photoresist cannot attach to the Teflon, a 30 nm thick alumina
layer is formed on the Teflon layer before photoresist coating by 300 cycles of
Atomic Layer Deposition at 180°C using the Oxford OpAL ALD in Nanosystem
Fabrication Facilities (NFF) in HKUST;

2.HPR506 positive photoresist is coated on the sample by spin coating with a
4,000 rpm for 30 s. Then the sample with a designed photomask is exposed
to ultraviolet light with a 240 mJ/cm” energy after the sample is softbaked on
a hot plate at 110°C for 1 min. The exposed sample is developed with FHD-5
for 1 min to reveal the pattern and hardbaked in a 120°C oven for 30 min to
enhance the durability under dry and wet etching;

3.The unwanted alumina is removed by BCl;/Cl, plasma in the Oxford Plasma

Lab 80 Plus Reactive Ion Etcher. Then the unwanted Teflon is removed by O,
plasma in the same machine;
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Figure 2.
Schematic fabrication procedures of a heterogeneous wetting surface [13].

4.Remain photoresist is removed by MS-2001 (Fujifilm Electronic Materials
Co., Ltd.) for 2 min. The processed sample is checked with a microscope using
fluorescence light to ensure no photoresist left;

5.Residual alumina is etched away by 5 mol/L NaOH solution for 10 min and the
sample is checked with a wettability test.

After all the fabrication procedures are finished, the wettability patterned
surface and a typical recording image during the droplet evaporation on the surface
are shown in Figure 3. The wettability patterned surface is a hydrophilic surface
(silicon dioxide on the prism glass) with square Teflon hydrophobic islands of
D = 50 pm and pitch distance of L = 100 pm.

Figure 3.
(a) Microscopic image of a wettability patterned surface and (b) a typical recording image during the droplet
evaporation on the surface [14].
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The roughness of the sample is measured by a surface profiler (Dektak 150
Veeco). The roughness of the Teflon and the substrate is only 5 nm and 25 nm,
respectively. Thus, its effect on evaporation is negligible. Finally, the sample is
bonded on a Printed circuit board (PCB) for the experiments of multicomponent
droplet evaporation with different sample temperatures.

2.2 Experimental setup and procedure of the droplet evaporation

The experimental setup is presented in Figure 4(a). A Charge-coupled device
(CCD) camera (MotionXtra HG-100 K, Redlake Co., Ltd.) with a long-distance
zoom lens (Zoom 6000, Navitar Inc.) is adopted for recording the evaporation pro-
cess to investigate the droplet evaporation characteristics including dynamic contact
angle, base diameter, and evaporation duration of a droplet. Because the droplet
profile is high symmetric, the focus plane of the camera is suitable to adjust to the
cross-section of the droplet, as shown in Figure 4(b). The droplet profile image
is analyzed by a snake-based approach, which is shown in Figure 4(c). Besides,
the microscopic motion of the contact line is recorded by an inverted microscope
(Eclipse TE2000-U, Nikon Instruments Inc.) connected to the CCD camera.

The droplet for the testing is generated by mixing deionized water and ethanol
with an ethanol concentration varied from 0 vol. % to 15 vol. %. The droplets for
each experiment are freshly generated before the test and the accuracy of the etha-
nol concentration is +0.05 vol. %. The sample is heated and controlled at 40°C by
adirect current (DC) power supply with a proportional-integral-derivative (PID)
controller. The temperature difference between Teflon and the silicon dioxide layer

(a) micro syringe
- zoom lens .
A plape

computer CCD camera sample LED Iight_

""" s (c)

Figure 4.

Exi)erimental setup and contact angle measurement for the droplet evaporation: (a) schematic of the
experimental setup for the droplet evaporation; (b) bottom view of the droplet on a wettability patterned
surface and corresponding focus plane of the contact angle measurement; and (c) the contact angle
measurement vesult by the snake-based approach [14].
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is negligible as the thickness of Teflon is only around 60 nm. Only if the sample is
kept at 40°C for 5 min the test can be started.

The 1 pl £ 0.05 pl multicomponent droplet is produced by a Hamilton micro-
syringe (Hamilton, 5 ul TLC syringe with a removable needle of gauge 33, 210 pm
of outside diameter) and gently put on the heated homogenous or heterogeneous
wettability surfaces. The location of the droplet is the same in every test to ensure the
reproducibility of the experiments. After the droplet is put on the sample surface, the
CCD camera starts to record the profile of the evaporation droplets or the microscopic
motion of the contact line with the inverted microscope until the droplet vaporizes
totally. To avoid the trace of the vaporized droplet affecting the next test, the sample
is cleaned with acetone, ethanol, and deionized water, and dried with compressed air
flow followed by a 105°C bake for 10 min in an oven. To ensure reproducibility, the
location of the droplet is the same in every test and the whole experimental setup is
keptat 23 + 1°C and 50 + 3% RH environment without any airflow. Besides, more than
five times each experiment is conducted to identify reproducibility.

A hydrophilic surface, which is form by depositing only a layer of silicon diox-
ide on the sample, is chosen as a reference to investigate the enhancement effect
because a homogenous hydrophilic surface always had a higher evaporation rate
than that of a homogenous hydrophobic one [15].

2.3 Experimental result and discussion on the evaporation enhancement
induced by a wettability patterned surface

First, the wettability of the multicomponent droplets on a hydrophilic (Si02),
hydrophobic (Teflon), and wettability patterned surfaces at 40°C are measured to
confirm the wettability, as shown in Table 1.

Then, the evaporation duration of the droplets is recorded and shown in Figure 5.
The evaporation duration of a droplet on a wettability patterned surface is around 10%
shorter than that on a hydrophilic surface. Changing the ethanol concentration has an
insignificant effect on the evaporation duration. The increase of the ethanol concen-
tration leads to a shorter evaporation duration, which is contributed from the latent
heat of ethanol is only 1/3 of water. In summary, the wettability patterned surface
enhances the evaporation rate when compared with a hydrophilic surface.

The increase of the contact line length introduced by the wettability patterned
surface plays a critical role in the enhancement. First, the mass flux of the evapo-
rating flux (j(x)) of a slowly evaporating droplet on a hydrophilic surface can be

calculated by [16]:
2 —%+(}/7r
()= o [1—[§j ] ®

Where, 0 (0<60<7x/2) is the instant contact angle during the evaporation, x is
the length from the center of the drop which has a radius 7, . The factor of mass flux
vapor ( j, ) depends on the saturation pressure, vapor diffusivity, and far-field
concentration. According to Eq. (1), the distribution of the evaporation flux fora
droplet on a hydrophilic surface is non-uniform. The highest evaporation flux
occurs at the contact line and it was also confirmed by Hu and Larson [17]. Besides,
they derived an expression of the total evaporation rate of a droplet on a hydrophilic
surface, which is:

m(t):—ﬁRD(l—H)cu (0.276* +1.30) @
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Ethanol Hydrophilic surface Hydrophobic surface Patterned
concentration surface
(vol.%) . . .. . . ps
Receding Advancing Initial Receding Advancing Initial
contact contact contact contact contact contact
angle (°) angle (°) angle (°) angle (°) angle (°) angle (°)
0 62.1 887 786 84.5 134.9 821
5 54.8 82.5 75.0 78.3 130.5 785
10 45.7 758 69.3 67.5 1272 734
15 332 712 59.5 61.1 1241 69.0
Table 1.

Wettability data of the wettability patterned surface and the reference homogenous wettability surfaces under
40°C sample temperature [14].

2204 .
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pird
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1904

180

Evaporation duration (s)
g 3

]l —=—hydrophilic surface ‘
150- —e— patterned surface |

0 5 10 15
Concentration of ethanol (vol.%)

Figures.
Evaporation duration of a droplet with a range of ethanol concentration from o vol.% to 15 vol.% on
homogenous (hydrophilic) and heterogeneous (wettability patterned) surfaces [14].

Where, R is the contact-line radius, D is the vapor diffusivity, and (1 -H )cv is
the vapor concentration difference. From Eq. (2) we can know the total evaporation
rate is proportional to the perimeter of the contact line. Thus, the evaporation rate
will be enhanced if the contact line is elongated. The wettability patterned surface
increases the length of the contact line according to our observation, as shown in
Figure 6. The spreading of the contact line is obstructed by the hydrophobic
islands, leading to an elongation of the contact line along the islands’ edge. Thus,
although the contact area of a droplet on the wettability patterned surface is
decreased, the length of the contact line is prolonged, resulting in faster evapora-
tion of the droplet when compared with a homogenous hydrophilic surface under
the same conditions. Moreover, a molecular dynamics simulation study also showed
the increase of the total length of the hydrophobic island boundary in a nanoscale
hydrophobic-hydrophilic pattern surface leads to an enhancement of the total
evaporation rate [12].

Evaporation has been confirmed as the main phase-change mode in the evapo-
rator of a two-phase heat spreader when the heat flux is less than 100 W/cm®.
Especially, thin-film evaporation which occurs nears the contact line contributes at
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(a)

Figure 6.
The contact line profile of a multicomponent droplet (15 vol.% ethanol) on the wettability patterned suvface:
(a) the schematic of the contact line and (b) microscopy image [14].

least 50% even more than 80% of the total heat transfer in the evaporator [18-21].
Therefore, if the wettability patterned surface can be integrated into the evapora-
tor of a two-phase heat spreader, the evaporation rate may be enhanced owing to
the increase of thin-film evaporation are introduced by the elongated contact line.
Then the thermal performance of the two-phase heat spreader can be enhanced.
In the following section, an ultrathin vapor chamber with a wettability patterned
surface integrated into the evaporator is presented. The effect of the wettabil-

ity pattern on the thermal performance of the ultrathin vapor chamber will be
discussed.

3. An asymmetric ultrathin vapor chamber with a wettability patterned
surface on its evaporator

As shown in Figure 7, three types of ultrathin vapor chambers are designed and
fabricated to investigate the effect of wettability pattern surface on the thermal
performance of the ultrathin vapor chambers. The fabrication and the evaluation
methods for the ultrathin vapor chamber are introduced. Multiscale micro/nano-
structured wick structure is also adopted in the ultrathin vapor chamber and its
effect will be also discussed in the next section.

3.1 Design and fabrication of the ultrathin vapor chambers with wettability
patterned surface on its evaporator

Figure 7(a) presents the cross-section schematic of the ultrathin vapor chamber
for case 1. Ultrathin copper (C1100P, 99.9%) is selected as the casing material and
the #500 stainless-steel (SS 304) mesh covered with a layer of copper is adopted as
the wick structure. A square array of micropillars integrated into the inner surface
of the condenser is used for supporting the space of the vapor core. To investi-
gate the effect of a multiscale micro/nanostructured surface, the only difference
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(a) Case 1 70 mm x 70 mm |

Tin solder 40 um Cu 110 pm pilla1T

30 um Cu 50 um Copper-covered stainless-steel mesh
(b) Case 2

50 pm Nanostructured copper-covered stainless-steel mesh

(c) Case 3

Few nanometres wettability Nanostructured copper-covered

patterned surface stainless-steel mesh

Figure7.
The cross-section prototypes schematic of three ultrathin vapor chambers [22].

between case 1 and case 2 is the wick structure of case 2 is nanostructured to form
a multiscale micro/nanostructured surface, as shown in Figure 7(b). Case 3 which
is shown in Figure 7(c) is developed based on the structure of case 2. A wettabil-
ity pattern is fabricated on the inner surface of the evaporator casing material to
examine its effect.

The square array of micropillars is fabricated through photolithography and
electroplating, which is described below and shown in Figure 8(a):

1. A 40 pm copper foil is cleaned with acetone, isopropanol, and DI water ultra-

sonic in sequence to remove organic contaminants. Then it is immersed into
20% sulfuric acid to dissolve the native oxide layer on its surface;

P cu I Photoresist l< I.5mm @ 0.8 mm

.....

Step. 1 Clean copper o8 D s e e
[ — I, % (5 o & ¢ 4 ¢ & ¢ 4§ et 4

PR patterning B It T o oy

Electroplating U OO RO ORI

S MUMTHTE  RRSCTRERRECRRTNS
PRremoval = HEEEECEECIEEEE R

Step. 4 . . . -----

(a) (b)
Figure 8.

(a) the fabrication procedures of the micropillar array and (b) the picture of micropillar array [22].
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2. A positive photoresist AZ9260 is coated on the cleaned copper by spin-coating
at 2,000 rpm for 30 s. Then the coated copper is softbaked on a 110°C hot plate
for 3 min to remove most solvent in the photoresist. To ensure the exposure
quality of the photoresist pattern mask, the copper should be put in an envi-
ronment with a more than 60% RH for 10 min to do the rehydration process
before the exposure. After that, the coated copper with a chromium photo-
mask is exposed with 1200 mJ/cm” energy and then developed in an AZ400K
developer diluted with 4 parts of water for 2 min. A microscope with fluores-
cent light is used to check the development quality. In the final of this step,
a120°C hardbaked for 30 min is adopted to enhance the adhesion between
photoresist and copper for a long time electroplating process;

3.The photoresist patterned copper is immersed in an electroplating tank to do
the electroplating process. The current is set at 0.07 A and the electroplating
duration is around 15 h. When the electroplating process is completed, the
micropillar shows a height of 110 pm and a diameter of 0.8 mm, as shown in
Figure 8(b). The pitch distance between two nearby micropillars is 1.5 mm;

4.The copper is immersed in MS2001 at 70°C for 5 min in Nanosystem Fabrica-
tion Facility-Hong Kong University of Science and Technology to remove the
photoresist and the fabrication process is finished.

The wick structure of case 1, copper-covered #500 stainless-steel (SS 304)
mesh (wire diameter: 25 pm, wire spacing: 25 pm) is fabricated with the following
method. First, the mesh is activated at a current of 2 A for 2 min in a stainless-
steel electroplating activation solution (From Beichen Limited Company, China)
to enhance the bonding quality between the electroplated copper layer and the
stainless-steel mesh. Then, the copper layer is formed by electroplating in a station-
ary solution with 0.8 M CuSO, and 1.5 M H,SO, at a current of 1 A for 5 min, as
shown in Figure 9(a). The nanostructured copper-covered stainless-steel mesh
of case 2 is fabricated by oxidizing the copper layer through a chemical surface
modification method [23]. The method is firstly immersing the copper-covered
stainless-steel mesh into an aqueous solution with 0.065 M K,SOg and 2.5 M KOH
at 70°C for 30 min. Then the mesh is rinsed with water and dried in a 180°C oven
for 1 h. A flower-like nanostructure is grown on the surface of the copper layer, as
shown in Figure 9(b).

20kv,  X1,000  10pm

(a)

Figure 9.
(a) The stainless-steel mesh with a layer of copper and (b) the mesh with a layer of flower-like
nanostructure [22].
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Figure 10.
(a) The fabrication procedures of a wettability pattern and (b) wettability check of a wettability patterned
surface [22].

The wettability patterned surface for case 3 is fabricated with the following
method, as shown in Figure 10(a):

1.A 30 pm copper foil is firstly cleaned with the method described in the
fabrication of the micropillar array;

2. A positive photoresist HPR506 is coated on the copper by spin-coating at
4,000 rpm for 30 s. Then the photoresist-coated copper is softbaked on a
110°C hot plate for 1 min. After that, the copper with a chromium photomask
is exposed with 120 mJ/cm? energy and then developed in an FHD-5 develop
for 1 min to reveal the photoresist pattern;

3.The photoresist patterned copper is immersed into a 1H, 1H, 2H, 2H-Perfluo-
rodecyltriethoxysilane (FAS-17) solution and baked in a 120°C oven to form a
hydrophobic layer which shows a 110° water contact angle and only a monolay-
er thickness [24]. The solvent of the Fluorosilane (FAS) solution is n-hexane,
and the mass ratio of FAS is 1.6%;

4.The FAS-treated copper is immersed into an acetone solution to do the lift-off
process. The parts with photoresist are dissolved into acetone. Thus, the FAS
layer on the top of the photoresist is also removed. Then a wettability pattern is
fabricated on the surface of copper.

Figure 10(b) shows a wettability check method using the condensation of water.
The vapor condenses on the hydrophilic area, proving the success of the fabrica-
tion. The wettability pattern is composed of hydrophobic islands with a 45 pm side
length and a 65 pm pitch distance between two nearby islands.

After the fabrication of all components, the mesh is sandwiched between the
bottom and top casings, and then it is sealed by SnAg (97/3) solder. A tiny cop-
per tube is connected to the inside of the chamber for the evacuating and feeding
process. The dimensions of ultrathin vapor chambers are summarized in Table 2.
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Item

Dimension

Bottom copper casing material (C1100P)

70 mm x 70 mm x 0.03 mm

#500 stainless-steel mesh (SS304)

60 mm x 60 mm x 0.05 mm

Micropillar array 70 m x 70 m x 0.1 mm
Micropillar diameter 0.8 mm
Pitch distance of the micropillars 1.5mm

Top copper casing material (C1100P)

70 mm x 70 mm x 0.04 mm

Hydrophobic island side length (d) 45 pm
Pitch distance of the hydrophobic islands (P) 65 pm
The Thickness of the wettability pattern 134 nm

Table 2.
Dimensions of ultrathin vapor chambers [22].

3.2 Experimental setup of the thermal performance test for the ultrathin vapor
chamber

When the assembly of the ultrathin vapor chamber is completed, a certain
amount of water is filled into the inner space of the vapor chamber before the
experimental tests. The vapor chamber is evacuated to 1 Pa and filled with different
charge ratio 77, which is defined as:

n :Mx 100% 3)

total

Where, Viyater is the volume of water inside the vapor chamber and Vi is the
total volume of the inner space for the vapor chamber. As shown in Figure 11(a),
the evacuated ultrathin vapor chamber only has a less than 200 pm thickness.

The LW-9510 vapor chamber thermal performance measurement apparatus
(LongWin Co., Ltd.) is adopted for evaluating the thermal performance of the
vapor chamber. The vapor chamber is heated at the evaporator side by a heater with
an 8 mm x 8 mm footprint and cooled on the outer surface of the condenser by
an adjustable cooling fan with a 6.875 cfm flow rate at 22°C room temperature, as
shown in Figure 11(b). Besides, Teflon material is used as thermal insulation mate-
rials to reduce heat loss, making the maximum heat loss is only 0.41 W in the tests.
One T-type thermocouple is attached to the center of the condenser outer surface
(T1) and 4 T-type thermocouples are attached at the side of the surface (T, T, T4,
and Ts), as shown in Figure 11(c). A T-type thermocouple Five is inserted into the
block below the center of the evaporator with a 1 mm distance to measure the heater
temperature (T}), which is shown in Figure 11(d).

The authors examine the thermal performance of the ultrathin vapor chambers
in the horizontal and vertical direction using horizontal thermal resistance (Ry,)
and vertical thermal resistance (R,,), respectively, which are defined as:

T, -T

R, = 1 Taw(os) 4)
Q

Rw _ Tb _Tavg(l—s) (5)
Q

220



Multiscale Micro/Nanostructured Heat Spreaders for Thermal Management of Power Electronics
DOI: http://dx.doi.org/10.5772/intechopen.100852

‘—
—
—
Vapor
chamber

Thermal
insulation

Heater

(b)

e 23 mm | |yl

(© (d)

Figure 11.

(a) The thickness of an evacuated ultrathin vapor chamber and the schematic of the experimental setup:
(b) apparatus; (c) temperature measurement points on the top of the vapor chamber; and (d) heater
temperature measurement [22].

Where, Q is the input power measured by a power sensor of the LW9510,
Tavg(l—S) = (T1 + T2 + T3 + T4 + T5) /5 and Tavg(2—5) = (Tz + T3 + T4 + Ts)/4 Tb is the
temperature at the center of the evaporator outside surface, which is calculated
based on Fourier’s law:

T,=T,—qllkg, (6)

where [/ is the distance from the location of T, to the center of the evaporator
outside surface, which has a value of 0.001 m. k¢, is the thermal conductivity of
copper with a value of 401 W/(m-K). ¢ is the input heat flux, which is defined as:

q=Q/A4, 7)

Where, A}, is the footprint of the heater.

For characterizing the temperature uniformity of the vapor chamber and com-
paring it with copper, other materials, or commercial vapor chambers, the in-plane
effective thermal conductivity (Kg) is defined as:

I<qff = kCuth,Cu /th,vc (8)

Where, Ry;cy is the measured horizontal thermal resistance of copper.
The uncertainties are calculated based on the indirect parameter uncertainty
analysis: if F=F(x,,,,%,,5 "X, ) , the uncertainty of F can be calculated by:
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) ) 512
UF = ﬂUl + EUZ et ﬁUﬂ (9)
0x, 0x, ox,

Where Uy, Uy, ..., U, are the uncertainties of x4, x5, ..., X, respectively. The
maximum uncertainty of the heat flux ¢, horizontal thermal resistance Ry, and
vertical thermal resistance R, under 95% confidence level are +0.4%, +6.1%,
and + 2.5%, respectively.

3.3 Effect of the wettability patterned surface on the thermal performance of
the ultrathin vapor chamber

Figure 12 presents the experimental results of the thermal performance of the
ultrathin vapor chambers. In this section, the thermal performance of the vapor
chamber case 2 and case 3 are compared with each other to investigate the effect
of wettability patterned surface as the only difference between them is whether a
wettability pattern is integrated into the evaporator or not.

Figure12(c) and (e) show the horizontal thermal resistance of the vapor
chamber case 2 and case 3, respectively. The horizontal thermal resistance of case 2
for all the charge ratios first quickly decreases with the increase of the heat flux from
8.59 W/cm® to 14.53 W/cm®. Then it gradually decreases when the heat flux increases
from 14.53 W/cm? to 23.91 W/cm?. On the other hand, the horizontal thermal
resistance always decreases with the decrease of the charge ratio at a certain heat
flux. Thus, the minimum horizontal thermal resistance exists at the 23.91 W/cm?
heat flux of 60.4% charge ratio, which is 0.170°C/W. Compared with case 2, case
3 shows a similar trend but a lower horizontal thermal resistance under the same
test conditions. For example, the horizontal thermal resistance at the 8.59 W/cm?
of 60.4% charge ratio is 0.666°C/W for case 2 while it is only 0.295°C/W for case 3,
which is only 44.3% of the previous. The minimum horizontal thermal resistance
of case 2 is only 0.055°C/W occurring at 23.91 W/cm® heat flux of 60.4% charge
ratio. The comparison proves integrating a wettability pattern to the inner surface
of the evaporator of the ultrathin vapor chamber can greatly enhance the horizontal
thermal performance of the ultrathin vapor chamber.

Figure12(d) and (f) present the vertical thermal resistance of the vapor
chamber case 2 and case 3, respectively. The vertical thermal resistance of case 2 for
large charge ratio (65.2, 67.6, and 70.1%) gradually decreases with the increases of
the heat flux, proving case 2 with large charge ratios does not reach the partial dry-
out condition. When the charge ratio is less than 65.2%, case 2 starts partial dry-out
at the heat flux of 23.91 W/cm”, due to an insufficient amount of water returning
to the evaporator. Though a small charge ratio gives a lower vertical thermal resis-
tance if partial dry-out does not happen, the minimum thermal resistance for large
charge ratios is close to that for the small charge ratio. This is because case 2 with
alarge charge ratio can work at a higher heat flux, leading to a further decrease of
the vertical thermal resistance. The minimum vertical thermal resistance of case
2 is 1.37°C/W, happening at the heat flux of 19.84 W/cm? of 62.8% charge ratio.
However, though the trend of the vertical thermal resistance of case 3 is similar to
case 2, case 3 does not shows an improvement of the vertical thermal performance.
When the charge ratio is small (60.4% and 62.8%), case 3 starts partial dry-out at
a lower heat flux which is 19.84 W/cm?. Besides, the vertical thermal resistance for
all the charge ratios at a certain heat flux of case 3 is larger than that of case 2. The
minimum thermal resistance for case 3 is just 1.54°C/W at 23.91 W/cm” heat flux
of 70.1% charge ratio. Therefore, the evaporator integrated with the wettability
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Figure 12.
Thermal performance of the ultrathin vapor chambers: Horizontal thermal resistance (a), (c), and (e);
vertical thermal resistance (b), (d), and (f) [22].

pattern does not enhance the vertical thermal performance in this study. One pos-
sible reason is the large area of hydrophobic islands deteriorates the backflow ability
of the wick structure. The capillary pressure determined the backflow ability of the
wick structure, which can be calculated by [22]:

= 20cos6 (10)

Vepr

E,

ap
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where o is the surface tension of the working fluid, 7 is the effective radius of
the wick structure and 6 is the working fluid contact angle on the wick structure.
Since part of the working fluid returns to the evaporator through the interface
between the wick structure and the wettability patterned surface, the contact angle
may be larger considered the effect of hydrophobic islands. Moreover, the area
fraction of hydrophobic islands in this study reaches 47.9%, giving that cosé@
in Eq. (10) for case 3 may be much smaller than that for case 2. Thus, the backflow
ability of the wick structure for case 3 is poorer than that of case 2, leading to lower
cooling performance. Another possible reason is the photoresist, which may be left
on the surface after the fabrication, releases non-condensable gas during the tests
and deteriorate the backflow ability due to its hydrophobicity. Therefore, optimiz-
ing the design of the fabrication process may improve the vertical thermal perfor-
mance of the ultrathin vapor chambers.

Generally, a wettability pattern can greatly enhance the temperature uniformity
and is also promising to lower the vertical thermal resistance of a vapor chamber. In
the next section, the authors will present that only changing the wettability of the
condenser can also improve the temperature uniformity of a vapor chamber.

4. An asymmetric vapor chamber with a nanostructured
superhydrophobic condenser

Compared with filmwise condensation occurring at a hydrophilic surface,
dropwise condensation induced by a hydrophobic surface can largely increase the
condensation heat transfer rate both under vacuum and atmosphere conditions
[25]. Therefore, integrating a hydrophobic surface to the condenser of a vapor
chamber is promising to enhance the thermal performance of the vapor chamber.
In this section, the design and fabrication of a70 mm x 70 mm x 3 mm asymmetric
vapor chamber with a nanostructured superhydrophobic condenser are introduced
firstly. Then the effect of the nanostructured superhydrophobic surface is discussed
based on the experimental results.

4.1 Design, fabrication, and thermal performance test of the vapor chamber

Figure 13(a) illustrates the design of the vapor chamber. To compare the
thermal performance with a conventional vapor chamber, the major difference
between the proposed one and the conventional one is the wick-laid condenser for
the conventional one is replaced by a nanostructured superhydrophobic condenser.

Heat Out
=+ Vapor flow Copper
' I I I ' I ' ~— Liquid flow substrate
C d € =1 3
- — (Hydr bi i P @ ——Feeding tube

I ™ Droplet

o Q'_',_#'J?ll_;'rj '

== L , Evaporator
(Hydrophilic) Sintered copper powder with

T DI Water Copper _ microstructured surface A—A 0.2~0.5mm
subslrm\ ; .

Heat In

0.2:0.5mm
(a) (b)
Figure 13.

(a) The schematic of the vapor chamber with a nanostructured superhydrophobic condenser and (b) the
schematic of the evaporator base [26].
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As shown in Figure 13(b), the evaporator base with an area of 70 x 70 mm? is
made of oxygen-free copper with a special configuration: (1) An array of studs is
uniformly distributed on the copper substrate to prevent distortion caused by the
pressure difference between the inner space of the vapor chamber and atmosphere;
(2) A rectangular slot is set at the center of the substrate for sintering fine copper
powders to enlarge capillary pressure in the center of the evaporator; and (3) A feed-
ing tube is installed at the edge of the substrate to evacuate and feed working fluid.
To fabricate the wick structure of the evaporator, a layer of size 57 pm copper powder
is put into the center rectangular slot and then a layer of size 100 pm copper powder
is covered the overall substrate. After that, a sintering process of the wick structure is
performed in a 975°C hydrogen/nitrogen atmosphere for 2.5 h. This composite wick
structure has an excellent backflow ability to prevent the occurrence of the partial
dry-out as the smaller pores in the central wick provide higher capillary pressure.

The nanostructure of the condenser surface is fabricated with the method
described in Section 3.1. Then, the nanostructured condenser is coated with a mono-
layer of FAS-17 using the method also described in Section 3.1. Figure 14 shows the
water contact angle of the condenser and the view of the flower-like nanostructure.

The thermal performance evaluation experimental setup is conducted on the
LW-9510 platform which is described in Section 3.1. As the test power is much
larger than that for the ultrathin vapor chamber, the cooling fan is replaced by a
170 x 80 mm” aluminum block attached to the outside surface of the condenser. The
temperature of the aluminum block is set at 35°C and controlled by a water circula-
tion system. Besides, the heater size is changed to 15 mm x 15 mm. In this study, the
authors use the same parameter as that for the ultrathin vapor chamber, horizontal
and vertical thermal resistance, to assess the thermal performance of this vapor
chamber. The uncertainty of the heat load, temperature measurement, and the
length measurement is +0.1%, +0.2%, and + 0.4%, respectively [26].

4.2 The effect of the nanostructure condenser on the thermal performance of
the vapor chamber

The thermal performance of the asymmetric vapor chamber is compared with
that of a conventional vapor chamber and a copper with the same dimensions, as
shown in Figure 15. The charge amount of the asymmetric vapor chamber is set at

Figure 14.
Features of the condenser: (a) front view of the condenser; (b) water contact angle of the condenser; and (c)
amplified view of the nanostructure [26].
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Figure 15.

Thermal performance comparison of the vapor chamber with a conventional vapor chamber and copper plate:
(a) horizontal thermal vesistance and (b) vertical thermal rvesistance [26].

1.71 g and 1.26 g. The pressure inside the vapor chamber is evacuated to 3.6 kPa. The
conventional vapor chamber refers to a vapor chamber with symmetrical structure,
which consists of two layers of copper mesh with 40 pm and 80 pm wire diameter
sintered on both the evaporator and the condenser as a wick structure. Therefore,
the evaporator and the condenser have the same hydrophilicity feature. The copper
plate is a solid pure T2 copper solid heat spreader. The conventional vapor chamber
and the copper plate have the same dimension as the asymmetric vapor chamber.

The asymmetric vapor chamber shows a much lower horizontal thermal resis-
tance compared with the conventional vapor chamber and copper plate, as shown
in Figure15(a). The horizontal thermal resistance of the asymmetric one is kept at
around 0.02°C/W for all the testing heat flux. Especially, the horizontal thermal resis-
tance at 15 W/cm” heat flux for the asymmetric one is only 1/5 of that for the conven-
tional one which has a vertical thermal resistance even higher than that for the copper
plate. The difference of the horizontal decreases with the increase of the heat flux and is
eliminated at the heat flux of 82 W/cm®. This proves that a nanostructured superhydro-
phobic condenser can enhance the temperature uniformity of the vapor chamber.

Figure 15(b) presents the vertical thermal resistance of different heat spreaders.
Both types of the vapor chamber have a lower thermal resistance compared with
the copper plate. Besides, the thermal resistance of the asymmetric one when the
heat flux is less than 70 W/cm? is lower than that of the conventional one. However,
when the heat flux is larger than 70 W/cm?, the asymmetric one with 1.26 g water
has a larger thermal resistance than that of the conventional one. This can be
explained by insufficient water flowing back to the evaporator. Thus, increasing the
amount of water may lower the vertical thermal resistance at the high heat flux for
the asymmetric one, which is proved by the asymmetric one with 1.71 g shows a best
vertical thermal performance at the heat flux of 82 W/cm®.

In summary, the asymmetric vapor chamber with a nanostructured superhy-
drophobic condenser has a better thermal performance both in horizontal and
vertical aspects when compared with the conventional vapor chamber. This can
be explained as follows: the mode of the condensation on the condenser of the
conventional vapor chamber is filmwise condensation which occurs at the hydro-
philic surfaces while dropwise condensation is the mode for the condensation on
the condenser of the asymmetric vapor chamber. Dropwise condensation has at
least 3 times the heat transfer rate of filmwise condensation [25]. Thus, the thermal
resistance of the condenser for the asymmetric vapor chamber is lower than that
for the conventional one. Besides, droplets formed during dropwise condensation
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can return to the evaporator by directly contacting or falling into the evaporator
surface, while liquid film formed during filmwise condensation only can return the
evaporator through the wick structure. Therefore, dropwise condensation induced
by the nanostructured superhydrophobic surface also improves the backflow ability
of the wick structure. As a result, a larger amount of heat is removed and spread to
the whole inner space in the asymmetric vapor chamber.

The authors presented wettability modification and patterning can enhance the
thermal performance of vapor chambers in this and the last sections. In the next
section, another surface modification method, which is growing nanostructured on
the microstructure to form a multiscale micro/nanostructured wick structure, also
can improve the thermal performance of vapor chambers.

5. Multiscale micro/nanostructured wick structure for two-phase heat
spreaders

Sintering a porous microstructure on the inner surface of the vapor chamber to
form a wick structure is the most common way in the fabrication of a vapor chamber.
Researchers tried to use various kinds of porous microstructure to enhance the thermal
performance of the vapor chamber, while little research was focused on growing a
nanostructure on the porous microstructure to form a multiscale micro/nanostructured
wick structure for enhancing the thermal performance before 2010. However, the nano-
structure can enlarge the area of thin-film evaporation, increase the nucleation sites
for boiling and improve the backflow ability of the wick structure without changing
the microstructure [27, 28]. Thus, the authors investigated the effect of the multiscale
micro/nanostructured wick structure on several types of two-phase heat spreaders.

5.1 Fabrication and the test of the multiscale micro/nanostructured wick
structure

The wick structure of the asymmetric vapor chamber with a nanostructured
superhydrophobic condenser, which is described in the previous section, is nano-
structured by a chemical surface modification method presented in Section 3.1. The
bare sintered wick structure shown in Figure 16(a) is coated with a layer of a thin-fin
array of copper oxide, which is shown in Figure 16(b) and (c). The thermal perfor-
mance of the vapor chamber with a bare sintered wick structure is compared with
that with a multiscale micro/nanostructured wick structure. The experimental setup
is the same as described in Section 4.1. The uncertainties of vertical and horizontal
thermal resistance for these vapor chambers are 0.7% and 0.8%, respectively.

= SO0 \
20KV, < X100 gl00uni . HKUST

Figure 16.

Scanning electron microscope (SEM) images of the wick structures of the asymmetric vapor chamber with a
nanostructured superhydrophobic condenser: (a) bave sintered powder wick structure; (b) low-magnification
of multiscale micro/nanostructured wick structure; and (c) high-magnification of multiscale micro/
nanostructured wick structure [29].
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Moreover, the thermal performance of the ultrathin vapor chamber case 1,
which only has a copper-covered stainless-steel mesh wick structure (shown in
Figure 9(a), is compared with that of vapor chamber case 2, which has a multi-
scale micro/nanostructured wick structure (shown in Figure 9(b)). The fabrica-
tions of other parts of these two types of vapor chambers can be found in sections
3.1 and 4.1. The parameters for assessing the thermal performance can be found in
sections 3.2 and 4.1.

5.2 Effect of the multiscale micro/nanostructured wick structure on the thermal
performance of two-phase heat spreaders

The thermal performance of two types of the asymmetric vapor chamber with
different wick structures on the evaporator is compared with each other, as shown
in Figure 17. The vertical thermal resistance for both vapor chambers decreases
from around 0.63°C/W to 0.32°C/W when the heat flux increases from 5 W/cm” to
the maximum test heat flux, which is shown in Figure 17(a). However, the micro/
nanostructured wick structure gives a quicker decrease of the vapor chamber at the
low heat flux range compared with the bare sintered wick. For example, the vertical
thermal resistance of the vapor chamber with micro/nanostructured wick shows a
0.25°C/W decrement with the increase of the heat flux from 5 W/cm® to 35 W/cm”.
While with the bare sintered wick, it only decreases 0.18°C/W. Besides, the micro/
nanostructured wick structure enhances the vertical thermal performance for all
the test heat flux compared with the bare sintered wick. These can be explained
as follows: In the low heat flux range, thin-film evaporation is the dominant heat
transfer mode for the evaporator. The thin-fin array nanostructure grown on the
microstructure surface increase the superficial area of the wick structure, leading
to an enlargement of the thin-film evaporation area. Thus, the heat transfer rate of
the evaporator is improved. In the high heat flux range, nucleate boiling replaces the
thin-film evaporation to become the dominant heat transfer mode in the evapora-
tor. As shown in Figure 16(b), the nanostructure roughens the wick structure when
compared with the bare sintered wick shown in Figure 16(a), resulting in more
nucleation sites in the wick structure. Thus, the extent of boiling in the evaporator
is enhanced and the heat transfer rate is increased. Moreover, the backflow ability of
the multiscale micro/nanostructured wick structure is enhanced owing to its super
hydrophilicity. Thus, the vapor chamber can work well at high heat flux conditions.
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Figure 17.

Thermal performance comparison of the vapor chambers with different wick structures: (a) vertical thermal
resistance and (b) hovizontal thermal resistance [29].
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The enhancement of the horizontal thermal performance, presented in
Figure 17(b), can be also explained with the advantages provided by the
nanostructure. The improved thin-film evaporation at the low heat flux on the
micro/nanostructured wick structure increases the amount of the vaporized
liquid spreading to the whole space of the vapor chamber, resulting in a reduc-
tion of the horizontal thermal resistance by 30-50% within the heat flux ranging
from 5 W/cm? to 35 W/cm?. Besides, the micro/nanostructured wick structure
gives a more stable horizontal thermal performance from low heat flux region
to high heat flux region. Generally, the vapor chamber with a multiscale micro/
nanostructured wick structure has a better horizontal thermal performance than
that with a bare sintered wick structure.

The thermal performance of the ultrathin vapor chamber can be also enhanced
by nanostructuring the wick structure to form a micro/nanostructured wick
structure. As shown in Figure 12(a) and (c), the difference of the horizontal
thermal resistance between case 1 and case 2 under the optimum charge ratio
(62.8% for case 1 and 60.4% for case 2) can be neglected within the range of heat
flux from 8.59 W/cm? to 19.84 W/cm?. However, it becomes obvious when the heat
flux increases to 23.91 W/cm” owing to the occurrence of serious partial dry-out on
the evaporator of case 2. A large increment of the vertical thermal resistance for
case 1 is also found at the heat flux of 23.91 W/cm? while it for case 2 just slightly
increases, which are shown in Figure 12(b) and (d). These also prove the enhance-
ment of the backflow ability induced by the multiscale wick. Besides, the vertical
thermal resistance under the optimum charge ratio for case 2 is smaller than that
for case 1 due to the enhancement of the thin-film evaporation that happened on
the evaporator.

The authors also adopted the micro/nanostructured wick structure for another
type of two-phase heat spreaders, the thermal ground plane, which works in a
one-dimensional way [30]. By combining a two-layer structure with the multiscale
wick, the thermal performance of the thermal ground plane is enhanced. Therefore,
growing nanostructure on the microstructure surface to form a multiscale wick is
an efficient way to improve the thermal performance of various kinds of two-phase
heat spreaders.

6. Conclusion

In this chapter, several surface modification methods for improving the thermal
performance of a two-phase heat spreader are introduced and discussed. Forming
a wettability pattern on a surface enhances the evaporation of a droplet by elon-
gating the length of the contact line. Thus, integrating the wettability pattern to
the evaporator of a two-phase heat spreader is probably to enhance the thermal
performance of the heat spreader, which is proved by the temperature uniformity
enhancement of an ultrathin vapor chamber utilizing an evaporator with a wetta-
bility patterned surface. Changing the wettability of the condenser to superhydro-
phobic can also enhance the thermal performance by modifying the condensation
mode from filmwise condensation to dropwise condensation which shows at least 3
times the heat transfer rate of the previous mode. Nanostructuring the microstruc-
ture to form a multiscale micro/nanostructured wick structure is also an efficient
way to enhance the thermal performance of a two-phase heat spreader. It not only
enhances the heat transfer rate on the evaporator but also increases the backflow
ability of the wick structure, greatly improving the overall thermal performance of
a two-phase heat spreader.
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Appendices and nomenclature

BN

h heater area
c saturated water vapor concentration

hydrophobic island side length

d

D vapor diffusivity

H relative humidity

Ji mass flux of evaporating flux

o factor of mass flux vapor

Cu thermal conductivity of copper

o in-plane effective thermal conductivity

l distance from the heater to the center of the evaporator out-

side surface
evaporation rate

pitch distance of the hydrophobic islands
input heat flux

Q= T3

input power

=

droplet radius

droplet contact line radius
horizontal thermal resistance

=
S

vertical thermal resistance

<
S

o Ca measured horizontal thermal resistance of copper

=B v~ - - I o'

measured horizontal thermal resistance of a vapor chamber

=
S
S
S

evaporation time from the beginning of the experiment
temperature
volume of water inside the ultrathin vapor chamber

S
g
3

total volume of the inner space for the ultrathin vapor chamber

S

length from a droplet center to the position
charge ratio of the ultrathin vapor chamber

instant contact angle during the evaporation
Pi

NS x 8 <3
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